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Computational Fluid Dynamics (CFD) has been extensively used in centrifugal compressor design. CFD provides further optimi-
sation opportunities for the compressor design rather than designing the centrifugal compressor. The experience-based design pro-
cess still plays an important role for new compressor developments. The wide variety of design subjects represents a very complex
design world for centrifugal compressor designers. Therefore, some basic information for centrifugal design is still very important.
The impeller is the key part of the centrifugal stage. Designing a highly efficiency impeller with a wide operation range can ensure
overall stage design success. This paper provides some empirical information for designing industrial centrifugal compressors with
a focus on the impeller. A ported shroud compressor basic design guideline is also discussed for improving the compressor range.

1. Introduction

New compressor designs always must meet the customers’
needs with the shortest time to market, low cost, and
improved performance. To push the design to state of the art
aerodynamic performance, the structure design also needs
to meet a suitable performance life of the compressors.
Mechanical integrity is one of the important parts of the cen-
trifugal compressor design. Mechanical constraints are usu-
ally negative factors for aerodynamic design, for example,
mechanical constraints require thick blade for reliability but
hurt impeller efficiency. The purposes of the mechanical
analyses are to provide all compressor components within
a reasonable time duration to sustain the aerodynamic and
centrifugal force, and eigen frequencies do not match critical
excitation frequencies [1]. The safety factors of the mechan-
ical design had been reduced dramatically compared with
“old fashioned” design. Due to the nature of the Finite Ele-
ment Analysis (FEA) tools and material property improve-
ments, the safety factor of a modern industrial compressor
design normally is set to 7 to 12%. The mechanical require-
ments need structure designers to have better practice to
allow more freedom to aerodynamic designers and to keep
all the components at the lowest weight and the lowest cost.

Design of a long lifetime single component of compres-
sors is not a goal for designers. Emphasis on improving
efficiency has been a primary issue, but this also is not as
important as in the past. The development cost and develop-
ment time is also a key factor that needs to be considered for
a modern compressor design. Industrial compressor design
expects a state-of-the-art performance compressor without
making a second build for less cost and short development
time. For achieving this goal, compressor design engineers
need to have multidiscipline knowledge of centrifugal com-
pressor design. Detailed design considerations can reduce the
time to perform the advance design studies and laboratory
investigations. The wide variety of design subjects represents
a very complex design world for compressor designers. One
purpose of this paper is to provide information in an aero-
dynamic point of view to understand the overall design
before starting the detailed design process of a centrifugal
compressor. The paper also summarizes important aspects of
the centrifugal compressor design for industrial compressor
designers and scientists.

The compressor market and business model has changed
in the last few decades. Industrial compressor design now
requires designing for success in the marketplace, not just
for scientific experiments. In the past, compressor designers
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developed a new compressor in the development group and
passed the design to manufacturing. The manufacturing
group would evaluate how to make it at the lowest cost, and
some designs were rejected because they could not meet the
market requirements. The new development model requires
the compressor designer to design for market, manufactur-
ing, and end users. New business concepts have been pro-
posed [2, 3] in which the design also considers an integrated
system of manufacturers and end users. The new compressor
developments become a complex system task. Minimizing
manufacturing cost of the compressor design is not enough.
The compressor design must consider all aspects of the
manufacturing and end users. If surplus is defined as the
total profit of manufacturing, end users, and aftermarket,
the compressor’s new development will focus on the design
for maximum surplus. Therefore, in the compressor design
stage, many choices of design options need to be considered
before the final design, and discussions must consider the
surplus value. It is essential that design engineers begin to
perform a compressor design with full understanding of all
aspects of the design considerations [4–8].

To reduce manufacturing cost, many high volume com-
pressor manufacturers, for example turbocharger, often use
the flow cut for different applications. The flow cut uses the
same defined blade geometry for multiple flows and a similar
or lower pressure ratio. This is different from scaling, in that
the impeller blade and any diffuser vane geometry maintain
the same definition. A brief introduction of the flow cut is
also discussed in this paper.

With the development of computational science and
computer hardware, design engineers rely on quality models
to establish the physical relationships among diverse ther-
modynamic, geometric, and fluid dynamic parameters that
govern turbomachinery performance [9–26]. Although CFD
has helped to design many successful industrial compressors
and has become an important tool in industrial compressor
design, multidomain optimisation is still very time consum-
ing. Most CFD optimisations still focus on the component
[22]. When the compressor inlet flow is reduced, the com-
pressor experiences an unsteady flow phenomena surge and
rotating stall. These instabilities can cause noise nuisance and
critical operating conditions with strong dynamical loading
on the blades. Therefore, they cannot be tolerated during
compressor operation. With the reduction of the compressor
inlet flow, a rotating stall occurs in the impeller, or diffuser
or scroll. If the compressor inlet flow continues to reduce,
the rotating stall eventually will drive the compressor into
a surge [27–32]. A rotating stall is an unsteady and three-
dimensional flow phenomenon. CFD simulation is still a big
challenge. The flow range of a centrifugal compressor can
be extended by allowing gas to bleed from a ring of holes
or a circular groove port around the compressor casing at
a point slightly downstream of the compressor inlet. This
type of the compressor called ported shroud compressor.
Ported shroud forces a simulation of impeller stall to occur
continuously, allowing some air to escape at port location
inhibits the onset of surge and widens the operating range.
The flow inside port is unsteady and complicated when com-
pressor stalls. CFD guides ported shroud design is still very

time consuming and less reliable. Some design practices
for a ported shroud impeller casing [33] are discussed for
improving the compressor operational range.

2. Industrial Centrifugal Compressor

Centrifugal compressors are widely used in automotive,
marine turbocharging, oil and gas, aerospace, and distribu-
ted power applications because of their compact design and
high stage pressure ratio. With different types of applications,
the structural characteristics of the compressors have two
basic types, that is, horizontal split and vertical split, as
shown in Figure 1. Horizontal split type compressors are
applied for low-to-medium pressure service, as shown in Fig-
ure 1(a). This type of casing is split along the rotor shaft and
bolted at the split line. The bearing and seal sections allow
easy disassembly and assembly via the inspection cover, with-
out having to remove the upper casing. A vertical split com-
pressor is easy to access the gears, bearings, seals, and be
repaired on site. However, due to the large crossing area in the
splitting surface, it is difficult to prevent gas and lubricant oil
leakage. A vertical split compressor is applied for medium-
and high-pressure service, as shown in Figure 1(b). This type
of compressor consists of an inner casing and an outer
casing. The inner casing forms a single unit with the head,
bearing, and seal and is fixed to the outer casing by shearing.
The nozzle can be attached to the top, bottom, or side in
accordance with client specifications. Both bearings and seals
can be inspected without removing the inner casing. How-
ever, the manufacturing cost and installation cost may be
higher than for a vertical split compressor. It is also not easy
to access the gear, bearings, and seal. For combining the
advantages of both split types, a hybrid split has become
popular. For some applications, the gearbox can be a vertical
split, and the compressor stage can use a horizontal split, as
shown in Figure 1(c).

3. Impeller Design Methodologies

The impeller is a key component to influence overall perfor-
mance of a centrifugal compressor [5]. The efficiency of cen-
trifugal compressors has increased dramatically, especially
low-pressure ratio centrifugal compressors. A major chal-
lenge for a centrifugal compressor design is to keep a high
efficiency level at a state of the art and to increase the com-
pressor operating range [27–33]. Increasing the compressor
operating range without sacrificing compressor peak effi-
ciency is difficult to achieve. Aerodynamic engineers not
only need to understand the surge physics but also need to
apply design experience to the design. Another important
objective for impeller design is to reduce the manufacturing
cost. Manufacturing cost could be reduced when designs for
manufacturability are effectively considered. The impeller
should meet requirements to be easily withdrawn from a
casting mold without destruction and disassembly of the
mold for a casting impeller. This requires the lean angle of
the blade to change linearly with the impeller radius and
axial direction, as shown in Figure 2. All these considerations
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(a) Horizontal split compressor (b) Vertical split compressor (c) Hybrid split compressor

Figure 1: Compressor split types.

Figure 2: Impeller for manufacturing.

for design will help the final design to meet the compressor
design target with fewer design iterations.

Different designers may have different methodologies for
impeller developments. What kind of area distributions, cur-
vatures, velocity, or pressure profile will lead to a good design
is strongly dependent on the designers’ practice and experi-
ence. Two totally different design philosophies could produce
similar performance. For example, two impellers designed by
Garret and Pratt Whitney [7], as shown in Figure 3, had dif-
ferent shapes with similar performance at the design point.
The impeller designed by the author also presented different
features, which also provide a good performance. It is shown
that, if design follows basic design guideline, a wide range of
solutions to the design can be used.

The authors’ design, as shown in Figure 3, is an example
of a recently developed single-stage centrifugal compressor.
At the design point, the total to static stage pressure ratio
was about 3.7, and the flow coefficient was about 0.12. The
running clearance at the impeller tip was 4.5% of the impeller
exit blade width. Six builds were assembled and tested based
on the ASME PTC-10 test procedure [34]. The compressor
performance obtained from an average of six build tests is
shown in Figure 4. The differences of test results for dif-
ferent builds for adiabatic efficiency and head coefficient
were within±0.5% and±0.75%, respectively. The test uncer-
tainties for total pressure (in psi), static pressure (in psi),
and temperature (in Fahrenheit) were ±0.25%, ±0.2% and

±0.5%, respectively, based on uncertainty analysis [14]. Test
results showed that the compressor performance was encour-
aging at both the design and the off-design point. The design
met the low-cost target and allows large manufacturing tole-
rances. The insensitivity of the impeller surface finish and
large tip clearance makes it easy to assemble.

4. Impeller Geometry

The initial design of a centrifugal compressor always begins
with requirements from customers or marketing analysis.
Designers select basic configurations and provide basic per-
formance to customers or marketing by using their experi-
ence data. Aerodynamic designers also need to provide an
estimation for the compressor’s basic geometry to engineers
in other disciplines. For example, rotor-dynamic engineers
and bearing designers rely on the impeller geometry infor-
mation to perform their work. Although the basic geometry
design is not intended to yield optimization of the impeller,
it can accelerate the overall design process and reduce the
development cost.

Before aerodynamic designers determine the basic impel-
ler geometry, the rotational speed of the impeller needs to be
selected. If there are no special requirements for rotational
speed, we normally optimize rotational speed based on
the Balje’s charts [35, 36] by using optimal specific speed.
Although Balje’s charts are not very accurate tools, they are
sufficient enough to provide the initial estimate for impeller
geometries.

During the initial design, the important information
needed for bearing designers and rotor-dynamic engineers is
impeller weight. Aerodynamic designers can estimate impel-
ler sizes based on the required gas flow, pressure ratio, and
impeller rotational speed. Our design practices showed that
the weight of the impeller is the function of the impeller
diameter. Figure 5 summarizes the relationship between the
impeller diameter and the weight for sixteen ASTM A564
stainless-steel unshrouded impellers. The impeller weight
mainly is determined by the impeller disk; the blades only
contribute a very small portion of the weight. Therefore, we
plotted impeller weight and diameter relation in one figure
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Garret design Pratt Whitney design Author’s design

Figure 3: Different impeller designs.
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Figure 4: Single stage compressor efficiency and head coefficient
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for all designed unshrouded impellers with different blade
counts and with or without splitters.

In an initial stage of compressor design, selections of the
impeller inlet, the outlet velocity vectors, and the choice of
blade numbers are the key initial design decisions. Velocity
vectors may be obtained through a mean-line program. The
experience data show that both the inlet blade numbers and
the exit blade numbers are a function of stage pressure
ratio. Relationships between the numbers of blades and the
stage pressure ratio are shown in Figures 6 and 7 for with and
without splitter impellers, respectively. In general, high-stage
pressure causes a blade-loading increase, and the impeller
needs more blades to distribute loading. Variations of the
numbers of blades at a similar pressure ratio were due to the
size of the impellers. For a smaller-sized impeller, manufac-
turing capabilities may limit the number of blades. Impeller
sizes plotted in Figures 6 and 7 are in the range from 2 inches
to 45 inches. The machine performance requirements and
manufacturing feasibilities are factors to determine whether
to use splitters or not.

The inlet blade height is determined by the design inlet
flow rate and the impeller hub radius. The inlet hub radius is
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Figure 5: Impeller weight with diameter.

determined by the attachment of the impeller. For overhung
impellers, the inlet hub radius normally is selected in a range
between 10% and 20% of the impeller tip radius. For the
shaft and bolt through the impeller, selections of the inlet
hub radius are based on stress requirements.

The blade thickness at the inlet and the discharge was
determined mainly by tensile and bending root stresses at
the leading edge and the blade exit. FEA calculations and
stress tests showed that blade root stresses are mainly caused
by the centrifugal force. The blade high was a key factor to
impact the blade root stresses. The mean-line thickness at the
inlet and the exit was determined by the blade heights at the
inlet and the exit, as shown in Figures 8 and 9. Experience
showed that the blade thickness changed linearly with the
blade height.

The three-dimensional features of the impeller blade are
dependent on the engineers’ experience and on stress limita-
tions. The modern impeller is normally a three-dimensional
design. The wrap angle, lean angle, and back sweep angle use
a larger value than those in the past. The large wrap angle
can reduce the camber of the blade but increase the frictions
of the fluid. A large lean angle permits blade design at all
blade sections with the desired shape. Leaning the blades
creates a back-sweep and retains purely radial fibers, which
are beneficial for bending moments. Experience showed that
impellers with a back sweep generally have high efficiency.
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Figure 6: The number of blades at the inlet versus stage pressure
ratio.
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Figure 7: The number of blades at the exit versus stage pressure
ratio for split impellers.

5. Reynolds Number and Surface Finish

The Reynolds number or the Ross by number has significant
impacts on the impeller maximum surplus value. Funda-
mental fluid dynamics theory [37, 38] shows that the flow
inside a pipe for a different Reynolds number represents dif-
ferent flow patterns. This is also true for flow inside impeller
blades. Experience showed that if there is a flat velocity pro-
file at the inlet between two impeller blades or diffuser vanes,
the flow development along the flow channel presents dif-
ferent profiles with different Reynolds numbers. For low
Reynolds number flows, the exit velocity profile is almost
parabolic and only with a small portion of a flat profile. For
high Reynolds number flows, the exit velocity profiles have
large flat profiles.

The peak meridional velocities for high Reynolds num-
ber flows are normally located at the hub pressure sides of
the blade due to potential flow effects. Low Reynolds number
flow regions are located near the suction side of the blades.
The viscous jet and wake interaction causes flow separations.
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width.

The Reynolds number also strongly influences secondary
flow patterns. Increasing the Reynolds number increases the
strength of the clockwise secondary passage flow circulation.
Reducing pressure on the suction velocity gradient increases
the flow circulation of the counter clockwise secondary flow.
The optimum design should try to offset each other to mini-
mize the secondary flow losses.

The machining and casting of centrifugal compressor
impellers and other components result in an inherent surface
roughness. The sizes and forms of roughness depend on
the manufacturing process. The levels of the surface finish
represent the manufacturing cost. It is very important to
balance manufacturing cost and performance. Surface finish
requirements for different designs have different require-
ments. A detailed discussion on surface finish and Reynolds
number can be found in reference [39, 40]. Loss due to the
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surface finish can be represented as wall friction. Wall friction
is the function of Reynolds number and can be written as

1√
f
= 1.74− 2log10

⎛
⎝ k

B2
+

18.7

Re
√
f

⎞
⎠. (1)

This equation can be solved by using a simple computer pro-
gram or spreadsheet.

6. Impeller Aerodynamic Design

One important guideline for impeller aerodynamic design is
to set a reasonable diffusion ratio. The diffusion of the impel-
ler can be represented by velocity ratio, diffusion factor, and
relative Mach number ratio. The ratio of the relative Mach
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number was used in this discussion because it can avoid the
one-dimensional assumption at the inlet. MR2 is defined as
the ratio of the relative Mach number at the impeller inlet
to the average Mach number at the impeller exit. Figure 10
shows the upper and lower boundaries for maximum decel-
eration likely to be achieved for two-dimensional and three-
dimensional impellers [8]. The experience data fell inside
the theory boundaries, and the Mach number ratio MR2 fell
between 1.15 and 1.4, giving a good overall performance. The
upper boundary of MR2 of 1.4 for an industrial compressor
and 1.7 for jet engine impellers are reasonable expectations.
Our experience also indicated that a large diffusion might
cause a large loss. The ratio of the Mach number can be
selected within a large range. An important factor to impact
the selection of diffusion level is the inlet Mach number.
Figure 11 is a relationship between the relative velocity ratio,
the incidence, and the inlet relative Mach number for a
typical industrial impeller. It can be seen that diffusion is not
an absolute parameter, which influences the stall of the com-
pressor. It is worthwhile to point out that this test impeller
was stalled first at the inducer. The inducer shroud velocity
represented the rotational speed.

Traditionally, the impeller inlet incidence is set to zero at
the design condition. Modern impeller designs need not only
to consider maximum efficiency at the design point, but
also to consider the manufacturing cost and the off-design
performance for the whole operating range [8]. Inlet blade
angles are not necessary the same as the inlet relative flow
angles. Experience data in Figure 11 shows that changes of
the inlet flow incidence impact both the efficiency and the
operating range of the impeller. Figure 12 shows that little
negative incidences could raise the impeller operating range.
However, when the negative incidence increased to a certain
level, the operating range did not enlarge and efficiency
dropped significantly. The impeller design should avoid this
situation.



International Journal of Rotating Machinery 7

Estimations of the impeller exit width are critical for both
the primary performance estimation and the basic dimen-
sion setup. The major impacts of the impeller blade exit
width are the flow capacity and the pressure ratio of the stage.
It is difficult to calculate the impeller exit width accurately
in a simple way. The Rodgers diffusion factor equation [41]
provided a good estimated value for the impeller exit width
(B2). If the mean meridional blade length can be estimated
as

L = 2π(r2 − r1)
4

, (2)

then the impeller exit width can be estimated as

B2 = 10(D2 −Ds1)
1 + (W2/W1)

[
DF− 1 +

W2
W1

− πD2Cτ2

2LzW1

]

− (Ds1 −Dh1)
2

.

(3)

Secondary flows inside the impeller are caused by an
imbalance of the static pressure and the kinetic energy. One
of the typical secondary flows, the horseshoe vortex, has
been well documented. It is shown that the strength of the
secondary flows is governed by the vortex starting condi-
tions. The further development of the vortex is determined
by the conservation of angular momentum. The impeller
meridional blade profiles influence the secondary flow loss
level and the laminar viscous dissipation function can esti-
mate the secondary flow loss due to the blade profiles [8]. We
have

ΔHl = N
∫
μ

⎡
⎣2
(
∂u

∂x

)2

+ 2

(
∂v
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)2

+

(
∂u

∂y
+
∂v

∂x

)2
⎤
⎦dV.

(4)

Tip clearance cannot be avoided for unshrouded impellers.
Bearing clearances and manufacturing tolerances of the
impeller and the intake ring control the minimum impeller
tip clearance. The minimum tip clearance is normally defi-
ned at the maximum rotational speed with hot weather con-
ditions for most motor-driven compressors. For compressors
installed in the same shaft with a gas turbine, the minimum
compressor tip clearance was estimated when the compressor
was operating at maximum rotational speed with hot
weather and with the machine overall net axial thrust load
towards the compressor. The tip clearance increases quadrat-
ically with the impeller rotational speed if other operating
conditions do not change. The tip clearance impacts the
overall compressor performance because it increases the
magnitude of the secondary flow inside the impeller blades
and produces strong tip vortices. The tip clearance flow
transports a low momentum fluid from the suction side to
the pressure side of blades. The circumferential center of
the secondary flow is dependent on the size of the tip clea-
rance. Secondary vortices are located near the shroud side
for small clearance, whereas secondary vortices may spread
to the center and even the hub of the flow channel for a
large tip clearance impeller. The clearance distribution affects
the wake formation and the location at the impeller exit.

1

0.99

0.98

0.97

0.96

0.95

0.94

0.93

0.92

0.91

0.9
0 0.01 0.10.02 0.03 0.04 0.05 0.06 0.07 0.08 0.09

η
/η

0

BC/B2

Constant clearance
Variable clearance
Experiments

Figure 13: Compressor efficiency change versus clearance.

1

0.98

0.96

0.94

0.92

0.9

0.88
0 0.01 0.03 0.05 0.070.02 0.04 0.06 0.08

BC/B2

ψ
/ψ

0

Figure 14: Head coefficient change with tip clearance.

A large clearance at the leading edge results in a low-energy
center close to the suction side of the blade. Reducing the
clearance at the leading edge, the wake moves towards the
pressure side of the blade. The tip clearance setting depends
on the compressor’s maximum surplus value. There are
several methods to reduce the tip clearance losses. Figure 13
shows that variable clearance could significantly improve the
stage efficiency of compressors. The tip clearance changes
the compressor stage head and capacity. Test data indicated
that the head coefficient almost changed linearly with the tip
clearance, as shown in Figure 14, and the flow coefficient
followed a secondary order curve with clearance, as shown
in Figure 15.

With the manufacturing technology improvement and
design system improvement [42, 43], modern impellers
always are designed in a three-dimensional shape. It is very
important to understand the impact of the three-dimen-
sional feature on performance and structure. Lean is one
of the critical three-dimensional features. In general, both
negative and positive lean improves the peak efficiency. One
of the design examples for lean effects is shown in Figure 16.
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Negative lean has the best peak efficiency, while positive lean
has a wide operating range. It can be seen from Von Mises
stress contour plots in Figures 17 and 18 that the Von Mises
stress is the highest for a negative four-degree lean on a suc-
tion surface, and the stress is the lowest for a four-degree
lean. However, the pressure side stress contours show the
lowest leading edge stress area for a negative four-degree lean
design compared with other cases. The negative lean has
maximum stress for both the leading edge and the trailing
edge while the positive lean has the lowest maximum stress in
all locations. The highest stress areas for the positive lean are
less than the negative lean and no lean cases. The bore stress
and back face stresses are similar because the blade thickness
distribution is similar. It can be seen that a small positive lean
can reduce the peak stress.

7. Impeller Flow Cut

For large volume low-cost compressors, for example, auto-
mobile turbochargers, the impeller flow cut is always used
for meeting different flow and pressure ratio requirements
with minimum manufacturing cost. A flow cut is defined as
a change to the impeller blade height or a change to the
shroud contour while following the same hub contour and
blade angle definition as the original impeller design. This
allows a single manufacturing method to be used for the base
impeller, plus a machining operation to adjust the blade
height and the flow capacity of the impeller. Achieving the
objectives for high efficiency and end users’ cost of a com-
pressor installation are always in conflict with each other. The
flow cut of a compressor stage is one of the important activ-
ities of centrifugal compressor manufacturers to achieve a
certain performance level with minimum cost. A theoretical
equation provides the basic information, but the empiri-
cal performance effects on the compressor stage are very
important to the compressor manufacturers. Figure 19 shows
the original impeller (Figure 19(a)), the shroud contour cut
(Figure 19(b)), and a diameter cut (Figure 19(c)). Modern
impeller design normally has a bigger back sweep angle, as
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shown in Figures 2 and 3. The diameter cut, as shown in
Figure 19(c), affects the impeller performance at a significant
level. Therefore, the diameter cut is less popular than the
shroud contour cut.

Here we present some test experience for both the shroud
and the diameter contour cut. The shroud contour cut
(or extend) is defined as the percentage of the local blade
height. Most of time, manufacturers extend or trim the
shroud contour the same percentage of the impeller inlet and
exit blade heights. For large industrial compressors (choke
flow larger than 1000 ICFM (0.472 m3/s)), the flow changes
normally near linear to the contour change. The major
impacts of the flow cuts on the compressor performance
are the compressor stage efficiency and the surge flow or
the operating range (RG). Figure 20 is the head coefficient
at surge point changes with the impeller contours, where
the surge point defined here is the operation point at
which the compressor stage adiabatic efficiency is 55%. It is
shown that the head coefficient at the surge increased as the
contour increased. This may be because when the contour
increases, the cold tip clearance remains the same during
the tests for all the contours. For a larger contour, the tip
clearance percentage relative to the impeller exit blade height
is smaller, and the surge margin improves. This may be for
the same reason. When the contour increases a little, the stage
efficiency increases until the design penalty away from the
design point is larger than the clearance loss reduction, the
compressor efficiency starts to drop, as shown in Figure 21.
Test results also suggest at an increased contour, a broader
range of high efficiency exists. Testing also indicates that the
point of peak efficiency is not proportional to the change in
the area of the impeller inducer and the exit geometry. It is
interesting to see that the flow corresponding to the peak
efficiency increases as the impeller contour increased, as
shown in Figure 22. It is important to make the flow cut to
ensure the peak efficiency at the operating flow.

Although the diameter cut is less popular than the shroud
contour cut, understanding fundamental information and
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Figure 17: Von Mises stress at the suction side of the wheel.

100
166.667
233.333
300
366.667
433.333
500
566.667
633.333

−4-degree lean No lean 4-degree lean

700

100
166.667
233.333
300
366.667
433.333
500
566.667
633.333
700

100
166.667
233.333
300
366.667
433.333
500
566.667
633.333
700

Figure 18: Von Mises stress at the pressure side of the wheel.
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Figure 19: Flow cut of the impeller.
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Figure 21: Peak efficiency change with flow cuts.

basic compressor characteristics for the diameter cut is also
very helpful. Figure 23 is the medium back-curvature impel-
ler compressor (about 25 degree back-curvature) character-
istics of a diameter cut. It can be seen that the diameter cut
not only affect the peak efficiency but also affect the peak
efficiency location. The impeller peak efficiency of a small
diameter impeller is located in the lower pressure ratio
operating point. It also can be seen that the compressor ope-
rating range is reduced after the diameter cut. It is interesting
to notice that the surge boundary slope increases with the
diameter decrease.

8. Ported Shroud Impeller Casing

A compressor surge is a system-unstable phenomenon that is
influenced by all components of the compressor. The physics
of surge and stall are still not fully understood. We still can-
not find any tool that can capture all features of the surge and
stall, as shown in Figure 24. Many theoretical studies [27, 30,
31, 44] have focused on a better understanding of the surge
and stall, but none can be used as a design tool yet. More
theoretical work and experimental studies need to be done in
order to incorporate stall in the design system. Designs for a
wide operating range were mainly dependent on engineers’
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Figure 22: Flow coefficient at the peak efficiency versus the flow
contours.
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Figure 23: Performance characteristics of an impeller diameter cut.

and manufacturers’ experience and their understanding of
the stall and surge. Rotating stall and surge are violent limit
cycle-type oscillations in compressors, which result when
perturbations (in flow velocity, pressure, etc.) become unsta-
ble. Originally treated separately, these two phenomena are
now recognized to be coupled oscillation modes of the
compression system—surge that is the zeroth order or planar
oscillation mode, while a rotating stall is the limit cycle
resulting from higher-order, rotating-wave disturbances, as
shown in Figure 24. The compressor normally starts with
a stall and then eventually become a surge, as shown in
Figure 25. During the surge, the compressor can experience
a reversing flow. System resistance releases after the flow
reversal, and the flow starts flowing into the system. This
surge cycle continues, as shown in Figure 25. The pressure
variation rate with the mass flow rate variation is much larger
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Figure 24: Stall and surge pressure variation with time.
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Figure 25: Surge of the centrifugal compressor.

than the near choke, as shown in Figure 26. To extend the
surge margin, it is important to optimize the impeller, the
vaned diffuser, the vaneless diffuser, and the volute design.
The surge control can extend the surge margin further. The
simplest the way is to have a bypass surge relief valve. When
the centrifugal compressor pressure rises beyond a certain
level, the valve bypasses the flow from the discharge to the
inlet to prevent surge. A wise valve choice can help engineers
pay for the rest of an advanced surge-control system without
exceeding the budget. The valve needs to have a fast stroking
speed when open, high capacity, low noise, and a very stable
throttling control. For example, the oil and gas industry often
chooses high-performance rotary valves.

Casing treatments are other popular methods to extend
the centrifugal compressor range. One of the key casing treat-
ments is a ported shroud casing, as shown in Figure 27. The
ported shroud design is entirely passive, having no moving
parts, control valves, and so forth, The ported slot can be

dP/P

dm/m

Figure 26: Variation of mass flow rate versus pressure fluctuations.

vertical to the inlet flow or angled, as shown in Figures 27(a)
and 27(b). There are vanes or ribs to support the stationary
shroud in the leading edge inducer region. The vanes or ribs
are not only a support structure but also an aerodynamic
device to the flow inside the port, bleeding out with mini-
mum losses. The ported shroud passage provides the bleed
path when the compressor is near the surge, as shown in Fig-
ure 28(a) and also a secondary air inlet to the impeller when
the compressor needs more air, as shown in Figure 28(b). The
vanes or ribs in the passage are tangentially slanted in the
direction of the impeller rotation, to preferentially augment
the airflow into the impeller at high speed, while in part-
speed discouraging the airflow out of the impeller through
the secondary inlet. The advantage of the ported shroud can
increase in the part-load surge margin and increase the choke
flow at full load, as shown in Figure 29. It can be seen that
for a ported shroud compressor, at a lower mass flow the
pressure ratio increases. This is because the separation and
reverse flow were reduced near the inducer compared with
an unported case. When the compressor is near choke, the
impeller can bypass the impeller throat and draw an extra
flow from the port, as shown in Figure 28(b). Figure 30 shows
that the flow passed the port at different impeller mass flow
conditions when the port width and location were optimized
to have the best surge margin for a gas width equal to bg.
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Figure 27: Ported shroud compressor.
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Figure 28: Ported shroud flows.

It can be seen that the port recirculation flow increases when
the compressor mass flow reduces. The port can pass as much
as 40% of the impeller design flow. It can be seen from
Figure 30 that the port recirculation flow reduces when the
port width reduces. Figure 31 is the port width affecting the
compressor performance for a ported compressor with the
port location at 16% of the shroud meridional length from
the impeller inducer. It can be seen that when the port
location is fixed, the port width increases from 0 to 0.6b2, and
both the surge margin and choke margin increase. The
com-pressor adiabatic efficiency remains almost unchanged
until the port width is larger than 0.1b2. The efficiency
drops almost negligibly up to a port width larger than
0.2b2. Figure 31 also shows that the angle port (70 degree

with axial direction) has an advantage compared with a
straight port. The port design goal is to improve the surge
and choke margin without greatly affecting the compressor
performance. In some applications, for example, the auto-
mobile and aviation industry, the surge margin, and choke
margins are both defined by certain efficiency levels. If the
efficiency is too low, the system cannot perform properly.
For those applications, the ported shroud applications are
very popular. The ported shroud not only can extend the
operational margin but also can improve the efficiency
near the choke and surge. For those applications, the
compressor map for a ported shroud demonstrated more
advantages than an unported compressor, as shown in
Figure 32.
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9. Conclusions

This paper provides several empirical consideration points in
designing centrifugal compressors, focusing on the impeller
design.

(1) The different structure split compressors are dis-
cussed.

(2) In an initial stage of compressor design, selections
of the impeller inlet and the outlet velocity vectors
and choice of blade numbers are the key initial design
decisions.

(3) Leaning the blades creates a back sweep and retains
purely radial fibers, which are beneficial for bending
moments. Experience showed that impellers with a
back sweep generally have high efficiency. But lean
blade design needs to consider the impacts of the
impeller structure.

(4) The velocity profile through the impeller blades
largely depends on the flow Reynolds number. For
low Reynolds number flows, the exit velocity profiles
are almost parabolic and only with a small portion of
the flat profile. For high Reynolds number flows, the
exit velocity profiles have large flat profiles.

(5) The tip clearance affects the overall compressor per-
formance because it increases the magnitude of the
secondary flow inside the impeller blades and pro-
duces strong tip vortices.

(6) The tip clearance setting depends on the compressor’s
maximum surplus value. There are several methods
to reduce the tip clearance losses. A variable tip clea-
rance is one of the potential designs.
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(7) Compressor impeller flow cuts are widely used
by compressor manufacturers. Some performance
impacts need to be considered for doing the flow cut.

(8) The ported shroud compressor has advantages for the
compressor performance. Many new ported shroud
structures have been proposed by many compressor
manufactures [24]. But some fundamentals discussed
in this paper can help designers to make the right
decisions.

Nomenclature

B2, b2: Impeller tip width (m)
C1: Inlet axial velocity (m/s)
CP : Pressure coefficient = p/(0.5ρd2U2

2)
CM: Choke margin
DF: Diffusion factor
Ds: Specific diameter
dm: Flow fluctuations (kg/s)
dp: Pressure fluctuations (pa)
F: Function
f : Friction factor
H : Head (m)
ICFM: Cubic foot per minute at inlet
K : Sand grain roughness (μm)
L: Blade meridional length (m)
m: Mass flow rate (kg/s)
N : Rotational speed (RPS)
r: RMS radius (m)
Re: Reynolds number
ICFM: Compressor inlet flow in ft/min.
M: Mach number
MR: Mach number ratio
Mu: Head coefficient = H/(D2N)2

Q: Volume metric flow rate (m3/s)
RG: Operating range = (Qc −Qs)/Qc

RMS: Root mean square
u, v: Velocities (m/s)
V : Velocity vector
W : RMS-relative velocity (m/s)
x, y: Cartesian coordinates.

Greek Symbols

μ: Viscosity (pa·s)
ϕ: Flow coefficient = Q/(ND3)
η: Adiabatic efficiency (total to static) =

(π(γ−1/γ) − 1)/(T2/T01 − 1)
Ψ: Head coefficient = h/u2

2

π: Pressure ratio
γ: Specific heat ratio.

Subscripts

1, 2: Impeller inlet and exit
C: Chock or clearance

l: Loss
0: Zero clearance
ref: Reference
S: Surge.
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