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Passive flow control techniques are used to improve the flow field and efficiency of centrifugal pumps and turbomachines, in
general. An important phenomenon that mechanical engineers have to take into account is cavitation. It leads to the decrease of the
pump performance and total head. In the present experimental study, a centrifugal pump is investigated in cavitating conditions.
A passive flow control is realized using three different blade leading edge angles in order to reduce the cavitation development and
enhance the pump performance. The experiments are carried out in a pump test rig specially designed and constructed, along with
the impellers. The head drop and total efficiency curves are presented in order to examine the effect of the blade leading edge angle
on the cavitation and pump performance. Finally, the vapour distribution along with the blades is illustrated for the tested blade
leading edge angles.

1. Introduction

Cavitation is a very complex phenomenon including phase
changes and viscous effects. When the local pressure within
a flow with water as medium becomes equal to the vapor-
ization pressure of the water, bubbles begin to form and are
further transported to regions of higher pressure where they
collapse. This bubble collapse can cause material damage and
erosion.

Various researchers have considerably contributed in
studying the cavitation in centrifugal pumps, applying
passive flow control techniques and realizing a series of
experiments. On the other hand, there is a limited number
of works regarding the effect of the blade leading edge angle
on the pump cavitation. Hirschi et al. [1] presented the
results obtained with a 3D numerical method allowing the
prediction of the cavitation behaviour of a centrifugal pump
and compared this prediction to model tests. Hofmann et al.
[2] studied experimentally the cavitation of two centrifugal
pumps that can hold different runner geometries as well as
different leading edge geometries within the same runner.
Frobenius et al. [3] realized numerical simulations and
experimental investigations of the cavitating flow through

a centrifugal pump impeller of low specific speed. Coutier-
Delgosha et al. [4] investigated a special test pump with
two-dimensional curvature blade geometry in cavitating
and noncavitating conditions using different experimental
techniques.

Siljegovic et al. [5] concluded that passive flow control
can effectively modulate flow conditions in a capillary driven
microfluidic device. Ulas [6] designed and studied experi-
mentally two cavitating venturis to deliver the desired mass
flow rates for specific conditions. Escaler et al. [7] carried
out an experimental investigation in order to evaluate the
detection of cavitation in actual hydraulic turbines. Japikse
et al. [8] realized a series of tests and improved the stability
of compressors and turbopumps using passive flow control.
Luo et al. [9] studied experimentally the effect of impeller
inlet geometry on performance improvement for a centrifu-
gal pump. Wu et al. [10] carried out an experimental study in
order to analyze the cavitation of a centrifugal pump and its
effect on hydrodynamic performance during transient opera-
tion. Kyparissis and Margaris [11–13] studied experimentally
and computationally a centrifugal pump with double-arc
synthetic blade design method in cavitating and noncavitat-
ing conditions, applying different rotational speeds.
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The present experimental study and passive flow control
are concerned with the effect of the blade leading edge angle
on the cavitation of a centrifugal pump applying the double-
arc synthetic blade design method [14–16], with rotational
speed of 1200 rpm and flow rate of 35 m3/h. The experiments
are carried out in a pump test rig specially designed and
constructed, along with the impellers. The test section allows
optical observation of the flow field and cavitation with the
aid of the stroboscopic light source. The head drop and
total efficiency curves are presented in order to investigate
the effect of the blade leading edge angle on the cavitation
and pump performance. In addition, the vapour distribution
along with the blades is depicted for the tested blade leading
edge angles.

2. Experimental Rig and Procedure

The experimental study is performed using the pump test rig
shown in Figure 1. The supplying tank (1) of the pumping
installation is filled with water from the water supply. The
pressure at the examined pump inlet is measured by the
absolute pressure transducer (2). Furthermore, the study of
cavitation is realized applying a wide range of pressures at the
pump inlet that can be set by changing the pressure in the
supply tank with the aid of a vacuum pump (3). The fluid
temperature is measured by a temperature sensor (4) and is
kept almost constant and equal to 25◦C. The fluid level in the
supply tank is read from the level meter (5) and the fluid-free
surface pressure is measured by a vacuum-pressure gauge (6).
The pump flow rate is measured using the electromagnetic
flowmeter (7). Moreover, the flow rate regulation is obtained
by throttling a butterfly valve (8) installed at the discharge
pipe. The differential pressure between the pump inlet and
outlet is measured by the differential pressure transducer (9).
The pump is driven by a three-phase AC electric motor (10)
of 2.2 kW and maximum rotational speed of 1410 rpm. The
rotational speed can be continuously varied by an inverter
(11). The pump suction cover (12) and a part of the suction
pipe (13) are made from plexiglas. Transparent parts of the
pump test rig allow observation of fluid flow inside the
impeller and photography of the development of cavitation
in flow passage of the impeller. The measurement data
are acquired by the data acquisition system and LabVIEW
platform (14). The main dimensions of the pump test rig and
the regions where the pressure transducers are installed are
shown in Figure 2.

For the realization of the cavitation test, the vacuum
pump is set in operation and the air is removed from the
tank, until a specific value of pressure is recorded by the
vacuum-pressure gauge for every measurement. The pump
rotational speed is kept constant and the butterfly valve
is kept in a given position in order to have constant flow
rate. For every measurement, the total head is computed
according to the following formula:

H = Δp

ρg
+ Δz +

u2
d − u2

s

2g
. (1)

The differential pressure Δp is measured by the differ-
ential pressure transducer (9). Moreover, the water density
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Figure 1: The complete experimental setup along with the instru-
mentation system.
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Figure 2: The main dimensions of the pump test rig.

for the temperature of 25◦C is found ρ = 997 kg/m3.
The discharge velocity ud and the suction velocity us
are calculated according to the corresponding flow rate
Q measured by the electromagnetic flowmeter (7). The
gravitational acceleration is determined as g = 9.807 m/s2

and the elevation difference between the pump inlet and the
region where the discharge pressure is measured is calculated
Δz = 0.42 m.

In addition, the net positive suction head available is
computed according to the following equation:

NPSHa = ps
ρg

+
u2
s

2g
− pv

ρg
. (2)

The suction pressure ps is measured by the absolute
pressure transducer (2) and the vaporization pressure of the
water for the temperature of 25◦C is found pv = 3290.5 Pa.

Finally, the total efficiency η is computed according to the
following expression:

η = ρgQH√
3VI

. (3)

The voltage V and the amperage I are measured by the
inverter (11).
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Figure 3: The examined impeller geometry and the scaled drawing (in mm) with blade leading edge angle of 9 deg.

Moreover, during every measurement, the cavitation is
illustrated using the stroboscopic light. The NPSH value that
the first bubble appears, according to the visualization of
cavitation, is the net positive suction head required NPSHr.

The measuring equipment consists of an absolute and a
differential pressure transducer, a temperature sensor, and
an electromagnetic flowmeter. In order to measure the static
pressure at the suction side of the pump, an absolute pressure
transducer from ABB 2600T series, model 264NS with a
base accuracy ±0.075% is applied. Moreover, the pressure
difference between the discharge and suction region of the
pump is measured using a differential pressure transducer
from ABB 2600T series, model 264DS with a base accuracy
±0.075%. In addition, temperature is measured with the
temperature sensor of the ABB SensyTemp TSP111 series.
Furthermore, the measurement of the flow rate is realized
using an electromagnetic flowmeter ABB FXE4000 COPA-
XE/MAG-XE, model DE41F with a base accuracy ±0.5%.

The rotational speed of the three phase electric motor can
be continuously varied by the inverter Fuji Electric FVR-E9S
series.

The study of cavitation is realized using the vacuum
pump series LABOPORT N 816.3 KN.45.18. Series N 816.3
diaphragm pumps are double-head, dry-running devices
used in a wide range of laboratory applications. They transfer
and pump down without contamination.

The measurement data from the pressure transducers,
flowmeter, and temperature sensor are acquired by the
analog input module cFP-AI-110. The National Instruments
cFP-AI-110 is an 8-channel single-ended input module for
direct measurement of millivolt, low voltage, or milliampere
current signals from a variety of sensors and transmitters.
It delivers filtered low-noise analog inputs with 16-bit
resolution and 5 S/s sampling rate. Finally, this analog input
module is connected to LabVIEW platform (14).

3. Blade Design Analysis

3.1. Impeller Geometry. Three impeller geometries have
been constructed using aluminium alloy 7075-T6, which
is composed of zinc as the primary alloying element. It is
strong, with strength comparable to many steels and has

Table 1: Main characteristics of the tested impellers.

Impeller characteristics Values

Suction pipe diameter Ds, mm 100

Diameter of the impeller at the suction side D1, mm 108

Diameter of the impeller at the pressure side D2, mm 180

Impeller width at the suction side b1, mm 15.6

Impeller width at the pressure side b2, mm 15.6

Blade leading edge angle β1, deg 9, 15, 21

Blade trailing edge angle β2, deg 20

Maximum blade thickness S, mm 7.5

Number of blades z 5

good fatigue strength and average machinability, but has less
resistance to corrosion than many other aluminium alloys.
7075-T6 is a heat temper grade of aluminium alloy 7075. It
has an ultimate tensile strength of 510–538 MPa and yield
strength of at least 434–476 MPa. In addition, the tested
impellers have a removable transparent cover disk made of
plexiglas in order to observe the fluid flow and the cavitation,
as shown in Figures 3, 4, and 5.

The impellers have been designed according to the
dimensions of the Caprari MEC—A2/80A volute, which is
installed in the pump test rig. The main characteristics of the
three tested impellers are presented in Table 1.

3.2. Double-Arc Synthetic Method: DASM. In the present
work, the double-arc synthetic method (DASM) [14–16]
is applied for the impellers blade design of the centrifugal
pump. It is a simple design method that combines two
Pfleiderer’s double-arc methods [17]. There are published
computational studies [14–16] that compare DASM with the
Pfleiderer’s [17] methods and it is observed that a centrifugal
pump has better efficiency applying DASM.

As shown in Figure 6, the auxiliary circle Ca is drawn,
according to the following formula:

d1 = D1 sinβ1, (4)

where D1 is the diameter of the impeller at the suction side
and β1 is the blade leading edge angle.
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Figure 4: The examined impeller geometry and the scaled drawing (in mm) with blade leading edge angle of 15 deg.
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Figure 5: The examined impeller geometry and the scaled drawing (in mm) with blade leading edge angle of 21 deg.

The periphery of the suction side is divided to five parts,
just as the number of blades z. The tangents of the auxiliary
circle from the points E and C are intersected to the point
A. Afterwards, point A is shifted to the point L, which is the
center of curvature for the first arc EY and the radius R1 is the
distance of the points E and L, as formulated in the following
expression:

R1 = 1.2(AE). (5)

The point P is at the extension of the line that connects
the points A and C at distance equal to the distance of the
points A and E. Applying DASM the point P is shifted to Y,
according to the following expression:

EY = 0.75 EP . (6)

The angle between the lines OY and LY is defined as β
and the distance between the points O and Y is defined as r,
as shown in Figure 6. The radius R2 of the second arc YH is
the distance of the points K and Y and is obtained from the
following expression:

R2 = 1
2

(D2/2)2 − r2

(D2/2) cosβ2 − r cosβ
, (7)

where D2 is the diameter of the impeller at the pressure side
and β2 is the blade trailing edge angle.

4. Experimental Results

In the present study, the experimental investigation and
passive flow control are realized in order to examine the
pump performance and cavitation development for three
different blade leading edge angles. Studying the noncavi-
tating performance, the total head and the total efficiency as
functions of the flow rate are illustrated in Figures 7 and 8, for
the three examined blade leading edge angles and rotational
speed of 1200 rpm. As shown in Figure 8, the flow rate to
the best efficiency point is approximately 22 m3/h for 9 deg,
34 m3/h for 15 deg, and 43 m3/h for 21 deg.

The total head drops for the rotational speed of
1200 rpm, flow rate of 35 m3/h, and three examined blade
leading edge angles of 9, 15, and 21 deg are depicted in
Figure 9. The ordinate is the total head of the pump, while
the abscissa is the net positive suction head available. There
are four capital letters in parentheses corresponding to the
vapour distributions in Figures 12, 13, 14, and 15. The filled
points represent the experimental cases, where cavitation has
been developed. It is noticed that as the NPSHa decreases
the total head decreases slowly for all the tested blade leading
edge angles. As the water in the suction pipe approaches the
impeller eye, it has velocity and acceleration. In addition,
it has to change its direction to enter the impeller, because
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Figure 7: The total head as a function of the flow rate, studying the
noncavitating performance.

of the blade leading edge angle. Losses in terms of total
head occur due to each of the above reasons and because
of friction. For the blade leading edge angle of 15 deg, no
cavitation is noticed, for the examined pressures at the
pump inlet. Nevertheless, there is head drop as the NPSHa
decreases, because there are cavitation bubbles, very small
and cannot be observed using the stroboscopic light. These
bubbles block the flow passage between the blades and cause
the head drop. Examining the blade leading edge angle of
9 deg, cavitation starts to be developed for the net positive
suction head of 5.13 m, which is the corresponding NPSHr
for 9 deg. In addition, testing the 21 deg, the cavitation begins
for NPSH = 2.29 m, which is the corresponding NPSHr
for 21 deg. Realizing a series of experiments the maximum
total head drops for the three above mentioned studied
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Figure 8: The total efficiency as a function of the flow rate, studying
the noncavitating performance.

blade leading edge angles are 13.32%, 4.46%, and 6.80%,
respectively. For the blade leading edge angles 9 and 21 deg,
when cavitation starts to be developed the corresponding
head drops are 5.47% and 5.49%, respectively. Thus, it
is observed that for both the cases that cavitation begins,
the total head is reduced by 5.5% instead of 3% that the
Hydraulic Institute defines. The NPSHr can be from 2 to 20
times the 3% that the Hydraulic Institute defines, depending
on pump design [18]. The cavity length when the cavitation
bubbles appear is measured 4 and 7 mm for 9 and 21 deg,
respectively. Moreover, it is noticed that as the blade leading
edge angle increases the total head increases as well. Finally,
as the net positive suction head available decreases the pump
flow rate is kept almost constant, in spite of the cavitation
development.

Furthermore, in Figure 10 the change of the total head
with the blade leading edge angle is depicted, for three
different values of the net positive suction head available.
Figure 10 contributes to the recording of the total head values
in respect of the change of the blade leading edge angle. It is
observed that as the blade leading edge angle increases, the
total head increases as well. For the blade leading edge angles
between 15 and 21 deg, the total head is almost the same
for the net positive suction head available values of 6 and
9 m. Finally, for the lowest examined value of the net positive
suction head available, the total head has the lowest values
for all the examined blade leading edge angles, because as the
net positive suction head decreases the total head decreases
as well, as shown in Figure 9.

In Figure 11 the change of the total efficiency with the
net positive suction head available is presented, for the three
examined blade leading edge angles, rotational speed of
1200 rpm, and flow rate of 35 m3/h. It is observed that the
change of the total efficiency with the NPSHa is similar to
the change of the total head with the NPSHa, as shown in
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Figure 9. As the blade leading edge angle increases the total
efficiency increases as well. In addition, for the lowest values
of the NPSHa, much faster decrease of the total efficiency
is observed, for all the tested blade leading edge angles.
Examining the blade leading edge angles 15 and 21 deg,
fluctuations are observed to the total efficiency, because
of the unstable measurements of both the voltage and the
amperage.

The uncertainty on the measurements has been evaluated
from the resolution of the data acquisition system, realizing
multiple experiments with deviation from the presented
data, approximately ±0.10%. The relative uncertainty for
the total head is 0.07% for all the examined blade leading
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Figure 11: The change of the total efficiency with the net positive
suction head available for rotational speed of 1200 rpm and flow
rate of 35 m3/h.

edge angles. For the net positive suction head available, the
relative uncertainty varies from 0.08% to 0.10% for 9 deg
and 21 deg and 0.08% to 0.09% for 15 deg. Finally, for the
total efficiency, the relative uncertainty varies from 0.54% to
0.55% for 9 deg and is 0.53% for 15 deg and 21 deg.

Furthermore, in the present experimental study the
vapour distribution between the blades at the leading edge is
illustrated using the stroboscopic light. The vapour is caused
by the strong curvature of the streamlines along the front
shroud, where low values of the net positive suction head
prevail. Two of the cavitation cases of 9 deg are depicted
in Figures 12 and 13, where a scaling bar is added to each
figure, representing a length of 10 mm and a letter is added
in parentheses corresponding to the letter in Figures 9 and
11. Thus Figure 12 corresponds to the point A and Figure 13
corresponds to the point B. Testing the blade leading edge
angle of 9 deg, the cavitation is observed at the leading edge
in the region of the pressure side. Moreover, it is noticed that
as the net positive suction head decreases, lower pressures
between the blades prevail and the cavity length increases. As
the cavity length increases the total head and total efficiency
decrease, as shown in Figures 9 and 11, due to flow blockage
from cavitation vapour in the blades.

In Figures 14 and 15 the cavitation is developed at
the leading edge in the region of the suction side for the
blade leading edge angle of 21 deg. Figure 14 corresponds
to the point C and Figure 15 corresponds to the point D.
The region where the cavitation is developed is different
from the corresponding of 9 deg. As the blade leading edge
angle decreases, the passage between the blades decreases,
lower pressures prevail in this region and the cavitation is
developed at the pressure side. On the other hand, for blade
leading edge angle of 21 deg, the lowest pressures prevail at
the suction side of the blades and cavitation is developed
in this region. Examining the blade leading edge angle of
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Figure 12: Illustration of cavitation for the blade leading edge angle
of 9 deg and NPSH equal to 2.01 m.
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Figure 13: Illustration of cavitation for the blade leading edge angle
of 9 deg and NPSH equal to 1.71 m.

15 deg, no cavitation is observed, because the testing flow rate
of 35 m3/h is almost equal to the corresponding of the best
efficiency point for 15 deg. For 9 deg, the testing flow rate
of 35 m3/h is greater than its corresponding best efficiency
point, thus the cavitation is developed at the pressure side of
the blades. On the other hand, for 21 deg, the testing flow
rate 35 m3/h is less than its corresponding best efficiency
point and the cavitation is developed at the suction side of
the blades. Moreover, the cavity length for 21 deg is smaller
than the corresponding of 9 deg, because lower net positive
suction head values prevail for blade leading edge angle of
9 deg, as shown in Figures 9 and 11.

5. Conclusions

The present experimental study and passive flow control are
concerned with the effect of the blade leading edge angle
on the cavitation and performance of a centrifugal pump.
A pump test rig has been developed in order to realize a
passive flow control with different blade leading edge angles,
allowing optical observation of the cavitation development
with the aid of a stroboscopic light source.

The rotational speed of 1200 rpm and flow rate of
35 m3/h are applied. Studying the effect of the blade leading
edge angle on the cavitation, it is observed that as the blade
leading edge angle increases, both the total head and the total
efficiency increase for the examined operating conditions.
Moreover, it is noticed that as the net positive suction head
decreases the total head decreases slowly for all the examined
blade leading edge angles.

(C)

NPSH = 2.29 m
n = 1200 rpm
Q = 35 m3/h

Blade leading edge
Cavity

trailing edge

Rotational
direction

10 mm

β1 = 21 deg

Figure 14: Illustration of cavitation for the blade leading edge angle
of 21 deg and NPSH equal to 2.29 m.

(D)

NPSH = 1.86 m

n = 1200 rpm

Q = 35 m3/h

Blade leading edge

Cavity
trailing edge

Rotational
direction

10 mm

β1 = 21 deg

Figure 15: Illustration of cavitation for the blade leading edge angle
of 21 deg and NPSH equal to 1.86 m.

Examining the blade leading edge angle of 9 deg, the
cavitation is developed at the leading edge in the region of the
pressure side. On the other hand, for 21 deg, the cavitation is
developed at the leading edge in the region of the suction
side. Finally, for the blade leading edge angle of 15 deg,
there is no cavitation development and the danger of the
pump damage and erosion is eliminated. Thus, the costs of
maintenance of the centrifugal pumps are limited, applying
the blade leading edge angle of 15 deg.

Further research work is planned to be accomplished
experimentally and computationally, studying the effect
of different blade design methods on the cavitation of a
centrifugal pump and applying passive flow control with
different impeller geometrical characteristics and operating
conditions.
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Active flow control using dielectric barrier discharge (DBD) plasma actuators was investigated to reattach the simulated boundary
layer separation on the suction surface of a turbine blade at low Reynolds number, Re = 1.7 × 104. The flow separation is
induced on a curved plate installed in the test section of a low-speed wind tunnel. Particle image velocimetry (PIV) was used to
obtain instantaneous and time-averaged two-dimensional velocity measurements. The amplitude of input voltage for the plasma
actuator was varied from ±2.0 kV to ±2.8 kV. The separated flow reattached on the curved wall when the input voltage was
±2.4 kV and above. The displacement thickness of the boundary layer near the trailing edge decreased by 20% at ±2.0 kV. The
displacement thickness was suddenly reduced as much as 56% at ±2.2 kV, and it was reduced gradually from ±2.4 kV to ±2.8 kV
(77% reduction). The total pressure loss coefficient, estimated from the boundary layer displacement thickness and momentum
thickness, was 0.172 at the baseline (actuator off) condition. The total pressure loss was reduced to 0.107 (38% reduction) at
±2.2 kV and 0.078 (55% reduction) at ±2.8 kV.

1. Introduction

Blade Reynolds numbers for the low-pressure turbine of
small- and medium-sized gas turbines for aircraft propulsion
can drop to below 2.5 × 104 at high altitudes, where the air
density is low [1]. At these low Reynolds numbers, the
boundary layer is dominated by laminar flow and is sus-
ceptible to flow separation and strong secondary vortices
that develop into increased losses, leading to reduced perfor-
mance.

Newly developed high-efficiency small-scale gas turbines
for industrial power generation also encounter the low
Reynolds number problem because of the increased viscosity
caused by high turbine inlet temperatures and miniatur-
ization of the cascade [2]. Several studies focusing on the
aerodynamics of turbine cascades at low Reynolds numbers
have been published [3–7].

Different passive and active flow control techniques have
been developed to increase the efficiency of the turbine blade
at low Reynolds numbers [8]. Passive control devices, such
as dimples and fixed turbulators, are traditional approaches
to trigger transition and induce reattachment, but create
undesirable drag at high Reynolds number. Active control
devices can be employed only when needed. Vortex generat-
ing jets (VGJs) and plasma actuators are prominent subjects
of recent research in active flow control.

The application of dielectric barrier discharge (DBD)
plasma actuator was demonstrated by Roth et al. [9] in
1998 and has been developed over the last decade from
fundamental studies to a wide range of applications [10].

Figure 1 shows a simple schematic configuration of a
DBD plasma actuator. The DBD plasma actuator consists of
a dielectric layer sandwiched between top and bottom
electrodes. Applying high voltages at high frequencies
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Electrodes
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Induced flow

Dielectric barrier

AC voltage source
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Figure 1: Schematics of plasma actuator.

(approximately 1 kHz∼50 kHz) between the top and bottom
electrodes forms a layer of glow discharge plasma across
the dielectric surface. This induces a tangential air jet with
a strong horizontal velocity component. It is known that
the direction of the resultant tangential jet is constant and
independent of which electrode the voltage is applied to, and
independent of the polarity of the applied voltage [11].

DBD plasma actuators have also been used in a number
of low-pressure turbine separation control studies [12–18].
In order to distinguish this work from these prior studies,
this paper focused on the presentation of detailed PIV flow
data and accompanying analysis at various input voltage of
the plasma actuator.

The objective of this study is to investigate the most
effective active flow control operation of DBD plasma actu-
ators by simplified experiments. The experimental results
in this study will be used as the fundamental data for
considering the application of DBD plasma actuators for the
annular turbine wind tunnel with a single-stage axial-flow
turbine [19, 20]. This paper presents the results of particle
image velocimetry (PIV) measurement to understand the
flow mechanisms and the effect of different amplitude of the
plasma actuator input voltage.

2. Experimental Facility and Method

Figure 2 shows the measurement system. The wind tun-
nel is a low-speed, open-circuit, blower-type facility with
305 mm × 85 mm × 65 mm test section.

A curved wall plate (streamwise length L = 100 mm)
was installed in the test section of the wind tunnel in
order to simulate the separated flow on the suction surface
of a turbine blade. Figure 3 shows the geometry and the
design-surface velocity distribution, derived from an inviscid
calculation, at the midspan of the corresponding turbine
rotor blade in the annular turbine wind tunnel in AIST
[19, 20]. Table 1 shows the nondimensional parameters of
the corresponding turbine rotor midspan. The shape of the
curved wall was designed using a simple one-dimensional
continuity argument to match the design surface velocity and
pressure distributions of the corresponding turbine blade.
A plasma actuator was mounted at the front of the adverse
pressure gradient region (deceleration region) on the curved
wall.

Particle image velocimetry (PIV) was employed to quan-
tify the behavior of the flow field around the curved wall.
The laser was a 25 mJ/pulse, double-pulse Nd-YAG laser
(MiniLase II, 20 Hz, New Wave Research Co. Ltd.). Atomized

Curved wall

CCD camera

Double pulse
YAG laser

65 mm

305 mm

85 mm

x

z
y

Plasma actuator

Power supply

Figure 2: Measurement system.
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Figure 3: Corresponding turbine rotor.

Table 1: Nondimensional parameters of corresponding turbine
rotor (midspan).

Inlet blade angle β1 21.8 deg

Exit blade angle β2 63.4 deg

Blade turning angle β1 + β2 85.2 deg

Stagger angle ξ 47.6 deg

Diffusion factor D 0.198

Solidity (chord/pitch) C/S 1.42

Trailing edge thickness/passage width t/w 0.032

Dioctyl sebacate (DOS) oil with a mean particle diameter
of 1 μm was injected upstream of the test section via a
pressurized oil chamber. Image pairs were taken by a camera
(PIV CAM 13-8, TSI Inc.), which has 1,280 × 1,024 pixel
resolution. TSI software calculated the velocity vectors from
the peak correlation of groups of particles between frames,
using conventional cross-correlation algorithms on a 32 ×
32 pixel grid. In order to calculate the averaged velocity
distributions, 50 instantaneous velocity distributions were
measured at each experimental condition in this study. It
should be noted that the PIV data in the vicinity of the
plasma actuator possesses lower reliability than that in the
main flow, due to the laser reflections from the top electrode
of the plasma actuator, the large velocity gradients across



International Journal of Rotating Machinery 3

the induced jet, and the possibility that the seeding particles
are influenced by the electric field [21, 22].

Figure 4 shows the test section geometry and PIV
measurement grids. In these experiments, the rotating speed
of the wind tunnel blower was kept constant. The streamwise
velocity of the main flow near the trailing edge (x = 100 mm)
was almost constant, Ux,main flow ≈ 2.25 m/s, for each input
voltage condition, as shown later in Figure 11. Therefore,
the Reynolds number based on the streamwise length of the
curved wall, L, and the streamwise velocity of the main flow
near the trailing edge, Ux, was Re = 1.7 × 104.

The edge of the top electrode of the plasma actuator,
where the surface plasma is formed, was located at x =
30.6 mm from the leading edge. A thin sheet of polymide
(125 μm thickness, relative permittivity ε′ ≈ 3) was used
as the dielectric barrier of the plasma actuator. As for the
electrodes, thin sheets of copper (thickness = 35 μm) were
glued and pressed onto the both sides of the dielectric. A
high voltage, high-frequency power supply (PG1040F, PSI
Inc.), which can output bipolar sinusoidal waveforms, was
used to supply input signals to the top and bottom electrodes.
The bottom electrode was connected to ground, Vg = 0 V.
The amplitude of input voltage to the top electrode VAC was
varied from 2.0 kV to 2.8 kV (4.0–5.6 kVp-p). The frequency
of input voltage fp was fixed at fp = 8.1 kHz.

3. Results and Discussion

3.1. Instantaneous Absolute Velocity Distributions. Figure 5
shows a sample of the PIV images, the instantaneous
absolute velocity, and vorticity distributions for the baseline
condition (plasma actuator off). Massive flow separation is
visualized in the flow deceleration region in the PIV image
of Figure 5(a). The large low-velocity region, drawn by blue
contours in Figure 5(b), corresponds to the flow separation.
(The criteria for separation or reattachment of the boundary
layer are based on the boundary layer shape factor H12, as
shown in Figure 15 later). The separated boundary layer is
stable from the streamwise location x = 20 mm (starting
position of the flow separation) to x = 70 mm (namely 70%
chord length position). The separated flow downstream of x
= 70 mm becomes unstable and large clockwise vortices are
generated.

Figure 6 shows a sample of the PIV images, the instan-
taneous absolute velocity and vorticity distributions for the
flow control condition (plasma actuator on, input voltage
VAC = ±2.8 kV, maximum input voltage in this study). The
separated flow region is dramatically reduced by flow control
using the plasma actuator. The flow separation from x =
20 mm became unstable after x = 40 mm∼50 mm and small
clockwise vortices were generated. The similar phenomenon
of the smaller flow structure by the effect of the plasma
actuator was observed in the flow visualization by Marks
et al. [18]. The flow control using plasma actuator results in
attached flow before the trailing edge.

3.2. Time-Averaged Absolute Velocity Distributions. Figure 7
shows enlarged views of the time-averaged absolute velocity
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Figure 4: Test section and PIV grids.

distributions in the separation region (blue dashed frame
in Figure 4) at various input voltages. These distributions
were calculated by averaging 50 instantaneous velocity
distributions as shown in Figures 5 and 6. In these figures,
streamlines were superimposed upon the velocity contours.

The large separation region observed in the baseline
(actuator off) condition in Figure 7(a) is gradually reduced
by the effect of active control in Figures 7(b), 7(c), 7(d), 7(e),
and 7(f).

In the baseline condition in Figure 7(a), large reverse flow
is observed in the separation region. In the flow control
case of VAC = ±2.0 kV in Figure 6(b), a large recirculation
exists in the separation region, and the low-velocity region
is slightly reduced near the trailing edge. In the flow control
case of VAC = ±2.2 kV in Figure 6(c), the recirculation in the
separation region become reduced in size and the position
of its center moves upstream. The separated flow reattaches
onto the surface of the curved wall before the trailing edge. In
Figures 6(d), 6(e), and 6(f), at VAC =±2.4 kV∼±2.8 kV, as the
input voltage is increased, the recirculation in the separation
region become smaller and moves more upstream. The
reduction of the separation region was observed in the LDV
measurements by Huang et al. [13], the PIV measurements
by Boxx et al. [16], total pressure measurements by Burman
et al. [17], and the surface pressure measurements by Marks
et al. [18].

3.3. Turbulence Intensity Distributions. Figure 8 shows tur-
bulence intensity distributions at various input voltages. In
these figures, velocity vectors were superimposed upon the
turbulence intensity contours. The turbulence intensity was
calculated as follows:

Tu =

√(
u′2x + u′2y

)
/2

Ux,main flow
.

(1)

The turbulence intensity was normalized by the averaged
streamwise velocity of the main flow near the trailing edge
at x = 99.1 mm, Ux,main flow ≈ 2.25 m/s, as shown in Figure 11
later.

In the baseline condition in Figure 8(a), a high turbu-
lence intensity region exists at the boundary line between
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Figure 7: Time-averaged absolute velocity distributions and stream lines near curved wall at various DBD-PA input voltages.

the main flow and the separated flow. A wide high turbulence
intensity region is suddenly generated after x = 70 mm.
This phenomenon corresponds to the fact that the separated
boundary layer is stable from x = 20 mm to x = 70 mm and
becomes unstable after x = 70 mm, as shown in Figure 5. The
wide high turbulence intensity region after x = 70 mm is due
to the unstable transitional separated boundary layer.

In the flow control case of VAC = ±2.0 kV in Figure 8(b),
the high turbulence intensity region is generated after x
= 50 mm, which is further upstream than the baseline
condition.

In the flow control case of VAC = ±2.2 kV in Figure 8(c),
the high turbulence intensity region moves even further
upstream and closer to the curved wall than that in VAC =
±2.0 kV condition, Figure 8(b).

In Figures 8(c), 8(d), 8(e), and 8(f), as the input voltage is
increased, the high turbulence intensity region moves more
upstream and closer to the curved wall and becomes smaller
in width.

3.4. Velocity Distributions Around Plasma Actuator. Figure 9
shows the vertical distribution of the streamwise velocity Ux

near the center of the plasma actuator, x = 29.7 mm, x/L =
0.297 (red dashed line in Figure 4). The vertical position
y = 34.6 mm corresponds to the surface of the curved wall.
In the baseline condition (black line in the figure), the
average streamwise velocity of the main flow is 2.05 m/s. The
streamwise velocity in the boundary layer at y ≤ 40 mm is
close to zero due to the flow separation near the curved wall.
At VAC = ±2.0 kV (red line), the average streamwise velocity
of the main flow increases to 2.26 m/s (10% increase from the
baseline condition). The streamwise velocity in the boundary

layer increases to 0.73 m/s. At VAC = ±2.2 kV (pink), the
average streamwise velocity of the main flow increases to
2.48 m/s (21% increase from the baseline) and that in the
boundary layer increases to 0.89 m/s. At VAC = ±2.4 kV
(orange), the average streamwise velocity of the main flow
increases slightly to 2.51 m/s and that in the boundary layer
increases to 1.27 m/s. At maximum input voltage of VAC =
±2.8 kV (blue), the average streamwise velocity of the main
flow increases to 2.58 m/s (26% increase from the baseline)
and that in the boundary layer increases to 1.66 m/s.

Figure 10 shows the vertical distribution of the vertical
velocity Uy near the plasma actuator. The positive value
means upward flow in the y-direction and the negative value
means downward flow.

In the baseline condition (black line), the vertical velocity
of the main flow at y = 42 mm is 0.27 m/s. As the input
voltage is increased, the vertical velocity of the main flow
is gradually reduced by the effect of active flow control of
the plasma actuator. At maximum voltage of VAC = ±2.8 kV
(blue), the vertical velocity of the main flow at y = 40 mm
becomes −0.07 m/s (0.34 m/s decrease from the baseline
condition).

The vertical velocity of the boundary layer at y ≤ 40 mm
is almost zero in the baseline condition. At VAC = ±2.0 kV
(red line), the vertical velocity in the boundary layer increases
to 0.3 m/s due to the induced flow by the plasma actuator.
As the input voltage is increased, the vertical velocity in the
boundary layer is gradually reduced.

Figure 11 shows the vertical distribution of the flow angle
θ near the plasma actuator. The positive value means upward
flow and the negative value means downward flow. As the
input voltage is increased, the flow angle in both the main
flow and in the boundary layer is gradually reduced by
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Figure 8: Turbulence intensity distributions at various DBD-PA input voltages.

the effect of active flow control of the plasma actuator (i.e.,
decrease in separation angle). At VAC = ±2.8 kV, the flow
angle is reduced 9 deg in the main flow and 23 deg in the
boundary layer, respectively.

3.5. Velocity Distributions Near Trailing Edge. Figure 12
shows the vertical distribution of the streamwise velocity
near the trailing edge, x = 99.1 mm, x/L = 0.991 (brown dash-
ed line in Figure 4). The bottom of the vertical axis (vertical
position y = 25 mm) corresponds to the surface of the curved
wall at the trailing edge. The streamwise velocity of the
main flow is almost constant (Ux,main flow ≈ 2.25 m/s) for all
input voltage conditions. In the baseline condition (black
line in the figure), large velocity deficit with reverse flow

exists near the surface of the curved wall. The boundary
layer thickness (distance between the curved wall surface and
the vertical position with 99% of the main flow velocity) is
approximately 21 mm (from x = 25 mm to x = 46 mm). At
VAC = ±2.0 kV (red line), the reverse flow is reduced but
the boundary layer thickness is the same as the baseline. At
VAC = ±2.2 kV (pink), the velocity in the boundary layer
is suddenly increased. The reverse flow region completely
disappears and the boundary layer thickness is reduced to
17 mm. At VAC = ±2.4 kV (orange), the shape of the velocity
distributions in the boundary layer becomes quite linear.
At VAC = ±2.6 kV and VAC = ±2.8 kV (green and blue),
the velocity distributions in the boundary layer is further
improved and the shape becomes convex.
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Figure 13 shows vertical distributions of the vertical
velocity Uy near the trailing edge, x = 99.1 mm. As the
input voltage is increased, the vertical velocity in both the
main flow and in the boundary layer is reduced (maximum
0.42 m/s reduction at VAC = ±2.8 kV).

Figure 14 shows vertical distributions of the turbulence
intensity near the trailing edge, x = 99.1 mm (dashed lines
in Figure 8). Although the turbulence intensity of the main
flow at the baseline is 2.1% for the baseline, that of the flow
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Figure 12: Streamwise velocity distributions near trailing edge (x =
99.1 mm).

control conditions increase to 2.8% at VAC = ±2.2 kV and to
3.7% ∼ 3.9% at VAC = ±2.4 kV∼2.8 kV. The slight increase
in the turbulence intensity of the main flow is due to the flow
fluctuation generated by the plasma actuator AC operation.
In the baseline condition, the maximum turbulence intensity
in the boundary layer is 17.5%. The maximum turbulence
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Figure 13: Vertical velocity distributions near trailing edge (x =
99.1 mm).

intensity increases to 20% at VAC = ±2.0 kV∼ 2.4 kV, and
decreases to 16% and 14% at VAC = ±2.6 kV at VAC =
±2.8 kV, respectively. As the input voltage is increased, the
vertical location of the maximum turbulence intensity moves
closer to the wall, suggesting reattachment of the separated
boundary layer. The similar phenomenon of the turbulence
intensity change by the effect of the plasma actuator was
observed in the PIV measurements by Boxx et al. [16].

3.6. Boundary Layer Displacement Thickness and Momentum
Thickness at Trailing Edge. Figure 15 shows the displacement
thickness, δ1, of the boundary layer near the trailing edge.
The displacement thickness decreased by 20% at ±2.0 kV.
The displacement thickness is suddenly reduced as much as
56% at ±2.2 kV, and it is reduced gradually from ±2.4 kV to
±2.8 kV (77% reduction).

Figure 16 shows the momentum thickness, δ2, of the
boundary layer near the trailing edge. The momentum
thickness is 2.45 mm at the baseline condition. The momen-
tum thickness slightly increases to 2.61 mm (6.5% rise) at
VAC = ±2.4 kV, where the shape of boundary layer velocity
is a straight line, as shown in Figure 12. The momentum
thickness then decreases to 1.95 mm (20.4% reduction) at
VAC = ±2.8 kV.

3.7. Boundary Layer Shape Factor at Trailing Edge. Figure 17
shows the boundary layer shape factor H12(=δ1/δ2) near the
trailing edge. The shape factor H12 is 6.40 at the baseline
condition and reduces as the amplitude of input voltage
increases.
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Figure 14: Turbulence intensity distributions near trailing edge (x =
99.1 mm).
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An empirical single-variable correlation using H12 was
developed for incipient and full detachment and for reat-
tachment of turbulent boundary layers on two-dimensional
surfaces [23]. The H12 criteria of the correlation are H12 ≥
4.0 for separated region (full detachment), 2.2 ≤ H12 ≤ 4.0
for intermittent detachment, and H12 ≤ 2.2 for attached
boundary layer (reattachment).
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From the correlation, the boundary layer at baseline
and VAC = ±2.0 kV is separated, that at VAC = ±2.2 is
intermittently detached, and that at VAC = ±2.4, ±2.6 and
±2.8 kV is reattached.

3.8. Total Pressure Loss Estimation. Figure 18 shows total
pressure loss estimation. The total pressure loss coefficient,
CPt, was estimated from the boundary layer displacement
thickness, δ1, and momentum thickness, δ2, using the
following correlation [24]:

CPt =
(
δ1 + t

w

)2

+
2δ2

w
− Cpb

w
, (2)
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Figure 18: Total pressure loss estimation.

where w is passage width (60 mm), t is trailing edge thickness
(1.9 mm), and Cpb is base pressure coefficient. Because the
Cpb value is unknown in this study, the typical value of Cpb =
−0.15 is used for this estimation. The third term including
Cpb is about 3∼6% of CPt; therefore, the effect of unknown
Cpb value is considered to be relatively smaller than the first
and second terms.

The total pressure loss coefficient is 0.172 at the baseline
condition. The total pressure loss is reduced to 0.107 (38%
reduction) at±2.2 kV, and 0.078 (55% reduction) at±2.8 kV.

4. Conclusions

Active flow control using dielectric barrier discharge plasma
actuators was investigated to reattach the simulated separa-
tion flow over the suction surface of a turbine blade at low
Reynolds number, Re = 1.7 × 104. The flow separation was
induced on a curved plate installed in the test section of
a low-speed wind tunnel. Particle image velocimetry (PIV)
was used to obtain instantaneous and time-averaged two-
dimensional velocity measurements. The amplitude of input
voltage for the plasma actuator was varied from ±2.0 kV to
±2.8 kV. Due to the flow control using the plasma actuator,
the separated flow was successfully reduced. The decrease
in displacement thickness of the boundary layer near the
trailing edge was 20% at±2.0 kV. The displacement thickness
was suddenly reduced by as much as 56% at ±2.2 kV
and it was reduced gradually from ±2.4 kV to ±2.8 kV
(77% reduction). The total pressure loss coefficient, esti-
mated from the boundary layer displacement thickness and
momentum thickness, was 0.172 at the baseline condition.
The total pressure loss coefficient was reduced to 0.107
(38% reduction) at ±2.2 kV, and 0.078 (55% reduction) at
±2.8 kV.
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Nomenclature

Cpb: Base pressure coefficient, −0.15 (typical
value)

CPt: Total pressure loss coefficient CPt =
(Ptin − Ptout)/((1/2)ρUout

2)
D: Diffusion factor D = 1− (Uout/Umax)
fp: Frequency of input voltage
H12: Shape factor (=δ1/δ2)
L: Streamwise length of curved wall, 100 mm
Ptin: Total pressure at inlet
Ptout: Mass-averaged total pressure at outlet
Re: Reynolds number
Tu: Turbulence intensity
t: Trailing edge thickness, 1.9 mm
U : Absolute velocity
Uout: Mass-averaged absolute velocity at outlet
Umax: Maximum absolute velocity
Ux: Streamwise velocity
Ux,main flow: Averaged streamwise velocity of main flow

near trailing edge
u′x: Random fluctuation (turbulence)

component of streamwise velocity
Uy : Vertical velocity
u′y : Random fluctuation (turbulence)

component of vertical velocity
VAC: Amplitude of input voltage
w: Flow passage width at trailing edge,

60 mm
x: Streamwise (horizontal) distance
y: Vertical distance
δ1: Boundary layer displacement thickness
δ2: Boundary layer momentum thickness
θ: Flow angle
ρ: Density.
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The aim of the present study is to evaluate the efficiency of a boundary layer suction technique in case of a centrifugal compressor
stage in order to extend its stable operating range. First, an analysis of the flow pattern within the radial vaned diffuser is presented.
It highlights the stall of the diffuser vanes when reaching a low massflow. A boundary layer separation in the hub-suction side
corner grows when decreasing the massflow from the nominal operating point to the surge and finally leads to a massive stall. An
aspiration strategy is investigated in order to control the stall. The suction slot is put in the vicinity of the saddle that originates the
main separating skin-friction line, identified thanks to the analysis of the skin-friction pattern. Several aspiration massflow rates
are tested, and two different modelings of the aspiration are evaluated. Finally, an efficient control is reached with a removal of only
0,1% of the global massflow and leads—from a steady-state calculations point of view—to an increase by 40% of the compressor
operating range extent.

1. Introduction

The stable operation of compressors is limited towards low
massflow by the occurrence of flow instabilities. To prevent
the release of these instabilities, that can be destructive,
compressors never operate closer to the stability limit than a
chosen massflow. That is called the “surge-margin.” Essential
for the stability of the compressor working, it is however in
this forbidden part of the operating map that the compressor
delivers its maximum pressure ratio, and the surge margin is
thus detrimental to the performance of the stage.

The flow phenomena that cause compressor surge are not
yet well known. They need to be understood in order to drive
design changes that can increase the operating range of the
compressor. For the centrifugal compressors, several studies
have identified the diffuser as a key zone for the inception of
instabilities. In particular, large boundary layer separations
may occur in this element as the operating point moves
towards surge, leading to rotating stall and/or surge.

A number of investigations have then been done, trying
to improve the surge margin using control techniques.
Raw [1] demonstrated surge margin improvement by using
“porous drilling” to bleed flow from the region of the diffuser

throat. Spakovszky [2] demonstrated an improvement of the
surge-margin when injecting air through the shroud surface
of the vaneless space in the forward-tangent direction. Skoch
[3] continued the investigations and demonstrated other
techniques to extend the stable range of the same machine:
reverse-tangent injection through the shroud surface of the
vaneless space or retractable control tubes inserted through
the shroud-side injectors openings. Then, he observed that
each of the improvement techniques had the effect of
reducing the diffuser leading edge incidence and concluded
that reducing the average swirl angle across the span of the
vaneless space as the compressor approached surge was the
important control action and may be caused by the mere
obstruction of the vaneless space due to presence of the
injection nozzles.

In the same series of experiments, Skoch also evaluated
the effects of hub-side injection into the diffuser throat, since
PIV measurements had revealed a hub-corner stall on the
pressure side of the vanes of the diffuser, that could suggest
the use of air injection into the diffuser passage to energize
the flow and control the separation. But these attempts did
not demonstrate any significant surge-margin improvement
[4]. The only slight effects were found to be due, as for
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shroud injection, to the obstruction caused by the injection
nozzles and confirmed the previous conclusions made by
Skoch about the importance of the angle at diffuser inlet.

The present work also focuses on the development of
a control technique in order to extend the stable operating
range of a centrifugal compressor. But instead of using injec-
tion, and decreasing the flow angle, it aims at controlling
the separations that may occur, by using a boundary layer
suction technique. That control action has indeed already
been used in axial compressor stages or cascades and has
provided attractive results [5–8].

An analysis of the flow is first presented, based on the
solutions of both steady-state and unsteady simulations.
Skin-friction patterns are drawn and reveal the topology of
the flow.

Considering the localizations of the singular elements
and separation skin-friction lines, an aspiration strategy
is discussed and then implemented in the steady-state
simulations. Several massflow rate removals are tested, and
numerical performances of the aspirated compressor stage
are presented.

2. Test Case

The test case is a centrifugal compressor stage manufactured
by TURBOMECA, Groupe Safran, used for propelling heli-
copters, and that is representative of the present state of Tur-
bomeca’s technical know-how. It is composed of a backswept
splitted unshrouded impeller, a radial vaned diffuser, and an
axial diffuser. The relative Mach number at impeller leading
edge at shroud is about 1, whereas the flow in the diffuser is
transonic. The axial diffuser is not taken into account in this
study.

Experimental data used for computing the reference
performance curves of the test case were provided by
Turbomeca and were obtained during the characterization of
the compressor stage. In particular, the static pressure was
probed at the entry of the impeller, in the middle of the
vaneless diffuser, and at the diffuser outlet. As an example, at
the diffuser outlet, the experimental value of static pressure
is the result of an average over 31 holes equally distributed
along the circumference and all connected to the same
annular chamber where the pressure is measured.

3. Numerical Procedure

Computations were performed with the elsA software devel-
oped at Onera. This code solves the compressible RANS
equations by a cell-centered finite volume method. The
turbulence model chosen for this study is the two-equation
model of Smith (k-l), that was shown by Rochuon [9] and
Trébinjac et al. [10] to provide results in a good accordance
with the experiments in the case of a transonic centrifugal
compressor stage. Both steady-state and unsteady numerical
computations were performed.

For steady-state simulations, the mixing-plane approach
is used for modeling the impeller-diffuser interaction, and
the computation domain is reduced to one single passage per

row thanks to a hypothesis of uniformity of flow within all
passages.

For the unsteady simulations, a phased-lagged hypothesis
is used. The main assumptions of the phase-lagged approach
are the geometrical uniformity of the passages and the
scrolling of the rotor blades in front of the stator blades as
the unique source of flow temporal fluctuations. Under such
conditions, there is only a phase difference between the states
of passages, and computational domain may be reduced to a
single passage per row.

The exit static pressure is set using a prescribed ratio
between the pressure and the massflow values through the
mesh exit section. This technique, in comparison with a
classic simple prescription of the outlet static pressure, allows
modeling the flow in the compressor stage beyond the peak
of the compressor characteristic, that is necessary in order to
study the limit of a compressor operating range, as pointed
out by Hill IV [11].

In the elsA software, the prescribed ratio is respected
thanks to an evolution of the outlet static pressure between
two successive iterations according to the following relation:

[
ps
](n+1) = [ps](n) ×

⎛⎝1 + Λ×
⎡⎣ [ps/ṁ](n)[

ps/ṁ
](ref) − 1

⎤⎦⎞⎠
with Λ ∈ [0; 1].

(1)

4. Stage Mesh

H, C, and O topologies are employed to create a structured
multiblock mesh with the commercial meshing software
Numeca Autogrid. The complete mesh is composed of 25
blocks, 18 of which describing the impeller geometry and
7 the diffuser. The tip clearance is meshed with an O-H
topology, in order to ensure a matching connection with the
C-mesh block around the impeller blade and the H behind
its trailing edge. As for the vane of the diffuser, it is rounded
by an O-block.

The number of points in the impeller tip clearance height
is 21.

Fillets are not included. That could be the point for some
future extension of study.

The cell width at walls is set to 1 μm. That corresponds
to a y+ parameter approximately equal to 1 along all solid
surfaces.

Computations with a more refined mesh in the diffuser,
including 4e6 points in the diffuser passage and a coarser
one with only 4e5 in the diffuser passage, have also been
performed in order to evaluate the mesh dependency of the
numerical flow field and in particular of boundary layer
separations that occur in the diffuser. Cell width at walls and
mesh in the impeller passage have been kept the same.

Table 1 exposes the main dimensions of the meshes, the
H-blocks upstream of the impeller, and downstream of the
diffuser being not taken into account.
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Table 1: Main mesh dimensions without upstream and down-
stream H-blocks.

Impeller passage
Diffuser passage

coarser/normal/refined

Meridional direction 217 73/141/277

Tangential direction 137 37/81/153

Height direction 81 65/77/89

Computational
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Figure 1: Numbering of planes used for performance computation.

5. Performance Coefficients Computation

In order to ensure that the flow fields resulting from the
numerical simulations are valid, performance curves com-
puted from numerical and experimental data are compared.
The numbering of the planes used to express the results is
shown in Figure 1. Planes 2 and 3 are planes at constant
radius, located at the middle of the vaneless diffuser space
and just downstream of the diffuser blade trailing edge,
respectively.

When comparing experimental and numerical data, the
static pressure numerical values are probed at exactly the
same locations than the static pressure sensors. When com-
paring numerical results only, with and without aspiration,
for example, the values are averaged in the entire plane,
surface-weighted for static quantities and mass-weighted for
total ones.

All performance coefficients are calculated assuming the
following hypothesis.

(i) The area-averaged static pressure values in planes are
supposed to be equal to the mean value between the
hub static pressure and the shroud one. That allows
to calculate total quantities from static pressure mea-
surements at endwalls.

(ii) The Euler theorem is applied, assuming that the
direction of the flow at the impeller inlet is perfectly
axial. That is used in order to calculate the flow
conditions at diffuser inlet.
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Studied operating points
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Figure 2: Total-to-static compressor stage pressure ratio.

One important parameter for characterizing the diffu-
sion efficiency is the static pressure recovery coefficient of
the diffuser stage. It is defined as the pressure rise through
the diffuser divided by the inlet dynamic pressure:

Cp,2−3 = Cp,diffuser = ps,3 − ps,2
Pt,2 − ps,2

. (2)

Performance data relating to the radial vaned diffuser
are plotted as functions of the ratio (3); Rochuon [9] has
demonstrated that this ensures the Mach number and the
flow angle to be preserved at the diffuser inlet:

cimpeller = ṁstd

πst
impeller

. (3)

6. Overall Performance

Figures 2 and 3 give, respectively, the experimental and
numerical total-to-static pressure ratio and the total-to-static
isentropic efficiency of the impeller-diffuser compressor
stage. Both steady and unsteady numerical results are plotted.

As already observed in a previous work [10], a bet-
ter correspondence is obtained between experiment and
unsteady simulations compared to the stationary ones.
In particular, the steady-state computations overvalue the
blockage massflow and the pressure ratio of the compressor
stage. In addition, operating points that are fully acceptable
under convergence criteria can be obtained for massflow
much lower than the experimental surge massflow. A global
stabilizing effect is due to the mixing-plane approach, to
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Figure 3: Total-to-static compressor stage isentropic efficiency.
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Figure 4: Diffuser static pressure recovery coefficient.

the hypothesis of uniformity between the rows passages, and
to the evolution of the outlet boundary condition (1). That
confirms the important role played by the time-dependent
phenomena when reaching the limit of the stable operating
range, especially for transonic compressors with small radial
gap between impeller and diffuser, in which the flow is
significantly affected by diffuser-impeller interactions.

Figure 4 shows the static pressure recovery through the
radial vaned diffuser. Again, a better accordance of the
URANS simulation with experiments has to be noticed.

Regarding the steady-state simulations, a sudden
decrease of the diffuser static pressure recovery occurs when
decreasing the massflow and suggests a stall of the diffuser
vanes. With the coarser mesh, the decrease is less steep and
is predicted at a lower massflow than with the two more
refined meshes. However, the study of the flow topology
does not reveal any significant difference in stall inception,
which will be further presented, and the stall of the diffuser
can be considered as mesh independent.

Even if the steady-state model is unable to predict
correctly the surge massflow, flow structures that limit its
stable numerical operating range can be analyzed, since
convergence criteria are respected. Moreover, the existence of
the boundary layer separation is also predicted by the phase-
lagged model.

A common method to analyze flow separations is the
topological study of the skin-friction pattern [12], that can
be experimentally observed using, for example, oil stream
spread on the solid surfaces by the flow. The next section
presents such a study applied on steady-state numerical flow
fields. It highlights the growth of a boundary layer separation
on the suction side of the diffuser vanes, finally leading to a
complete stall when reaching the massflow corresponding to
the breakdown of the static pressure recovery coefficient.

7. Skin-Friction Pattern for Understanding
3D Flow Separations

Since Prandtl [14] has shown that a two-dimensional flow
separates from a no-slip boundary at points where the skin
friction vanishes and admits a negative gradient, the com-
prehension of three-dimensional flow separations has been
significantly improved. First, Legendre used the geometric
theory of two-dimensional smooth vector fields in order to
analyse the skin-friction patterns, locating the critical points
and drawing the skin-friction trajectories [12]. The possible
critical points are listed in Figure 5.

Later, Lighthill [15] proposed that the convergence of
skin-friction lines is a necessary criterion for separation.
Contrary to two-dimensional flows, separations occur in
three dimensions along particular lines and not at points
since the fluid can escape in the third direction. Délery [16]
used this criterion in order to analyze a number of separated
flow phenomena.

More recently, Surana et al. [13, 17, 18] demonstrated an
exact theory of three-dimensional flow separations, taking
into account the strength of the skin-friction lines conver-
gence. They found in particular that only four types of
separation lines—shown in Figure 6—can engender a unique
and well-defined separation surface in physical flow fields.
They also demonstrated, thanks to the hyperbolicity of the
skin-friction lines, why a potential separation line may not
lead to an effective three-dimensional separation.

In the following, the skin-friction patterns on wall sur-
faces in the diffuser are discussed for the operating points
identified in Figure 2. The skin-friction lines are represented
using the line integral convolution technique which is a
filtering technique to locally blur texture along a vector field
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Figure 5: Critical points in skin-friction pattern (Délery [12]).
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Figure 6: The four types of separation lines (Surana et al. [13]).

on a three-dimensional surface [20, 21]. It gives visual results
similar to the experimental oil streams visualization and is
available in the open source software “Paraview” [22]. For
clarity some of the skin-friction lines are enlightened.

8. Analysis of the Flow within the Diffuser

8.1. Steady-State Simulation Results. Figure 8 shows the
topology of the flow on pressure and suction sides of the
diffuser vanes for the three operating points labeled A, B, and
C in Figure 2.

At the nominal operating point A, a particular flow
pattern is located on the pressure side surface near shroud.
It is not a separation: the node NPS,1 is the mark of the
impact of flow on the pressure surface, of which a part goes
upstream toward the saddle SPS,1. This saddle SPS,1 originates
the separation line between the core and the reverse flows and
expresses the confrontation between these two parts of flow.

On the vane suction side, two saddles are located in the
hub and shroud corner and correspond to the location of
the maximal adverse pressure gradient, that is, the diffuser
throat. These saddles separate the core flow from the reverse
flow in the corners, which may be strengthened by the

Operating point B Operating point C

Main flow
Nh,1

Sh,1

Nh,1

Sh,1

Fh,1

Sh,2

Figure 7: Hub skin-friction pattern.

modeling of corners as sharp edges instead of smooth fillets.
A further comparison should allow to specify their influence.

At maximal pressure ratio operating point B, the reat-
tachment line NPS,1-SPS,1 on pressure side disappeared. On
the other hand, a reverse flow area grows on the suction
side and is separated from the core flow by a separation
line emanating from a saddle SSS,1, located at the maximum
adverse pressure gradient area, corresponding to the diffuser
throat. The skin-friction lines in the bottom quarter of vane
height are now captured by a separation focus FSS,1. Another
saddle SSS,3 separates the skin-friction lines captured by FSS,1

from these going toward downstream.
When decreasing more the massflow rate, the focus FSS,1

enlarges and the flow on the half bottom of the diffuser
vane is separated. But the main change in the topology of
the flow when reaching the stalled configuration concerns
the hub surface, represented in Figure 7. The separation line
between the core flow and the reverse flow coming from
Nh,1, that emanates from the saddle Sh,1, straightens up across
the passage, and a reattachment focus Fh,1 appears, fed by
the vane suction surface detachment focus FSS,1. Before the
stall, the vortex emanating from the focus FSS,1 is convected
toward downstream by the core flow, whereas at the stalled
operating point, it swoops down on the hub surface. Three-
dimensional streamlines that put into evidence this stalled
topology are represented in Figure 11.

One should notice that the stalled topology differs from
the one widely called as “corner stall,” and described in
the work of Lei et al., for example [19]. In the case of a
corner stall, FSS,1 and Fh,1 would be both detachment focuses,
meaning that boundary layers on hub and suction surfaces
would both separate at the same location (Figure 9). For the
topology studied in this paper, only the suction-side bound-
ary layer separates, and the reversal flow on the hub surface
is a consequence of that separation, since flow that escapes
from the vane suction side spreads on the hub. In addition,
classic hub-corner stall in Figure 9 may be explained by an
accumulation of low-momentum fluid in the corner, under
the action of the secondary flows.

In the present case, the growth of the corner separation
in the hub corner is explained by the cross flow: the
overdeviation of the flow near the walls at impeller outlet—
see Figure 10—leads to a spanwise distortion of the diffuser
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flow incidence. The overincidence due to the wake (of the jet-
wake flow structure, that is, near the shroud surface) is more
pronounced than the overincidence due to the hub boundary
layer: that leads to a powerful vortex that carries the flow
on the vane suction side from the hub toward the shroud
(Figure 12).

8.2. Time-Averaged Numerical Flow Field. In order to con-
firm the existence of the boundary layer separation in
the diffuser, the time-averaged flow field coming from the
unsteady calculation labeled as D in Figure 2 is considered.
The topology of the flow is analyzed and compared to the
steady-state one.

Figure 13 exposes skin-friction lines and streamlines
for the time-averaged flow field at operating point D. The
unsteady model also predicts the boundary layer separation
in the diffuser hub-suction side corner. Moreover, the main
saddle SSS,1 is located at the same location as in steady-state
simulations, that is, at the diffuser throat. But the separated
zone is more extended, since the saddle SSS,3—which is the
downstream boundary of the separated zone—is almost on
the trailing edge of diffuser vane.
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In addition, a skin-friction pattern including two focuses
on both suction and hub surfaces, like the steady stalled
one, is periodically observed when looking at the temporal
evolution of the skin-friction pattern predicted by the
unsteady simulations (Figure 14).
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Figure 12: Helicity in a section across diffuser passage.

That agreement in flow topology coming from steady and
unsteady calculations gives confidence in the boundary layer
separation prediction and in the fact that the compressor sta-
ble operating range is actually limited by a stall of the radial
diffuser vanes.

Then, a control technique aiming at avoiding the diffuser
stall and then extending the compressor operating range is
developed.

9. Aspiration Strategy

9.1. Location of Suction Device. In two dimensions, Miller
and Chapman [23] have determined that suction should
be introduced around the separation point, that can be
identified thanks to the zero of the skin-friction coefficient,
in order to be the most efficient with the minimum of fluid
removal. This zone, schematized in Figure 15, is located at the
intersection between the solid surface and the line separating
the reverse and the core flow.

In three dimensions, main and reverse flows are sep-
arated by a three-dimensional surface, whose intersection
with the solid wall is a separation line of one of the four types
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in Figure 6. This line should be then considered for the
development of the aspiration strategy. Considering the
stalled skin-friction pattern in Figure 7, the main separation
line appears to be the SSS,1-FSS,1 skin-friction line. The
suction slot should then be located in the region of the seeds
SSS,1 = Sh,1, that originates the frontier surface between the
core and the reverse flow.

9.2. Numerical Modeling of Aspiration. Two ways for mod-
eling the effect of the suction device on the flow have been
evaluated.

(i) The first uses a boundary condition in order to set a
surface massflow through the faces of the mesh cells
at wall included in the suction slot. This technique
is quite easy to use. The precision of the suction slot
geometrical description depends on the density of the
mesh, that is, the size of the faces describing the hub
solid surface.

Main flow

Reverse flow

Zone for suction

Figure 15: Location of suction—2D approach.

(ii) The second is known as “chimera technique” and is
available in the elsA software. This one allows to stack
up two or more meshes, in order to model complex
geometries using a basic mesh and others more
refined describing the solid boundary, back and
forth interpolations being done between the stacked
meshes. It is now used in a wide range of applications
for modeling the technological effects in turboma-
chinery [24]. The chimera technique involves the
meshing of the aspiration slot, whose shape must
then be considered.

In this paper, the study of the most efficient shape for suc-
tion slot is not a priority. The main aim is to explore the effect
of a fluid removal on the performance of the compressor
stage and on the flow topology within the diffuser. Then, the
first approach for modeling the suction slots is appropriate.

The second modeling was also tested, using a common
shape for slot, without fillets, in order to validate the results
obtained with the boundary condition technique.

9.3. Tested Aspiration Device. Different implementations of
suction have been tested:

(i) a removal of 1 percent of the experimental surge
massflow, through the hub surface, along the vane,
using boundary limit condition,

(ii) the same removal of 1 percent of the experimental
surge massflow, at the same location, using the
chimera technique,

(iii) a removal of 0,3 percent of the experimental surge
massflow rate through the hub surface, with a
reduced slot surface compared to the previous case,
in order to keep the slot surface massflow constant.
The upstream edge of the suction slot is also kept at
the same location,

(iv) a removal of 0,3 percent of the experimental surge
massflow, through the vane suction side, keeping
again the slot surface massflow constant,

(v) a removal of 0,1 percent of the experimental surge
massflow, through the same suction slot shape as the
0,3% hub-suction case. The slot surface massflow is
then reduced,
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(vi) a removal of 0,1 percent of the experimental surge
massflow through a smaller suction slot, so that the
slot surface massflow is the same as the case of 0,3%
hub suction.

Figure 16 summarizes the various tested cases, superim-
posed on the skin-friction topology of the flow at operating
point B.

η
st is

,s
ta

ge

Unstalled steady-state calculations
numerical operating range

Extension due
to stall control

10−1

5 · 10−2

RANS
With suction 1%
With suction 1% chimera technique
With suction 0.3%
With suction 0.1% reduced massflow rate
With suction 0.1%
With suction 0.3% on suction side
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Figure 18: Isentropic efficiency of the aspirated compressor stage.

10. Aspirated Compressor Stage

10.1. Global Performance (Steady-State Calculations). Fig-
ure 17 shows the static pressure recovery coefficient of the
aspirated diffuser. For comparison, the base case is plotted
again.

Figure 18 shows the total-to-static isentropic stage effi-
ciency taking into account the removed massflow defined
by (4) as a function of the standard stage outlet massflow
defined by (5):

η̃st
is,stage =

(1− cms)
(
πst

stage
(γ−1)/γ − 1

)
Tt,out/Tt,in − 1

, (4)

ṁstd
out = ṁout ×

√
Tt,in

Tt,ref
× Pt,ref

Pt,in
. (5)

The (1 − cms) factor in (4) signifies that a perfect
isentropic transformation would only compress the amount
of flow thrown out at diffuser outlet, without taking the
removed massflow into account.

The influences of the aspiration devices on the perfor-
mance of the stage are predominant for operating points
at lowest massflow. The main effect is the withdrawal of
the drop of the diffuser static pressure recovery coefficient,
the impeller working under the same conditions as without
aspiration. Efficiency decrease is moderate and is mainly
due to (1 − cms) factor, that is, to the wasted compressed
flow. It obviously becomes negligible for the 0,3% and 0,1%
aspirated cases.
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Figure 19: Skin-friction patterns for the different aspirated diffusers.

Chimera and boundary limit conditions techniques give
both similar results, ensuring the validity of exploring the
effect of suction by using the boundary limit condition
technique, prior to designing an optimal suction slot.

The vane suction-side suction slot does not improve the
performance more than the other configurations and should
then be avoided for technical reasons, due to the vane thick-
ness.

In conclusion, the suction technique seems to be a
promising way in order to control the stall of the diffuser
static pressure recovery. An analysis of the skin-friction
pattern within the aspirated diffuser allows to study more
precisely the effect of aspiration on flow field.

10.2. Skin-Friction Patterns with Aspiration. Figure 19 expos-
es the skin-friction patterns for the different aspirated cases.
In all cases, the inlet diffuser flow conditions are similar to
that of operating point C because the ratio (3) is the same
(Figure 17).

For the 1% suction cases, the boundary layer separation
in the hub-vane suction side corner region is completely
removed. Even for the operating point at lowest massflow on
Figure 18, no separation occurs. However, a separation focus
appears in the shroud-vane suction corner. That observation
is in accordance with the absence of any increase in the
diffuser static pressure recovery, in spite of the hub-corner
boundary layer separation removal. Indeed, the boundary
layer separation has switched to another zone, meaning
that the fluid is at its maximal diffusion capacity and
cannot remain attached on all the walls simultaneously. But

the shroud-corner separation seems to be less critical for
the numerical stability. Fully stall-free converged operating
points can obtain much lower massflows than the lowest
massflow of the base case.

Chimera technique gives similar results, only excepting
a small vortex created at the slot downstream edge, which
highlights the necessity of an optimization process of the suc-
tion slot shape; that is however not a matter of concern for
now.

The 0,3% aspirated cases do not achieve a complete
control of the hub-corner boundary layer separation and
only diminish its extent. Hub and suction-side aspirations
have the same effect on the flow field; in particular, the extent
of the separation is similarly reduced.

Concerning the 0,1% aspirated cases, the hub-corner
boundary layer separation is even less reduced. But the inter-
esting thing is that, at this operating point, the two suction
slots lead to a similar effect on the flow, despite the different
surface massflows. The total amount of removed fluid is then
thought to be the determinant parameter in this case, and
not the slot surface massflow.

However, when decreasing more the stage massflow, the
degeneration of the separation into a massive stall is not
avoided using the smallest suction slot. Figure 20 shows the
flow topology for the two operating points marked 1 and
2 in Figure 17. In case 2, the main separating saddle SSS,1

is located just downstream of the suction slot; its inability
to delay the stall more is thought to be due to its location,
and highlights the sensitivity of the control efficiency to that
parameter, especially when the slot is small sized.
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Figure 20: Stall of the 0,1% aspirated diffuser.

11. Summary and Prospects

A skin-friction pattern investigation within a radial vaned
diffuser, aiming to highlight the flow phenomena limiting the
stable operating range, has revealed the growth of a boundary
layer separation in the diffuser hub-suction side corner.
When reaching the numerical stability limit, that boundary
layer finally led to a fully stalled flow pattern, causing a
dropdown of the diffuser static pressure recovery coefficient
and thus of the global compressor stage performances.

The existence of that boundary layer separation was
confirmed by phase-lagged models results.

Taking into account the location of the skin-friction
pattern critical points, a boundary layer suction technique
was developed. The main separation saddle was located, and
the suction slot was placed in its vicinity.

Several cases were tested, and an effective control of the
diffuser stall has been reached with a removal of only 0,1%
of the total stage massflow. From a steady-state point of view,
that effective control has led to an increase by 40% of the
stall-free diffuser operating range.

Comparison between the various suction configurations
has not revealed any significant differences between the
results obtained with a hub or a suction-side suction slot.

And the amount of fluid removal was thought to be the
determining factor, not the slot surface massflow.

In spite of these encouraging results, it is well known
that the unsteadiness plays a leading role in case of transonic
centrifugal compressors operating near surge. The aspiration
technique—whose development has been based on the
results of steady-state model, that stabilizes operating points
for massflows lower than the experimental surge massflow—
should then be implemented in unsteady calculations in
order to ensure its efficiency and the increase of the operating
range.

The validity of single-passage calculations should also
be examined, since it may have a stabilizing effect on the
numerical simulations, maybe as important as the time-
dependent effects due to impeller-diffuser interaction.

The influence of the fillets on the flow topology should
also be evaluated in future work, since it may modify the
adequate location of the suction slot.

The major role played by the vortex created by the overin-
cidence on diffuser vane near the shroud was also pointed out
by the present study. It may then be interesting to evaluate
other design techniques, that would take that observation
into account. In particular, the vane of the studied diffuser is
of 2D shape, with a leading edge that is just a line parallel to
axis of revolution, and the hub wall is of planar shape. Studies
have already shown that potential improvements could be
obtained thanks to a redesign of the diffuser leading edge
[25, 26]. A passive control strategy of the hub boundary
layer separation, based on geometrical modifications of
the diffuser vane and hub shapes, without any waste of
compressed flow, should then be investigated.

Nomenclature

PS, SS: Blade pressure side, suction side
ṁ: Massflow
ṁstd: Corrected massflow for impeller inlet

at standard conditions
πst

impeller: Impeller static pressure ratio
Cp,diffuser: Static pressure recovery coefficient of

the diffuser
ps: Static pressure
Tt : Total temperature
Pt : Total pressure
ω: Impeller rotational speed
α: Absolute flow angle
Ns = ω

√
ṁ/ΔH3/4: Compressor specific speed

[· · · ](n): Value at the nth calculation step.
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[9] N. Rochuon, Analyse de l’écoulement tridimensionnel et insta-
tionnaire dans un compresseur centrifuge à fort taux de pression
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nels décollés stationnaires: points singuliers, séparatrices et
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Helical groove seal is designed in reactor coolant pump to control the leakage along the front surface of the impeller face due to
its higher resistance than the circumferentially grooved seal. The flow and the friction factors in helical groove seals are predicted
by employing a commercial CFD code, FLUENT. The friction factors of the helical groove seals with helix angles varying from
20 deg to 50 deg, at a range of rotational speed and axial Reynolds number, were, respectively, calculated. For the helically grooved
stator with the helix angle greater than 20 deg, the leakage shows an upward trend with the helix angle. The circumferentially
grooved stator has a lower resistance to leakage than the 20 deg and 30 deg stators. It can be predicated that, for a bigger helix
angle, the friction factor increases slightly with an increase in high axial Reynolds number, which arises from the high-pressure
operation condition, and the friction factor is generally sensitive to changes in the helix angle in this operation condition. The
study lays the theoretical foundation for liquid seal design of reactor coolant pump and future experimental study to account for
the high-pressure condition affecting the leakage characteristic.

1. Introduction

Recently, it has been recognized that the leakage flow
of highly effective seal is the key point of nuclear plant
safety. Leakage flow characteristics of the seal in the nuclear
equipment were investigated by several researchers.

In high temperature gas-cooled reactor (HTGR) core, the
prevention of leakage flows of coolant gas is important for a
thermal hydraulic design; the seal mechanism for the core
was researched by Kaburaki and Takizuka [1, 2]. The leakage
flows through the gaps between core support blocks were
restricted because the gap between the core support blocks
was still kept wide during the reactor operation to prevent
the interaction of the blocks.

The improvements in the leakage along the front surface
of the impeller face are the key point of reactor coolant
pump (RCP) reliability. Leakage control in the clearance
is the most important problem to be solved, which can
increase the reliability and efficiency of RCP and, thus, assure
the satisfactory operation. If the leakage is out of control,

the leakage flow will disturb the main flow at the inlet of the
impeller, and then the circulation area will decrease. It will
lead to a decrease of the hydraulic efficiency of RCP. Once
the pump operates on a low head due to the larger leakage,
there will be a serious danger of water coolant undersupply,
which leads to excess reactor core temperature.

To gain a better leakage control, circumferentially
grooved seal is commonly used in the pump. But its
performance in the high-pressure condition is unsatisfied. To
fit in the extreme condition, helical groove seal is designed in
reactor coolant pump to obtain a higher resistance to leakage
than the circumferentially grooved seal. High rotational
speed yields backflow along the groove-forward inlet and
reduction in the average axial and circumferential fluid
velocity. Beyond that, the helically grooved stator application
is to remove any impurities through the groove path.

However, helically grooved seals have not been investi-
gated thoroughly because of their complex characteristics.
Bootsma [3] investigated the spiral-groove bearings by
employing a turbulence model, which was similar to Hirs [4].
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Figure 1: Helically grooved stator.

Kim and Childs’ [5] model evaluated a bulk-flow analysis for
helical groove seals with grooved rotors and grooved stators.
The analysis also incorporated both Hirs [4] turbulent
lubrication theory and “fine-groove” theory. The governing
equations were expanded in the eccentricity ratio to yield
zeroth and first-order perturbation solutions. Additionally,
Walowit [6] developed a fine-groove-based analysis for
laminar helical groove seals; however, it was not suitable for
the highly turbulent flow.

Kim and Childs [5] predicted that the helically grooved
stator is more stable than the helically grooved rotor. But
the helically grooved stator configuration had higher leakage
rate than the helically grooved rotor configuration due to
its significantly lower power consumption. Besides, Iwatsubo
et al. [7] reported that the formation of the negative cross-
coupled stiffness coefficients was the reason why helically
grooved stator was more stable.

Some studies were presented to determine the leakage
characteristics of helical groove seals, which were just oper-
ated in the low-pressure condition. Kanki and Kawakami [8]
reported that the leakage flow of the helical groove seal was
less than that of the plain seal. The effect of the helical groove
was predominant in the high-speed region. Iwatsubo et al.
[9] performed a systematic analysis on turbulent annular
seals with a helically grooved rotor. As the journal rotating
frequency increased, the leakage flow decreased. Zero net
leakage flow was possible at a particular rotating frequency.
The leakage data and friction factors were presented for
helical groove seals by Childs et al. [10]. The test results
supported the conclusion that the number of grooves and
the leakage rates increased steadily with increasing the helix
angles in the low pressure.

Gowda and Prabhu [11] present theoretical investiga-
tions of high-pressure annular seal that deal with the steady-
state mass flow rate, labyrinth seal-influence coefficients, and
unbalance response of a high-pressure fuel turbo pump.

Before this paper, the leakage characteristic of the helical
groove seal in the pressure higher than 17 MPa condition has
not been researched. To fit in the extreme condition, helical
groove seal is designed to control the leakage in reactor

coolant pump. To obtain helical groove seal with high-
resistance, this paper is initiated to predict a high friction
factor for a proper choice of the helix angle α in the high
pressure condition.

2. Computational Descriptions

2.1. Model. A three-dimensional CFD model is used in this
study to calculate the steady incompressible flow within
the seal. Water is employed as the sealing medium, and
the temperature is treated as a constant value. The leakage
characteristics are determined by employing the standard κ-ε
turbulence model, and CFD analysis of the seal is performed
by ANSYS FLUENT.

The turbulence kinetic energy, k, and its rate of dissipa-
tion, ε, are obtained from the following transport equations:
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where

μt = ρCμ
k2

ε
. (2)

In these equations, Gk represents the generation of turbu-
lence kinetic energy due to the mean velocity gradients; Gb is
the generation of turbulence kinetic energy due to buoyancy;
YM represents the contribution of the fluctuating dilatation
in compressible turbulence to the overall dissipation rate.
The model constants C1ε = 1.44, C2ε = 1.92, Cμ = 0.09,
and σk = 1.0, σε = 1.3 are the turbulent Prandtl numbers
for k and ε, respectively. Sk and Sε are user-defined source
terms [12]. The capability of the κ-ε turbulence model
for the grooved liquid annular seal has been validated by
comparison between the computed results and the three-
dimensional laser Doppler anemometer measurements [13].

A second order discretization scheme is used for the
pressure, density, and momentum terms. First-order upwind
scheme is used for turbulent dissipation rate terms. Resolving
boundary layers, standard wall function is used to model
the viscous effects in the near-wall regions. The convergence
criterion for continuity, velocity, κ, and ε equations is
below 10−5. Parametric study is conducted over a wide
range of Reynolds number (90000–245000). Pressure outlet
boundary is maintained at constant value, and the inlet
pressure is changed to achieve different Reynolds number.

2.2. Dimensions and Conditions. A typical helically grooved
stator annular seal is illustrated in Figure 1. The seals used in
this paper provide smooth rotor and helically grooved stator.
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Figure 2: Groove dimension.

The helical groove results in fluid rotation in a direction
opposite to the shaft rotation.

The helix angle α is set to oppose the fluid rotation and
yields a reduction in the average axial and circumferential
fluid velocity. The angle α can vary from zero (circumferen-
tial grooving) to 90 deg (axial grooving).

The five seal configurations were computed to evaluate
the influence of helix angle α on the leakage characteristics.
Figure 2 provides the seal nominal dimensions. Five helix
angles, namely, 0, 20, 30, 40, and 50 deg, were computed.
These seals maintain the same cross section as the inlet as
shown in Figure 2(a). The seal length is 50 mm, and the rotor
diameter is 100 mm. Computational results are presented for
an outlet pressure of 17.1 MPa.

2.3. Mesh Generation. The 3D mesh applying the structured
hexagonal cells for the land and groove is created using
the commercial mesh generator Gambit. The 2D view for
the inlet section of the helical groove seal mesh is defined
as shown in Figure 3. A mesh independent density study
is performed to investigate the effect of mesh density and
to determine how fine a mesh is required to capture the
important pressure physics. The mesh is refined in the
radial direction and circumferential direction dependently.
Figure 4 shows the effect of refining the mesh in the cross
section on the inlet average pressure. The pressure varies less
than 0.002% with increasing mesh density and is mesh inde-
pendent. To obtain a better pressure prediction, maximum
density mesh will be used in subsequent calculations.

Starting with the one node away from the wall, the mesh
points are redistributed as the double-sided ratio 1.15 in the
radial direction and 1.2 in the circumferential direction of
the groove width. The near-wall mesh points are disturbed
so as to maintain a smaller value y+, resulting in improved
wall shear stress and pressure prediction.

Figure 3: 2D view for the inlet section mesh.
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Figure 4: Mesh density study.

Law-of-the-wall formulations model the sharp pressure
gradients near the wall and are used with standard κ-ε
turbulence model as follows:

U∗ = y∗ for y∗ < 11.225,

U∗ = 1
κ

ln
(
Ey∗

)
for y∗ > 11.225,

(3)

where

U∗ ≡ UPC1/4
μ k1/2

P

τω/ρ
(4)

is the dimensionless velocity.
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Figure 5: Friction factor for five helix angles.

Consider that

y∗ ≡ ρC1/4
μ k1/2

P yP

μ
(5)

is the dimensionless distance from the wall, Cμ = turbulent
viscosity constant (= 0.09), κ = von Kármán constant

(= 0.4187), E = empirical constant (= 9.793), UP = mean
velocity of the fluid at the near-wall node P, kP = turbulence
kinetic energy at the near-wall node P, yP = distance from
point P to the wall, and μ = dynamic viscosity of the fluid.

The laws of the wall for mean velocity and pressure are
based on the wall unit, y∗, rather than y+ (≡ ρuτ y/μ).
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These quantities are approximately equal in equilibrium
turbulent boundary layers [12].

3. Results and Discussion

Two faces are located about the midplane of the seal at 0.23
and 0.5 of the seal length. The pressure differential is defined
as the pressure computed upstream and immediately inside
the seal. The axial pressure gradient is defined by the two
average pressure faces at 0.23L and 0.5L. The seal length, L, is
50 mm.

The friction factor definition reference of Childs et al.
[10] is modified. The minimum clearance is replaced by the
hydraulic diameter, because that is a better representation for
the frictional head loss coefficient. The following definition is
used for the friction factor developed in the seals:

λ = −dP

dZ
· D

2ρv2
, (6)

where P is the static pressure, Z is the axial seal coordinate, D
is the hydraulic diameter, ρ is the density, and v is the average
axial velocity. Figure 5 illustrates the friction factor versus
the axial Reynolds number, Re = vDρ/μ, and the rotational
speed for stators with the helix angle of 0, 20, 30, 40, and
50 deg.

3.1. Helix Angle. There are comparable representative resis-
tance characteristics among the five models. As can be
observed from Figure 5, for all helically grooved stators,
the friction factor shows an upward trend with the helix
angle reduction, because the seal with a smaller helix angle
has less axial component flow and longer groove in favour
of energy dissipation. And it becomes more sensitive to
the rotational speed when the helix angle decreases. For
the helically grooved stators, the friction factor generally
decreases with the increasing axial Reynolds number. At the
condition of low axial Reynolds number, it obviously drops
monotonically with axial Reynolds number. At compara-
tively high axial Reynolds number, for α = 30, 40, and 50 deg,
the friction factor tends to converge to the same value with
axial Reynolds number, and the friction factor even increases
slightly with axial Reynolds number at the low rotational
speed condition. The curve tends to get in self-simulated
domain with axial Reynolds number higher than 250000.

3.2. Rotational Speed. As can be observed from Figure 5,
for all helically grooved stator, the friction factor generally
increases with increasing the running speed. Figure 6 shows
the variation of the friction factor with the axial Reynolds
number for all the stators at 1750 rpm. 20 deg stator has
higher resistance to leakage than the remaining stator. For the
helix angle greater than 20 deg, the helically grooved stators
leak increasingly more as the helix angle increases, because
the leakage flow in the groove with greater helix angle has
more axial component flow and shorter groove at the lack of
energy dissipation. The circumferentially grooved stator has
lower friction factor than the 20 and 30 deg stators because it
cannot yield backflow along the groove-forward inlet.
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Figure 6: Friction factor for helically grooved stators at 1750 rpm
versus Re.

Figure 7 illustrates the friction factor for helically
grooved stators at 4000 rpm versus axial Reynolds number. It
is clear that the 20 and 30 deg stators have higher resistance
to leakage than the circumferentially grooved stator. At
low axial Reynolds number, 40 deg stator surpasses the
circumferential grooved stator in friction value due to the
increment in the rotational speed. Increasing rotational
speed yields more backflow along the groove forward inlet
and reduction in the average axial and circumferential fluid
velocity.

3.3. Flow Field. Figure 8 shows the pressure contour of the
circumferentially grooved stator. It is clear that the pressure
contour gradient vector of circumferential grooved stator is
parallel to the rotor axis. Comparatively, in Figure 9, which
shows the pressure contour of 20 deg stator, it can be found
that the stagnation area exists along the upwind surface of
the groove due to the impingement of rotational fluid. Fluid
rotation opposes the helix angle α, and it yields a reduction in
the average circumferential fluid velocity that ensures the seal
stability. Figure 10 shows the pressure contour of 0.2L cross
section for four helix angles. The value range of the pressure
becomes narrower, and the peak value declines as the helix
angle increases. The stagnation region shrinks in area and
moves to leeward as the helix angle increases. This fact
influences the distribution of the turbulent kinetic energy,
which can be found in Figure 11 showing the turbulent
kinetic energy contour of 0.2L cross section for

four helix angles.
The turbulent kinetic energy value is related to the

energy dissipation. It is seen that the turbulent kinetic
energy of 20 deg stator is higher than any other stator,
and the highly turbulent kinetic energy region existing on
the left of the groove is the largest, which is in favour
of energy dissipation. The highly turbulent kinetic energy
region shrinks in area and moves to leeward as the helix angle
increases. The highly turbulent kinetic energy region of the



6 International Journal of Rotating Machinery

0

0.01

0.02

0.03

0.04

0.05

0.06

0.07

70000 120000 170000 220000 270000

Fr
ic

ti
on

 fa
ct

or

Reynolds number

0
20
30

40
50

Figure 7: Friction factor for helically grooved stators at 4000 rpm
versus Re.
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Figure 8: Pressure contour of circumferential grooved stator.

50 deg stator is the smallest, and the peak value is the lowest.
It is speculated that the difference in friction factor among
helically grooved stators is related to the relative location of
the highly turbulent kinetic energy region in the groove and
the turbulent kinetic energy value range.

4. Conclusions

(a) The friction factor shows an upward trend with
the helix angle reduction, because the seal with a
smaller helix angle has less axial component flow
and longer groove in favour of energy dissipation.
Helically grooved stators with helix angles greater
than 20 deg leak increasingly more as the helix angle
increases. The circumferentially grooved stator has a
lower resistance to leakage than the 20 deg and 30 deg
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Figure 9: Pressure contour of 20 deg stator.

stators, thereby helical groove seal is designed better
than the circumferentially grooved seal in reactor
coolant pump.

(b) For all helically grooved stators, the friction fac-
tor generally increases with increasing the running
speed. The friction factor is more sensitive to the
rotational speed especially for the smaller helix angle
stator.

(c) The friction factor generally decreases with axial
Reynolds number. At Re lower than 160000, the fric-
tion factor drops monotonically with axial Reynolds
number. At high Re, for α = 30, 40, and 50 deg,
the friction factor tends to converge to the same
value with axial Reynolds number, especially for low
rotational speed, and the friction factor increases
slightly with axial Reynolds number. The curve tends
to get in self-simulated domain with axial Reynolds
number higher than 250000.

(d) At 1750 rpm, 20 deg stator has much higher resistance
to leakage than the circumferentially grooved stator;
therefore, in reactor coolant pump, the helically-
grooved stator with significantly higher power con-
sumption can be used as the axial seal to control
backflow leakage along the front surface of the
impeller face and reduce the leakage flow rate, while
keeping the clearance comparable to that of a plain
seal. Because a helical groove yields a backflow
along the groove forward inlet, the other object of
the application is to remove impurities through the
groove path.

Besides, numerical studies are conducted to deter-
mine the basic characteristics of the helically grooved
stator in high-pressure condition. The conclusions will be
summarized for effective application in helical groove seals



International Journal of Rotating Machinery 7

Pressure
1.7304E+07
1.73024E+07
1.73007E+07
1.72991E+07
1.72975E+07
1.72958E+07
1.72942E+07
1.72926E+07
1.72909E+07
1.72893E+07
1.72877E+07
1.72861E+07
1.72844E+07
1.72828E+07
1.72812E+07
1.72795E+07
1.72779E+07
1.72763E+07
1.72746E+07
1.7273E+07

(a) 20 deg

Pressure
1.7221E+07
1.72195E+07
1.72181E+07
1.72166E+07
1.72151E+07
1.72136E+07
1.72122E+07
1.72107E+07
1.72092E+07
1.72077E+07
1.72063E+07
1.72048E+07
1.72033E+07
1.72018E+07
1.72004E+07
1.71989E+07
1.71974E+07
1.71959E+07
1.71945E+07
1.7193E+07

(b) 30 deg

Pressure
1.7179E+07
1.71779E+07
1.71769E+07
1.71758E+07
1.71748E+07
1.71737E+07
1.71727E+07
1.71716E+07
1.71706E+07
1.71695E+07
1.71685E+07
1.71674E+07
1.71664E+07
1.71653E+07
1.71643E+07
1.71632E+07
1.71622E+07
1.71611E+07
1.71601E+07
1.7159E+07

(c) 40 deg

Pressure
1.7159E+07
1.71583E+07
1.71576E+07
1.71569E+07
1.71563E+07
1.71556E+07
1.71549E+07
1.71542E+07
1.71535E+07
1.71528E+07
1.71522E+07
1.71515E+07
1.71508E+07
1.71501E+07
1.71494E+07
1.71487E+07
1.71481E+07
1.71474E+07
1.71467E+07
1.7146E+07

(d) 50 deg

Figure 10: Pressure contour of 0.2L cross section for four helix angles.
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Figure 11: Contours of turbulent kinetic energy of 0.2L cross section for four helix angles.

of RCP and contribute future experimental studies on this
type of seal.

Nomenclatures

Re: Axial Reynolds number
α: Helix angle (deg)

λ: Friction factor
P: Static pressure (Pa)
L: Seal length (m)
Z: Axial seal coordinate (m)
D: Hydraulic diameter (m)
ρ: Density (kg/m3)
v: Average axial velocity (m/s)
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μ: Dynamic viscosity (Pa·s)
κ: Turbulent kinetic energy (m2/s2)
ε: Turbulent dissipation rate (m2/s3)
Cμ: Turbulent viscosity constant
κ: Von Kármán constant
E: Empirical constant
UP : Mean velocity of the fluid at the near-wall

node P (m/s)
kP : Turbulence kinetic energy at the near-wall

node P (m2/s2)
yP : Distance from point P to the wall (m)
Gk: Generation of turbulence kinetic energy

due to the mean velocity gradients
Gb: Generation of turbulence kinetic

energy due to buoyancy
YM : Contribution of the fluctuating dilatation

in compressible turbulence to the overall
dissipation rate

C1ε,C2ε,C3ε: Model constants for ε equations
σk: Turbulent Prandtl number for k
σε: Turbulent Prandtl number for ε
Sk: User-defined source term for k
Sε: User-defined source term for ε.
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The passive control method for surge and rotating stall in centrifugal compressors by using a nozzle injection system was proposed
to extend the stable operating range to the low flow rate. A part of the flow at the scroll outlet of a compressor was recirculated to
an injection nozzle installed on the inner wall of the suction pipe of the compressor through the bypass pipe and injected to the
impeller inlet. Two types of compressors were tested at the rotational speeds of 50,000 rpm and 60,000 rpm with the parameter of
the circumferential position of the injection nozzle. The present experimental results revealed that the optimum circumferential
position, which most effectively reduced the flow rate for the surge inception, existed at the opposite side of the tongue of the scroll
against the rotational axis and did not depend on the compressor system and the rotational speeds.

1. Introduction

In recent years, the global approach to environmental
protection has progressed and the measures against the
problems such as the exhaust gas of cars and the fossil
fuels depletion are urgent tasks. A turbocharger, as a part
of the technology dealing with environmental problems, is
expected to clean the exhaust gas from automobile engines
by improving combustion efficiency, and to contribute to the
reduction of fuel consumption through downsizing of engine
leading to the weight reduction. Therefore, the application
of a turbocharger to various types of vehicle is developing
rapidly. Moreover, since the centrifugal compressor, which
is a main component of turbocharger, possesses higher
pressure ratio in a single stage and consequently contributes
to the reduction in size and weight, it is widely used for
many kinds of industrial machines as well as turbochargers.
Therefore, the extension of the stable operation range and

the improvement of the supercharging characteristics of a
centrifugal compressor are required dramatically.

The operation of a centrifugal compressor of tur-
bocharger at a lower flow rate close to the maximum pressure
ratio induces instability phenomena such as rotating stall
and surge. Especially, the surge may generate enough intense
vibration and noise to destroy the whole pipeline system
including a compressor. Moreover, it strongly influences the
performance characteristics of the compressor. As a result,
the stable operation range is inevitably restricted. Therefore,
several investigations [1–6] have been carried out to control
the inception of instability phenomena for the purpose of
the extension of stable operation range of a centrifugal
compressor to the lower flow rate.

In the previous studies on the control of surge in a
centrifugal compressor, the injection nozzle system was
employed, in which a part of the flow in the discharge duct
was recirculated to the inlet of the impeller, and controlled
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Figure 1: Experimental apparatus (unit: mm).

the inceptions of rotating stall and surge [7]. Moreover,
optimization of the parameters affecting on the performance
of the injection nozzle system such as a position of injection
has been performed [8]. Furthermore, the dependency of
the optimum injection position on the rotational speed of
the impeller has been investigated [9]. However, since these
studies have been performed for the same turbocharger
system, the universality in the characteristics of the injection
nozzle has not been clarified yet.

In this study, the optimum circumferential position of
injection nozzle, which most effectively reduced the flow
rate for the surge inception, was investigated for two types
of compressors at rotational speeds of 50,000 rpm and
60,000 rpm to examine the universality of the optimum
circumferential position of injection nozzle. In addition, the
influences of the injection on the fluctuating property of
the flow field before and after the surge inception were
investigated by examining the frequency of static pressure
fluctuation on the wall surface.

2. Experimental Apparatus

The experimental apparatus used in this study is shown
in Figure 1. The configurations and the specifications of
centrifugal impellers for two types of centrifugal compressors
Type A and Type B are shown in Figure 2 and Table 1,
respectively. The outlet blade angle is measured from a
radial direction. The compressed air supplied from the screw
compressor was used to drive the turbine impeller which
revolved the compressor impeller through the corotating
axis. A part of the air at the exit of the compressor scroll,
which was compressed by the centrifugal impeller and the
vaneless diffuser, was recirculated into the injection nozzle
installed at the impeller inlet through the bypass pipe. Then,
the remaining air was discharged through the delivery duct.
The inner diameter of the injection nozzle used in this study
is 4 mm. The injection nozzle is installed on the inner wall
of the suction pipe of compressor, which is movable in the
circumferential direction as shown in Figure 3.

3. Experimental Method

The origin of a circumferential position of the injection
nozzle indicated by TT(0) is located at the corresponding
position to the scroll tongue portion as shown in Figure 4.
The circumferential position of the injection nozzle TT has
the positive value in the rotational direction of the centrifugal
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Figure 2: Tested impeller (unit: mm).

Injection nozzle

Nozzle holder

1

ϕ
4

Figure 3: Injection nozzle (unit: mm).

TT(+a)

Rotation

a◦

TT(0)

TT(−b)

Tongue

b◦

(a) Type A

b◦

TT(−b)

Tongue

Rotation

TT(+a)

TT(0) a◦

(b) Type B

Figure 4: Definition for position of injection nozzle.
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impeller. In the following, the case with the injection nozzle
is named “Injection,” and that without the injection nozzle
is named “Normal.” The performance tests of compres-
sors were performed at the corrected rotational speed of
50,000 rpm and 60,000 rpm. In each experiment, the flow
rate was decreased gradually from the full opening condition

by closing the gate valve installed at the downstream side of
the delivery duct, until the surge inception. In this study, the
preexperiments were performed to relate the degree of the
gate valve opening to the flow rate. The limiting flow rate for
the surge inception is defined as the flow rate at the degree of
valve opening opened by its minimum revolution from that
at which a sudden increase of the pressure fluctuation caused
by the surge is observed. In this study, the surge inception
was detected by the observation of the pressure fluctuation
caused by the surge, which was suddenly increased by
gradually closing the valve by its minimum revolution. In
the experiments for Injection, the experiments were carried
out at every 30 degrees of TT from TT(0). Moreover, the
experiments for Type B were made at 15-degree intervals
around the optimum TT which remarkably reduced the
limiting flow rate for surge inception. The exit of the
injection nozzle was located at 1 mm upstream of the inlet of
the impeller for every experimental condition of Injection.
The thermocouples were used to measure the temperature
at both the inlet and outlet of the compressor. The static
pressure at delivery duct and the pressure difference across
the orifice were measured by the pressure transducer. The
uncertainty for the measured pressure data is ±5 kPa. The
corrected flow rate Q and the pressure ratio πt were defined
by the following equations:

Q = Q0
Pa0

Pa

√
T1

T0

[
kg/s

]
, (1)

πt = Pt
Pa

[−], (2)
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where Q0 is the measured flow rate, Pa0 is the standard
atmospheric pressure, Pa is the measured atmospheric
pressure, T1 is the measured temperature, T0 is the standard
temperature, and Pt is the measured total pressure at the
compressor outlet. In order to investigate the unstable phe-
nomena, the wall static pressure fluctuation was measured at
1800 mm downstream of the compressor exit. The frequency
characteristics of the wall static pressure fluctuation were

analyzed by performing FFT. Flow sensor was installed at
the bypass pipe to measure the flow rate ejected from the
injection nozzle.

4. Results and Discussion

4.1. Performance Characteristics. Figure 5 shows the perfor-
mance characteristics for Normal and Injection of Type
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Table 1: Specifications of impeller.

Type of compressor A B

Inlet diameter (mm) 43.38 45

Outlet diameter (mm) 56 60

Number of blades 12 12

Outlet blade angle (deg.) 40 60

Inlet blade height (mm) 15.4 14

Outlet blade height (mm) 4.08 5.6

Blade thickness (mm) 0.4 0.675

A and Type B at rotational speeds of 50,000 rpm and
60,000 rpm. Figure 6 shows the performance characteristics
at the low flow rate region for TT(0) and TT(180) of
Injection, which remarkably reduced the limiting flow rate
for surge inception as shown later, with that for Normal.

The performance curves for Injection almost coincide
with those for Normal in both Type A and Type B for every
rotational speed (Figure 5). Therefore, it is apparent that
the influence of the injection system on the performance
characteristics of the compressor is negligible. Moreover, the
limiting flow rate for surge inception is reduced by using the
nozzle injection system as shown in Figure 6. Therefore, the
nozzle injection system is recognized to have ability to extend
the stable operating range to the lower flow rate region. It is
considered that the injection on the inner wall of the suction
pipe of the impeller would reduce the reversed flow region
distributed on the shroud side wall from the diffuser exit
up to the impeller inlet which appeared before the surge

inception and consequently extend the limiting flow rate for
surge inception to the lower flow rate region.

4.2. Optimal Injection Position. In order to evaluate the effect
of injection on the reduction of limiting flow rate for surge
inception, the improvement rate of surge margin IR was
defined by the following equation:

IR = QN −QI

QN
× 100 [%], (3)

where QN and QI mean the limiting flow rate for surge
inception in Normal and Injection, respectively. Figure 7
gives the relationship between the injection position TT and
the improvement rate IR.

The improvement rates IR at 50,000 rpm are relatively
higher than those at 60,000 rpm in both Type A and Type
B. The IR in Type A exhibits the improvement rate more
than 10% for every TT, and the maximum IR more than 20%
is achieved especially for TT(180) at each rotational speed
(Figure 7(a)). Similar tendency is also observed in Type B
(Figure 7(b)), and the maximum improvement rate more
than 20% is located around TT(180) at both 50,000 rpm
and 60,000 rpm. These results suggest that the optimum
circumferential position of the injection nozzle, which pro-
duces the maximum improvement ratio, is located around
TT(180), which is the opposite side of the tongue of the scroll
against the rotational axis, without the dependencies on the
compressor type and the rotational speed. In general, the
number of stall cell in the diffuser under the rotating stall
condition varies from one to two according to the decrease
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Figure 10: Spectrum of pressure fluctuation at delivery duct during surge for Type A.

of the flow rate. Moreover, in the case of the compressor
with a scroll, the circumferential distribution of the static
pressure on the diffuser endwall becomes nonaxisymmetric
and is strongly distorted by the decrease of the flow rate.
This distortion of the pressure distribution in the diffuser
influences the flow field in the impeller, and consequently on
the flow rate for surge inception. Therefore, it is considered
that the optimum circumferential position of the injection
nozzle has a strong relation with the behavior of the stall
cell and the formation of circumferential distribution of the
static pressure in the diffuser.

4.3. Frequency Characteristic

(a) Before Surge Inception. Figures 8 and 9 show the
frequency characteristics of the static pressure fluctuation on
the inner wall of the delivery duct at 1800 mm downstream

of the compressor exit for Normal and the optimum TT of
Injection in Type A and Type B, respectively. The flow rate in
the results shown in Figures 8 and 9 is the nearest one to the
limiting flow rate for surge inception for Normal. The peaks
of the spectrum of pressure fluctuation for Normal at each
rotational speed in Type A and Type B are observed around
15 to 30 Hz. The peaks for the optimum TT of Injection are
lower than those in Normal. The surge frequencies in Type
A and Type B are about 24.5 Hz and 23.5 Hz, respectively,
irrespective of the rotational speed, which are different from
the frequencies for the peaks observed in Figures 8 and 9. So,
the peaks in Figures 8 and 9 are considered to be associated
with the unstable phenomenon such as the rotating stall
which appears before the surge inception. Therefore, it is
considered that the optimum TT of Injection enhances
the improvement rate of surge margin by suppressing the
unstable phenomenon appearing before the surge inception.
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(b) After Surge Inception. In order to examine the effects of
the injection on the flow field under the surge condition,
the frequency characteristics for Normal, TT(0), and the
optimum TT(180) of Injection in Type A at Q = 0.000 kg/s
after the surge inception are given in Figure 10. “Q =
0.000 kg/s” means the fully closed vane condition.

It is recognized that the peak of spectrum for the
surge frequency of Injection becomes less than that of
Normal after the surge inception. Moreover, the optimum
TT(180) more reduces the peak of spectrum than TT(0).
This means that Injection also reduces the strength of
the surge, and the optimum circumferential position of

injection for the surge reduction coincides with that for
the reduction of the limiting flow rate for the surge
inception.

4.4. Injection Flow Rate. Figure 11 shows the injection mass
flow rate QRB for TT(0) and the optimum TT(180) of
Injection at 50,000 rpm and 60,000 rpm in Type A and
Type B. The injection flow rate in each condition is almost
constant over the full operating range, but increased by
the increase of the rotational speed. This is caused by the
increase of pressure ratio due to the increase of the rotational
speed. On the other hand, the injection flow rate is almost
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unaffected by the circumferential position of injection TT at
each rotational speed.

In order to evaluate the ratio of the injection mass flow
rate to the mass flow rate discharged from the delivery
duct, the recirculation ratio πR was defined by the following
equation:

πR = QRB

QN
× 100 [%]. (4)

Figure 12 shows the recirculation ratio πR for TT(0)
and the optimum TT(180) of Injection at 50,000 rpm and
60,000 rpm in Type A and Type B. The influence of the
circumferential position of injection TT on the recirculation
ratio πR is very small. The recirculation ratio is increased
by the decrease of the flow rate in every experimental
condition. Moreover, the comparison between the rotational
speeds indicates that the recirculation ratio πR is increased
by the increase of the rotational speed corresponding to
the tendency observed for the injection mass flow rate
(Figure 11).

5. Conclusion

The following conclusions were obtained by the present
study.

(1) With the nozzle injection system the stable operating
range of the compressor improves and that is a direct
effect on the performance characteristic.

(2) The optimum circumferential position of the injec-
tion nozzle, which produces the maximum improve-
ment rate, is located around the opposite side of
the tongue of the scroll against the rotational axis
irrespective of the compressor type and the rotational
speed.

(3) The optimum circumferential position of Injection
enhances the improvement rate of surge margin
by suppressing the unstable phenomenon appearing
before the surge inception.

(4) The injection flow rate is almost constant over the full
operating range, but increased by the increase of the
rotational speed.

(5) The nozzle injection system has also the ability to
reduce the strength of the surge.

(6) The optimum circumferential position of Injection
for the surge reduction coincides with that for the
reduction of the limiting flow rate for the surge
inception.
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Experiments were conducted on the flow through a transonic turbine cascade. Secondary flows and a wide range of vortex types
were encountered, including horseshoe vortices, shock-induced passage vortices, and streamwise vortices on the suction surface. In
the separation region on the suction surface, a large rollup of passage vorticity occurred. The blunt leading edge gave rise to strong
horseshoe vortices and secondary flows. The suction surface had a strong convex curvature over the forward portion and was quite
flat further downstream. Surface flow visualization was performed and this convex surface displayed coherent streamwise vorticity.
At subsonic speeds, strong von Kármán vortex shedding resulted in a substantial base pressure deficit. For these conditions, time-
resolved measurements were made of the Eckert-Weise energy separation in the blade wake. At transonic speeds, exotic shedding
modes were observed. These phenomena all occurred in experiments on the flow around one particular turbine nozzle vane in a
linear cascade.

1. Introduction

Leonardo da Vinci (1452–1519) was a notable early observer
of vortices produced by a solid object placed in a stream of
flow (Figure 1). When the object has thickness and produces
a flow turning of 70◦ or more, the generation of strong
vorticity is to be expected and the subject turbine nozzle
blading is no exception. The different vortical phenomena
arising in the flow passage are described in this paper. The
variety of the vortical forms and occurrences is surprising.

The encounters with vortices involve the flows outlined
in the paper, starting at the leading edge. These are horseshoe
vortices, passage vortices with attendant secondary flows,
and on the suction surface, streamwise vortices. At the
trailing edge, vortex shedding, energy separation, base
pressures, and exotic shedding modes are observed. This
is all in experiments on the flow around one particular
turbine nozzle vane in a linear cascade. This diversity of
vortex phenomena illustrates the challenge of describing
the fundamental internal aerodynamics of turbomachinery
blading. Greater physical understanding is required of these
phenomena, including vortex structures on surfaces, vortex
shedding, the base region, the vortex wake, and its interac-
tion with the shock waves.

Surface flow visualization was performed on the suction
surface of the turbine blade at subsonic and transonic speeds.
This was effective in providing a time-average mapping
of streamwise vortical structures within the blade passage.
Under the influence of the strong favorable pressure gra-
dients on the suction surface, the vortices were remarkably
persistent, lasting to the trailing edge.

Previous investigators have observed streamwise vortices
and “streaky structures” on flat plates and on the suction
surface of compressor blades. Turbine blade designers are
quite familiar with the phenomenon of Görtler vorticity; this
is commonly thought to occur predominantly on the concave
pressure surfaces of turbine blades. An organized streamwise
vortex system tends to increase heat transfer to the blade
surface and also makes flow and heat transfer difficult to
predict. Designers generally assume that streamwise vorticity
of this kind is confined to the concave pressure surfaces.
Examples will be given which should result in a questioning
of the assumption that the organized streamwise vorticity is
confined to the pressure surface of a turbine blade.

Although it appears to be unusual, this behavior had
been predicted and observed previously with attendant
theories for wavelength. For a predominantly convex surface,
the behavior is consistent with the later predictions of
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Figure 1: Observations of vortices by Leonardo da Vinci.

Görtler [1], who postulated instability on a convex surface
from the concave streamlines ahead of the leading edge
stagnation region. Measurements of spanwise wavelength of
the periodic array of vortices are found to be compatible with
the subsequent predictions of Kestin and Wood [2].

In the mid nineteen-seventies, a National Research
Council/Pratt and Whitney, Canada collaborative program
was established to produce a gas generator with a turbine
stage of aggressive design. The turbine was highly loaded,
giving a low wheel speed. This was supported by a highly
loaded turbine test facility that was of three times PT6 engine
size and matched the engine Mach and Reynolds’ numbers.
The turbine nozzle had a thick trailing edge to allow for
cooling passages [3].

The stage employed a high turning transonic nozzle and
was tested over a range of exit Mach numbers between
0.67 and 1.2. During testing, this turbine stage gave some
inexplicable results that showed a redistribution of the down-
stream total temperature field. In this ostensibly adiabatic
arrangement, the central regions of the vane wakes exhibited
a significant decrease in total temperature and their edges
showed an unexpected increase.

To resolve these anomalies and obtain detailed informa-
tion over the Mach number range, the midspan section of
the nozzle was tested in a large scale, low aspect ratio, and
transonic planar cascade [4]. Some details of the blading
are given in Figure 2. At high subsonic speeds, acoustically
coupled vortex shedding created energy redistribution in the
wake. This was measured using wide bandwidth temperature
probes. In the first time-resolved measurements of wake
temperature redistribution, by Carscallen et al. [5], the
vortex shedding was shown to give rise to an effect first noted

• 6 airfoils (5 passages)

•Midspan of an HPT vane

• 4.3 times engine size

• Correct engine Me of 1.16 at a PR of 2.3

• Stagger angle 64◦

• Solidity 1.19

• Correct engine Re of 2.13× 105

Figure 2: Some features of the blading.

by Eckert and Weise [6]. This had led to problems in the
development of an advanced turbine stage.

Base pressures are also associated with vortex shed-
ding and result in increased drag for bluff bodies and
turbine blades. Time-resolved pressure distributions gave
information on fluctuations and corresponding base drag
coefficients.

The most common shedding mode is not the only mode.
Not all vortex shedding takes the form of the classical
vortex street described by von Kármán; a wide range of
“exotic” modes also exists. The discovery of these anomalous
patterns behind transonic turbine blades was first reported
to ISROMAC-5 by Carscallen and Gostelow [7] and resulted
in an investigation of when they might occur. Two other
applications were found, in the vortex-induced vibration of
bluff bodies and research on oscillating airfoils. Findings
from the vortex-induced vibration work of Williamson and
Roshko [8] have clarified the shedding modes.

2. Vortices in the Blade Passage

The inlet wall boundary layer occupies 10% of the span and
the leading edge was thick and blunt, giving rise to strong
horseshoe vortices and secondary flows. The secondary flow
creates a large displacement which affects the streamlines well
outside the secondary flow zones. When applied to the flow
in a cascade, the term “secondary flow” is restricted to the
differential deflection imparted by the cascade, to a sheared
free stream. In this case, the principal source of shear at inlet
is the wall boundary layer.

At the midspan, the surface streamlines are all parallel
and the flow appears to be two dimensional. At Mach 1.16
the shock impingement and separation region is associated
with a strong vortex rollup where the shock impingement
meets the side-wall boundary layer. This is associated with
the passage vortex.

Two other vortex types should be mentioned. These are
the relatively small contrarotating corner vortex and the
rather larger wall vortex that is induced by the passage vortex.

A narrow, but vigorous, “corner vortex” exists beneath
the larger multivortex structure [9]. Its induced sense of
rotation is contrary to that of the passage vortex. This thin
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Figure 3: Endwall visualization of horseshoe vortex.

vortex occupies the corners between endwalls and blade
surfaces and can be seen adjoining the concave blade surface
in Figure 3. A rather larger contrarotating vortex, adjoining
the endwall, is induced by the impingement of the main
passage vortex on the blade’s suction surface. This “wall
vortex” tends to scrub the endwall in the downstream mid-
passage region. It moves away from the suction surface
toward the mid-passage region, between the suction and the
pressure surfaces.

2.1. Horseshoe Vortices. Surface flow visualization was
applied, with the aim of establishing the strength of the
leading edge horseshoe vortex. This demonstrated that, on
the endwalls, the influence of the horseshoe vortex was
very strong, as shown in Figure 3. The principal horseshoe
vortex around the leading edge had both pressure surface and
suction surface components. The pressure surface leg was
swept over toward the suction surface, eventually to become
the main passage vortex. The static pressure gradient acting
on this vortex leg is the same at the endwall as that in the
free stream, but the velocity is lower in the end region. The
radius of curvature of the streamlines in the end-wall region
must also be lower to preserve radial equilibrium. The path
the vortex takes in the end-wall region therefore has high
curvature and this accounts for its rapid movement across
the passage.

2.2. Passage Vortices. A qualitative measure of vortex struc-
ture, on a time-averaged basis, was obtained using surface oil
flow visualization [10]. The blade was covered with a sheet
of self-adhesive white vinyl. A mixture of artist-grade linseed
oil and powdered lampblack-shaded pigment was applied in
a very thin and uniform layer over the suction surface. After
letting the tunnel run for about five minutes, the blade was
removed and photographed.

Inside the primary passage vortex, the mean pressure
fluctuations and the resolved kinetic energy levels are large.
The maximum shear levels are observed beneath the main
passage vortex and close to the small corner vortices. The
visualization of the suction surface flow at Me = 1.16 is
shown in Figure 4. The large numbers on the scale represent
percentage axial chord and the small numbers mark static tap
locations. The shock impingement and separation region is
around the 70% axial chord location.

Figure 4: Visualization of suction surface at Me = 1.16.

Figure 5: Enlarged view of the vortex on the suction surface.

There was a strong vortex rollup where the impinging
shock met the end-wall boundary layer. The sense of rotation
and the direction of the backflow into the separated region
following the shock can be deduced. Rotation was counter-
clockwise on the left-hand side and clockwise on the right-
hand side of the vane.

A close-up view of the vortex formed in the vicinity of
the impinging shock and of the resulting separation region is
given in Figure 5. The sense of rotation and of the resulting
backflow into the separated region following the shock is
shown clearly. Fine scale streamwise vortices also show up in
Figure 5. For a predominantly convex surface, this behavior
was unexpected. At the leading edge, the suction surface is
virtually circular; subsequently, much of the suction surface
retains a strong convex curvature over the forward portion
and is quite flat further downstream. Surface flow visualiza-
tion was performed at subsonic and transonic speeds, and
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Figure 6: Close-up visualization of streamwise vortices.

the surface displayed coherent streamwise vorticity covering
the entire surface to the trailing edge.

2.3. Streamwise Vortices. Surface flow visualization was per-
formed at subsonic and transonic speeds, and the suction
surface displayed coherent streamwise vorticity extending to
the trailing edge. A close-up view of the visualization from a
discharge Mach number of 1.16 is given in Figure 6. A region
between about 80% and 95% axial chord is presented. Fine
scale streamwise vortices show up clearly in the figure. For a
predominantly convex surface, this behavior is unexpected
but is in agreement with the later predictions of Görtler
[1], who postulated instability on a convex surface from the
concave streamlines ahead of the leading edge stagnation
region.

The measurements of the spanwise wavelength of the
array of vortices may be compared with the predictions of
Kestin and Wood [2]. They predicted a theoretical value
of spanwise wavelength between pairs, λ, for a cylinder of
diameter, D, given by

λ = 1.79π D Re−0.5. (1)

This is represented by the straight line for Tu = 0% in
Figure 7. It is difficult to locate the turbine blade on the
Kestin and Wood graph as (1) represents flow past a circular
cylinder. The leading edge of the turbine blade is relatively
blunt but nevertheless has a high surface curvature which
decreases rapidly to near zero further back.

The rapid changes in curvature of the convex surface
raise the question of what effective diameter should be
applied if comparing with the Kestin and Wood model.
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Figure 7: Measurements of lateral spacing and comparison with
Kestin and Wood’s predictions.

According to the Kestin and Wood theory, the measured
wavelength, of 0.55 mm, is compatible with the curvature
of the suction surface at approximately the 10% true chord
location (Figure 7). Because the geometry is quite different
from that of a circular cylinder, only qualitative agreement
with the predictions can be expected and that is what was
achieved. However, surface flow visualization photographs
have been analyzed from the work of a number of published
experiments. When examined in the same way as the results
of Figure 6, two results from compressor blading [11, 12]
and three from turbine blading [13–15] are available and also
give reasonable agreement with the theory and experiments
of Kestin and Wood (Figure 7). The free-stream turbulence
levels for the above cases were all in the range 0.2% ≤ Tu ≤
1.2%. The black symbols are the results from the original
experiments of Kestin and Wood over a turbulence level
range 0.2% ≤ Tu ≤ 4.0%.

For the subject blading, the acceleration through the
passage is strong. The mass-averaged inlet Mach number
at the design condition is 0.118 whilst the discharge Mach
number is 1.16, giving an order of magnitude difference. It is
the flow in the vicinity of the leading edge that determines the
susceptibility of the flow to organized streamwise vorticity,
and at a local Mach number of 0.118, the flow dynamics
should not be very different from previous observations that
were undertaken in low speed flows.

In assessing the results, it should be borne in mind
that the Mach number regime and the model geometry
differ from others considered in the published literature.
The blades have a very blunt leading edge and are therefore
likely candidates to experience flow instability upstream
of the stagnation point and the consequent streamwise
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Figure 8: Schlieren view of vortex shedding at Me = 1.16.

vorticity. Crossflow instabilities have been observed experi-
mentally on the stagnation streamline and are the subject of
ongoing computational investigation. Streamline curvature
instabilities provide a competing source; the streamlines
appear to impact at around 10% chord. An outcome of
these investigations is to establish that organized streamwise
vorticity may occur more frequently on convex surfaces,
such as turbine blade suction surfaces, than was previously
appreciated. Investigations and predictions of flow behavior
should be extended to encompass this possibility. If this
behavior is at all common, it could have implications for
turbine aerodynamic and blade cooling design.

3. Vortex Shedding

Turbomachinery blades with thick trailing edges, such as
those investigated by Carscallen et al. [16], are associated
with a high loss penalty. This loss penalty is greater
than would be expected from a simple backwards-facing
step and remained unexplained until high speed schlieren
photography was applied to cascades [17].

Vortex shedding is present in the wakes of blades with
thick trailing edges (Figure 8), and the unexplained losses are
clearly associated with the shedding process. Among other
problems, this drastically increases the base drag at subsonic
speeds. In addition to the loss penalty, vortex shedding
may cause adverse effects including high frequency sound
propagation, vibration effects, locally high heat transfer
to or from the blade surface, and energy separation into
hot and cold regions. The vortex street, often with closely
coupled oscillating shock waves, jeopardizes RANS flow field
computations.

With modern CFD approaches these difficulties can be
overcome. Two-dimensional time-accurate numerical sim-
ulations of the midspan flow were performed by Mahallati
over the speed range, using a commercial CFD code. The Roe
flux difference-splitting scheme was used for discretization
of spatial derivatives. Temporal terms were treated with the
second-order implicit method. The k-ω turbulence model
was used for closure. Convergence was accelerated using
multigrid techniques and the mesh was refined such that

Figure 9: Instantaneous CFD view of vortex shedding/shock wave
interaction at Me = 1.16.

the minimum value of y+ was less than unity. No wall
functions were therefore needed and the turbulence model
was integrated all the way to the wall. An instantaneous
view from an unsteady RANS calculation for the cascade
investigated is given in Figure 9. The interactions between
shed vortices and oscillating shock waves are quite complex
but have been handled well by the code. Time-averaged
experimental results for the blade Mach number distribution
and computational predictions are given, with the blade
layout, in Figure 10. The agreement between computation
and experiment is seen to be reasonable.

3.1. Base Pressures. Another detrimental flow phenomenon
affected by vortex shedding in turbomachinery is base
pressure. It has long been realized that turbomachinery
blades with thick trailing edges have an area of reduced static
pressure around the trailing edge that creates a considerable
increase in base drag at subsonic speeds and reduces the
stage efficiency. Cicatelli and Sieverding [18] conducted an
investigation on the effect of vortex shedding on the base
region flow. They found that the pressure in this region
fluctuated by as much as 8% of the downstream dynamic
head near separation and by 4.8% in the base region.

It is clear that the instantaneous base pressure could be
significantly different from the time-averaged value. Compu-
tations for blading designed using steady-state methods will
be erroneous for much of the vortex shedding cycle.

At subsonic speeds strong suction at the trailing edge is
an essential facet of the vortex shedding process that results
in increased drag for bluff bodies and turbine blades. The
pressure distribution around a cylinder depends strongly
on the Mach number. Time-resolved pressure distributions
give information on fluctuations and corresponding drag
coefficients. Base pressures were measured at the extreme
trailing edge of the blades.

The values obtained are plotted in Figure 11 and the base
pressure deficit is seen to reach a maximum at a discharge
Mach number of 0.9. The results are supplemented by earlier
results obtained by Carscallen et al. [16]. The results exhibit
scatter due to unsteadiness but are basically quite similar.

Base pressure is an important contributor to the turbine
stage total loss. Work by Denton [19] and by Mee et al.
[20] showed the base pressure contributing a significant
proportion of the total loss at high speeds. Carscallen et al.
[16] found that the lowest base pressure was accompanied
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Figure 10: Experimental and inviscid CFD isentropic Mach number distribution for exit Mach 0.8 and 1.16.

by the strongest vortex shedding. The most comprehensive
base pressure correlation is that of Sieverding et al. [21].
The present results are compared with that correlation
in Gostelow et al. [10]. As indicated in Figure 12, the
base pressure deficit is underpredicted by the Sieverding
correlation. This may result from differing blade trailing edge
geometries.

3.2. Energy Separation. Associated with the vortex shedding
was a thermoacoustic effect that was particularly strong
at high subsonic speeds. On a time-averaged basis, the
stagnation temperature on the wake center line was found to

be 12◦C lower than that for the incoming fluid. Meanwhile
the stagnation temperature at the edges of the wake was 5◦C
higher than that of the incoming fluid. This effect had created
a major impediment to the development of a new highly
loaded turbine design. Carscallen et al. [5] had demonstrated
that this was a manifestation of the Eckert-Weise effect. In
this thermoacoustic phenomenon, the vortex cores emerge
colder than the surrounding fluid and are associated with hot
spots at the edge of the wake.

On a time-averaged basis, this results in substantial
total temperature redistribution. Investigation of this phe-
nomenon involved measuring time-resolved temperature
variations within the fluctuating wake and relating these
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to the previously observed time-averaged stagnation tem-
perature variations. Hitherto attempts to obtain such time-
resolved measurements had been frustrated by the inade-
quate bandwidth of the available temperature measurement
instrumentation. Using innovative wide bandwidth temper-
ature probes from Oxford University [22], the anticipated
temperature fluctuations were detected and were of the order
of 30 K. This is what had been making it difficult to accurately
establish the performance of the vane row. In the light of
possible turbine efficiency implications of a few percent, it
is important to be able to measure, average, and model such
flows accurately.

The frequency of vortex shedding from the blades was
of the order of 10 kHz and there was a requirement to
make total temperature measurements with a bandwidth
approaching 100 kHz for energy separation to be resolved
and identified. This was achieved using the quartz rod
mounted thin film gages supplied by Oxford University.
A Kulite pressure transducer was mounted alongside the
quartz rods, enabling total pressure to be measured simul-
taneously. It was therefore possible, using phase averaging,
to construct contours of total pressure, total temperature,
and entropy increase at the measurement location in the
vortex wake. As an example, the total temperature con-
tours are shown in Figure 13 and the entropy contours
in Figure 14. The relatively cool vortex structures on the
wake center line are seen, as are the hot spots on the
edge of the vortex wake. When time averaging is per-
formed, the total temperatures are consistent with those
measured using a slow response thermocouple, as shown in
Figure 15. These wide-bandwidth measurements represent
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the first time-resolved confirmation of the energy separation
phenomenon.

A wide range of energy separation phenomena had been
reviewed by Eckert, who concluded that energy separation
was primarily caused by pressure forces acting on the fluc-
tuating curved streamlines with only a minor contribution
from viscous forces. Acoustic effects tend to be a significant
ingredient of energy separation.

Because similar temperature redistributions were ob-
served in planar and annular cascades, the vortex shedding
effects described in this paper are equally applicable to
annular cascades. The effects described are also likely to be
present in rotating machines.

3.3. Exotic Shedding Modes. The most common vortex
shedding mode, predicted by von Kármán, is not the only
shedding mode. Not all vortex shedding takes the form of
a classical vortex street; a wide range of “exotic” shedding
modes exists. Carscallen and Gostelow [7] discovered these
anomalous patterns in the wakes of the NRC turbine cascade,
prompting an investigation of when they might occur.
Two other applications were found, in the vortex-induced
vibrations of bluff bodies and in research on oscillating
airfoils. Findings from the vortex-induced vibration work of
Williamson and Roshko [8] and others clarified the shedding
modes. Broadly corresponding designations from the field of
vortex-induced vibration were identified in terms of the 2S,
2P, 2P∗, and P + S definitions.

The notation adopted in studies of vortex-induced
vibration is that the S mode consists of single vortices
shedding each cycle and P indicates that vortices are shed
in pairs. P + S means a pattern in which a vortex pair

Figure 16: Schlieren view of vortex couples.

Figure 17: Schlieren view of vortex doublets.

and a single vortex are shed each cycle. The conventional
von Kármán vortex street is represented by 2S. 2P implies
the formation of vortex pairs and the P + S mode is an
asymmetric version of the 2P mode in which a pair and a
single vortex are shed each cycle. Regions marked P and 2P∗

refer to vortex modes described as “single pair” and “double
pair”, respectively. Mode P is a wake comprising a set of
vortex pairs convecting downstream but also laterally to one
side, taking on the appearance of a jet rather than a wake.
Mode 2P∗ is similar to 2P except that the vortex pairs in one
of the half cycles convect away from the front of the body.
In this case the convection of each pair is in the downstream
direction, creating a jet.

In the experiments on the turbine blades, for some of
the time, vortices were shed simultaneously from the two
sides of the wake, rather than alternately. This behavior can
be observed in Figure 16 for the discharge Mach number of
1.09. Other modes were observed, in which vortex pairing
appeared to be taking place on one side only, as in Figure 17.
Since the passage shock behavior is determined by the
vortex shedding mode, this anomalous behavior could have
consequences for predicting shock position blade loading
and dynamics. None of these additional transonic speed
modes are explained by the conventional stability theory.
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However, Ponta and Aref [23] have performed an analysis
that appears to predict the observed data well and extend
them to a wider range of Reynolds’ numbers.

As the discharge Mach number becomes supersonic, the
trailing edge shocks become oblique and the origin of the
vortex street migrates from the trailing edge to the conflu-
ence of the two trailing edge shear layers. Previously available
evidence had suggested that only free-stream disturbances
are effective in provoking the vortex-shedding instability.
In the present example, the visible existence and the fixed
location of acoustic waves preclude such a path for antisym-
metric upstream-traveling pressure waves. This has the effect
of reducing the lateral distance between incipient vortices
to the relatively short wake width at the downstream shock
location. Nevertheless, significant free shear layer instabilities
are thought to be propagated downstream through a Kelvin-
Helmholtz mechanism. These phenomena, caused by vortex
shedding, also play an important role in loss generation.
This is due to low base pressures behind blades with thick
trailing edges. The base pressure recovered significantly in
transonic flows, where the vortex street changed its character.
The anomalous vortex shedding patterns were therefore
associated with a reduction in loss. They can also have a role
in vortex-induced vibration of the resulting airfoil, which is
effectively a bluff body.

The turbine blade and its mounting were extremely stiff,
and in this case vortex-induced vibration could be ruled
out. The exotic shedding patterns in the blade wakes only
occurred when shock waves were present; static pressure
differences across the wake appeared to be the driving agent.
Schlieren photographs from transonic cascades showed that
the interaction between the base flow shear layers and the
shock waves are the likely mechanism causing the changes
in observed vortex-shedding patterns. There was a strong
interaction between the downstream shock waves and the
vortex shedding process, but the coupling mechanism was
not understood. In a novel use of the hydraulic analogy,
the fluctuating water surface was observed by high speed
schlieren. This helped clarify the dynamics of the inter-
action between the shock waves and the shed vortices.
The above considerations suggest that the observed changes
in vortex shedding from the blunt trailing edges of the
transonic cascade in the Mach number range between 0.97
and 1.2 are caused by a similar self-induced oscillation
mechanism.

As shown in Figures 16 and 17, shocks are generated at
the confluence of the shear layers; the shocks interact with the
shear layers. Findings, from schlieren visualization, compu-
tational work, and a separate hydraulic analogy experiment,
have shown that the shock wave/wake interaction structure
at the confluence of the shear layers is particularly dynamic
and mobile. This results in the oscillatory flow causing the
observed changes in vortex shedding.

4. Conclusions

A wide range of vortex formation and shedding processes
was identified in a transonic turbine nozzle cascade. Vortex

formations included the expected horseshoe vortices and
secondary flow-related passage vortices and the surpris-
ing organized streamwise vorticity on the suction surface.
Observations of the streamwise streaks have generally been
by surface flow visualization. Further work is needed
to characterize the vorticity distribution away from the
surface.

Cascade tests established that strong von Kármán vortex
shedding occurred over the entire subsonic range of dis-
charge Mach numbers. This resulted in strong base pressure
deficits, causing high wake losses and energy separation in
the wake. Time-resolved measurements of the Eckert-Weise
energy separation phenomenon were made for the first time,
explaining anomalies in the wake temperature variations.

At Mach numbers above unity, the von Kármán vortex
street was found to be but one of a number of transient, yet
distinct, shedding patterns. These corresponded to similar
patterns observed in the field of vortex-induced vibration.
The occurrence of similar changes in vortex shedding
from transonic cascades suggests that the existence of an
oscillating body is not a fundamental requirement. The
wake instability can be caused by an oscillating pressure
field. Shock-induced transonic flow oscillations could also
change the modes of vortex shedding. The transonic cascade
schlieren photographs showed that the interaction between
the base flow shear layers and the shock waves, which form
at the Mach numbers between 0.97 and 1.2, is the likely
mechanism causing the changes in observed vortex-shedding
patterns.

In these investigations on one high-turning nozzle vane
cascade, several distinct modes of vortex formation and
shedding have been identified. The impact of some of these
on turbine performance is potentially harmful. The presence
of these disparate vortical structures clearly makes the fluid
flow and heat transfer properties of the turbine blading
challenging to interpret and predict. For example, it would
be useful to introduce a cooling flow in the region of the
thick trailing edge and assess its impact on wake behavior
and losses.

Nomenclature

Cp: Static pressure coefficient
D: Diameter of cylinder
Me: Exit isentropic Mach number
P: Pressure
PR: Pressure ratio
Re: Reynolds’ number
Tu: Free-stream turbulence level, %
t: Time
y: Normal direction
λ: Spanwise wavelength.

Subscripts

b: Base value
s: Static condition
0: Stagnation condition.
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Heat transfer and pressure drop for a representative part of a turbine active cooling system were numerically investigated by means
of an in-house code. This code has been developed in the framework of an internal research program and has been validated by
experiments and CFD. The analysed system represents the classical open bird cage arrangement that consists of an air supply pipe
with a control valve and the present system with a collector box and pipes, which distribute cooling air in circumferential direction
of the casing. The cooling air leaves the ACC system through small holes at the bottom of the tubes. These tubes extend at about
180◦ around the casing and may involve a huge number of impinging holes; as a consequence, the impinging jets mass flow rate
may vary considerably along the feeding manifold with a direct impact on the achievable heat transfer levels. This study focuses
on the performance, in terms of heat transfer coefficient and pressure drop, of several impinging tube geometries. As a result of
this analysis, several design solutions have been compared and discussed.

1. Introduction

Impingement with high velocity jets has become an estab-
lished method for surface cooling or heating in a wide
variety of processes and thermal control applications. The
use of impingement jets for the cooling of modern aero-
engine components is widespread, especially within the hot
stationary parts. Since the cooling performance of impinging
jets is very high, this method provides an efficient way to
manage a component heat load when a sufficient pressure
head and geometrical characteristics are available for its
implementation. The cooling jets are usually arranged as
arrays [1].

Aero-engine casing temperature control is a very effec-
tive way to reduce aerodynamic losses and specific fuel
consumption due to blade tip clearance. Because of the
significant variations of centrifugal and thermal loads
which occur at different engine operating conditions, the
tip clearance can be extremely variable; such dimensional
variation may worsen engine performance and reduce the
components’ life span [2]. To overcome these issues, the
Active thermal Clearance Control (ACC), generally based

on impingement cooling, has been successfully introduced
in several applications as described in Halila et al. [3],
Beck and Fasching [4], and more recently by Justak and
Doux [2]. In such systems, impinging jets are directed
towards the external turbine casing by means of a series of
circumferential feeding pipes with the final aim of keeping
the clearance between blade tip and casing as constant
as possible under different engine operating conditions
(Figures 1 and 2). Depending on the engine architecture, the
cooling air could be bled from the compressor or extracted
from the fan flow. The impinging system pressure ratio
is then a consequence of the ACC configuration: lower
than 1.1 in case of cooling air extracted from the fan
flow, while higher β when the coolant comes from the
compressor.

The correct evaluation of both the impinging jet mass
flow rate (i.e., the characterization of the holes discharge
coefficient) and the related heat transfer coefficient is a
fundamental activity.

The discharge coefficient (Cd) is defined as the ratio of
the actual mass flow rate through a hole and the isentropic
flow rate. It summarizes all the losses that limit the actual
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Figure 1: ACC system, Ahmed et al. [5].
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Figure 2: Scheme of a LPT ACC system, Ahmed et al. [6].

mass flow rate through a hole: entry pressure losses, internal
losses due to friction, and exit losses.

Many parameters may influence the discharge coefficient
[7]: geometrical, such as hole shape, hole angle, space
between holes, and length to diameter ratio, and fluid-
dynamical, such as pressure ratio across the hole and
Reynolds and Mach number of the two cross-flows and
inside the hole. For this reason, several studies have been
carried out on different geometries of holes subjected to a
wide range of fluid-dynamics conditions; extensive reviews
can be found in Hay and Lampard [8] and in Andreini
and DaSoghe [9]. Gritsch et al. [10] have investigated the
behaviour of a single hole of large diameter (10 mm); they
proposed a method for correlating the discharge coefficients,
assuming that pressure losses inside the hole and those
related to the hole entry and exit are independent. Internal
losses are found to be dependent on the pressure ratio
across the hole, while the entry and exit losses depend
on the jet to cross-flow momentum ratio. With these
hypotheses in mind, Gritsch et al. [11] have studied the
influence of the internal cross-flow on shaped holes, while
Rowbury et al. [12] proposed a method to quantify the
influence of the external cross-flow on the Cd. More recently,
Schulz et al. [13] have performed several experiments,
analysing the behaviour of the Cd under varying internal

and external cross-flow conditions and geometrical angles
and using the jet-to-cross-flow momentum ratio to reduce
data.

Referring to the heat transfer, measurements of multiple
jet impingement arrays can be found in a relevant number
of existing publications. Comprehensive reviews on this field
have been provided by Martin [15] and Han et al. [16].
Some recent and very interesting contributions have been
made by Ahmed and coworkers [5, 6] who have performed
some numerical simulations of the flow in a short tube
section of an ACC system for a low pressure turbine.
The length-to-diameter ratio of the sharp-edged cylindrical
nozzles, ranging from 0.25 to 2, was also accounted for.
The authors reveal that increasing the Mach number by
simultaneously reducing the orifice diameters led to slightly
decreasing Nusselt numbers, with average deviations of the
order of 14%. The predicted discharge coefficients increased
significantly by augmenting the Mach number. The main
limiting aspect of these two interesting contributions consists
in the fact that the authors do not evaluate the effects of the
undercowl flow on the impingement jets.

As mentioned above, many published works deal with
heat transfer coefficient due to impinging jets; most of them
analyse, by means of experiments or numerical simulations,
the behaviour of several hole geometries and arrangements,
but it also appears a complete deficiency of studies conduced
on a real-engine ACC geometry. Similar conclusions could
be pointed out referring to impinging holes discharge
coefficient prediction. Indeed, there seems to be a lack of
general studies, and therefore of useful design correlations
concerning the effects on the discharge coefficient due to
the interaction among adjacent holes drilled in cylindrical
feeding pipes [9].

Hence, the University of Florence has promoted an
internal research project aimed at the characterization of the
holes discharge coefficient and heat transfer phenomena of
a real-engine ACC geometry. The main goals of this project
are to provide a general understanding of the fluid flow and
heat transfer characteristics, to develop useful correlations
for both the Cd and the HTC coefficient and, finally, to
validate CFD with high quality experimental data. In the
framework of the project two test rigs have been developed.
The first one, aims to evaluate the discharge coefficient
of several jet holes drilled into a circular duct. The tested
geometries replicate the final part of a feeding manifold
impingement tube used in active clearance control systems.
By using the provided experimental data (see [17]) and
validated CFD calculations, Andreini and DaSoghe [9] have
developed an empirical correlation for the prediction of
the impinging holes discharge coefficient: it expresses the
Cd of each hole as a function of the ratio between the
hole and the manifold mass velocity and the local value
of the pressure ratio. Recently, the authors have revised
this correlation to make it sensible to the nozzle length-to-
diameter ratio [18]. The second test rig, aims to evaluate
the heat transfer coefficient and the adiabatic effectiveness
of a multijet impingement array (for which the undercowl
flow is considered) which reproduces an active clearance
control system of a commercial aircraft. The test rig has
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provided detailed experimental data that are, nowadays,
partially available in the open literature (see [14]).

This paper deals with a simplified 1D code, developed
at the University of Florence, aimed at the design of the
multiple jet section of an ACC cooling tube. The main
purpose of this work is to validate the in-house design tool
and, by using of its predictions, to point out design practices
for such kind of cooling systems.

2. Description of the Code

As stressed above, the simplified code deals with the multiple
jet section of an ACC cooling tube. Such kind of geometries
are depicted in Figure 3.

The aim of the 1D program is to evaluate the mass flow
rate through each nozzle of the array and then to calculate the
related heat transfer coefficient HTC achieved on the target
surface. To do that the code, that is based on a correlative
approach, implements two correlations: the first one for the
nozzle Cd and the other one for the HTC evaluation. The
implemented correlations are presented in the next section.
Within the manifold, the total pressure losses due to friction
are neglected. Then, the static pressure profile is determined
by the mass flow rate bleeding operated by the holes.

3. Discharge Coefficient Correlation

The correlation for the Cd parameter considered in this
study has been recently developed by DaSoghe and Andreini
[9, 18]. The expression is the result of an extensive CFD
analysis: it expresses the Cd of each impingement hole as a
function of the ratio between the hole and the manifold mass
velocity (MVR), the nozzle length-to-diameter ratio (t/d)
and the local value of the βL ratio. The discharge coefficient
is evaluated using the following expression:

Cd = C1 · βα(t/d)
L · g

(
t

d

)
·
(

1 + C2 · CC4·MVRC5

3

)
, (1)

where α(t/d) and g(t/d) are second-order polynomial
functions of the length-to-diameter ratio and the other
coefficients are suitable constants.

Even developed referring to circular cross-section man-
ifold geometries, DaSoghe and Andreini [18] proved the
correlation reliability also in case of squared manifold
geometries.

The ranges of applicability of the correlation are the
followsing β = 1.0 to 1.65, Rechannel = 0 to 6·104, and
t/d = 0.25 to 3. With respect to the CFD data, the correlation

Table 1: Geometric parameter.

Manifold diameter “D” m

Nozzle diameter “d” m

Manifold thickness “t” m

Holes number “n” —

Holes spacing “Sx” m

Nozzle to wall distance “h” m

Table 2: Thermodynamic parameter.

Cooling temperature K

Wall temperature K

Overall pressure ratio —

Discharge pressure Pa

shows a mean relative error of 1.6% and a maximum error of
4.5%, with a standard deviation of 1.2% (i.e., 95% of the Cd

predicted when using the correlation leads to an error lower
than 3% with respect to the CFD data set).

Finally, the correlation has been validated against the
experimental data provided by Schulz and co-workers [13].

For further details about the presented correlation and
the related validation study, refer to Andreini and DaSoghe
papers [9, 18].

4. Heat Transfer Coefficient Correlation

The method used to calculate the HTC consists in a
procedure that considers two correlations: one to evaluate the
HTC peak value on the jet stagnation point, and the other to
calculate the HTC value far away from the stagnation region.

The HTC peak value is evaluated using of the following
expression:

Nu0 = C6ReC7
d PrC8

(
Sx
d

)C9
(
h

d

)C10

, (2)

in which the Nu0 represents the Nusselt number peak value
(i.e., the Nu at the jet stagnation point). This expression
has been derived from Florschuetz and co-workers [19]. The
ranges of applicability of the correlation are the following:
Red = 2500 to 80000, Sx/d = 5.9 to 31.4, and h/d = 2.9 to
17.8. Far away from the stagnation region, the local Nusselt
number is evaluated as follow:

Nul = Nu0

[
1− C11

(
x

d

)C12
]

exp

[
C13

(
x

d

)C14
]

, (3)

where Nu0 is the Nusselt number evaluated by (2) and x
represents the distance between the considered point and the
stagnation point.

5. 1D Procedure

The in-house code is composed of two different modules.
The first one consists in a performance code: for a given ACC
tube geometry and operating condition (see Tables 1 and 2),
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Table 3: Design code: Geometric parameter.

Manifold diameter “D” m

Manifold thickness “t” m

Holes number “n” —

Holes spacing “Sx” m

Nozzle to wall distance “h” m

Table 4: Validation of the 1D code: Analized geometries.

D d n t/d Sx/d h/d

Geom 1 12 (mm) 1 (mm) 17 2 12 7

Geom 2 12 (mm) 1 (mm) 133 2 1.5 7

the code evaluates the system performance in terms of heat
transfer coefficient distribution and HTC mean value on the
target surface.

By means of an iterative procedure, the code first
evaluates the isentropic mass flow rate through the generic
impingement hole, using the St. Venant equation:

ṁideal = P · A√
R · T ·

√√√√√ 2γ
γ − 1

⎡⎣( 1
βL

)1/γ

−
(

1
βL

)γ+1/γ
⎤⎦. (4)

The actual mass flow rate through a generic hole of the
array is then calculated using the following expression:

ṁactual = ṁideal · Cd, (5)

where the Cd is given in (1). Once the ṁactual is evaluated, the
code calculates the jet heat transfer coefficient distribution.

The second code’s module, consists in a design proce-
dure: starting from some geometrical data and operating
conditions (i.e., overall pressure ratio), the code determines
the nozzles’ diameter in order to obtain a desired level of heat
transfer coefficient. In this case the requested geometrical
parameters are reported in Table 3.

The procedure starts from the last hole of the array (the
hole closest to the manifold endcap) for which the MVR is
∞. In that case the hole Cd is function of both the pressure
ratio and the t/d ratio thus it can be easily estimated. Once
the Cd and the isentropic mass flow rate are calculated, the
code estimates the hole impinging mass flow rate and then
the related mean HTC. If the calculated HTC does not match
the imposed one, the code assumes a new hole diameter and
then recalculates the Cd, the isentropic mass flow rate and the
jet mean HTC. These steps are repeated until the calculated
mean HTC matches the desired value. Once the procedure
is converged for the last hole of the array, the code starts to
analyse the second last hole of the array and so on.

6. Validation of the Code

In order to evaluate the accuracy and reliability of the code,
the predictions of the 1-D procedure are compared with the
experimental and numerical data provided by Facchini et al.
[14] and Andreini and DaSoghe [9]. Two geometries have
been considered (Table 4).
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Figure 4: Pressure distribution for Geom 1.

The comparisons made for two operating conditions
(β = 1.05 and β = 1.15), are provided in terms of
pressure distribution (expressed as the ratio of the the value
in correspondence of the generic hole and value at the end
of the feeding pipe Pj/Pn), mass flow rate split along the
manifold (expressed as the ratio of the generic hole’s mass
flow rate and the mass flow rate at the inlet of the feeding
pipe mj/mtot) and HTC profiles.

Figures 4 and 5 show the pressure distribution and the
mass flow rate split across the manifold for the geometry
labelled “Geom 1”.

The code predictions are compared with the CFD data
provided by Andreini and DaSoghe [9]. As shown by the
figures, the 1-D code well agrees with the CFD for all the
tested operating conditions meaning that a reliable pressure
and hole mass flow rates evaluation is provided.

The HTC profiles calculated by the in-house program for
the central nozzle of the array are compared with the related
experimental data of Facchini et al. [14]. The mentioned
test rig consists in a real engine geometry that counts
several ACC manifolds. The presence of the undercowl
flow is also accounted for during the experiments. The
results compared here consist in the spanwise HTC profiles
(Figure 6). In the experiments, heat transfer coefficients were
determined by means of a steady state technique, measuring
wall temperatures on an heated surface, using TLC (thermo
liquid crystal) paint. Maximum relative error referred to
the heat transfer measurement is under ±12%. For further
details about the experimental procedure and results, please
refer to Facchini et al. [14].

In Figure 7, the HTC profile predicted by the simplified
procedure in case of Geometry 1 is compared with Facchini
et al.’s [14] experimental data.
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Figure 7: Heat transfer coefficient distribution, central hole of the
array, Geom 1 β = 1.15 (experimental data from Facchini et al.
[14]).
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Figure 8: Pressure distribution for Geom 2.

It emerges from the figures that the code is in fairly good
agreement with the experiments in term of HTC profiles.
The agreement becomes better when considering HTC mean
values (that are the key parameter we are looking at). Similar
conclusions can be drawn also for the geometry labelled
“Geom 2” (Figures 8, 9, and 10).

The 1-D code can be assumed as a reliable tool for the
prediction of the HTC related to the multiple jet section of
an ACC cooling tube.

7. Performance Analysis of Different ACC
Cooling Tube Geometries

The developed code has been used to evaluate the perfor-
mance, in terms of the jet’s mean HTC profile, of different
ACC tube geometries.

7.1. Impact of the Ar on the Jet Mean HTC Profile. It emerges
from Figure 9 that the mass flow rate split across an ACC
cooling tube can be largely variable. Andreini and DaSoghe
[9] point out that the mass flow rate split across a given
impingement system (i.e., the local MVR) is only related to
the pipe area ratio Ar defined as the ratio of the manifold
inlet area and the holes cumulative exit area,

Ar = Ac

nholes · Aj
. (6)

Expression 1 demonstrates that, for each operating condition
(i.e., for each β ratio), the discharge coefficient is roughly
constant when the MVR is higher than 5. As the MVR is
a function of the Ar parameter, it is possible to design the
impingement system in order to assure that the mass flow
rate through each hole is roughly the same. Indeed, assuming
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Figure 9: Mass flow split distribution for Geom 2 (percent).

that the manifold inlet mass flow rate is equally distributed
among the impingement holes, it follows that

Ac ·
(
ρ · v)c = nholes · Aj ·

(
ρ · v) j , (7)

MVR = Ac

nholes · Aj
. (8)

The relations above are satisfied when the Cd is constant
across the impingement system that is, when the MVR is
higher than 5 approx. So it can be assumed that the con-
dition:

Ac

nholes · Aj
= Ar > 5, (9)

defines a design rule for manifolds with equally distributed
impinging mass flow rate jets.

Geometries for which the Ar is greater than 5 lead
to a roughly constant impingement jet mass flow rate
distribution, while, in case of geometries characterized by a
low Ar , relevant differences in jet mass flow rates across the
feeding pipe are expected. This last statement justifies the
trends shown in Figures 5 and 9. Geom 1 is characterized
by Ar = 8.4 so the mass flow split across the manifold
is uniform. In case of Geom 2, for which Ar = 1.08, the
impinging jet mass flow rate varies significantly from the first
to the last hole of the array. It is also expected that in case
of a low Ar , the impinging jet HTC could be nonuniform.
Figure 11 shows the jet’s mean HTC distribution obtained
for Geom 2 when β = 1.05. The parameter HTCref represents
the mean heat transfer coefficient evaluated for the last hole
of the array of Geom 2 when β = 1.05. The figure reveals
that the mean HTC varies from the inlet to the outlet of the
manifold by about 25%. This variation might be higher when
considering high by-pass ratio turbofans.
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Figure 10: Heat transfer coefficient distribution, central hole of the
array, Geom 1 β = 1.05 (experimental data from Facchini et al.
[14]).
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Figure 11: Mean heat transfer coefficient distribution for Geom 2
(Ar = 1.08) β = 1.05.

7.2. Impact of the Manifold Cross Section on the Jet Mean HTC
Profile. Figure 12 shows the jet mean HTC distribution along
the manifold for different values of the Ar parameter. The
profiles are obtained assuming the same overall β ratio (β =
1.05), the same nozzle length-to-diameter ratio (t/d = 2),
the same impinging holes diameter d = 1 mm, and the same
nozzles number (i.e., the only parameter that changes is the
manifold diameter “D”).

As discussed above, the mean HTC profiles are flatter as
the Ar increases. More in detail, the HTC profile’s variations
lie below 5% when the Ar is higher than 3. The better
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Figure 12: Mean heat transfer coefficient distribution varying the
Ar parameter, β = 1.05.

performance obtained with the high Ar is due to a more
uniform mass flow rate split along the manifold. As the mass
flow through last hole of the array remains roughly the same,
the total mass flow at the manifold inlet increases when the
Ar is higher. Figure 13 shows the mass flow rate at the inlet of
the feeding pipe for different Ar values. The parameter mref

represents the total mass flow at the manifold inlet evaluated
for Geom 2 when β = 1.05.

When the Ar is equal to 3 (i.e., when the changes in
the HTC values along the manifold are below 5%) the mass
flow rate at the manifold inlet increases, with respect to the
nominal case with Ar = 1.08, by 9%.

The increase of the Ar by means of the manifold diameter
“D” augmentation, has a beneficial effect on the jet’s HTC
profile uniformity. However, it has to be remarked that as
the feeding pipe diameter increases, both the cooling system
size and weight increase. Furthermore, the total coolant mass
flow rate is higher as well. The last evidence may have a
marginal effect in case of cooling air extracted from the fan
flow but represents a penalty if the coolant is bled from the
compressor.

7.3. Impact of the β Ratio on the Jet Mean HTC Profile. In
present section, the effects of the overall β ratio are analysed.
The impact of the β ratio on the jet’s mean HTC profile is
reported in Figure 14. To be consistent with the sensibility
analysis previously conduced, the nozzles’ diameter “d” have
been changed in order to assure, for each case, the same
mean HTC value at the last hole of the array. The manifold
diameter “D” is fixed (D = 12 mm) and the t/d is equal to 2.
Thus, as the β changes, the system Ar consequently varies.
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Figure 13: Total coolant mass flow rate varying the Ar parameter,
β = 1.05.

Figure 14 shows that the increase of the system’s overall
pressure ratio has a beneficial effect on the HTC profile.
This last statement can be motivated by observing that the
β ratio affects both the isentropic mass flow rate and the
impingement holes’ discharge coefficient (i.e., as the β ratio
increases both the Cd and the mideal result augmented). In
order to obtain the same mean HTC value at the last hole of
the array, the nozzles’ diameter is then reduced. Thus the Ar

increases significantly as the design pressure ratio is increased
explaining the trend shown in Figure 14.

The reduction of the impingement holes’ cross section
leads, as the pressure ratio is increased, to an apprecia-
ble reduction of the coolant cumulative mass flow rate
(Figure 15).

When β = 1.2, the HTC profile’s variations lie below 5%
and the total coolant mass flow rate is reduced by 13% with
respect to the case when β = 1.05.

7.4. Impact of the Nozzles’ Diameter Distribution on the
Jet Mean HTC Profile. In the previous sections, for each
considered geometry, the nozzles’ diameter is uniform
moving from the first to the last hole of the array. However
in order to mitigate the changes in the nozzles’ mass flow
rate, the impinging manifold could be designed considering
a non-uniform holes’ diameter distribution. The 1-D code
is then used to design manifold geometries characterized
by nozzles with different diameter. Each hole’s diameter is
determined imposing the same mean HTC value (i.e., the
designed impinging manifold guarantee a uniform HTC
level moving from the first to the last nozzle of the array).
When considering a manifold diameter D = 12 mm, β =
1.05, and t/d = 2, the nozzles’ diameter distribution across
the manifold calculated by the 1-D program is shown in
Figure 16.

The first nozzle’s diameter is increased by 80% with
respect to the last one. For this manifold geometry, the
calculated cumulative coolant mass flow rate is roughly
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Figure 14: Mean heat transfer coefficient distribution varying the β
parameter.
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Figure 15: Total coolant mass flow rate varying the β parameter.

26% higher than those obtained in case of uniform holes’
diameter d = 1 mm.

Figure 17 reports the nozzles’ diameter distribution cal-
culated in case of different manifold diameter D. As expected,
the changes in the impinging holes diameter is reduced as the
feeding pipe cross section is augmented. The last evidence
also results in a reduction of the total coolant mass flow
rate, with respect to the case for which D/Dref = 1 (i.e.,
D = 12 mm), Figure 18.
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Figure 16: Nozzles’ diameter distribution across the manifold β =
1.05, D = 12 mm, and t/d = 2 (dref = 1 mm).
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Figure 17: Nozzles’ diameter distribution across the manifold β =
1.05, t/d = 2 varying the manifold diameter (dref = 1 mm and
Dref = 12 mm).

8. Conclusions

This paper deals with a simplified 1-D code aimed at the
design of the multiple jet section of an ACC cooling tube. The
1-D program is able to evaluate the mass flow rate through
each nozzle of the array and then to calculate the related heat
transfer coefficient (HTC) achieved on the target surface.

The code has been validated by means of both numerical
and experimental data. Once validated, the program has been



International Journal of Rotating Machinery 9

D/Dref

30

25

20

15

10

5

0
1 1.2 1.4 1.6 1.8

β = 1.05

(ṁ
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Figure 18: Total coolant mass flow rate varying the D/Dref

parameter.

used to point out some design practices for such cooling
systems.

It emerges from the study that the mass flow rate split
across an ACC cooling tube can be largely variable. In that
way, the key parameter is the pipe area ratio Ar defined as the
ratio of the manifold inlet area and the holes cumulative exit
area. More in detail, geometries for which the Ar is greater
than 5 lead to a roughly constant impingement jet mass flow
rate distribution while, in case of geometries characterized
by a low Ar , relevant differences in jet mass flow rates across
the feeding pipe are expected. Variations in the mass flow
rate split across an ACC cooling tube result in HTC profile
nonuniformities that should be avoided or reduced for a
correct system design.

The augmentation of the pipe Ar (by means of the
increase of the manifold diameter) has a direct positive effect
on the HTC profile uniformity. However, these solutions
have few drawbacks: the increase of both the weight and size
of the cooling system.

The role of the operating conditions on the manifold
design has been considered. The calculations reveal that
once designed considering high overall pressure ratio, the
impinging system performs rather better. This last evidence
has been motivated when observing that the increase of the
pressure ratio leads to an augmentation of both the nozzles’
discharge coefficient and the related isentropic mass flow
rate. Thus, when imposing always the same mean HTC value
at the last hole of the array, the increase of the β ratio involves
a higher pipe Ar . The coolant total mass flow rate is also
reduced as the overall pressure ratio is augmented.

Finally, manifold geometry with non-uniform nozzles’
diameter have been considered. In order to assure a uni-
form heat load, the impinging holes’ diameter changes
considerably across the manifold and the cumulative coolant
mass flow rate is increased as well. In case of coolant air
extracted from the fan flow, this kind of arrangement could
be considered to limit the ACC system size and weight.

Nomenclature

Ac: Tube internal area(m2)
Aj : Impingement hole area (m2)
Ar : Area ratio Ac/(nholes · Aj) (−)
d: Cooling hole diameter (mm)
dref: Cooling hole reference diameter

(1 mm) (mm)
D: Tube internal diameter (mm)
Dref: Tube internal reference diameter

(12 mm) (mm)
h: Holes exit to target surface distance (m)
k: Surface thermal conductivity (W/mK)
L: Tube length (mm)
ṁ: Mass flow rate (kg/s)
Ma: Mach number (−)
Nu: Nusselt number HTCd/k(−)
P: Pressure (Pa)
Q̇: Heat flux (W/m2)
R: Gas constant (J/kgK)
Re: Reynolds number (−)
S: Pitch (mm)
t: Nozzle length (mm)
T : Temperature (K)
x: Distance between the considered point

and the stagnation point (m).

Acronyms

ACC: Active clearance control
Cd: Discharge coefficient (−)
HTC: Heat transfer coefficient Q̇/(Taw − Tw)(W/m2K)
MV: Mass velocity ρv (kg/sm2)
MVR: Mass velocity ratio (ρv) j /(ρv)c (−).

Greek Letters

β: Global pressure ratio (P@manifold
inlet/P discharge) (−)

βL: Local pressure ratio (−)
μ: Air viscosity (kg/ms)
ρ: Air density (kg/m3).

Subscripts

av: Averaged value
aw: Adiabatic wall
c: Main channel
d: Discharge conditions
exp: Experimental value
max: Maximum value
n: Last hole of the array
is: Isentropic
j: Jet impingement hole
ref: Reference value
s: Static
t: Total
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w: Wall
x: Streamwise direction.
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