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Abstract. Instability phenomena in steam turbines may happen as a consequence of certain characteristics of the steam flow as
well as of the mechanical and geometrical properties of the seals. This phenomenon can be modeled and the raise of the steam
flow and pressure causes the increase of the cross coupled coefficients used to model the seal stiffness. As a consequence, the
eigenvalues and eigenmodes of the mathematical model of the machine change. The real part of the eigenvalue associated with the
first flexural normal mode of the turbine shaft may become positive causing the conditions for unstable vibrations. The original
contribution of the paper is the application of a model-based analysis of the dynamic behavior of a large power unit, affected by
steam-whirl instability phenomena. The model proposed by the authors allows studying successfully the experimental case. The
threshold level of the steam flow that causes instability conditions is analyzed and used to define the stability margin of the power
unit.
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1. Introduction

Steam-whirl instability phenomena in rotatingmachines can cause a very quick growth of the amplitude of the shaft
vibrations that can reach high levels in a very short time. In general, the occurrence of subsynchronousvibrations is a
typical symptom of this malfunction. Contrary to oil-whirl subsynchronous vibrations due to fluid-film destabilizing
forces in journal bearings [1–3], the frequency of the subsynchronous vibrations caused by steam-whirl phenomena
can be rather different from half of the shaft rotating frequency. Sometimes the frequency of these subsynchronous
vibrations is rather close to the damped natural frequency associated with the first flexural normal mode of the
turbine shaft evaluated at the operating speed [4]. With regard to this, it is important to consider that steam-whirl
instability onsets generally occur in on-load operating conditions characterized by high values of steam pressure
and flow [5–7]. Moreover, the machine running speed can be significantly higher than the first flexural critical
speed of the steam turbine shafts that are included in the machine-train. Therefore, the synchronization between
the frequency of the subsynchronous destabilizing forces generated by the seals and the frequency associated with
a flexural critical speed, commonly the first one, is not unusual. In this case, the large energy flow introduced into
the rotor system by the destabilizing forces can cause very high levels of subsynchronous vibrations of the shaft.
Depending on the sign of the modal damping factor associated with the first flexural critical speed, vibrations with
expanding amplitude may happen. In this case, even if this term is not used in literature, the phenomenon should be
more precisely defined as steam-whip instability.

In general, the dynamic stiffness of the seals are modeled by means of linearized coefficients that are significantly
influenced by the seal geometrical characteristics [5]. Further parameters that provide important contributions to
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the value of the seal stiffness coefficients in steam turbines are the steam pressure and flow. The main destabilizing
effects are the unsymmetrical circumferential pressure distribution and the unbalanced torque forces due to the
varying radial clearance of the seals [8,9]. Therefore, the actual available radial clearance, which depend on the
eccentricity ratio of the shaft, plays a basic role in the magnitude and frequency of the destabilizing forces generated
by the seals [10–13].

In general, the main dynamic effects of the seals in steam turbines can be modeled by means of cross-coupled
coefficients that have the same magnitude and opposite sign [5,13,14]. The raise of the steam pressure and flow,
which is basically related to the raise of the megawatt load, often causes a considerable increasing of the cross-
coupled stiffness coefficients of the seals [15–17]. Therefore, at high power levels, the considerable increase of the
seal stiffness coefficients can cause important changes in some modal damping factors associated with the flexural
critical speeds of the machine-train as well as in the shape of the respective normal modes of the shafts. Depending
on the sign of the modal damping factors, the condition for the generation of unstable vibrations can occur.

This phenomenon can be investigated by means of the analysis of the eigenvalues of the rotating machine model
performed at the operating speed [18,19]. Different case studies must be carried out considering the seal stiffness
coefficients associated with different values of the steam flow. The results of this analysis allow the changes of
the flexural critical speeds and the respective modal damping factors, due to the seal stiffening, to be investigated.
Sometimes the progressive growth of the seal stiffness coefficients causes the values of two or more flexural critical
speeds of the shaft-train to converge.

The paper proposes the analysis of the progressive changes of the real and imaginary parts of the system eigenvalues
as well as the analysis of the changes in the shape of the eigenmodes of the shaft-train. This provides very interesting
information that can be used to optimize the machine design and to adjust some process parameters of the plant that
can allow the rotating machine to be temporarily operated in safety condition by reducing the seal stiffness magnitude
or by causing suitable changes of the dynamic stiffness of the oil-film journal bearings. The same analysis proposed
here allows the threshold level of steam flow, or load, that causes steam-whirl instability phenomena to be evaluated.
On the basis of these results, the stability margin of the power unit can be easily determined as the amount of extra
steam flow, in comparison to the nominal rating, needed to cause unstable vibrations.

A more accurate evaluation of the stability margin can be obtained by applying perturbation techniques in actual
operating conditions of the rotating machine [20,21]. Since this strategy is based on experimental tests, it takes into
account the actual non-linear effects in the machine response whose importance may become considerable when
high vibration levels due to instability phenomena occur.

This paper shows also the results of the model-based analysis of the dynamic behavior of a large power unit affected
by steam-whirl instability phenomena. The changes of the real and imaginary parts of the system eigenvalues, along
with the changes in the shape of the respective eigenmodes of the shaft-train caused by the increase of the seal
stiffness, have been studied by means of a parametric analysis. This allowed the dependence of the seal stiffness
on the steam flow and the effects of shaft-to-seal misalignments on the machine vibrations to be investigated. The
stability margin of the power unit has been evaluated for both aligned and misaligned seals of the high pressure (HP)
steam turbine. The results of these studies have been compared with experimental findings.

Moreover, the effects of suitable changes of the flexural stiffness of the HP turbine shaft on the stability margin
of the unit have been investigated, in order to prevent the occurrence of steam-whirl instability phenomena even in
the case of partial misalignments of the seals as well as in the case of an underestimation of the actual values of the
cross-coupled stiffness coefficients.

2. Definition of the instability factor and of the analysis criteria

The fully assembled rotating machine considered here is composed of a shaft-train, journal bearings and a
foundation structure. The dynamic behavior of the system can be studied using model-based techniques [22]. A
finite element model (FEM) is often used to describe the mechanical properties of the shaft-train, while the dynamic
effects caused by seals, fluid-film journal bearings and rolling bearings can be modeled by means of dynamic stiffness
coefficients that may depend on the shaft rotating speed. In the end, machine casings, supports and foundation
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structure can be modeled by means of well known different techniques [22–25] here not described in detail for the
sake of brevity.

The free motion equation of a rotating machine can be expressed as:

[M ]ẍ + ([C] + [G])ẋ + [K]x = 0 (1)

where x is the vector that contains the translational and angular displacements associatedwith the degrees of freedoms
(d.o.f.s) of shafts and foundation.

The mass, stiffness and damping matrices [M ], [K] and [C] describe the dynamic effects of the whole rotating
machine while the matrix [G ] takes into account the gyroscopic effects of the shaft-train.

The dynamic effects caused in steam turbines by the stiffness of the seals can be modeled by means of a pair
of cross-coupled coefficients, having the same magnitude and opposite sign, that are assembled in the off-diagonal
locations of the stiffness matrix [ Ks]j associated with the j-th seal. In a fixed frame coordinate system xy this
matrix can be written as:

[Ks]j =
[

0 kxy

kyx 0

]
(2)

where kxy = − kyx [5,13,14]. These stiffness coefficients, which are assembled in suitable locations of the global
stiffness matrix [K], depend on various factors like the seal geometry, the steam pressure and flow [19]. Moreover,
pre-swirling and injection can significantly affect the seal stiffness coefficients.

In power units, whose machine-train contains steam turbines, the raise of megawatt load and steam flow can
causes a significant hardening of the cross-coupled stiffness coefficients of the seals defined by Eq. (2). They can
be responsible for self-excited rotor instability phenomena characterized by a subsynchronous shaft whirl that is
generally associated with the first flexural normal mode of the rotor. The analysis of the eigenvalues of the rotating
machine model can be used to point out the conditions that must be satisfied for the occurrence of unstable vibrations.
The k-th complex eigenvalue of the model can be written as:

λk = −σk + i2πfdk (3)

where fdk is the k-th damped natural frequency of the system while σk is the respective modal damping factor. In
order to cause energy dissipation the factor σk must be positive. The respective undamped natural frequency is given
by:

fnk =
1
2π

√
(2πfdk)2 + σ2

k (4)

The k-th dimensionless damping factor, hk, can be expressed in the following form:

hk = σk/(2πfdk) (5)

In order to have oscillating motions the dimensionless damping factor must be positive and lower than unity. Under
the assumption that the rotor system vibrates in the free motion with an harmonic law having a frequency equal to
the k-th damped natural frequency fdk, the time history of the displacements evaluated at the j-th d.o.f. xj can be
written as:

xj(t) = Xje
−σkt cos(2πfdkt + ϕj) (6)

Let us denote Tk the time period associated with the frequency fdk. The corresponding instability factor Vk can
be expressed by the ratio between the vibration amplitudes evaluated at the two instants t1 and t2 that satisfy the
following relationship: t2 = t1 + Tk. Then, the logarithm of the instability factor is given by:

ln (Vk) = − 2 π hk

/√
1 − h2

k (7)

When the instability factor Vk exceeds unity, the rotating machine can be affected by instability phenomena. In
general, the destabilizing forces due to the oil-film forces in journal bearings cause subsynchronous vibrations of the
shaft whose frequency is very close to half the rotating frequency (0.5X) [1–3]. In contrast, the whirling phenomena
due to the effects of seals mainly cause subsynchronous vibrations whose harmonic order depends on the geometrical



596 P. Pennacchi and A. Vania / Analysis of the instability phenomena caused by steam in high-pressure turbines

properties of the seals as well as on some basic characteristics of the fluid flow. The fluid average circumferential
velocity ratio plays a basic role in determining the order of the subsynchronous vibrations [10]. When the frequency
of these vibrations is close to the first flexural critical speed of the turbine shaft, the risk of the occurrence of serious
steam-whip instability phenomena becomes more critical. Owing to the characteristics of the instability phenomena,
the amplitude of the subsynchronous vibrations can grow very quickly causing severe and catastrophic damages
if an automatic machine trip is not timely activated by a suitable protection system. When the machine operating
conditions cause the instability factor to approach its respective threshold level, the non-linear effects in the dynamic
behavior of the system may become considerable. Therefore, a non-linear model of the machine-train should be
used to perform a more accurate analysis of steam-whip instability phenomena [26].

Let us denote k∗
xy i the stiffness coefficient of the i-th seal evaluated considering the rated load. Accurate estimates

of the seal stiffness coefficients associated with specific operating conditions can be obtained by means of suitable
simulation models or CFD calculations [17], however, within a preliminary study of the dynamic behavior of a
steam-turbine power unit, approximated estimates of these parameters can be obtained by multiplying the nominal
value of the seal stiffness coefficients k∗

xy i by the dimensionless megawatt load L∗
j defined as the ratio between

the load Lj and the rated load Lr of the unit. That is, within a preliminary approximated study, the seal stiffness
coefficients can be considered proportional to the megawatt load. Therefore, the seal stiffness coefficients kxy i( Lj)
associated with the load Lj are given by:

kxy i(Lj) =
Lj

Lr
k∗

xyi (8)

Although this method is not based on a rigorous scientific approach, it is commonly used by steam turbine man-
ufacturers, within investigations on the machine stability margin, to obtain a rough estimate of the seal stiffness
coefficients corresponding to different values of the load. In this regard it is important to consider that the study of
the machine stability requires to perform a parametric analysis in order to investigate the sensitivity of the steam
turbine stability margin to the seal stiffness hardening caused by the load rises. Within this study, satisfactory results
can be obtained also considering rough estimates of the seal coefficients not necessarily evaluated by means of a
very accurate analysis. In fact, it is important to emphasize that a rigorous evaluation of the seal stiffness coefficients
would require to take into account also many parameters whose actual values are affected by a fairly high degree of
uncertainty, like hot machine alignment, seal clearances, local steam temperature and machine thermal expansions.

Moreover, also the changes of the instantaneous position of the shaft inside the seal, caused by the machine
vibrations, can generate significant fluctuations of the actual values of the seal coefficients in the neighborhood of
the respective average value. In the case of not negligible levels of the machine vibrations, like those that can occur
in the mid-span of the HP-IP turbine, a non-linear model should be used to study the machine stability.

In the end, in the power units like that considered in this investigation, the number of seals mounted on the HP-IP
steam turbine is so large that only a 3D Finite Element Model of the shaft having huge number of degrees of freedom
would represent in detail the dynamic effects caused by the seals. Therefore, in common rotating machine models,
like that used in the present study, only equivalent stiffness coefficients that simulate the effects of suitable groups
of seals are considered. Nevertheless the practice shows that within a parametric analysis satisfactory results can be
obtained also by means of these simplified models. Undoubtedly the evaluation of the mechanical characteristics of
a single seal would require to apply a more rigorous approach.

In this regard it is important to emphasize that the object of this paper is not to investigate the capabilities of
accurate techniques for the evaluation of seal stiffness coefficients, but to check the reliability of the results obtained
by applying a standard procedure for the analysis of the stability margin of shaft-trains to the risk of the occurrence
of steam-whip phenomena. Within this kind of study, based on a parametric analysis, the accuracy with which the
seal stiffness coefficients included in the machine model have been defined is adequate in relation to the needs of the
investigation. The satisfactory accordance between experimental evidences and numerical results obtained in this
case study confirms this assumption.

The threshold level of the load, and then of the flow, that causes the instability factor Vk to reach and exceed the
unit value can be used to define the stability margin of the power unit. Since megawatt load and steam flow are
highly correlated each other, and both significantly affect the seal stiffness coefficients, the load is often used in spite
of the steam flow to define the stability margin.



P. Pennacchi and A. Vania / Analysis of the instability phenomena caused by steam in high-pressure turbines 597

#2#1 #4#3 #6#5

HP-IP LP GENERATOR

Fig. 1. Machine-train diagram and support numbers.
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HP-IP turbine weight: 223 kN LP turbine weight: 461 kN

Fig. 2. Main geometrical characteristics of the HP-IP and LP turbines.

In general the instability threshold of a steam turbine is associated with a critical megawatt load, Lc , that is
significantly higher than the rated load, Lr. Therefore, the stability margin, SM, can be defined as:

SM = (Lc − Lr)/Lr (9)

Abnormal values of the seal stiffness coefficients, e.g. caused by a misalignment between seals and turbine shaft,
can be simulated by means of the Eq. (8) in which fictitious dimensionless loads higher than unity are considered.
In order to study the effects of an undesired seal stiffening on the stability margin of the rotor system, the changes of
the eigenvalues of the machine model evaluated at the operating speed considering load values higher than the rated
load can be investigated. This strategy allows the threshold level of load that causes the instability factor to exceed
the unit value to be identified. Turbine generator sets are operated in safety conditions when this threshold level is
sufficiently high.

3. Analysis of a case history

The subsynchronous vibrations occurred in a 240 MW power unit, caused by steam-whip phenomena, have been
analyzed. The machine-train was composed of a single-flow high pressure turbine (HP), a single-flow intermediate
pressure turbine (IP), a double-flow low pressure turbine (LP) and a generator. The shafts of the machine-train were
interconnected by means of common rigid couplings. The operating speed of this unit was 3000 rpm. This steam
turbine unit was installed with two gas-turbine units of 320 MW in the same combined-cycle power plant.

The shaft-train of the steam-turbine unit was mounted on six oil-film journal bearings. Figure 1 shows the
machine-train diagram and the support numbers while in Fig. 2 the main geometrical characteristics of the HP-IP
and LP turbines are illustrated.

The LP turbine and the generator were mounted on elliptical journal bearings while the shaft of the HP-IP turbine
was mounted on two tilting-pad journal bearings having six shoes. This type of bearing was chosen just to prevent
the risk of unstable vibrations.

The main geometrical characteristics of the journal bearings from #1 to #4, mounted on the two steam turbines, are
reported in Tables 1 and 2. The stiffness and damping coefficients of the above mentioned oil-film journal bearings,
evaluated at the operating speed of 3000 rpm, are shown in Tables 3 and 4.

Each support was equipped with a vertical seismic transducer and a pair of XY proximity probes whose orientation
is shown in Fig. 3.
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Table 1
Geometrical characteristics of tilting-pad journal bearings #1 and #2

Bearing Diameter Length of Pad bore Preload Pad angular Pad pivot Oil viscosity Bearing
pad clearance ratio factor amplitude offset ratio grade load

[mm] [mm] Cp/D [degree] ISO VG [kN]

#1 356 178 0.0014 0.25 55◦ 0.6 32 90.9
#2 381 255 0.0014 0.25 55◦ 0.6 32 132.1

Table 2
Geometrical characteristics of elliptical journal bearings #3 and #4

Bearing Diameter Length of Bore clearance Preload Lobe angular Oil viscosity Bearing
pad ratio factor amplitude grade load

[mm] [mm] Cp/D [degree] ISO VG [kN]

#3 406 284 0.0026 0.5 170◦ 32 230.5
#4 483 290 0.0026 0.5 170◦ 32 230.5

Table 3
Oil-film stiffness coefficients of bearings from #1 to #4, evaluated at 3000 rpm

Stiffness coefficients
kvv kvh khv khh

Bearing N. [N/m] [N/m] [N/m] [N/m]
#1 1.1977 × 109 0.0000 0.0000 8.4849 × 108

#2 1.3169 × 109 0.0000 0.0000 1.0341 × 109

#3 4.6190 × 109 - 2.3568 × 109 - 3.6420 × 108 8.9108 × 108

#4 2.8669 × 109 - 1.6273 × 109 - 1.6469 × 108 6.1053 × 108

Table 4
Oil-film damping coefficients of bearings from #1 to #4, evaluated at 3000 rpm

Damping coefficients
cvv cvh chv chh

Bearing N. [N·s/m] [N·s/m] [N·s/m] [N·s/m]
#1 3.8965 × 106 0.0000 0.0000 3.0887 × 106

#2 5.5897 × 106 0.0000 0.0000 5.0592 × 106

#3 1.3020 × 107 −3.0562 × 106 −3.0562 × 106 1.7227 × 106

#4 9.2477 × 106 −2.1640 × 106 −2.1640 × 106 1.2586 × 106

X Y
45 R45 L

CCW
rotation

Fig. 3. Orientation of the proximity probes.

Figures 4 and 5 show the Bode plot of the 1X transient vibrations of the HP-IP turbine shaft measured at bearings
#1 and #2 during a reference machine runup. In Fig. 6 the amplitude of the 1X transient vibrations of the LP turbine
shaft measured at bearings #3 and #4 during the same runup is plotted against the machine rotational speed. Both
amplitude and phase curves of the 1X vibrations illustrated in Figs 4 and 5 show that owing to the partial anisotropy
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Fig. 4. Bode plot of the 1X transient vibrations measured at bearing #1 during a reference runup.
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Fig. 5. Bode plot of the 1X transient vibrations measured at bearing #2 during a reference runup.

of the oil-film journal bearings #1 and #2 this first resonance was split into two fairly spaced flexural critical speeds
close to 1450 rpm (24 Hz). The low vibration levels occurred when approaching the operating speed, as well as
when passing through the first balance resonance, indicate that the residual unbalance of the HP-IP turbine was
rather small. Anyhow, in the rotational speed range, close to the first flexural critical speed, the amplification of the
vibration levels was evident. Conversely, within the same speed range, the amplitude of the 1X vibrations of the
LP turbine did not show significant changes. That is the dynamic behavior of the LP turbine showed to be scarcely
influenced by the vibrations of the HP-IP turbine. Likely, although the shafts of the two turbines were connected by
means of a common rigid coupling, the small flexural stiffness of the slim portion of the shaft-train between bearings
#2 and #3, whose average diameter was not very large, significantly uncoupled the lateral vibrations of the two
turbines. These characteristics of the experimental dynamic behavior of the unit were confirmed also by the results
provided by a mathematical model developed by the authors to simulate and investigate the machine vibrations.
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Fig. 7. Historic trend of the overall amplitude of the vibrations measured on the support #2 (direction Y) at the end of a load rise at the operating
speed of 3000 rpm.

In general, the vibrations of the HP-IP turbinemeasured in operating conditions were rather low. However,multiple
events within which the level of these vibrations quickly raised and exceeded the machine trip limit (180 μm pp)
were detected. These abnormal phenomena always occurred during the first megawatt load rise carried out after a
machine runup performed with an initial cold thermal state of the unit. Therefore, it was supposed that the machine
thermal transient could play a significant role in the occurrence of these abnormal vibrations.

Figure 7 shows the historic trend of the overall amplitude of the vibrations measured at the bearings #1 and #2,
in the Y direction, at the end of the first load rise carried out after the machine reference runup: it is possible to
note that the level of the HP-IP vibrations increased very quickly from about 25 μm pp (peak-to-peak) to more than
100 μm pp and reached 176 μm pp at the most critical measurement point.

A timely small decrease of the megawatt load performedby the control roompersonnel caused a quick considerable
decrease of the vibration level that shortly approached the original low values that preceded this abnormal event.
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Table 5
Maximum levels of the overall amplitude of the HP-IP
and LP turbine vibrations occurred at the end of the load
rise carried out during the observation interval

Direction
X Y

Bearing N. [µm pp] [µm pp]
#1 112.0 111.0
#2 109.1 176.0
#3 36.8 27.9
#4 20.5 58.1
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Fig. 8. Historic trend of the 1X vibrations measured on the support #2 (direction Y) at the end of a load rise.

Table 5 shows the values of the maximum peak of the overall amplitude of the HP-IP and LP turbine vibrations
occurred at the end of the load rise carried out during the observation interval considered in Fig. 7. It is possible to
note that this event of abnormal vibrations mainly affected the dynamic behavior of the HP-IP turbine.

Figure 8 shows the historic trend of both amplitude and phase of the synchronous vibrations (1X) measured at
the bearings #1 and #2, in the Y direction, during the same observation interval of the monitoring data illustrated in
Fig. 7.

The very low level of the 1X vibrations confirms that the residual unbalance of the HP-IP turbine was rather small,
while the sharp and considerable peak of the overall amplitude of the shaft vibrations occurred when approaching
the rated load (Fig. 7) caused only negligible effects on the 1X vibration.

In order to obtain more significant diagnostic information, the harmonic content of the HP-IP turbine vibrations
measured during the occurrence of the abnormal dynamic behavior documented in Fig. 7 was evaluated. The
frequency spectrum illustrated in Fig. 9 shows that the main contribution to the high peak of the overall amplitude of
the vibrations measured on bearing #2 was caused by the presence of a sub-harmonic component whose frequency
was close to 23.25 Hz (1395 rpm). Therefore, the harmonic order of this vibration was 0.465X.

Although this order was rather close to 0.5X the supposition that this abnormal behaviorwas caused by an oil-whirl
instability onset was discarded since the turbine shaft was mounted on tilting-pad journal bearings that, in general,
are scarcely influenced by unstable phenomena except occasional events of pad-fluttering [27,28].

Moreover, the noticeable sensitivity of the shaft vibrations to themegawatt load,observed during severalmonitoring
periods, could be considered a clear symptom of the influence of the steam flow characteristics on the dynamic
behavior of the HP-IP turbine.
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Fig. 9. Frequency spectrum of the vibrations measured on the support #2 (direction Y) during the occurrence of abnormal vibration levels.

Fig. 10. Waterfall plot of the vibrations measured on the support #2 (direction Y) during the occurrence of abnormal vibration levels.

The waterfall plot in Fig. 10 shows the sequence of spectra of the vibrations measured on bearing #2 just before
and after this event of abnormal subsynchronous vibrations. Owing to nonlinear effects, also a vibration harmonic
component at 46.5 Hz is present.

In order to perform a more accurate investigation on the causes of the abnormal vibrations that occasionally
affected the machine dynamic behavior in operating conditions, the average position of the journal inside bearings #1
and #2 was analyzed. Figure 11 shows the experimental centerline curves of the journal inside the above mentioned
bearings of the HP-IP turbine measured during the reference runup. In the same figure the average journal position
detected when approaching the rated power at the end of the first load rise is shown.

Accordingly to the oil-film journal bearing characteristics, the horizontal component of the centerline curves was
negligible while the maximum vertical displacement of the journal, evaluated with respect to the central lower shoe,
were consistent in comparison to the respective radial clearance and pre-load factor. During the first load rise and
the consequent machine heating, the average position of the two journals showed some changes mainly caused by
additional upward vertical displacements.

It is well known that pad-fluttering phenomena may occur when single shoes of tilting-pad journal bearings
are lightly loaded. Owing to this, in horizontal shafts, the upper pads are more likely exposed to the risk that
pad-fluttering phenomena occur. Therefore, taking into account that in the present case study the pre-load factor of
the pads was not null, the average position of the journals inside the bearings of the HP-IP turbine measured when
approaching the rated load seemed to be able to ensure a proper load on each pad.
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operating condition during a load rise.

Figure 12 shows the historic trend of the horizontal and vertical components of the average position of the journals
inside bearings #1 and #2 measured in operating condition during the same observation interval considered to
investigate the machine vibrations illustrated in Figs 7 and 8. It is possible to note that, in occasion of the occurrence
of the abnormal dynamic behavior of the unit, the timely partial decrease of the megawatt load that caused the
immediate significant decrease of the vibration levels caused only negligible changes of the average position of the
journals inside the two bearings of the HP-IP turbine. However, the overall amplitude of the shaft vibrations quickly
decreased and the unstable sub-synchronousharmonic component disappeared. These experimentalfindings indicate
that the occurrence of the unstable vibrations that occasionally affected the dynamic behavior of the HP-IP turbine did
not depend on the average position of the journals inside bearings #1 and #2. Therefore, the sudden and considerable
changes of the level and harmonic content of the turbine vibrations were not caused by significant changes of bearing
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Fig. 13. Journal orbits measured on bearing #1 during an event of abnormal vibrations of the HP-IP turbine.

Fig. 14. Journal orbits measured on bearing #2 during an event of abnormal vibrations of the HP-IP turbine.

loads, oil-film geometry and dynamic stiffness coefficients as commonly occurs during pad-fluttering phenomena.
Figures 13 and 14 show the journal orbits measured on bearings #1 and #2 during the occurrence of high levels of

the subsynchronous vibrations. Although nearly two orbits are shown in each of these figures, four reference marks
are detectable on each orbit curve: this means that four complete rotations of the shaft were necessary to allow
the journal to draw nearly two orbits. This is in accordance with the presence of a sub-harmonic component that
gave a predominant contribution to the overall amplitude of the turbine vibration. Figure 15 shows the short time
history waveform of the vibration signals measured by the XY proximity probes that generated the orbits illustrated
in Fig. 14: the effects of the unstable vibrations at nearly 23.2 Hz are evident.

Multiple events of high subsynchronous vibrations of the HP-IP turbine occurred at the end of the first load
rise carried out after machine start-ups. In accordance with the significant repeatability of the symptoms of this
malfunction, the order of the subsynchronous vibration was very close to 0.465X. On the basis of these findings it
was suspected that the abnormal dynamic behavior of the HP-IP turbine was caused by the occurrence of steam-whip
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Fig. 15. Vibration signals measured on the support #2 (XY probes) during an event of abnormal subsynchronous vibration levels of the HP-IP
turbine.

Fig. 16. Finite Element Model of the shaft-train composed of the HP-IP and the LP steam turbines.

instability onsets. In fact, the frequency that corresponded to the subsynchronous vibration was very close to the
first flexural critical speed of the HP-IP turbine. This is one of the basic conditions for the occurrence of steam-whip
instability phenomena.

With regard to the waterfall plot illustrated in Fig. 10, it is possible to note that low subsynchronous vibrations
were already present in the frequency spectrum also before the occurrence of the quick increase of their amplitude
caused by the progressive raise of the megawatt load. These findings confirm that destabilizing forces generated in
some seals of the HP turbine caused the conditions for an incipient steam-whirl instability onset. When the load
approached the rated value, the machine dynamic behavior became unstable. Owing to the considerable non-linear
effects involved by this phenomenon the high subsynchronous vibrations at 23.25 Hz also caused a further harmonic
component at 46.5 Hz (see Figs 9 and 10).

4. Model-based investigation

The dynamic behavior of the unit was investigated by means of a simulation model. This allowed studying the
sensitivity of the machine vibrations to hardeningphenomena that during load rises can affect the stiffness coefficients
of the seals mounted on the steam turbines as well as to evaluate the stability margin of the unit. Figure 16 shows the
FEM of a portion of the shaft-train composed of the HP-IP and the LP steam turbines. In the machine model also
linearized stiffness and damping coefficients of the oil-film journal bearings, which depended on the shaft rotating
speed, were considered. In contrast, in this preliminary analysis the stiffness coefficients of the seals of the turbines
were discarded since their effects during coastdowns and runups is null or negligible.

In Table 6 the first six flexural critical speeds and the corresponding instability factors provided by an eigenvalue
analysis are shown. Themachinemodel was characterized by two critical speeds included in the range from1400 rpm
to 1500 rpm. The corresponding instability factors were sufficiently far from the critical unit value.
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Table 6
Flexural critical speeds and instability factors associated with the first
six eigenvalues of the model of the power unit

Critical speed Dimensionless damping factor Instability factor
[rpm]

1165.8 0.07952 0.60579
1437.1 0.07520 0.62261
1497.3 0.03308 0.81225
2172.3 0.04996 0.73029
2327.8 0.23633 0.21693
3876.2 0.42146 0.05393
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Fig. 17. Normal modes associated with the 2nd and 3rd eigenvalues of the model that correspond to the 1st balance resonance of the HP-IP steam
turbine.
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Fig. 18. Finite Element Model of the HP-IP turbine and location of the main groups of seals.

Figure 17 shows the two normal modes of the shaft-train associated with the second and third eigenvalues of the
machine model. Both eigenvalues are correlated with the first bending mode of the HP-IP turbine, that is with the
first flexural critical speed of this turbine shaft. This result is in good accordance with the experimental evidences
pointed out by the 1X transient vibrations illustrated in Fig. 5. Moreover, it is well known that when steam-whip
phenomena occur they often excite the first “U” bending normal mode of the shaft that, in consequence, is affected
by unstable subsynchronous vibrations.

In a further model of the unit, the stiffness coefficients of the seals of the steam turbines were taken into account.
Figure 18 shows the portion of the FEM of the shaft-train in which the HP-IP turbine is described. In this figure the
location of the main seals mounted along this shaft is shown.
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Fig. 19. First flexural critical speed of the HP-IP turbine plotted vs. the dimensionless load.

Fig. 20. Instability Factor associated with the eigenvalue n.3 plotted vs. the dimensionless load.

A sensitivity analysis was performed by evaluating the model eigenvalues and the respective instability factors
considering the seal stiffness coefficients associated with increasing values of the megawatt load. The nominal
values of the stiffness coefficients of the seals provided by the turbine manufacturer, evaluated at the rated load, were
taken into account. Since the number of seals mounted along the HP-IP turbine was rather large, equivalent stiffness
coefficients were determined in order to model groups of seals.

In accordance with the diagnostic strategy above described, the cross-coupled stiffness coefficients associated
with a generic value L j of the load were estimated by means of the Eq. (8). Within each analysis, these stiffness
coefficients were included in the machine model, evaluated for different loads.

Then, the system eigenvalues were evaluated considering the operating speed of the shaft-train. The stability
margin of the unit was determined by considering also load values higher than the rated load of the unit (240 MW).

The effects of the seal stiffening, caused by the load increase, on the eigenvalue n.3 (see Table 6), associated with
the first bending mode of the HP-IP turbine were analyzed in detail. In Fig. 19 the flexural critical speed associated
with the eigenvalue n.3 is plotted vs. the dimensionless value of the megawatt load, that is the ratio between the load
L j and the rated load Lr. The seal stiffening caused a partial decrease of the value of the first critical speed of the
HP-IP turbine.

In Fig. 20 the instability factor associated with the eigenvalue n.3 is plotted vs. the dimensionless value of the
megawatt load. It is possible to note that the seal stiffening caused a progressive increase of the instability factor that
reached the critical unit value for a dimensionless load equal to 1.64 (394 MW). This is a mathematical condition
for the occurrence of unstable vibrations of the shaft-train. That is destabilizing forces generated at the operating
speed within some groups of seals mounted on the HP turbine can excite the first flexural critical speed of the shaft.

If the real part of the corresponding eigenvalue becomes positive, these subsynchronous vibrations are unstable
and their amplitude can increase very quickly.

Table 7 shows the first six flexural critical speeds and the corresponding instability factors provided by the
eigenvalue analysis performed considering a dimensionless megawatt load equal to 1.65.

Figure 21 shows the 1X filtered orbits of the journals measured at bearings #1 and #2, in normal on-load operating
conditions, only few minutes before the occurrence of the instability onset documented in the waterfall plot illustrated
in Fig. 10. The reference marks of the two 1X filtered orbits shown in Fig. 21 are out-of-phase.
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Table 7
Flexural critical speeds and instability factors associated with the first
six eigenvalues of the model of the power unit evaluated considering
a dimensionless megawatt load equal to 1.65

Critical speed Dimensionless damping factor Instability factor
[rpm]

1218.6 0.02404 0.85977
1334.4 0.09051 0.56493
1380.9 −0.00091 1.00571
1952.2 0.05627 0.70181
2462.7 0.09912 0.53480
3693.5 0.14625 0.39498

Fig. 21. 1X filtered journal orbits measured at bearings #1 and #2 few minutes before an instability onset.

However, when the steam-whip instability onsets occurred, they significantly excited the first flexural normal
mode of the HP-IP turbine associated with a natural frequency close to 23 Hz. Figures 13 and 14 show the unfiltered
journal orbits measured at bearings #1 and #2 in occasion of the instability onset documented in Figure 10. Since the
subsynchronous harmonic component at the frequency equal to 23.2 Hz, very close to the first balance resonance,
gave the main contribution to the overall amplitude of the shaft vibration the reference marks, plotted on these journal
orbits, associated with the same initial instant were nearly in-phase. Therefore, although the machine rotating speed
was 3000 rpm, the dynamic behaviour of the HP-IP turbine was in accordance with the shape of the shaft normal
mode associated with the theoretical first balance resonance (1437 rpm) that was excited by the destabilising forces
generated in the seals.

These findings about the journal orbits, which could seem obvious, are an important confirmation of the physical
phenomena that are caused on real machines by the occurrence of steam-whip instability onsets.

A protection system that causes a sudden machine trip as well as a timely decrease of the megawatt load, and then
of the stiffness coefficients of the seals, can avoid the occurrence of catastrophic failures.

In Fig. 20 the instability factor curve evaluated by the authors is compared to the respective curve that the turbine
manufacturer provided only in the range below a dimensionless load equal to 1.14. However, on the basis of the
available data it was possible to extrapolate a reliable estimate of the instability factor associated with the critical
dimensionless load of 1.64 identified by the authors. The result of this investigation is a prediction of the instability
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Table 8
Flexural critical speeds and instability factors associated with the first
six eigenvalues of the model of the power unit after flexural stiffness
changes of the HP-IP turbine

Critical speed Dimensionless damping factor Instability factor
[rpm]

1142.2 0.10110 0.52809
1463.8 0.10216 0.52452
1557.8 0.03134 0.82119
2101.0 0.05595 0.70321
2450.8 0.14093 0.40885
3751.3 0.15405 0.37546

HP  turbine IP  turbine

L

Fig. 22. Sketch of stiffness change on HP turbine.

factor that the model of the turbine manufacturer would have given if the analysis was performed over a larger load
range. This extrapolated value of the instability factor is very close to unity. Therefore, the results of the sensitivity
analysis performed by the authors are in good accordance with those obtained by the turbine manufacturer.

The stability margin obtained by means of both investigations is close to 0.64: larger safety margins, e.g. higher
than 1.5, and would have been necessary to reduce the risk of steam-whip instability onsets, machine outages and
serious damage.

In the present case study it is possible to suppose that the significant thermal transient that affected the unit during
the first load rise carried out at the end of a machine start-up caused a temporary critical alignment condition of
the shaft-train with respect to the turbine casing. Likely, owing to this the clearance of some groups of seals of the
HP turbine could reach abnormal values causing an excessive unexpected hardening of the cross-coupled stiffness
coefficients of the seals. Therefore, in this abnormal operating condition, even at megawatt loads close to the rated
load (240 MW), it could be possible to generate the critical situation that with an ideal rotor-to-seal alignment would
occur with a virtual load close to 400 MW as indicated by the model predictions.

With regard to the capability of the seal stiffening to generate a system eigenvalue characterized by a positive real
part, which can cause unstable vibrations, excessively low values of the flexural stiffness of the turbine shaft can
cause detrimental effects. Often the rotor of the HP turbines are rather slim. Therefore, the increase of the flexural
stiffness, caused by even a small increase of the average diameter of the shaft, can be sufficient to significantly
reduce the sensitivity of the turbine dynamic behavior to steam-whip instability phenomena. In accordance with this
assumption the experimental value of the first balance resonance of the HP-IP turbine analyzed in the present case
study was rather low (nearly 1480 rpm).

A further investigationwas performed to study the sensitivity of the risk of the occurrence of steam-whip instability
phenomena to changes of the flexural stiffness of the HP-IP turbine. Obviously fluid-dynamic restrictions limit the
extent of the increase in the average diameter of the shaft. Therefore, in the present case study the diameter of the
main body of the HP turbine, where fourteen bladed disks and a large number of seals are mounted, was increased
of only 15 per cent (Fig. 22).

This modified HP turbine shaft was considered into a new simulation model. The first six flexural critical speeds of
the modified shaft-train are reported in Table 8: these results can be compared to those shown in Table 6. Obviously,
the partial increase of the diameter of the main body of the HP turbine causes a small increase of the second and
third critical speeds of the shaft-train that are associated with the first “U” bending mode of the HP-IP turbine.

Then, the eigenvalues and eigenmodes of the machine model were evaluated considering a shaft rotational speed
equal to the operating speed and increasing values of the dimensionless load. In Fig. 23 the third flexural critical
speed of the shaft-train is plotted against the dimensionless load. In the same figure, these results are compared to
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those obtained in the same conditions by means of the original model of the shaft-train. The small increase of the
diameter of the HP turbine caused an increase of about 3.6% of the third flexural critical speed.

In the end, the stability margin of the modified shaft-train was investigated. In Fig. 24 the instability factor
associated with the eigenvalue n.3 is plotted against the dimensionless load. In the same figure these results are
compared to those obtained by means of the original model of the shaft-train. It is possible to note that instability
factor exceeded the unity limit for a dimensionless load close to 2.24. Therefore, the small increase of the HP turbine
diameter caused a significant increase of the stability margin from 0.65 to 1.24. This result was not influenced by
significant changes of the shape of the normal modes of the shaft-trains associated with the third eigenvalue of the
two models. In fact, the Modal Assurance Criterion (MAC) evaluated considering the eigenmodes associated with
the eigenvalue n.3 of the two models and the dimensionless loads that caused the instability factor to reach the critical
unity value was 0.9999.

This means that in case of slim shafts an important increase of the stability margin can be obtained by means of
even small changes of suitable portions of the HP turbine.

These results are in accordance with the high sensitivity of slim shafts to the effects caused by the hardening of
the cross-coupled stiffness coefficients of the seals: that is to the occurrence of the condition for the generation of
unstable vibrations.

5. Conclusions

In addition to the geometric properties of the seals, the characteristics of the steam flow gives a basic contribution
to the occurrence of steam-whip instability phenomena in power units. Model-based techniques can be used to
simulate the machine dynamic behavior as well as to estimate the stability margin of the rotor system.

The hardening of the cross-coupled stiffness coefficients of the seals caused by a rise of the steam pressure and
flow can cause important changes in the eigenvalues and eigenmodes of the mathematical model of the rotating
machine. A parametric analysis can be performed to determine the threshold level of the steam flow that causes the
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real part of the eigenvalue associated with the first flexural normal mode of the turbine shaft to become positive.
This causes the conditions for the occurrence of unstable vibrations.

Seal misalignments, e.g. induced by the thermal transients that can affect power units during load rises, can cause
unexpected and undesired values of the seal stiffness coefficients, which can reach higher levels in comparison to
the corresponding reference values obtained considering an ideal rotor-to-seal alignment.

The sensitivity of the stability margin of the machine-train on seal misalignments can be studied with model-based
techniques. This strategy allows the changes in the eigenvalues and eigenmodes of the rotor system due to changes
in the seal stiffness coefficients to be investigated.

In this paper the results of the analysis of the stability margin of a large power unit that was affected by unstable
vibrations in on-load operating conditions caused by steam-whirl instability phenomena have been shown and
discussed. The effects on the eigenvalues and eigenmodes of the machine model caused by seal misalignments and
raises of the steam flow have been simulated. The results of these investigations are in good accordance with the
value of the stability margin obtained on the basis of the experimental findings.
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