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Damage by excessive vibration is serious engineering problem in TBM boring process. Dynamic characteristic analysis is essential
for TBM antivibration design. According to TBM horizontal support structure, a dynamic coupling nonlinear model is established,
with consideration of time-varying impact load and multicomponent complex relationship from cutter to gripper shoe. A set of
field vibration tests is set up to accurately collect data under extreme work conditions; then, field data is collected from Liaoning
northwest engineering. Field data is applied to validate simulation model to make sure time-varying damping stiffness, support
cylinder stiffness, and the TBM machine stiffness distribution are reasonable. Simulation indicates the weakest part of TBM in
axial and torsional DOF is the cylinder hinge and the connection shaft between motor and pinion, and the horizontal and vertical
weak parts are bull gear. It also shows that, in normal excavation conditions, the acceleration amplitude of the cutterhead in three
directions ranges from 1.5 g to 2 g. These results provide theoretical basis for the antivibration design and structural optimization
of TBM.

1. Introduction

Full face rock boring machine (TBM) is a symbol prod-
uct of the equipment manufacturing industry. The design,
manufacturing capacity is one of the important symbols to
measure a country’s development and advanced degree in
manufacturing industry [1]. In hard rock, the boring process
often accompanies with big torque, thrust, and large impact
load. The excessive vibration of TBM will cause nonnormal
damage in critical components and shorten the life of TBM.
Therefore, studying the vibration characteristics of TBM from
the angle of dynamics is quite important.

Domestic and foreign scholars have done a lot of research
works in TBM design. Since 1960s, scholars started studying
rock crushing mechanism of cutters from different angles
such as shear failure and extrusion failure. The rock crushing
process is divided into the process of disc cutters intruding
into rocks and the formation of rock fragments between
two dis cutters [2, 3]. In order to accurately predict the
force on dis cutters in breaking rocks, scholars established
a variety of small scale models and set up some force

models and calculation formulas, among which Colorado
School of Mines (CSM) model is a representative one [4–
6]. Some scholars have detected and analyzed the force
on disc cutters in field test. Samuel and Seow [7] studied
the change law of force on disc cutters based on a 4.1m
Robbins cutterhead load test and compared with equipment
performance parameters. Zhang et al. [8] performed a load
test on a 1.75m TBM cutterhead, considering the coupling
three-axis force, and proposed a mathematical method of
load measurement on disc cutters. The optimal placement
design on TBM cutters is one of the most important means
to improve the performance of TBM. Large numbers of
scholars carried out cutterhead optimization design such as
cutter spacing design and cutter layout design. Zhang et
al. [9, 10] determined the principle of cutter spacing. Xia
and Tan [11–13] carried out simulation on cutters breaking
rock and obtained the cutting parameters such as optimal
cutter spacing and optimal cutting angle in order. Sun and
Huo [14–16] proposed cutter layout design method based
on genetic algorithm and an idea of coevolutionary, and the
optimal design on the main parameters of disc cutters and
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Figure 1: Research route.

cutterhead structure was carried out. The researches show
that the excessive vibration will not only affect the excavation
efficiency but shorten the fatigue life of structural component
and lead to the accident [17]. Therefore, many scholars
started studying the vibration dynamical characteristics of
TBM. Zhang et al. [18–20] established a coupling dynamical
model of shieldmachine considering redundant drive system,
hydraulic propulsion system, geological conditions, and so
forth, and the dynamical characteristics of the rotary system
were studied based on the dynamical model. Sun et al. [21]
established a nonlinear dynamical model of cutterhead sys-
tem and analyzed the dynamical characteristics of cutterhead.
Huo et al. [22] presented a multidegree-of-freedom coupling
dynamic model for the blocked TBM cutterhead system
based on mass centralized method.

In conclusion, the domestic and foreign researches
mainly focus on the cutterhead system. These study subjects
mainly include rock crushing mechanism, the structural
strength and stiffness of cutterhead, the characteristics of
random load on cutterhead, and so forth. The study on
vibration characteristics mainly focused on the drive system
and cutterhead system, and the study on dynamic vibration
characteristics of the TBM complete machine was not suf-
ficient. This paper establishes a dynamic coupling nonlinear
model of TBMmachine, by developing an equivalentmethod
that can accurately simulate dynamical stiffness such as
the time-varying meshing stiffness, time-varying support
stiffness of thrust cylinder, and bearing stiffness.The research
route is shown in Figure 1. This paper provides theoretical
basis for the antivibration design and structural optimization
of TBMmachine.

2. The Dynamic Coupling Nonlinear Model of
TBM Machine

TBMmachine mainly includes cutterhead system and propel
system. The cutterhead system includes cutterhead, bull
gear, pinion, coupling, variable frequency motor, planetary

reducer, and so forth. The propel system includes main
frame, support cylinder, and gripper shoe. The component
diagram of TBM is shown in Figure 2. 𝑋, 𝑌, and 𝑍 represent
horizontal, vertical, and axial direction.

The dynamic model of TBM is shown in Figure 3.
Multidegree-of-freedom coupled nonlinear dynamic

equations are as follows.
The horizontal degree of freedom is as follows:

𝑚𝑙 ⋅ �̈�𝑙 = 𝐹𝑥 − 𝑘𝑙𝑟𝑥 ⋅ (𝑋𝑙 −𝑋𝑟) − 𝑐𝑙𝑟𝑥 ⋅ (�̇�𝑙 − �̇�𝑟) ,

𝑚𝑟 ⋅ �̈�𝑟 = 𝑘𝑙𝑟𝑥 ⋅ (𝑋𝑙 −𝑋𝑟) + 𝑐𝑙𝑟𝑥 ⋅ (�̇�𝑙 − �̇�𝑟) − 𝑘𝑟𝑑𝑥

⋅ (𝑋𝑟 −𝑋𝑑) − 𝑐𝑟𝑑𝑥 ⋅ (�̇�𝑟 − �̇�𝑑)

−

10

∑

𝑖=1

(𝐹𝑝𝑟𝑖 +𝐷𝑝𝑟𝑖) ⋅ sin (𝜑𝑖 −𝛼) ,

𝑚pi ⋅ �̈�pi = (𝐹𝑝𝑟𝑖 +𝐷𝑝𝑟𝑖) ⋅ cos𝛼− 𝑘𝑝𝑑𝑥 ⋅ (𝑋pi −𝑋𝑑)

− 𝑐𝑝𝑑𝑥 ⋅ (�̇�pi − �̇�𝑑) ,

𝑚𝑑 ⋅ �̈�𝑑 =

10

∑

𝑖=1

[(𝑋pi −𝑋𝑑) ⋅ 𝑘𝑝𝑑𝑥 + (�̇�pi − �̇�𝑑) ⋅ 𝑐𝑝𝑑𝑥]

− 𝑘𝑑1𝑥 ⋅ (𝑋𝑑 −𝑋1) − 𝑐𝑑1𝑥 ⋅ (�̇�𝑑 − �̇�1)

+ 𝑘𝑟𝑑𝑥 ⋅ (𝑋𝑟 −𝑋𝑑) + 𝑐𝑟𝑑𝑥 ⋅ (�̇�𝑟 − �̇�𝑑) ,

𝑚1 ⋅ �̈�1 = 𝑘𝑑1𝑥 ⋅ (𝑋𝑑 −𝑋1) + 𝑐𝑑1𝑥 ⋅ (�̇�𝑑 − �̇�1) − 𝑘12𝑥

⋅ (𝑋1 −𝑋2) − 𝑐12𝑥 ⋅ (�̇�1 − �̇�2) ,

𝑚2 ⋅ �̈�2 = 𝑘12𝑥 ⋅ (𝑋1 −𝑋2) + 𝑐12𝑥 ⋅ (�̇�1 − �̇�2) − 𝑘23𝑥

⋅ (𝑋2 −𝑋3) − 𝑐23𝑥 ⋅ (�̇�2 − �̇�3) ,

𝑚3 ⋅ �̈�3 = 𝑘23𝑥 ⋅ (𝑋2 −𝑋3) + 𝑐23𝑥 ⋅ (�̇�2 − �̇�3) − 𝑘3𝑟𝑥

⋅ 𝑋3 − 𝑐3𝑟𝑥 ⋅ �̇�3.

(1)
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Figure 2: The component diagram of TBM.

The vertical degree of freedom is as follows:

𝑚𝑙 ⋅ �̈�𝑙 = 𝐹𝑦 − 𝑘𝑙𝑟𝑦 ⋅ (𝑌𝑙 −𝑌𝑟) − 𝑐𝑙𝑟𝑥 ⋅ (�̇�𝑙 − �̇�𝑟) ,

𝑚𝑟 ⋅ �̈�𝑟 = 𝑘𝑙𝑟𝑦 ⋅ (𝑌𝑙 −𝑌𝑟) + 𝑐𝑙𝑟𝑦 ⋅ (�̇�𝑙 − �̇�𝑟) − 𝑘𝑟𝑑𝑦

⋅ (𝑌𝑟 −𝑌𝑑) − 𝑐𝑟𝑑𝑦 ⋅ (�̇�𝑟 − �̇�𝑑)

+

10

∑

𝑖=1

(𝐹𝑝𝑟𝑖 +𝐷𝑝𝑟𝑖) ⋅ cos (𝜑𝑖 −𝛼) ,

𝑚pi ⋅ �̈�pi = − (𝐹𝑝𝑟𝑖 +𝐷𝑝𝑟𝑖) ⋅ sin𝛼− 𝑘𝑝𝑑𝑦 ⋅ (𝑌pi −𝑌𝑑)

− 𝑐𝑝𝑑𝑦 ⋅ (�̇�pi − �̇�𝑑) ,

𝑚𝑑 ⋅ �̈�𝑑 =

10

∑

𝑖=1

[(𝑌pi −𝑌𝑑) ⋅ 𝑘𝑝𝑑𝑦 + (�̇�pi − �̇�𝑑) ⋅ 𝑐𝑝𝑑𝑦]

− 𝑘𝑑1𝑦 ⋅ (𝑌𝑑 −𝑌1) − 𝑐𝑑1𝑦 ⋅ (�̇�𝑑 − �̇�1)

+ 𝑘𝑟𝑑𝑦 ⋅ (𝑌𝑟 −𝑌𝑑) + 𝑐𝑟𝑑𝑦 ⋅ (�̇�𝑟 − �̇�𝑑) ,

𝑚1 ⋅ �̈�1 = 𝑘𝑑1𝑦 ⋅ (𝑌𝑑 −𝑌1) + 𝑐𝑑1𝑦 ⋅ (�̇�𝑑 − �̇�1) − 𝑘12𝑦

⋅ (𝑌1 −𝑌2) − 𝑐12𝑦 ⋅ (�̇�1 − �̇�2) ,

𝑚2 ⋅ �̈�2 = 𝑘12𝑦 ⋅ (𝑌1 −𝑌2) + 𝑐12𝑦 ⋅ (�̇�1 − �̇�2) − 𝑘23𝑦

⋅ (𝑌2 −𝑌3) − 𝑐23𝑥 ⋅ (�̇�2 − �̇�3) ,

𝑚3 ⋅ �̈�3 = 𝑘23𝑦 ⋅ (𝑌2 −𝑌3) + 𝑐23𝑦 ⋅ (�̇�2 − �̇�3) − 𝑘3𝑟𝑦

⋅ 𝑌3 − 𝑐3𝑟𝑥 ⋅ �̇�3.

(2)

The axial degree of freedom is as follows:

𝑚𝑙 ⋅ �̈�𝑙 = 𝐹𝐿 − 𝑘𝑙𝑏 ⋅ (𝑥𝑙 −𝑥𝑏) − 𝑐𝑙𝑏 ⋅ (�̇�𝑙 − �̇�𝑏) ,

𝑚𝑏 ⋅ �̈�𝑏 = 𝑘𝑙𝑏 ⋅ (𝑥𝑙 −𝑥𝑏) + 𝑐𝑙𝑏 ⋅ (�̇�𝑙 − �̇�𝑏) − 𝑘𝑏𝑠

⋅ (𝑥𝑏 −𝑥𝑠) − 𝑐𝑏𝑠 ⋅ (�̇�𝑏 − �̇�𝑠) ,

𝑚𝑠 ⋅ �̈�𝑠 = 𝑘𝑏𝑠 ⋅ (𝑥𝑏 −𝑥𝑠) + 𝑐𝑏𝑠 ⋅ (�̇�𝑏 − �̇�𝑠) − 𝑘𝑠1

⋅ (𝑥𝑠 −𝑥1) − 𝑐𝑠1 ⋅ (�̇�𝑠 − �̇�1) ,

𝑚1 ⋅ �̈�1 = 𝑘𝑠1 ⋅ (𝑥𝑠 −𝑥1) + 𝑐𝑠1 ⋅ (�̇�𝑠 − �̇�1) − 𝑘12

⋅ (𝑥1 −𝑥2) − 𝑐12 ⋅ (�̇�1 − �̇�2) − 𝑘𝑗11

⋅ (𝑥1 ⋅ cos 𝜃 − 𝑥𝑗11) ⋅ cos𝛼− 𝑐𝑗11

⋅ (�̇�1 ⋅ cos 𝜃 − �̇�𝑗11) ⋅ cos 𝜃 − 𝑘𝑗21

⋅ (𝑥1 ⋅ cos 𝜃 − 𝑥𝑗21) ⋅ cos 𝜃 − 𝑐𝑗21

⋅ (�̇�1 ⋅ cos 𝜃 − �̇�𝑗21) ⋅ cos 𝜃,

𝑚2 ⋅ �̈�2 = 𝑘12 ⋅ (𝑥1 −𝑥2) + 𝑐12 ⋅ (�̇�1 − �̇�2) − 𝑘23

⋅ (𝑥2 −𝑥3) − 𝑐23 ⋅ (�̇�2 − �̇�3) ,

𝑚3 ⋅ �̈�3 = 𝑘23 ⋅ (𝑥2 −𝑥3) + 𝑐23 ⋅ (�̇�2 − �̇�3) − 𝑘3𝑟 ⋅ 𝑥3

− 𝑐3𝑟 ⋅ �̇�3,

𝑚𝑗11 ⋅ �̈�𝑗11 = 𝑘𝑗11 ⋅ (𝑥1 ⋅ cos 𝜃 − 𝑥𝑗11) + 𝑐𝑗11

⋅ (�̇�1 ⋅ cos 𝜃 − �̇�𝑗11) − 𝑘𝑦11

⋅ (𝑥𝑗11 −𝑥𝑗12) − 𝑐𝑦11 ⋅ (�̇�𝑗11 − �̇�𝑗12) ,
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Figure 3: The dynamic model of TBM.
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𝑚𝑗21 ⋅ �̈�𝑗21 = 𝑘𝑗21 ⋅ (𝑥1 ⋅ cos 𝜃 − 𝑥𝑗21) + 𝑐𝑗21

⋅ (�̇�1 ⋅ cos 𝜃 − �̇�𝑗21) − 𝑘𝑦21

⋅ (𝑥𝑗21 −𝑥𝑗22) − 𝑐𝑦21 ⋅ (�̇�𝑗21 − �̇�𝑗22) ,

𝑚𝑗12 ⋅ �̈�𝑗12 = 𝑘𝑦11 ⋅ (𝑥𝑗11 −𝑥𝑗12) + 𝑐𝑦11 ⋅ (�̇�𝑗11 − �̇�𝑗12)

− 𝑘𝑗12 ⋅ (𝑥𝑗12 −𝑌1 ⋅ sin𝛼−𝑋1 ⋅ cos 𝜃)

− 𝑐𝑗12

⋅ (�̇�𝑗12 − �̇�1 ⋅ sin 𝜃 − �̇�1 ⋅ cos 𝜃) ,

𝑚𝑗22 ⋅ �̈�𝑗22 = 𝑘𝑦21 ⋅ (𝑥𝑗21 −𝑥𝑗22) + 𝑐𝑦21 ⋅ (�̇�𝑗21 − �̇�𝑗22)

− 𝑘𝑗22 ⋅ (𝑥𝑗22 −𝑌2 ⋅ sin 𝜃 −𝑋2 ⋅ cos 𝜃)

− 𝑐𝑗22

⋅ (�̇�𝑗22 − �̇�2 ⋅ sin 𝜃 − �̇�2 ⋅ cos 𝜃) ,

𝑚𝑥1 ⋅ �̈�1 = 𝑘𝑗12 ⋅ (𝑥𝑗12 −𝑌1 ⋅ sin 𝜃 −𝑋1 ⋅ cos 𝜃)

⋅ cos 𝜃 + 𝑐𝑗12

⋅ (�̇�𝑗12 − �̇�1 ⋅ sin 𝜃 − �̇�1 ⋅ cos 𝜃)

⋅ cos 𝜃 − 𝑘𝑥𝑟1 ⋅ 𝑋1 − 𝑐𝑥𝑟1 ⋅ �̇�1,

𝑚𝑥2 ⋅ �̈�2 = 𝑘𝑗22 ⋅ (𝑥𝑗22 −𝑌2 ⋅ sin 𝜃 −𝑋2 ⋅ cos 𝜃)

⋅ cos 𝜃 + 𝑐𝑗22

⋅ (�̇�𝑗22 − �̇�2 ⋅ sin 𝜃 − �̇�2 ⋅ cos 𝜃)

⋅ cos 𝜃 − 𝑘𝑥𝑟2 ⋅ 𝑋2 − 𝑐𝑥𝑟2 ⋅ �̇�2,

𝑚𝑥1 ⋅ �̈�1 = 𝑘𝑗12 ⋅ (𝑥𝑗12 −𝑌1 ⋅ sin 𝜃 −𝑋1 ⋅ cos 𝜃)

⋅ sin 𝜃 + 𝑐𝑗12

⋅ (�̇�𝑗12 − �̇�1 ⋅ sin 𝜃 − �̇�1 ⋅ cos 𝜃) ⋅ sin 𝜃

− 𝑘𝑦𝑟1 ⋅ 𝑌1 − 𝑐𝑦𝑟1 ⋅ �̇�1,

𝑚𝑥2 ⋅ �̈�2 = 𝑘𝑗22 ⋅ (𝑥𝑗22 −𝑌2 ⋅ sin 𝜃 −𝑋2 ⋅ cos 𝜃)

⋅ sin 𝜃 + 𝑐𝑗22

⋅ (�̇�𝑗22 − �̇�2 ⋅ sin 𝜃 − �̇�2 ⋅ cos 𝜃) ⋅ sin 𝜃

− 𝑘𝑦𝑟2 ⋅ 𝑌2 − 𝑐𝑦𝑟2 ⋅ �̇�2.

(3)

The torsional degree of freedom is as follows:

𝑇pi − 𝑘𝑚𝑝𝑞 ⋅ (𝜃mi − 𝜃pi) − 𝑐𝑚𝑝𝑞 ⋅ (
̇𝜃mi −

̇𝜃pi) = 𝐼mi ⋅
̈𝜃𝑖,

𝑘𝑚𝑝𝑞 ⋅ (𝜃mi − 𝜃pi) + 𝑐𝑚𝑝𝑞 ⋅ (
̇𝜃mi −

̇𝜃pi) − (𝐹𝑝𝑟𝑖 +𝐷𝑝𝑟𝑖)

⋅ 𝑟𝑏𝑝 = 𝐼pi ⋅
̈𝜃pi,

−

10

∑

𝑖=1

(𝐹𝑝𝑟𝑖 +𝐷𝑝𝑟𝑖) ⋅ 𝑟𝑏𝑟 − 𝑘𝑟𝑙𝑞 ⋅ (𝜃𝑟 − 𝜃𝑙) − 𝑐𝑟𝑙𝑞

⋅ ( ̇𝜃𝑟 −
̇𝜃𝑙) −

1

3
⋅ 𝑇pi = 𝐼𝑟 ⋅

̈𝜃𝑟,

𝑘𝑟𝑙𝑞 ⋅ (𝜃𝑟 − 𝜃𝑙) + 𝑐𝑟𝑙𝑞 ⋅ (
̇𝜃𝑟 −

̇𝜃𝑙) −
2

3
⋅ 𝑇pi = 𝐼𝑙 ⋅

̈𝜃𝑙,

1

3
⋅ 𝑇pi − 𝑘𝑠1𝑞 ⋅ (𝜃𝑠 − 𝜃1) − 𝑐𝑠1𝑞 ⋅ (

̇𝜃𝑠 −
̇𝜃1) = 𝐼𝑠 ⋅

̈𝜃𝑠,

𝑘𝑠1𝑞 ⋅ (𝜃𝑠 − 𝜃1) + 𝑐𝑠1𝑞 ⋅ (
̇𝜃𝑠 −

̇𝜃1) − 𝑘12𝑞 ⋅ (𝜃1 − 𝜃2)

− 𝑐12𝑞 ⋅ (
̇𝜃1 −

̇𝜃2) = 𝐼1 ⋅
̈𝜃1,

𝑘12𝑞 ⋅ (𝜃1 − 𝜃2) + 𝑐12𝑞 ⋅ (
̇𝜃1 −

̇𝜃2) − 𝑘23𝑞 ⋅ (𝜃2 − 𝜃3)

− 𝑐23𝑞 ⋅ (
̇𝜃2 −

̇𝜃3) = 𝐼2 ⋅
̈𝜃2,

𝑘23𝑞 ⋅ (𝜃2 − 𝜃3) + 𝑐23𝑞 ⋅ (
̇𝜃2 −

̇𝜃3) − 𝑘3𝑟𝑞 ⋅ 𝜃3 − 𝑐3𝑟𝑞

⋅ ̇𝜃3 = 𝐼3 ⋅
̈𝜃3,

(4)

where 𝑚𝑙, 𝑚𝑏, 𝑚𝑠, 𝑚1, 𝑚2, 𝑚3, 𝑚𝑟, 𝑚pi represent the mass of
cutterhead, cutterhead bearing, cutterhead support, front
frame, mid frame, end of frame, bull gear, and each pin-
ion. 𝑚𝑗11, 𝑚𝑗12, 𝑚𝑗21, 𝑚𝑗22 represent the mass of 4 hinges
as shown in Figure 3(c). 𝑚𝑥1, 𝑚𝑥2 represent the mass of
2 gripper shoes as shown in Figure 3(c). 𝐼mi, 𝐼pi, 𝐼𝑟, 𝐼𝑙 rep-
resent the rotary inertia of each motor, each pinion, bull
gear, and cutterhead. 𝑘𝑗11, 𝑘𝑗12, 𝑘𝑗21, 𝑘𝑗22 represent 4 kinds
of stiffness of the corresponding hinges. 𝑘𝑥𝑟1, 𝑘𝑦𝑟1, 𝑘𝑥𝑟2, 𝑘𝑦𝑟2
represent the horizontal and axial support stiffness of the
corresponding gripper shoes. 𝑘𝑙𝑏, 𝑘𝑏𝑠, 𝑘𝑠1, 𝑘12, 𝑘23, 𝑘3𝑟 rep-
resent the structural stiffness of cutterhead, cutterhead
bearing, cutterhead support, front frame, mid frame, and
end of frame. 𝑘𝑙𝑟𝑥, 𝑘𝑟𝑑𝑥, 𝑘𝑝𝑑𝑥, 𝑘𝑑1𝑥, 𝑘12𝑥, 𝑘23𝑥, 𝑘3𝑟𝑥 represent
the horizontal structural stiffness of cutterhead, bull gear,
cutterhead support, front frame, mid frame, and end of
frame. 𝑘𝑙𝑟𝑦, 𝑘𝑟𝑑𝑦, 𝑘𝑝𝑑𝑦, 𝑘𝑑1𝑦, 𝑘12𝑦, 𝑘23𝑦, 𝑘3𝑟𝑦 represent the ver-
tical structural stiffness of cutterhead, bull gear, cutter-
head support, front frame, mid frame, and end of frame.
𝑘𝑚𝑝𝑞, 𝑘𝑟𝑙𝑞, 𝑘𝑑1𝑞, 𝑘12𝑞, 𝑘23𝑞, 𝑘3𝑟𝑞, 𝑘(𝑡) represent the torsional
stiffness of transmission shaft, cutterhead, front frame, mid
frame, end of frame, and the time-varying damping stiffness.
𝑇𝐿, 𝑇pi, 𝐹𝑥, 𝐹𝑦, 𝐹𝐿 represent the load torque on cutterhead, the
input torque of motor, the horizontal unbalanced force on
cutterhead, the vertical unbalanced force on cutterhead, and
the axial force on cutterhead.
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The above nonlinear simultaneous equations can be
expressed in matrix form:

𝑀�̈�+𝐶�̇� +𝐾𝑋 = 𝐹, (5)

where 𝐶,𝐾 represent the total damping matrix and stiffness
matrix, 𝐹 represents the force vector, 𝑋 represents the dis-
placement vector, and𝑀 represents the mass matrix. These
simultaneous equations are solved by Newmark method.

3. The Dynamic Excitation Simulation of
TBM System

3.1. The Error Excitation. The errors that affect the load
distribution between the bull gear and pinion mainly include
the manufacturing error of bull gear 𝐸𝑟, installation error of
bull gear 𝐴𝑟, the tooth thickness deviation of bull gear 𝜀𝑟, the
tooth error of bull gear 𝛿pi, the eccentric error of pinion 𝐸pi,
the installation error of pinion 𝐴pi, and the tooth thickness
deviation of pinion 𝜀pi. The accumulation error on meshing
line can be calculated as
𝜀𝑝𝑟𝑖 (𝑡) = 𝐸𝑟 sin (𝜔𝑟𝑡 + 𝛼 +𝜑𝑖 −𝛽𝑟)

+𝐴𝑟 sin (𝛼 +𝜑𝑖 − 𝛾𝑟)

+ 𝐸pi sin (𝜔𝑝𝑡 + 𝛼 −𝛽pi) +𝐴pi sin (𝛼 − 𝛾pi)

+ 𝜀𝑟 + 𝜀pi +𝜎𝑟 +𝜎pi (𝑖 = 1–8) ,

(6)

where 𝛼 represents meshing contact angle, 𝜑𝑖 represents
phase angle of each pinion, 𝛽 and 𝛾 represent the phase angle
of each error, and 𝜔𝑝 and 𝜔𝑟 represent the angular velocity of
pinion and bull gear.

3.2. ElasticDeformationCoordinationConditions. Thedynamic
model is established based on the structure of Robbins TBM.
The bull gear is driven by ten parallel pinions which are
connected with motor. The geometry elastic relationship
between pinion and bull gear is shown in Figure 4.

The deformation of pinion and bull gear is projected onto
themeshing line, and the total relative elastic deformation can
be calculated as

𝑥pi = 𝑢𝑠 +𝑢pi −𝑥𝑠 sin (𝜑𝑖 −𝛼) + 𝑦𝑠 cos (𝜑𝑖 −𝛼)

+ 𝜂pi cos𝛼𝑡 − 𝜉pi sin𝛼𝑡 − 𝜀𝑝𝑟𝑖 (𝑡) ,
(7)

where 𝑢𝑠, 𝑢pi are the displacement of bull gear and pinion on
meshing line, 𝑥𝑠, 𝑦𝑠 are the horizontal and vertical displace-
ment of bull gear, and 𝜂pi, 𝜉pi are the horizontal and vertical
displacement of pinion.

Considering the tooth backlash of gear pair, the meshing
clearance nonlinear function can be defined as

𝑓 (𝑥, 𝑏) =

{{{{

{{{{

{

𝑥 − 𝑏 𝑥 > 𝑏

0 −𝑏 ≤ 𝑥 ≤ 𝑏

𝑥 + 𝑏 𝑥 < −𝑏,

(8)

where 𝑏 is half of the value of the tooth backlash and𝑋 is the
total relative elastic deformation.

ys

xs

M
eshing lines

𝛼

us

𝜑i

upi

𝜉pi

𝜂pi

Figure 4:The geometry elastic relationship between pinion and bull
gear.

3.3.The Calculation of Time-VaryingMeshing Stiffness, Damp-
ing, and Meshing Force. The time-varying meshing stiffness
can be defined as

𝑘 (𝑡) = 𝑘 (1 + 𝑠𝑓 sin (𝑤𝑚𝑡 + 𝜙)) , (9)

where 𝑠𝑓 is amplitude coefficient, 𝑤𝑚 is meshing frequency,
𝜙 is the phase angle of pinion, and 𝑘 is average meshing
stiffness.

The time-varying meshing damping can be defined as

𝐶𝑝𝑟𝑖 = 𝐶𝑝 ⋅ �̇�𝑝𝑟𝑖, 𝐶𝑝 = 2𝜉√
𝑘 (𝑡)𝑚1𝑚2

𝑚1 + 𝑚2

, (10)

where 𝜉 is meshing damping ratio,𝑚1 is the mass of bull gear,
and𝑚2 is the mass of pinion.

The time-varying meshing force can be defined as

𝐹𝑝𝑟𝑖 = 𝑘 (𝑡) ⋅ 𝑓 (𝑥, 𝑏) . (11)

3.4. The Calculation of the Support Cylinder Time-Varying
Stiffness. The static stiffness of support cylinder is calculated
according to the following formula [23]:

𝐾𝑦 = 𝐸𝑦 ⋅ [
𝐴1
2

𝑉𝑙1 + 𝑉1

+
𝐴2
2

𝑉𝑙2 + 𝑉2

] , (12)

where 𝐴1, 𝐴2 are the area of two side of the cylinder piston,
𝑉1, 𝑉2 are the hydraulic oil volume in two hydraulic cylinders,
and 𝑉𝑙1, 𝑉𝑙2 are the total volume of hydraulic oil in two
hydraulic pipelines. The values of 𝑉𝑙1, 𝑉𝑙2 are almost constant
during a boring stoke, and the angle between support cylinder
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Table 1: The tunneling parameters and cutterhead parameters.

Tunneling parameters Cutterhead parameters
Advance speed 2.4m/h Diameter of cutterhead 8.53m
Penetration 7.8mm/rev Mass of cutterhead 152 t
Rotating speed 5.18 RPM Teeth number of bull gear 174
Rock mechanical parameters Teeth number of pinion 14
Compressive strength 93.6MPa Number of center cutter 8
Tunnel depth 130–1000m Number of inner cutter 40
Confining pressure 6–30MPa Number of gauge cutter 12

Cutter spacing 75mm

andmain frame decreases continuously.Therefore, the equiv-
alent stiffness of support cylinder also decreases.The value of
this time-varying stiffness can be calculated as

𝐾𝑦 (𝑡) = 𝐾𝑦 ⋅ cos 𝜃 (𝑡)

𝜃 (𝑡) = actan(
𝑙0 ⋅ sin 𝜃0

𝑙0 ⋅ cos 𝜃0 + 𝑉𝑡 ⋅ 𝑡
) .

(13)

𝜃0 is the angle between support cylinder and main frame
at the beginning of a boring stoke. 𝑙0 is the length of
support cylinder at the beginning of a boring stoke. 𝑉𝑡 is the
elongation velocity of the support cylinder.

3.5. The Calculation of Equivalent Hinge Stiffness. The hinge
connection stiffness 𝐾1 is calculated by the formula below
[24]:

𝐾1 =
4

3 (𝜎1 + 𝜎2)
√

𝑅1𝑅2

𝑅1 − 𝑅2

𝜎𝑖 =
1 − V𝑖
2

𝐸𝑖

, (𝑖 = 1, 2) . (14)

𝑅1, 𝑅2 represent the radius of the pin and the hinge ear.
𝜎1, 𝜎2 are determined by the materials of pin and hinge ear.
The hinge stiffness is determined not only by the connection
stiffness but also by the structural stiffness of hinge ear.
The structural stiffness of hinge ear is estimated by static
analysis. The equivalent hinge stiffness can be calculated by
the following formula:

1

𝐾𝑗

=
1

𝐾1

+
1

𝐾2

. (15)

3.6. The Calculation of Bearing Radial Equivalent Stiffness.
Pinion bearingmainly bear support radial load, and the radial
equivalent stiffness is calculated by empirical formula [25]:

𝐾𝑟 = 0.34 × 10
4
𝐹𝑟
0.1
𝑍
0.9
𝑙
0.8
(cos𝛽)1.9 . (16)

In the formula, 𝐹𝑟 represents the radial load,𝑍 represents the
number of rolling elements, 𝑙 represents the effective contact
length, and 𝛽 represents the rolling element contact angle.

3.7. The Calculation of Connection Shaft Torsional Stiffness.
The torsional stiffness of connection shaft between pinion
and motor is calculated by the following formula:

𝑘 𝑄 =

𝐺𝐼𝑝

𝐿
. (17)

In the formula, 𝐼𝑝 represents inertia moment of the connec-
tion shaft, 𝐺 represents the shear modulus of material, and 𝐿
represents length of the connection shaft.

3.8. The Calculation of the Other Structural Stiffness and
Damping. The equivalent structural stiffness of cutterhead,
cutterhead support, main frame, and so forth is determined
by finite element method.

The equivalent structural damping is determined by
empirical formula:

𝑐 = 2𝜉√𝑚𝑒𝑘𝑒. (18)

𝜉 represents the damping ratio; 𝑚𝑒, 𝑘𝑒 represent the equiva-
lent mass and equivalent stiffness of corresponding compo-
nents.

4. Engineering Calculation

This paper takes the Robbins TBM in Liaoning northwest
project as example.The tunneling parameters and cutterhead
parameters are shown in Table 1.

According to the parameters and the Ls-dyna simulation
results, the load time history curve on cutters is obtained.The
load on cutterhead is calculated ignoring the load loss in the
transmission process, and the load is revised according to the
field test data.

4.1. Dynamic Response Analysis. The calculated loads above
are taken as input excitation for the dynamic model, and the
vibration responses of cutterhead, cutterhead bearing, and so
forth in 10 s are obtained. The response curves are shown in
Figure 5.

It shows that (1) the means of axial and horizontal
cutterhead vibration reach more than 1mm, and the mean
of vertical vibration is about 50% of the axial and horizontal
vibration. This could be due to the vertical support near the
shield of Robbins TBM, and the vertical vibration on the front
components of TBM is effectively reduced. (2) The results
of horizontal and vertical vibration on cutterhead show a
periodicity around 10 s which is matched with the bull gear
rotational period. Obviously, the meshing vibration has a
significant influence on the horizontal and vertical vibration
on cutterhead. (3)Themeans of axial vibration on cutterhead,
cutterhead bearing, and front frame are around 1.2mm,
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(d) The axial displacement of cutterhead
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(e) The axial displacement of cutterhead bearing
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(f) The axial displacement of front frame

Figure 5: The response curve of each component.

1mm, and 0.5mm; the values of vibration gradually decrease
with the distance from vibration source getting farther.

The spectrogram of input load excitation and response
vibration are shown in Figure 6.

It shows that (1) under the time-varying internal and
external load excitation, the response frequency of axial and
horizontal vibration on cutterhead mainly focuses on 10–
20Hz and 30–40Hz. The response frequency of vertical
vibration mainly focuses on 0–10Hz and 10–20Hz. It is
obvious that the vibration response frequency distribution
contains corresponding frequency components of external
load excitation. The contrastive results show that the vibra-
tion on cutterhead system is mainly forced vibration. (2)

The main responses vibration on cutterhead in 3 directions
is less than 40Hz, and the low order natural frequency of
TBM cutterhead system focuses on 50–60Hz according to
the numerical simulation results.Therefore, severe resonance
phenomenon will not appear during boring process.

5. The Dynamic Model Vibration
Based on the Field Test

5.1. The Establishment of the Vibration Test System. A set of
wireless test systems is established in order to obtain the
measured dynamic data. The wireless test system consists of
three-direction acceleration sensors, acceleration nodes, and
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Figure 6: The spectrogram.

wireless receiver. The composition diagram of the wireless
test system is shown in Figure 8.The test acceleration sensors
are placed on the cutterhead, cutterhead bearing flange, mid
frame, and the end of support cylinder, and the test points are
numbered mp1, mp2, mp3, and mp4 as shown in Figure 7.
The field test photos are shown in Figure 8. Considering
the bad working conditions inside the cutterhead, the corre-
sponding acceleration sensor is fixed in a special protective
cap. Due to the rotation of cutterhead and the complex
structure, the signals from the cutterhead will decay sharply.
In test, the positions of the signal transmitting antenna and
the signal receiver are appropriately adjusted. It makes the
vibration signal from cutterhead be stably received.Thus, the
primary vibration data of cutterhead is obtained.

5.2. The Analysis of Measured Data. The test points on
cutterhead and mid frame are defined by three-directions
acceleration sensors, and the test points on cutterhead bear-
ing flange and the end of the support cylinder are defined
by uniaxial acceleration sensor. Take some of the test data
as example, and Figure 9 shows the measured values of each
component in comparison with the corresponding calculated
values.

As can be seen from Figure 9, (1) in normal boring
conditions, the three-directions acceleration vibration ampli-
tudes are all around 1.5–2.0 g. (2) The axial and horizontal
acceleration vibration amplitudes are close to 0.6 g, and
the vertical acceleration vibration amplitude is significantly
smaller, which is about 1/2 of the former. (3) The vibration
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Figure 7: The composition diagram of the wireless test system.

(a) Cutterhead (b) Cutterhead bearing flange

(c) Mid frame (d) End of the support cylinder

Figure 8: The field test photos.

condition of support cylinder is close to that of the main
frame whose vibration amplitude is around 0.6 g.

Some random events often occur during the field test.
For example, the dropped rocks shock the cutterhead. These
external influences present a series of high peak in the
test data. In order to avoid the random events producing
great influence on the dynamic analysis, the rain flow count
method is used to assess how well the calculated values fit
the measured values. Firstly, the measured values and the

calculated values are divided into several intervals, and then
the peak and average values in each interval are computed.
Finally, the mean and amplitude of these statistics are calcu-
lated to measure the calculation error. The rain flow count
statistics for each test point are listed in Table 2.

It can be seen from the figure that, among the several test
point, the maximal calculation error of the mean of vibration
amplitude is 36.90% while the maximal calculation error
of the MSE of vibration amplitude is 40.41%. These results
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(b) The calculated values of axial acceleration of cutterhead
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(c) The measured horizontal acceleration of cutterhead
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(d) The calculated values of cutterhead horizontal acceleration
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(e) The measured values of cutterhead vertical acceleration
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(f) The calculated values of cutterhead vertical acceleration
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(h) The calculated values of mid grider axial acceleration
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(j) The calculated values of mid grider horizontal acceleration

Figure 9: Continued.
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(k) The measured values of mid grider vertical acceleration
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(l) The calculated values of mid grider vertical acceleration
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(m) The measured values of support cylinder acceleration
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(n) The calculated values of support cylinder acceleration

Figure 9: The measured values and calculated values of each component.

Table 2: The rain flow count statistics for each test point.

The measured values The calculated values Error
The mean of
amplitude

MSE of the
amplitude

The mean of
amplitude

MSE of the
amplitude

The mean of
amplitude

MSE of the
amplitude

Cutterhead’s axial acceleration 0.1323 0.1277 0.1610 0.1793 21.69% 40.41%
Cutterhead’s horizontal
acceleration 0.3079 0.3026 0.3006 0.2701 2.3% 10.74%

Cutterhead’s vertical acceleration 0.2644 0.2518 0.2718 0.2696 2.80% 7.07%
Mid grider’s axial acceleration 0.0636 0.0633 0.0398 0.0419 37.42% 33.81%
Mid grider’s horizontal
acceleration 0.0672 0.0698 0.0920 0.0756 36.90% 8.31%

Mid grider’s vertical acceleration 0.0350 0.0350 0.0347 0.0399 0.85% 14.00%
Cutterhead bearing’s axial
acceleration 0.1895 0.1967 0.1363 0.1500 28.07% 23.74%

Support cylinder’s acceleration 0.0568 0.0578 0.0730 0.0688 28.52% 19.03%

show that the dynamic model is accurate and reasonable.
Particularly, the small calculation error of test point 4 (the end
of support cylinder) proves that the calculation of the cylinder
stiffness is reasonable.

5.3. The Stiffness Distribution of TBM Machine. The stiffness
distribution of the TBM machine is determined by the
dynamic model. The stiffness of each component is shown in
Table 3 except the time-varying support cylinder stiffness and
the time-varying damping stiffness.

As can be seen from Table 3, (1) the axial stiffness of each
component is of the order of 1×1010 N/m, and the hinge is the
weakest part in axial direction with the equivalent stiffness

being 1 × 108 N/m; (2) the horizontal and vertical stiffness of
cutterhead bearing are of the order of 1 × 1012 N/m; it is the
major part to bear the horizontal and vertical load. The bull
gear is the weakest part in horizontal and vertical direction;
(3) the weakest part in torsional direction is the connection
shaft between pinion and motor, and stiffness of this part
should be enhanced in the structure design.

6. Conclusions

A dynamic coupling nonlinear model includes cutterhead
system and propulsion system is established by concen-
trated mass method. The Newmark method is used to solve
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Table 3: The stiffness distribution of the TBMmachine.

Axial direction Horizontal direction Vertical direction Torsion
Cutterhead 1 × 𝑒10 Cutterhead 1 × 𝑒10 Cutterhead 1 × 𝑒10 Cutterhead 1 × 𝑒12

Cutterhead bearing 1 × 𝑒10 Cutterhead bearing 1 × 𝑒12 Cutterhead bearing 1 × 𝑒12 Cutterhead support 1 × 𝑒9

Hinge stiffness 1 × 𝑒8 Bull gear 1 × 𝑒9 Bull gear 1 × 𝑒9 Connection shaft 1 × 𝑒8

Front frame 1 × 𝑒10 Frond frame 1 × 𝑒10 Front frame 1 × 𝑒10 Front frame 1 × 𝑒9

Mid frame 1 × 𝑒10 Mid frame 1 × 𝑒10 Mid frame 1 × 𝑒10 Mid frame 1 × 𝑒9

The end of frame 1 × 𝑒10 The end of frame 1 × 𝑒10 The end of frame 1 × 𝑒10 The end of frame 1 × 𝑒9

Cutterhead support 1 × 𝑒10 Pinion 1 × 𝑒9 Pinion 1 × 𝑒9

The support near shield 1 × 𝑒12

differential equations for TBM system. The load of rock
fragmentation on cutterhead simulated by ls-dyna is used as
the input load.The inherent frequency and dynamic response
of TBM are calculated. Then, the calculated values and the
measured values are compared and analyzed:

(1) The calculated results and tested data indicate that the
maximum amplitude of horizontal and vertical cut-
terhead acceleration reaches around 2 g. The ampli-
tude of axial and horizontal mid frame acceleration
is around 0.6 g, but the vertical one is about 0.3 g,
which is significantly smaller. It indicates that, for
the perspective of acceleration, the support beneath
the shield of Robbins TBM decreases the vertical
vibration of the main frame significantly, but the
influence on vertical vibration of the cutterhead is not
that obvious.

(2) The relative elastic deformation expression is deduced
which establishes a deformation relationship between
the torsional DOF, the horizontal DOF, and the
vertical DOF of each mass. The result of dynamic
calculation shows that the torsional, horizontal, and
vertical vibration period of each mass contain a
period of 10 s which fits the input torsional period of
the bull gear. The periodicity of horizontal DOF is
more significant than vertical DOF. It shows that the
torsional DOF affects the horizontal DOF more than
the vertical DOF.

(3) By comparing the input load and the dynamic
response frequency, it can be seen that the response
frequency contains corresponding frequency compo-
nents of external load excitation. The possibility of
resonance is ruled out by comparing the inherent fre-
quencywith the response frequency of the cutterhead.
It also shows that the vibration of cutterhead and so
forth are forced vibration.

(4) This paper determines the stiffness distribution of
TBM and confirms that the weakest components
in the TBM axial, horizontal, vertical, and torsional
DOF are the hydrocylinder hinge, bull gear, and the
connection shaft between pinion and motor. These
weak parts should be considered comprehensively in
the antivibration design of the TBM.

Future research will focus on the following aspects.

(1) The different influence that supports model impact
on the vibration of TBM will be studied based on the
dynamic model.

(2) The mass migration and gravity will be considered
when establishing the dynamic model.

(3) The TBM stiffness distribution will be optimized
based on the vibration response.
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