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)is article studies the effects of some basic parameters of a parallel-axis helix gear stage on wind turbine gearbox vibration in a
case study: a multibody dynamic model is constructed to simulate the drive train of a faulted multistage wind turbine gearbox with
serious vibrations. )e significant vibration behaviour of the drive train for typical excitations is calculated, and the results
according to specified geometric parameters of the gears are analysed in detail to investigate effective solutions for vibration
reduction. )e results indicate that the helix angle and numbers of teeth of a gear pair are the most significant factors for solving
the problem. )e effectiveness of the proposed solutions and relevant mechanisms are discussed and validated by a prototype
vibration test.

1. Introduction

)e dynamic performance of a gearbox is a kind of char-
acteristic that can potentially affect reliability in an obvious
way, so the vibration of the gearbox system should be
evaluated critically. An obvious or potential fault will in-
crease the failure risk of gearbox and cause unexpected
resource waste due to mandatory maintenance. A common
theory which is widely accepted for the gearbox design is that
the most significant performance of gearbox should be the
fatigue life and static strength of the rotating components
such as meshing gears, shafts, and bearings, so the me-
chanical properties of the transmission parts must satisfy the
particular design requirements. Actually, some problems of
a faulted gearbox always derive from uncontrollable dy-
namic responses to particular excitations on typical work
conditions, and this principle is frequently mentioned and
reported in the relevant research literature [1–3]. To research
the mechanism of gearbox vibration faults and find effective
solutions, many simulation models have been proposed to
study the influence of typical boundary conditions on
gearbox vibrations. )e common modelling objective is to
simulate the gear meshing properties, because the excitation

effects on the gearbox always derive from an internal cause
(gear meshing) and an external cause (dynamic load) [4].
For studies on a wind turbine gearbox, multibody simulation
models are frequently applied, because the gearbox is a
coupled multibody system with complicated boundary
conditions, and the simulation of the planetary gear stage
should be the most significant in the modelling. Parra and
Vicuna [5] proposed an analytical model and a lumped-
parameter model that were constructed on the basis of a
single planetary gear stage to investigate planetary gearbox
vibration on different fault conditions. He et al. [6] devel-
oped a set of rigid-flexible coupling dynamic models of a
single-stage planetary gear train with a floating sun gear
shaft. Single planetary gear stage modelling can simulate the
gear meshing stiffness of a planetary gear train and should be
considered the foundation of the model, which is con-
structed on the basis of a coupled multistage drive train of a
wind turbine gearbox. According to single planetary gear
stage modelling, Zhao and Ji [7] developed a multibody
dynamic model of a wind turbine gearbox with two plan-
etary gear stages and one parallel-axis gear stage to research
nonlinear torsional vibrations during wind turbine gearbox
operation. Al-Hamadani et al. [8] constructed a coupled
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model of a wind turbine gearbox by using MATLAB/
Simulink to analyse the gear load variation and the system
vibration on two typical transient loading conditions
(normal operating and shutdown). Additionally, the gearbox
model can also be considered as a subsystem of an integrated
wind turbine system and combined with other functional
components of the wind turbine such as the blades and
tower; models of the integrated wind turbine system are
always constructed to study some special excitations that do
not influence the gearbox directly, such as the platform
motion of an offshore wind turbine [9,10]. )e conclusions
derived from the model of a coupled multistage gear train
can describe the dynamic performance of a wind turbine
gearbox practically due to the consideration of the coupling
parameters between coupled gear stages. )e model and
research strategy are significant for solving vibration faults of
a wind turbine gearbox.

Some studies on fault diagnosis for gearboxes have val-
idated that the failure of any component in a drive train causes
a particular variation in the performance. )e source of a
gearbox vibration can be reflected by signals of vibration
behaviour [5,6,11] and can be captured and displayed by a
particular expert system or procedure [12], so it is feasible to
research the dynamic performance of a wind turbine drive
train by analysing the different vibration signals, such as the
time-domain spectrum and meshing frequency spectrum
[13,14]. )e results derived from various analytical methods
and the relevant discussions indicated that many factors can
influence the vibration of a wind turbine gearbox. Wei et al.
[15] showed that the mesh stiffness, transmission error, and
mesh damping are significant for the vibration behaviour of a
wind turbine transmission system. Wang et al. [16] pointed
out that a gear micromodification scheme could significantly
influence the vibration behaviour. Yi, Huang, and Shi [17]
validated that the modal properties of a wind turbine drive
train are relevant to the vibration behaviour of the gearbox.
Additionally, helix gears are widely applied in wind turbine
gearbox design, and the influence of particular geometric
parameters, such as the helix angle, on the vibration be-
haviour of the gearbox is also frequently investigated. Tatar
et al. [18] indicated that the vibrations of gear shafts were
coupled in the helical gearing configuration due to the gear
helix angle. Lei et al. [19] solved the noise and vibration
problem of an electric bus gearbox and presented an optimal
microgeometry modification algorithm to reduce noise ex-
citation sources such as the transmission error and maximum
tooth surface load. Hiremath and Venkataram [20] proposed
that design modifications of the gearbox should be carried out
to avoid resonance. )e conclusions of the abovementioned
literature supplies a theoretical foundation for the research in
this article. It is obvious that the geometric parameters of the
gears are significant for the fault diagnosis and vibration
behaviour optimization of a wind turbine gearbox.

Many studies on wind turbine gearbox vibration have
proposed various reliable models, relative factors, and
critical analytical methods for gearbox fault diagnosis, but
the integrated influences of multiple factors on wind turbine
gearbox vibration are reported insufficiently owing to the
various limitations of the simulation models; additionally,

conclusions regarding specific optimal design methodologies
for vibration reduction on the basis of modal optimization by
altering the geometric parameters of the gears are also scarce.
According to the objectives of this research, the simulation
model is constructed according to the structure of a sampled
multistage wind turbine gearbox. )e boundary conditions
that are validated to be relevant to gearbox vibration are
considered comprehensively, which include the flexibilities of
the shafts, gears, and housings; the stiffness and damping of
the bearings, couplings, and gear meshing; the mass and
inertia of all components in the drive train; and the backlash
of the gear pairs.)is article analyses the relationship between
gearbox vibrations and the geometric parameters of a helix
gear pair with consideration of the eigenfrequencies and
resonance performance of the drive train and proposes a
practical optimal solution for vibration reduction. )e ef-
fectiveness is validated by experimental discussions.

2. Modelling

2.1. Question Description. )e research object in this article
is a wind turbine gearbox with traditional transmission
concept and structure which has two spur planetary stages
and one parallel-axis helix stage. Some basic technical pa-
rameters of the wind turbine are listed in Table 1.

)e faulted gearbox exhibited terrible translational vi-
brations on the output shaft with the highest rotation ve-
locity (HSS) when the wind turbine was running on rated
work condition. According to the validation by vibration
test, the experimental results which are listed in Table 2
indicated that the acceleration of HSS seriously exceeded
mandatory vibration limitation (7.5m/s2 in VDI 3834).
Figure 1 illustrates the position of the acceleration sensor
and modelling logic of the simulation.

To investigate the main source of faulted gearbox vi-
brations and research effective solution, a coupled multibody
dynamic model of the sample gearbox is constructed for the
simulating analysis. )is model is proposed to analyse the
dynamic behaviour of the faulted gearbox and determine the
factors which are significantly relevant to HSS vibration
generation. A practical optimization scheme is presented as a
reliable solution according to the simulation results, and the
detailed discussions and relevant validations are presented.

2.2. Multibody Dynamic Model. )e dynamic model is
constructed by using SIMPACK, which is professional soft-
ware for carrying out coupled multibody dynamic simulation.
According to the modelling logic illustrated in Figure 1, the
modelling assignments should consider following principles:

(a) )e model shall contain all of rotating parts and
stationary housings; some basic characteristic of the
components such as mass and inertia must be de-
fined precisely; all of the shafts shall be constructed
as elastic components to consider the integrated
stiffness of the drive train; the rear housing is
constructed as extraflexible bodies because it is di-
rectly relevant to the vibration behaviour of the
parallel-axis helix gear stage (HSS).
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(b) )e model shall adequately consider the connective
stiffness between two coupled components, such as
couplings, interference fit, spline, and elastic support.
)e bearing stiffness must be considered at least in the
form of a matrix, but the nonlinear stiffness spectrum
of the HSS bearings should be considered to improve
the accuracy of the vibration behaviour results.

(c) )e geometric parameters of all gears shall be de-
fined precisely according to the design scheme of the
drive train, and themeshing stiffness and damping of
all gear pairs (including one parallel-axis helix stage
and two spur planetary stages) need to be considered
as precise as possible.

(d) )e rated load and rotation velocity shall be con-
sidered as the input/output parameters of the sim-
ulation because the vibration fault is significantly
obvious on rated work condition.

In a coupled multibody drive train, the motion differ-
ential equation can be derived by analysing the actual forces
acting on the components. )e composition of the force
acting on a single mass ma consists of an elastic force, an
inertial force, and a damping force. Under the assumption
that the displacement function of a massma is q(t), the three
kinds of force should be as follows:

FK � Ka · q(t),

FI � ma · €q(t),

Fc � Ca · _q(t).

⎧⎪⎪⎨

⎪⎪⎩
(1)

If there are n components in a multibody drive train and
the displacement function of each mass is qb(t) (b� 1,2, . . . ,
n), the three kinds of force acting on mass ma should be
superposed on the basis of the superposition principle:

FK � 
n

b�1
Kab · qb(t),

FI � 
n

b�1
mab · €qb(t),

Fc � 
n

b�1
Cab · _qb(t).

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

(2)

According to the D’Alembert principle, the elastic force,
inertial force, damping force, and exciting force acting on
mass ma constitute an equilibrium force system. )e
equation is



n

b�1
mab €qb (t) + 

n

b�1
Cab _qb(t) + 

n

b�1
Kabqb(t) � Qa(t). (3)

Equation (3) is established for each mass in the multi-
body drive train, and the subscript a should be assigned from
1 to n, which means there are n equations based on equation
(3) for this drive train. Consequently, the equations can be
written as follows:


n

b�1
mab €qb(t) + Cab _qb(t) + Kabqb(t)(  � Qa(t),

(a � 1, 2, · · ·, n).

(4)

Equation (4) is the motion differential equation of a
coupled multibody drive train with n components; it is a
second-order linear differential equation with constant
coefficients and can be integrated into matrix form:

[m] €q(t)  +[C] _q(t)  +[K] q(t)  � Q(t){ },

q(t)  � q1(t), q2(t), · · ·qn(t) 
T
,

Q(t){ } � Q1(t), Q2(t), · · ·Qn(t) 
T
.

(5)

In equation (5), [m], [C], and [K] are the matrices of the
mass, damping, and stiffness, and the boundary conditions
define the dynamic performance of the drive train.

)e wind turbine gearbox drive train is a representative
multibody system, and all coefficients of the motion dif-
ferential equation can also be generalized in a matrix. )e
most difficult question for the simulation is the analytical
modelling of the planetary gear system, which is an im-
portant theoretical basis for constructing the multibody
model of a wind turbine gearbox drive train.

Figure 2 indicates the analytical modelling of the
planetary gear system in the faulted wind turbine gearbox
[21]. Figure 3 illustrates drive principle of the faulted
gearbox [22], so the integrated meshing forces of each
planetary stage can be calculated by the following equations:

X1sp � cos α1s 

3

j�1
F1spj,

X1rp � cos α1p 

3

j�1
F1rpj,

X2sp � cos α2s 

3

j�1
F2spj,

X2rp � cos α2p 

3

j�1
F2rpj.

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

(6)

Figure 3 also illustrates the components in each stage.
According to the D’Alembert principle, equation (3) of each

Table 1: Basic technical parameters of wind turbine.

Rated Power 1.71MW
Rated input torque 1021 kNm
Rated input rotation velocity 16 rpm
Ratio of the gearbox 112.6
Output rotation velocity range 1015–2060 rpm

Table 2: Original vibration test results.

Direction Acceleration (m/s2)
Axial 8.18
Vertical 21.65
Radial 15.29
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component in the wind turbine gearbox drive train can be
established on the basis of the gearbox structure and relevant
parameters such as the mass (or rotary inertia), stiffness, and
damping of the geometries and couplings:

)e equations of motion for stage 1-planetary are as
follows:

m1c €u1c + C1c

_u1c

r1c

+ K1c

u1c

r1c

�
Tin

r1c

+ X1sp − X1rp,

m1s €u1s + C1s2c

_u1s

r1s

+ K1s2c

u1s

r1s

� − 
3

j�1
F1spj,

m1p1 €u1p1 � − F1sp1 + F1rp1 ,

m1p2 €u1p2 � − F1sp2 + F1rp2 ,

m1p3 €u1p3 � − F1sp3 + F1rp3 .

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

(7)

)e equations of motion for stage 2-planetary are as
follows:

m2c €u2c + C2c

_u2c

r2c

+ K2c

u2c

r2c

�
Tin

i1r2c

+ X2sp − X2rp,

m2s €u2s + C2s3w

_u2s

r2s

+ K2s3w

u2s

r2s

� − 
3

j�1
F2spj,

m2p1 €u2p1 � − F2sp1 + F2rp1 ,

m2p2 €u2p2 � − F2sp2 + F2rp2 ,

m2p3 €u2p3 � − F2sp3 + F2rp3 .

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

(8)

)e equations of motion for stage 3-parallel are as
follows:

m3w €u3w + C2s3w

Δ _θ2s3w

r3w

+ K2s3w

Δθ2s3w

r3w

�
Tin

f1f2r3w

− F3whs,

Δ _θ2s3w �
_u3w

r3w

−
_u2s

r2s

,

Δθ2s3w �
u3w

r3w

−
u2s

r2s

,

m3hs €u3hs � −
Tout

r3hs

+ F3whs .

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

(9)

)eoretically, according to equation (5), the motion
differential equation of a multibody drive train could be
integrated into matrix form with the concerned boundary
conditions as follows:

[m][ €u ] +[C][ _u] +[K][u] � [F]. (10)

Equation (10) indicates that the explicit responses of
component acceleration under established excitation can be
calculated by solving the motion differential equation set of
the gearbox drive train. )e results are discussed in the
following sections, and the analytical solutions of the
equation set are considered as the predictions of drive train
vibration.

3. Multibody Dynamic Simulations

)e multibody dynamic simulation is carried out for modal
analysis and vibration behaviour calculation. According to
the multibody dynamic principle, the eigenfrequencies and
the translational vibration behaviour of the gearbox drive
train are relevant to bearing stiffness. Many conventional
approaches prefer to assume that the stiffness of the bearings
applied in the gearbox are constant and then carry out modal
analysis on a stationary drive train. Actually, the bearing
stiffness should be significantly affected by working load,
which means that the eigenfrequencies and the vibration
behaviour should be analysed and calculated on particular
work conditions. In this research, the actual stiffness
spectrum of the HSS bearings derived from bearing
manufacturing is considered, and the modal analysis is
carried out considering the dynamic equilibrium of the
gearbox drive train on rated work conditions.

3.1. Original Model. )e original model is the model of the
gearbox drive train constructed on the basis of the original
design parameters. )e reliability of the original model
should be validated by an experimental approach. )e
frequency spectra of the translational accelerations of the
sensor position are illustrated in the following figures to
indicate the most significant excitation frequency.

Figures 4–6 indicate that the significant excitation fre-
quency of the HSS translational acceleration responses is
937.9Hz, and all of the peak translational accelerations,
especially the vertical acceleration, obviously exceed the
vibration limitation. )e distribution of the acceleration
responses consists of the actual situation that is absolutely
described by the fault report. According to Newton’s second
law of motion-force and acceleration, the serious accelera-
tion response will cause an additional vibration load when
the gearbox is running on work conditions. )e vibration
load must be limited significantly; otherwise, it would cause
serious fatigue faults for the gearbox drive train. To compare
the simulation results with the experimental results, the data
indicate that the theoretical and experimental HSS accel-
erations are basically in agreement (see Table 3). )e errors
between the theoretical and experimental accelerations are
considered to be caused by some boundary condition
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deviations between theoretical simulation model and
practical test bench, and the reliability of the simulation
model can be validated according to the comparisons. To
investigate the source of the serious vibration of the
faulted wind turbine gearbox, the simulation results of the
original model are considered as the fundamental data.
)e further discussions are presented on the basis of the
acceleration responses and gear parameters of the original
model.

Generally, the excitation frequency should not be
allowed to approach any eigenfrequency to avoid the risk of
resonance. )e eigenfrequencies of the gearbox drive train
can be obtained by a modal analysis, and the particular
meshing frequency of the gear pair can derive from rotating

velocities and the numbers of teeth. According to the re-
search purpose of this article, it is necessary to concern the
meshing frequency of the parallel-axis helix stage on rated
work conditions. )e equation for calculating the gear
meshing frequency is as follows:

fmesh �
naZa

60
�

nbZb

60
. (11)

According to the basic design parameters of the faulted
wind turbine gearbox, the original module of the helix stage
is 7mm, and the number of teeth Za/Zb is 127/31. )e mesh
frequencies on different work conditions are listed in
Table 4.

Output
sha�

(HS3)

Stage 3
wheel
gear
sha�
(W3)

Stage 2
sun gear

(S2)

Stage 2
planet gear 1

(2P1)

Stage 2
planet gear 2

(2P2)

Stage 2
planet gear 3

(2P3)

Front housing Stage 1 ring gear
(R1) Central housing Stage 2 ring gear

(R2)
Rear housing

Input
sha�

Stage 1
carrier
(C1)

Stage 1
planet gear 1

(1P1)

Stage 1
planet gear 2

(1P2)

Stage 1
planet gear 3

(1P3)

Stage 1
sun gear

(S1)

Stage 2
carrier
(C2)

Rx Rx

Rx

Joint
Stiffness/damping
Gear meshing
Vibration sensor

Tx, Ty, Tz : translation
Rx, Ry, Rz : rotation
KB/CB : bearig stiffness/damping
KS/CS : spline stiffness/damping

KB
CB

KB
CB

KB
CB

KS
CS

KS
CS

KS
CS

Rx

Rx

Rx

Rx

Rx

KB/CB KB/CB KB/CB KB/CB KB/CB

KB
CB

KB
CB

Rx

KB
CB

Z (vertical)

X (axial)

Y (radial)

Figure 1: Position of the acceleration sensor and modelling logic of the simulation.
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Figure 2: Analytical modelling of the planetary gear system [21].
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Figure 3: Drive principle of the faulted gearbox [22].
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Table 4 indicates that the theoretical meshing frequency
of the parallel-axis helix stage for the rated rotation velocity
is 933.47Hz, which is very close to 937.9Hz, and the de-
viation rate is less than 1%. )is means that the significant
excitation frequency in Figures 4–6 is the meshing frequency
of the parallel-axis helix stage, and the faulted HSS vibration
must derive from the helix gear meshing. To compare with
the excitation frequencies, a modal analysis based on the
original model should be carried out to obtain eigen-
frequencies of the drive train (the drive train must achieve
dynamic equilibrium on rated work conditions). According
to the motion differential equations of the multibody drive
train, the undamped free vibration equation can be con-
cluded as

ω2
i [m] − [K] φi � 0. (12)

To consider the damping coefficient ξi, the damped
eigenfrequencies can be calculated according to undamped
eigenfrequencies by the following equation:

ωdi � ωi

�����

1 − ξ2i


. (13)

)eoretically, a multibody system has numerous
eigenfrequencies that can be obtained by a modal calcula-
tion. For the case study in this research, it is necessary to

validate that the excitation frequencies on rated work
conditions are significantly different from any eigenfre-
quency; otherwise, a complicated forced oscillation in-
cluding potential resonance would arise at a particular
rotation velocity. Table 5 lists the segmental eigenfrequencies
of the original model.

)e modal analysis result of the original model
highlights that the eigenfrequency of mode 98 is 937.3 Hz,
which is very close to the meshing frequency of the par-
allel-axis helix stage (937.9 Hz). )e phenomenon indi-
cates the existence of potential resonance in the gearbox
drive train. )e resonance deriving from the helix gear
stage can sharply amplify the vibration responses of the
HSS and must be the dominant mechanism of the terrible
vibration of the faulted wind turbine gearbox. A reliable
solution for reducing the resonance effect is to regulate the
excitation frequency, because it is difficult to control the
eigenfrequencies of the drive train; the regulation can be
achieved by modifying the original design parameters of
the helix gear stage (especially the numbers of teeth) to
vary the meshing frequency. To validate the proposed
strategy, a “modified model” with modified geometric
parameters of the helix gear stage is proposed to study
regulated HSS vibrations.
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Figure 4: Axial acceleration of the original model.

Table 3: Comparisons between simulations and the test.

Direction Simulation (m/s2) Experiment (m/s2)
Axial 9.17 8.18
Vertical 20.49 21.65
Radial 9.88 15.29

Significant excitation frequency: 937.9Hz

Table 4: Gear mesh frequencies of original parallel-axis helix stage.

Condition Input
rotation (rpm)

Output
rotation (rpm)

Meshing
frequency (Hz)

In 8.989 1015 524.42
Rated 16 1806.72 933.47
Out 18.243 2060 1064.33

)e actual ratio of the original model is 112.92
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Figure 5: Vertical acceleration of the original model.
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Figure 6: Radial acceleration of the original model.
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3.2. Modified Model. Equation (11) indicates that the
meshing frequency of parallel-axis helix stage can be
changed by adjusting the numbers of teeth (the rotation
velocities should be constant), and other geometric pa-
rameters of the gears should also be modified accordingly.
)e modified geometric parameters of the helix gear stage
should be defined according to the following regulations:

(i) )e meshing frequency of the stage should be
regulated to maintain a significant distance from
any eigenfrequency

(ii) )e gear ratio is basically consistent with the
original model

(iiii) )e centre distance is absolutely the same as the
original model

(iiv) )e module of the gear pair is permitted to be
regulated

(v) )e strength of the teeth must satisfy essential
requirements

)e primary purpose of the modification is to regulate
the numbers of teeth to alter the gear meshing frequencies,
so other parameters, such as the shift factors, can also be
varied slightly to maintain the gear geometry. After the
modification, the modified gear parameters are listed in
Table 6 and compared with the original model, and the
modified meshing frequencies are listed in Table 7.

Table 8 lists the segmental eigenfrequencies of the
modified model.

Tables 7 and 8 highlight that the theoretical modified
meshing frequency of the helix gear stage on rated work
conditions is changed to 720.3Hz, and the closest eigen-
frequencies to the modified meshing frequency (720.3Hz)
are 670.7Hz and 777.4Hz. )e frequency distribution
presents sufficient differences between the excitation fre-
quency and the eigenfrequencies. )e potential resonance
effect should be weakened due to the modified geometric
parameters of the gears, and the HSS vibration should be
decreased effectively. )e discussion can be validated by
calculating the peak translational accelerations on the basis
of the modified model.

Figures 7–9 indicate that the most significant excitation
frequency of the modified HSS translational acceleration
responses varies to 728.4Hz; however, all of the peak
translational accelerations are still greater than vibration
limitation as well, and the effectiveness of the vibration
reduction is not satisfactory. Table 9 compares the peak
translational accelerations of the modified model with the
original values, and the comparison indicates that the
translational vibration responses of the HSS are decreased to

some degree. )e principle is that the meshing frequency of
the helix gear stage does not approach certain eigen-
frequencies by adjusting the numbers of teeth and the
module. )e modified simulation results validate that the
potential resonance must be a significant source of the
faulted vibration, and the influence can be reduced by
modifying the geometric parameters of the gears. Actually,
the eigenfrequencies of the multibody system are mainly
relevant to the structure of drive train. )e variation in the
geometric parameters of the gears does not affect the
eigenfrequencies significantly as long as the mass and rotary
inertia of the gears are the same. Consequently, the gear
parameters shall be designed considering modal analysis to
avoid resonance.

)e simulation results of the modified model also
present some phenomena that must be discussed. )e
original results indicate that the significant excitation
frequency is only the fundamental meshing frequency of
the helix gear stage (937.9Hz). )e modified results in-
dicate that the responses of the axial and radial accelera-
tions have an additional significant excitation frequency,
which is the double meshing frequency of the excitation
helix gear stage (1456.9Hz), and the fundamental meshing
frequency (728.4Hz) is also a significant frequency as in the
original results. )is phenomenon means that the gearbox
is excited by the double meshing frequency of the helix gear
stage more seriously after the modification of the geometric
parameters of the gears, and the integrated vibration energy
may be increased by an additional excitation frequency.
)e most important validation is that all of the HSS
translational accelerations have not been controlled sig-
nificantly to be less than the vibration limitation.
According to the above discussions, it is clear that the
faulted gearbox vibration cannot be decreased effectively by
only adjusting the numbers of teeth and module of helix
gear stage. Other geometric gear parameters should be
considered to investigate the most effective solution for the
vibration fault.

3.3. Optimal Model. An excessively large vibration accel-
eration always indicates a serious exciting load, and the load
must derive from the dynamic meshing force of the gear
pair, so the excessively large vibration acceleration could be
controlled by limiting the gear meshing force. In this re-
search, the ratio and centre distance of the HSS gear pair are
not allowed to vary, and the most effective method to control
the gear meshing force is to regulate the helix angle of the
gear pair. Consequently, an “optimal model” with a larger
helix angle than that in the modified model is proposed, and

Table 5: Original eigenfrequencies (segmental).

Mode Damping coefficient Eigenfrequency (Hz)
96 0.0508 872.5
97 0.0354 893.8
98 0.0292 937.3
99 0.0230 1014.5
100 0.0303 1078.1

Table 6: Parameter comparisons between modified and original
helical gears.

Original model Modified model
Numbers of teeth: 127/31 Numbers of teeth: 98/24
Shift factors: − 0.2358/0.2476 Shift factors: − 0.055/0.3409
Module: 7mm Module: 9mm
Helix angle: 9° Helix angle: 10°
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the optimal geometric parameters of the helix stage should
be defined according to the following regulations:

(i) )e module of the gear pair is 9mm
(ii) )e numbers of teeth are similar to the modified

model
(iii) )e gear ratio is basically consistent with the

modified model

(iv) )e centre distance is absolutely the same as the
modified model

(v) )e helix angle should be increased significantly

)e primary purpose of the optimization is to regulate
the helix angle significantly to investigate the relationships
between the helix angle and HSS vibration; other parame-
ters, such as the shift factors, can also be varied slightly to
maintain the gear geometry. After the optimization, the
optimized gear parameters are listed in Table 10 and
compared with those of the modified model, and the op-
timized meshing frequencies are listed in Table 11.

Table 12 lists the segmental eigenfrequencies of the
optimal model.

Tables 11 and 12 highlight that the theoretical optimal
meshing frequency of the helix gear stage on rated work
conditions is varied to 661.53Hz, and the eigenfrequencies

Table 7: Gear mesh frequencies of modified parallel-axis helix stage.

Condition Input rotation (rpm) Output rotation (rpm) Meshing frequency (Hz)
In 9.018 1015 406
Rated 16 1800.8 720.3
Out 18.303 2060 824

)e actual ratio of the modified model is 112.55

Table 8: Modified eigenfrequencies (segmental).

Mode Damping coefficient Eigenfrequency (Hz)
86 0.0393 651.5
87 0.0203 670.7
88 0.0240 777.4
89 0.1206 783.7
90 0.0200 811.5
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Figure 7: Axial acceleration of the modified model.
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Figure 8: Vertical acceleration of the modified model.
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Figure 9: Radial acceleration of the modified model.

Table 9: Simulation result comparisons.

Direction Modified (m/s2) Original (m/s2)
Axial 7.18 9.17
Vertical 14.99 20.49
Radial 8.25 9.88
Excitation 728.4/1456.9Hz 937.9Hz

Table 10: Parameter comparisons between optimal and modified
helical gears.

Modified model Optimal model
Numbers of teeth: 98/24 Numbers of teeth: 90/22
Shift factors: − 0.055/0.3409 Shift factors: 0.1054/0.337
Module: 9mm Module: 9mm
Helix angle: 10° Helix angle: 25°
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closest to the optimal meshing frequency (661.53Hz) are
652.4Hz and 777.6Hz. )e differences between the exci-
tation frequency and the eigenfrequencies are also sufficient
as with the modified model, and the data listed in Tables 8
and 12 demonstrate that the geometric parameters of the
gears do not affect the eigenfrequencies of the drive train
significantly. To investigate the most effective solution for
the vibration fault, the simulation results of the optimal

model should be illustrated and discussed for a reliable
validation.

Figures 10–12 indicate that the significant excitation
frequency of the optimized HSS translational acceleration
responses is changed to 665.2Hz, and all of the peak
translational accelerations are less than vibration limitation.
In this case study, the optimized simulation results show that
the significant excitation frequency and the corresponding
peak translational accelerations are obviously regulated, and
the phenomenon signifies the vibration fault of the gearbox
is solved. To summarize the effectiveness of the optimization

Table 11: Gear mesh frequencies of optimal parallel-axis helix stage.

Condition Input rotation (rpm) Output rotation (rpm) Meshing frequency (Hz)
In 9 1015 372.17
Rated 16 1804.16 661.53
Out 18.27 2060 755.33

)e actual ratio of the optimal model is 112.76
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Figure 10: Axial acceleration of the optimal model.
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Figure 11: Vertical acceleration of the optimal model.
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Figure 12: Radial acceleration of the optimal model.

Table 12: Optimal eigenfrequencies (segmental).

Mode Damping coefficient Eigenfrequency (Hz)
85 0.0200 642.3
86 0.0399 652.4
87 0.0239 777.6
88 0.1206 783.8
89 0.0237 828.3

Table 13: Simulation results comparisons (all models).

Direction Optimal (m/s2) Modified (m/s2) Original (m/s2)
Axial 2.98 7.18 9.17
Vertical 6.87 14.99 20.49
Radial 4.10 8.25 9.88
Excitation 665.2Hz 728.4/1456.9Hz 937.9Hz

3 axis acceleration sensor

Figure 13: Primary test gearbox and sensor position.
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according to the data in Table 13, the significant excitation
frequency is decreased from 937.9Hz (original model) to
728.4Hz (modified model) owing to the variation of the
numbers of teeth and significantly altered to 665.2Hz
(optimal model) by increasing the helix angle of the gear
pair. )e peak vertical acceleration of the optimal model is
finally decreased by 66.47% compared with that of the
original model; the peak axial and radial accelerations of the
optimal model are finally decreased by 67.5% and 58.5%,
respectively, compared with those of the original model.
After the optimal solutions, the comparisons indicate that
the vibration behaviour of the HSS has been optimized to an
expected level, implying that the current vibration load
(dynamic gear meshing force) is acceptable, and the life and
the reliability of the parallel-axis helix stage can be improved
significantly. )e mechanism of the vibration reduction in
this case study is a reduction in the resonance effects on the
HSS vibration by regulating the excitation frequency. )e
most highlighted distinctions among the original model,
modified model, and optimal model are the alteration of the
number of teeth and helix angle (see Tables 6 and 10), so it is
clear that the most significant factor for solving the vibration
fault is the geometric parameters of the helix gear stage.

)e comparisons of different simulation results have
demonstrated that the HSS vibrations are definitely influ-
enced by the geometric parameters of the gears, which can be
controlled effectively by adjusting the meshing frequency
and increasing helix angle of the helix gear stage. For the
purpose of vibration reduction, the numbers of teeth of gears
must be decided critically to primarily reduce potential
resonance risk; the modal analysis results indicated that the
alteration of geometric gear parameters could not affect the
eigenfrequencies of the drive train significantly, so the helix
angle of the gear pair should be designed to be as large as
possible to limit an excessively large gear meshing force. )e
process of the proposed optimizations implies that the
detailed parameters of any factor that is relevant to the
vibration behaviour of the gearbox should be designed
considering the resonance effect and dynamic meshing load.
)is deduction is an important principle for solving the
vibration fault of the wind turbine gearbox, and the effec-
tiveness of the solution can be validated by the vibration test
based on the optimized prototype.

4. Experimental Validation

A type of the back-to-back vibration test bench for wind
turbine gearbox was assembled for experimental validation,
and the optimized helix gears were manufactured to replace
the original faulted gears. To consider the interchangeability
of the parallel-axis helix stage, the central distance of the
optimized helix gear stage should be identical with the
original design scheme by altering some other geometric
gear parameters and it is very significant to guarantee the
primary performance of the gearbox and reduce the wasted
maintenance costs. )e vibration test for the optimized
gearbox is carried out to monitor the translational accel-
erations of HSS, which can be reflected on the rear housing
of the gearbox. Figure 13 illustrates that a 3-axis piezoelectric
transducer was placed on the rear housing to record
translational accelerations. To guarantee the experimental
results are adequately precise for further evaluation, the
testing process was repeated five times for calculating av-
erage directional accelerations. Figure 14 illustrates the vi-
bration test bench assembly as follows.

)e original vibration test result based on faulted
gearbox also derives from the identical test bench and
program. )e experimental results validate that the serious
translational vibrations on the rear housing are caused by
potential resonance in the parallel-axis helix stage, and the
resonance effects can be reduced by enlarging the helix angle
of the gear pair and regulating the meshing frequency. Fi-
nally, the entire gearbox vibrations are decreased effectively
by replacing the parallel-axis helix gear pair.

Table 14 displays the experimental translational accel-
eration results, and the values are means of five vibration
tests involving the gearbox with the optimal helix gear stage
(the optimized gearbox). )e data are considered to be the
most reliable experimental results for expected validation.
Table 15 compares current vibrations of the optimized
gearbox with original vibrations of the faulted gearbox, and
Table 16 shows the comparisons between the optimal
simulation results and the experimental data of the opti-
mized gearbox. All of the data display that the faulted
gearbox vibrations have been decreased to less than required
limitation. )is result validates the effectiveness of the
proposed solution and the significance of the gear parameter

MotorHSS coupling

Middle
housing

Rear housingFront housing

Primary test
gearbox

Accompanying
test gearbox 

Main shaft
Inner ring

Torque arm

Inner ring

3-axis piezoelectric 
transducer

Figure 14: Back-to-back vibration test bench assembly [22].
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optimization and also demonstrates that some additional
vibration behaviour due to the resonance effect can be
controlled by increasing the helix angle of the gears and
adjusting the numbers of teeth. )ese parameters are the
most significant factors that are relevant to excessively large
translational vibrations of the original faulted gearbox.

5. Conclusions

)is article describes a case study that investigates the effects
of some basic parameters of a parallel-axis helix gear stage on
wind turbine gearbox vibration. A coupled multibody dy-
namic model for a faulted wind turbine gearbox drive train
with serious vibrations is constructed and used in the re-
search. According to the results of the dynamic responses
derived from the simulation, the relevant discussions lead to
the following conclusions:

(i) )e potential resonance effect and excessively large
exciting load in parallel-axis helix stage cause the
serious vibration of the faulted wind turbine
gearbox

(ii) )e numbers of teeth of the gear pair are relevant to
the existence of potential resonance, and the helix
angle will directly influence the exciting load

(iii) )e numbers of teeth should be decided with con-
sideration of the modal analysis results, which should
ensure that the excitation frequencies for important
input rotation velocities do not correspond to any
eigenfrequencies to avoid potential resonance

(iv) )e effective solution for the faulted wind turbine
gearbox should include two parts: (1) an optimi-
zation of the numbers of teeth of the parallel-axis
helix gear pair to avoid resonance risk and (2) an
increased helix angle to optimize the dynamic gear
meshing force to limit excitation

For the case study in this article, the accuracy and re-
liability of the proposed solutions have been validated by
multiple prototype vibration tests, and the conclusions can
be considered as a common principle for solving similar
vibration problems of other faulted gearboxes. In addition,
the conclusions and methodology of this research are also
significant for controlling potential vibration faults of
gearbox prototypes. If designers always consider the
eigenfrequencies of the drive train and dynamic gear
meshing force optimization when defining the important
gear parameters, the dynamic vibration of the gearbox
prototype can be predicted and optimized actively during
the theoretical design process. )e methodology is very
beneficial for improving the reliability of the gearbox pro-
totype and reducing the manufacturing costs.

In future work, a “virtual prototype vibration test bench”
will be developed on the basis of the multibody dynamic
simulation, which can simulate the practical boundary con-
ditions of an actual test bench. )e finished gearbox model
can be assembled using the virtual test bench to evaluate its
dynamic performance, and the significant parameters can also
be regulated conveniently to find optimal values before
manufacturing. Consequently, the vibration of an actual
prototype can be controlled effectively by the methodology,
which is beneficial for avoiding vibration problems such as the
faulted wind turbine gearbox considered in this case study.

Nomenclature

Subscript
c, p, s, r: Carrier (c), planet (p), sun (s), and ring (r)
pj: )e planet gear number in a planetary stage (j� 1,

2, 3)
i: )e gear stage number (i� 1, 2, 3)
Items
ma, mab: )e single mass in the drive train (a� 1, 2,

. . . , n, b� 1, 2, . . . , n)
FK, FI, FC: Elastic force, inertial force, and damping

force
q(t): Displacement function of ma
qb(t): Displacement function of each ma in the

drive train (b� 1, 2, . . . , n)
Qa(t): )e exciting force acting on mass ma

(a� 1, 2, . . . , n)
Ka, Kab,
Ca, Cab:

Stiffness of mass ma and mab and
damping of mass ma and mab

[m], [C], [K]: )e generalized matrix of the mass,
damping, and stiffness

{q(t)}/[u]: )e generalized displacement vectors
{Q(t)}/(F): )e generalized force vectors
α1s, α1p, α2s, α2p: Working pressure angles of the sun-

planet meshing and planet-ring meshing
in stage 1 and stage 2

X1sp, X2sp: )e integrated meshing force between the
sun and planet in stage 1 and stage 2

X1rp, X2rp: )e integrated meshing force between the
planet and ring in stage 1 and stage 2

Fispj: )e meshing forces between sun gear and
planet gear j in stage i (i� 1, 2, j� 1, 2, 3)

Table 14: Vibration test results after optimization.

Direction Acceleration (m/s2)
Axial 2.257
Vertical 6.184
Radial 4.638

Table 15: Comparison of the experimental results.

Direction Optimized (m/s2) Original (m/s2)
Axial 2.257 8.18
Vertical 6.184 21.65
Radial 4.638 15.29

Table 16: Comparisons between simulations and test (the optimal
model).

Direction Simulation (m/s2) Experiment (m/s2)
Axial 2.98 2.257
Vertical 6.87 6.184
Radial 4.10 4.638
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Firpj: )e meshing forces between ring and
planet gear j in stage i

F3whs: )e meshing forces between wheel gear
and pinion gear in stage 3

ric: Rotating radius of the carrier in i stage
(i� 1, 2, 3, k� s, r, p1, p2, p3, w, hs)

rik: Base radius of the gears in i stage
Kic, Cic: Stiffness/damping of the carriers in stage i

(i� 1, 2)
K1s2c, C1s2c,
K2s3w, C2s3w:

Stiffness and damping of the spline
between the stage 1 sun and stage 2
carrier, and stage 2 sun and stage 3 wheel
gear

Tin, Tout: Input and output torque
fi: )e ratio of stage i (i� 1, 2, 3)
mik: Mass of the component (i� 1, 2, 3, k� c, s,

p1, p2, p3, w, hs)
uik: Displacement of the component
ωi: Undamped eigenfrequency of mode i
φi: )e mode shape of mode i
ωdi: Damped eigenfrequency of mode i
ξi: Damping coefficient
fmesh: gear meshing frequency
na, nb: )e rotation velocities of the gears
Za, Zb: )e numbers of teeth of the gears.
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