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The tip leakage vortex (TLV) induced by the tip clearance flow has a significant impact on the performance of centrifugal
compressors, causing impeller flow losses and reducing the stall margin. To solve this problem, an unsteady flow control
technology called the NCFC method is proposed based on the concept of negative circulation control, realized by a vortex
generator placed in a tube connected with the shroud through a hole. The approach is derived from a theoretical study of the
compressor TLV by introducing a two-dimensional vortex model. A numerical simulation is then performed to verify the
effectiveness of the NCFC method. The result shows that the NCFC method can greatly stabilize the flow field at the blade tip
and improve the stall margin and efficiency of the compressor without reducing the total pressure ratio of the compressor,
which has the characteristics of both unsteadiness and negative circulation effect. In addition, a HC method with only
unsteady excitation effect is also studied for comparison, which only slightly stabilizes the blade tip flow and increases the stall
margin of the compressor, suggesting that the NCFC is more effective than the HC. Finally, it is highly recommended to
improve the efficiency of any unsteady jet/suction and separation flow interaction.

1. Introduction

Since the invention of the centrifugal compressor, it has been
widely used in military and civil fields, such as auxiliary
power unit for aircraft [1], propulsion system for unmanned
aerial vehicle or missile [2, 3], turbocharger for vehicle [4],
and fuel cell for automobile [5, 6]. With the development
of modern industrial system and the improvement of techni-
cal requirements, people’s demand for compressor perfor-
mance is gradually increasing. At present, centrifugal
compressors are developing towards high advanced pressure
ratio, high efficiency, and high stability. The design tech-
nique of compressor has already evolved from the one-
dimensional empirical formula to the full three-
dimensional flow field analysis [7–9]. In addition, some
blade optimization measures are also widely used, such as
leading edge sweep blade [10, 11], split blade [12, 13], tan-
dem blade [14, 15], and back-swept blade [16]. In recent

years, artificial intelligence has further optimized the com-
pressor structure and blade profile. Ma et al. [17] used
NSGA-III algorithms to optimize a centrifugal compressor
in a fuel cell system, significantly improving the pressure
ratio and efficiency of the compressor. Based on blade profile
optimization, flow control technology is beginning to attract
people’s attention to further improve the performance of the
compressor.

Most of the flow control techniques currently applied to
centrifugal compressors at present are concentrated in the
tip region, mainly for two reasons: one is that some devices
installed in the blade or wheel hub are usually limited by
space due to the compact structure of centrifugal compres-
sors; the other is that the flow field structure of the centrifu-
gal compressor tip is extremely complex due to the effects of
meridian curvature and centrifugal force, and it has a great
influence on the compressor performance [18–23]. It is pre-
cisely for these two reasons that our subsequent research and
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application of flow control will also be established at the
blade tip. At present, the applications applied to the tip area
of centrifugal compressor are various, among which the
most widely used is casing treatment, including self-
recirculation casing treatment (SRCT) [24], circumferential
grooves [25], bleed slots [26], axial groove [27], nonaxisym-
metric casing treatment [28], and ported shroud [29]. Except
for casing treatment, the application of some other control
methods, such as air injection [30], suction [31], and blade
tip winglet [32], is relatively less. Although the compressor
performance can be improved to some extent by these flow
control techniques, the results obtained when applying these
techniques are often inconsistent. Taking SRCT as an exam-
ple, Wang et al. [33] can improve the operating efficiency of
1.5% while increasing the stable operating range of the com-
pressor by 20% by applying SRCT. However, in Jung and
Pelton’s research [34], he used SRCT to increase the stable
working area of the compressor by 25%, but the efficiency
decreased by 0.4%. Taking the circumferential grooves as
an example, Bareiß et al. [25] found that the circumferential
groove method would not affect the compressor efficiency
while improving the compressor pressure ratio under any
circumstances after applying this flow control technology
to a centrifugal compressor. The circumferential groove
method is also used by Park et al. [35], whose research found
that this technology can increase the stall margin of the com-
pressor, but the efficiency will decrease. Similar conclusions
can be drawn from the review article [36]. Therefore, when
these flow control technologies are applied in practice, many
questions will arise, such as which control method is the
most suitable? What is the essential difference between dif-
ferent control methods? Will the effect of the same flow con-
trol method change when applied to different compressors?
How should the control parameters of the same flow control
method applied to different compressors be optimized?

The basic reason for the above questions is the lack of
sufficient understanding of the flow theory and flow control
mechanism of the centrifugal compressor. To solve this
problem, some researchers have carried out modeling
research on the compressor based on the mathematical
model and theoretical analysis [37–43]. Although these the-
ories have made some achievements, the following problems
still exist: (1) Some theories take the compressor as an inte-
gral unit, which lacks the details of the flow field and the
complicated physical phenomena; (2) many models are
based on cascade research, which may not be applicable to
centrifugal compressors; (3) these one-dimensional models
lack further support in describing complex flow structures;
(4) part of the theories only predict the simple actions of
vortices and cannot describe their complex motions; (5)
the most important point is how to guide the flow control
technology based on these models.

Due to the complex internal flow structure of the com-
pressor, it is difficult to give a detailed and complete theoret-
ical description, so we focus on the flow structure that plays
a key role in the performance of the compressor. As men-
tioned above, the flow field in the tip region of the impeller
is particularly important in the centrifugal compressor. In
particular, the TLV (tip leakage vortex) often has a decisive

influence on the performance of the centrifugal compressor
[21–23, 44]. Tomita et al. [45] found that the blockage of
the TLV breakdown is a major cause of compressor stall
which may occur even at low flow rates. Schleer et al. [46]
believe that a large TLV will cause the compressor stall and
affect the performance of the compressor throughout the
operating range. Cao et al. [22] found a Kelvin–Helmholtz-
type instability of the shear layer formed between the main-
stream flow and the tip leakage flow, which will form TLV
with strong unsteadiness and pressure fluctuations causing
the reduction of the blade loading. Kaneko and Tsujita
[47] found that TLVs formed by the main blade and split
blade reduce the blade loading and compressor efficiency.
Therefore, considering the important influences of TLV on
the performance of centrifugal compressors, our research
focus is based on TLV. Our approach is to optimize the flow
at the compressor blade tip by suppressing the TLV, thereby
improving the compressor performance. The specific steps
are as follows: First, in order to obtain regular and general-
ised conclusions, we conducted theoretical research on
TLV by introducing a two-dimensional vortex model. Sec-
ondly, we investigated the behaviour of the TLV vortex
model under some external factors to provide a reference
for our subsequent flow control technology. Then, following
the theoretical research results, we proposed a flow control
technology applicable to centrifugal compressors, which we
call the negative circulation flow control (NCFC) method.
Finally, we used unsteady numerical simulation to compare
the performance of the centrifugal compressor with and
without flow control.

2. Introduction of a Two-Dimensional
TLV Model

Through many numerical simulations and experimental
studies, it is found that the cross-sectional profile of the
compressor TLV has an obvious elliptical structure
[48–50], so we use an elliptical vortex model to describe
the TLV rather than a circular model often adopted by many
researchers. The region where vorticity is concentrated in a
two-dimensional inviscid flow field is called the vortex patch.
For example, the vortex core of a Rankine vortex is the sim-
plest circular vortex patch often used by researchers to analyze
vortex structures. In general, the boundary shape of a vortex
patch of any shape should change continuously as the vortex
patch moves. There is a special case: an elliptical vortex patch
with uniform vorticity will rotate on itself at a constant angular
velocity and remain unchanged; this type of vortex is called a
Kirchhoff elliptical vortex, as shown in Figure 1.

The constant angular velocity is expressed by the follow-
ing formula:

Ω =
ab

a + b 2 , 1

where a is the major semiaxis and b is the minor semiaxis.
Based on the elliptical vortex model, we can divide the flow
field inside the centrifugal compressor into the following two
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parts: inside the elliptical vortex, the vorticity is known, and
the velocity field can be determined; the outside of the ellipse
is equivalent to an elliptical column affected by the compres-
sor passage flow. Finally, the two parts are combined to give
the total velocity field. We applied this method previously in
our research of a blade-divergent passage, resulting in
favourable outcomes [51].

2.1. Outside the Elliptical Vortex. The governing equation for
the stream function outside the elliptical vortex is

∇2Ψ = 0 2

In the Cartesian coordinates (x, y), the ellipse boundary
is

F x, y =
x2

a2
+
y2

b2
− 1 = 0, 3

whose unit outer normal vector can be written by

n =
∂y
∂s

ex −
∂x
∂s

ey, 4

where s is the surface arc length measured in a counterclock-
wise direction. When the elliptical vortex rotates counter-
clockwise, a point velocity at the vortex boundary is

Vb =Ωez × r 5

Thus, the normal velocity can be given by

Vb∙n = −Ωy
∂y
∂s

−Ωx
∂x
∂s

= −Ωr
∂r
∂s

, 6

where r2 = x2 + y2. On the other hand, the normal velocity
can be also expressed with stream function:

Vb∙n =
∂Ψ
∂s

nx −
∂Ψ
∂s

ny =
∂Ψ
∂s

7

According to Equations (6) and (7), we can obtain

∂Ψ
∂s

= −Ωr
∂r
∂s

8

By integrating the above equation, we can derive the
boundary flow function:

Ψb = −
1
2
Ωr2 + const 9

Then, elliptic coordinates are used for the convenience of
derivation, which has the form of

x = c cosh ξ cos η,

y = c sinh ξ cos η,
10

where the elliptic focus c2 = a2 − b2 and on the ellipse border
ξ = ξ0. According to the CFD results [48–50], it can be
observed that the velocity at the vortex boundary is very
close to the blade tip velocity due to the influence of the vis-
cous force and the relative motion of the shroud. Therefore,
we assume

∂Ψ
∂ξ ξ=ξ0

= −Ωc2 cosh ξ sinh ξ ξ=ξ0
=U , 11

where U is approximately equal to the blade tip velocity.
Then, we substitute a = ccoshξ0 and b = csinhξ0 into Equa-
tion (11) to get

−Ωab = −U 12

Since the rotational direction of the vortex is opposite to
that of the blade, a minus sign should be added in front of U .
Combining Equations (9) and (12), we can obtain the
boundary stream function expression:

Ψb = −
1
2
U
ab

c2 cos 2η + const 13

Furthermore, the external flow function should simulta-
neously satisfy the governing Equation (2), the boundary
condition of Equation (13), and the condition that the veloc-
ity at infinity is 0, so its solution should be of the form

Ψ = Ae−2ξ cos 2η 14

Comparing Equation (13) with (14), we can obtain the
constant:

A = −
1
4
U
ab

c2e2ξ0 15

Then, the external flow function becomes

Ψ = −
1
4
U
ab

c2e2ξ0e−2ξ cos 2η 16

x

yVortex boundary
(velocity continuity

requirement)

Inside vortex
(constant angular

velocity)

Outside vortex
(irrotational fuid)

𝜂

𝜉

Figure 1: Schematic diagram of the Kirchhoff elliptical vortex
model.
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Considering that the elliptical vortex has a circulation
Γ = πabω, that is, the vortex flux passing through the
cross-sectional area of the ellipse, the external stream func-
tion can be expressed as

Ψ o = −
1
4
U
ab

c2e2ξ0e−2ξ cos 2η −
1
2
abω ξ − ξ0 , 17

where superscript “o” in the formula means external and ω is
vorticity.

2.2. Inside the Elliptical Vortex. The governing equation of
the stream function inside the elliptical vortex is

∇2Ψ = −ω 18

The solution of the stream function has a form of

Ψ i =
1
2
ω Ax2 + By2 , 19

where superscript “i” in the formula means internal. By
plugging it into Equation (18), we get

A + B = −1 20

The above undetermined constants can be derived from
the continuity of the normal and tangential velocity compo-
nents on the vortex boundary. The normal velocity compo-
nent is

V∙n =
∂Ψ
∂y

∂F
∂x

−
∂Ψ
∂x

∂F
∂y

21

So, one related equation can be determined by the conti-
nuity according to Equations (3), (8), and (21), that is

Aa2 − Bb2 =
Ω

ω
b2 − a2 22

From the continuity of tangential velocity

Ψξ
′ o

ξ=ξ0
=Ψξ

′ i
ξ=ξ0

, 23

which holds true for any value of η, so we can get another
relation:

A − B = Ω

ω

a2 − b2

ab
24

Combining Equations (20), (22), and (24), we get the
undetermined constants

A = −
b

a + b
, B = −

a
a + b

25

Finally, we can get the internal stream function

Ψ i = −
1
2
U a + b c2

a2b2
b cosh2ξ cos2η + a sinh2ξ sin2η

26

3. Modeling Analysis of TLV under
Imposed Strain

The flow field structures inside the compressor are complex,
even a certain simple dynamic behaviour of the TLV may be
the result of some combined effects of many different fac-
tors. Therefore, our approach is to use a theoretical expres-
sion to describe the overall performance of the TLV.
Although a particular state of motion may also be a combina-
tion of many factors, the theory used to describe this phenom-
enon should be concise and clear. Our specific approach is to
employ some typical external loads, which can be expressed by
mathematical models, to the above TLV model. In addition,
the specific performance of the model with external loads
applied is also discussed. We expect that this approach will
help us to understand the effect of the TLV and to find out
what factors affect the TLV behaviour, such as other flow field
structures or the configuration of the compressor itself,
thereby guiding us to take appropriate flow control measures
to improve the performance of the compressor.

Four external strain effects are considered in this paper.
They are the “Flow Passage Constriction Effect,” “Passage
Vortex Squeeze Effect,” “Leakage Flow Translation Effect,”
and “Additional Circulation Effect.” As we have given
detailed introductions to the first three in our previous
research [48], this paper only briefly describes them and
mainly introduces the “Additional Circulation Effect.”

3.1. Flow Passage Constriction Effect. To describe the “Flow
Passage Constriction Effect,” we use the following flow func-
tion:

Ψ = exy = ec2 cosh ξ cos η + sinh ξ sin η , 27

where e is a strain rate strength that is determined here by
the geometry of the flow passage. After applying it to the
TLV model, we can get

e
ω
=

−1
sin 2η ε + 1/ε + 2

, 28

where ε = a/b is the axis ratio of the ellipse. The negative sign
in the formula only reflects the rotational direction of the
vortex, so the absolute value of the result can better reflect
the intensity ratio of the external factor and the vortex. Fur-
ther analysis of the above formula shows that the minimum
value of the ratio of external factors to vortex intensity is
1/ ε + 1/ε + 2 , depending on the axis ratio of the elliptical
TLV, and there is no maximum value. This means that
even the flow passage with small meridional curvature
could potentially have a significant constricting effect on
the TLV.
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3.2. Passage Vortex Squeeze Effect. The “Passage Vortex
Squeeze Effect” can be described by a flow function as

Ψ =
1
2
e x2 − y2 =

1
2
ec2 cosh2ξ cos2η + sinh2ξ sin2η ,

29

where e is determined here by the strength of the passage
flow. Similar to the previous treatment, after applying it to
the TLV model, we can get

e
ω

= −
1

2 ε − 1/ε cos2η + 1 + 1/ε
, 30

whose value range is from −1/2 ε + 1 to −1/2 1/ε + 1 . The
negative sign indicates that the effect of the passage vortex on
the TLV is opposite to our setting, meaning that the passage
vortex actually produces a suction effect rather than a squeeze
effect on TLV. Therefore, we believe that the passage vortex
inside the compressor can increase the effective area of the
TLV, thus accelerating the deterioration of the flow field.

3.3. Leakage Flow Translation Effect. For expressing the
“Leakage Flow Translation Effect,” we employed a simplified
linear flow function

Ψ = −ey, 31

where e is a constant determined by the strength of the leak-
age flow. When it acts on the TLV model, the ratio of leak-
age flow intensity to TLV can be obtained

e
ω
=

1
2 sin η

ab
2b + a

32

The above formula also only gives the minimum value of
ab/2 2b + a . As the leakage flow is a necessary condition for
producing the TLV, it is easy to understand that the ratio of
its strength to the TLV strength is only the minimum value.

3.4. Additional Circulation Effect. As mentioned above, the
behaviour of the TLV may be a combination of several fac-
tors, including the additional circulation effect. Figure 2
illustrates the generation mechanism of the “Additional Cir-
culation Effect.” As shown in the figure, the direction of the
leakage flow and the viscosity effect caused by the passage
vortex are the same as the direction of rotation of the TLV.
Therefore, the leakage flow and passage vortex will
strengthen the TLV, as if an additional circulation is
imposed around the TLV, so we call it the “Additional Cir-
culation Effect.”

If we set the coordinate origin at the center of the ellipse
vortex, a point vortex model can be used for additional cir-
culation. The corresponding stream function is

Ψ o
ace = −

Γ0
2π

ln c cosh2ξ cos2η + sinh2ξ sin2η 1/2 , 33

where the subscript “ace” means “Additional Circulation
Effect” and Γ0 is the intensity of the additional circulation
determined by leakage flow and passage vortex. According
to the continuity condition and TLV model, we can get

−
Γ0
2π

ln a2 cos2η + b2 sin2η 1/2 −
1
4
U
ab

c2 cos 2η

= −
1
2
ω

ab
a + b

a cos2η + b sin2η ,
34

−
Γ0
2π

ab

a2 cos2η + b2 sin2η
+
1
2
U
ab

c2 cos 2η −
1
2
abω

= −ω
ab
a + b

b cos2η + a sin2η
35

We can multiply Equation (34) by 2 and add it to Equa-
tion (35) to eliminate the second term to get

−
Γ0
2π

ab

a2 cos2η + b2 sin2η
−
Γ0
2π

ln a2 cos2η + b2 sin2η = −
1
2
abω

36

TLV

x

y

z

x

y

Leakage fow

TLV

Passage vortex
Viscosity efect

Additional
circulation

Figure 2: Schematic of the “Additional Circulation Effect.”
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By analyzing the above equation, we can get the maxi-
mum and minimum values of Γo/ω:

Γ0/ω max =
πab

1 + ln ab
, 37

Γ0/ω min =
πab

a/b + ln b2
38

The above expression gives the range of Γ0/ω. It can be
seen that the “Additional Circulation Effect” depends on
the long and short axis of the elliptical vortex. By analyzing
the minimum value of Γ0/ω, we can find that the minimum
value of Γ0/ω is always greater than 1 as long as b/a is not
extremely small (corresponding to an extremely elongated
ellipse). We can therefore conclude that in most cases, the
value of Γ0/ω is greater than 1. This means that in most
cases, when the “Additional Circulation Effect” acts on the
TLV, its influence will even exceed that of the TLV itself.
As for the extremely narrow elliptical vortex, it can be gener-
ated at a very small tip clearance. Of course, in this case, the
leakage flow generated by the small gap will also be small,
and the corresponding “Additional Circulation Effect” may
also be weakened at the same time. For most centrifugal
compressors, the clearance may not reach this situation, so
we will not discuss this extreme case.

4. A Negative Circulation Flow Control
(NCFC) Method

From Equations (28) and (32), it can be seen that the inten-
sity ratio of the “Flow Passage Constriction Effect” to the
TLV and the ratio of the “Leakage Flow Translation Effect”
to the TLV have only minimum values, which means that
the two effects are the necessary conditions to affect the
TLV. Therefore, from a flow control point of view, we are
not willing to spend much energy on controlling these two
effects. For the “Passage Vortex Squeeze Effect,” if we take

a conventional ellipse with axis ratio ε = 2, the maximum
intensity ratio of the “Passage Vortex Squeeze Effect” to
TLV can be gotten from Equation (30) as 1/3. Comparing
this value with the minimum value of Γ0/ω (Equation
(38)), which is greater than 1 in most cases, we can conclude
that the effect of the “Additional Circulation Effect” on the
TLV will be much greater than that of “Passage Vortex
Squeeze Effect” on the TLV. Therefore, a proper flow control
method that we adopt should be to weaken or better inhibit
the “Additional Circulation Effect.” This is why we propose
the negative circulation flow control (NCFC) method. Its
essence is to create an effect opposite to the “Additional Cir-
culation Effect” to weaken the TLV.

Figure 3 shows an NCFC device mounted on the shroud.
A vortex generator to create negative circulation in the
opposite direction to the TLV is located in a tube that con-
nects to the hole near the starting position of the TLV on
the shroud. A certain number of such devices can be placed
around the circumference of the casing, depending on the
structure of the compressor.

Due to the relative motion between the NCFC devices
and the blades, the NCFC method can achieve unsteady flow
control as the impeller rotates. Thus, the NCFC method has
two characteristics of unsteadiness and negative circulation.
Its unsteady control frequency is

f c =
ωrNc

60
, 39

where ωr is the rotational speed (RPM) and Nc is the num-
ber of NCFC devices. Similarly, the blade passing frequency
(BPF) is

f BPF =
ωrNb

60
, 40

where Nb is the number of blades. From references [52–55],
it can be seen that the unsteady fluctuation frequency of

TLV

x

y

z

TLV

Blade Blade

Negative circulation

Tube

External air inlet
Vortex

generator

Shroud

RNCFC

3D view

Figure 3: Illustration of a NCFC.

6 International Journal of Aerospace Engineering



TLV (f T) is approximately between 40% and 100% BPF
(f T ≈ 0 4 ~ 1 0 f BPF). On the other hand, researchers
found that the unsteady flow control performs well when
the frequency of unsteady flow control is close to the fre-
quency of the controlled object [56–58]. Therefore, we
can get

f c ≈ f T ≈ 0 4 ~ 1 0 f BPF 41

Because this article mainly focuses on the feasibility of
the NCFC method, we choose f c ≈ f BPF here for simplifi-
cation, which means Nc =Nb. In the similar way, other
frequencies can also be studied.

5. The Numerical Simulation Methods

The investigated microcentrifugal compressor is used in a
30 kW distribution power generation system. The impeller
consists of 10 pairs of main and split back-swept blades
(Nb = 10). The meridional channel shape is determined by

a cubic Bezier curve. Table 1 shows the main geometric
and aerodynamic parameters of the compressor.

To simulate the effect of the relative positioning of the
NCFC devices and the blades changing due to the rotation
of the impeller, two very thin transition layers (layer 1 and
layer 2 in Figure 4) are added between the NCFC device
computational domain and the shroud. Figure 4 shows the
computational grid of the compressor and the data exchange
settings between the different computational domains. The
total thickness of the additional layer is 0.075mm, which is
1/8 of the tip clearance height of 0.3mm. A full nonmatch-
ing (FNM) connection is used between the shroud and layer
1. The calculation domain of the impeller and layer 1 is per-
formed in the rotating coordinate system. This is because
FNM requires the coordinate system solved on both sides
to be consistent but does not need to consider mesh match-
ing. FNM is also set for data exchange between the NCFC
device and layer 2, and the two domains are calculated in
the static coordinate system. Therefore, a rotor-stator (R-S)
interaction is used to link layer 1 and layer 2.

Table 1: Main parameters of the microcentrifugal compressor in this study.

Parameter Value

Overall performance

Mass flow rate 0.36 kg/s

Rotation speed 80,000 RPM

Total pressure ratio 3.2

Impeller inlet

Inlet tip diameter 59.5mm

Outlet tip diameter 19.5mm

Relative Mach’s number of inlet blade tip 0.87

Relative flow angle of inlet blade tip 30.6°

Relative flow angle of inlet blade root 59.3°

Impeller outlet

Outlet diameter 98.5mm

Outlet blade width 4.08mm

Outlet absolute airflow angle 30.0

Outlet relative airflow angle 71.7

Shroud

FNM

FNM
Additional lay 1

OutletNCFC
device

Vortex
generator

Additional lay 2

R-S

Figure 4: Calculation grid of the compressor and the data exchange settings.
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Considering the relative motion between the NCFC
device and the impeller, we adopt an unsteady numerical
simulation to study a single blade passage with Numeca/
Fine. Since we use the same unsteady control frequency as
BPF, the number of NCFC devices is the same as the number
of blades Nb, so one blade passage corresponds to one NCFC
device. The total number of grids in the compressor calcula-
tion domain without flow control is approximately 900,000.
The total number of additional meshes for layer 1, layer 2,
and NCFC devices for the controlled compressor calculation
is approximately 30,000. The thickness of the first layer of
mesh near the wall surface is set to 0.001mm. The Reynolds
number is approximately 3 1 × 105, and the dimensionless
wall distance y+ varies from 1 − 3.

The time step is determined by the number of angular
positions, which is set to be 30 points. Therefore, according
to the rotational speed, the time step is 2 5 × 10−6 s with 30
inner iterations. The domain scaling method is used for
rotor/stator interface. The impeller inlet is set to at a rotational
speed of 80,000RPM, a total pressure of 101,325Pa, and a total
temperature of 293K. The given static pressure at the outlet of
the NCFC device is 101,325Pa. The solid wall is set to adia-
batic no-slip condition. The Spalart-Allmaras (S-A) model is
employed for the turbulent model. If the compressor perfor-
mance parameters change periodically, we assume that the cal-
culation is convergent. By continuously increasing the static
pressure at the impeller outlet, the calculation becomes diver-
gent. A state before divergence is defined as a near-stall condi-
tion. We have validated the effectiveness of the numerical
simulation method on a low-speed commercial centrifugal
compressor as shown in Figure 5. Figure 6 shows the compar-
ison of experimental and calculated results of the centrifugal
compressor at 100% and 80% design speed (the red circle cor-
responding to the experimental point is large, reflecting the
error band). From the characteristic diagram, it can be seen

that the numerical calculation results are in good agreement
with the experimental results. Therefore, it is believed that
the numerical simulation method used in this article has a cer-
tain degree of credibility.More detailed experimental informa-
tion can be found in references [53, 57].

6. Compressor Performance with and without
NCFC Devices

6.1. Overall Performance. In order to have a comparative
analysis, we have simulated the cases of the compressor with
noncontrolled (NC), hole control (HC, holes are placed on

(a) (b)

Figure 5: (a) The microcentrifugal compressor used in the experiment; (b) the complete experimental setup consists of a trumpet-shaped
intake, throttle plate, and pressure tubes.
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the shroud with the same size and number with NCFC
devices), NCFC, and reverse NCFC (R-NCFC, generating
vortex opposite with NCFC as shown in Figure 4). The flow
field in one blade passage period after calculation conver-
gence is selected for analysis. The performance of the time-
averaged flow field of the compressor in this period is shown
in Figure 7. The figure shows that for high flow conditions,
these control methods have little effect on compressor effi-
ciency. For conditions spanning a wide range of flow rates,
including the design point (the mass flow is 0.36 kg/s), these
control methods have a significant impact on compressor
efficiency. In particular, the NCFC method can significantly
improve the efficiency of the compressor among these flow
control technologies, with a maximum efficiency increase

of 0.95%. Compared to the uncontrolled compressor, the
efficiency of the compressor with the HC method hardly
changes. However, the R-NCFC method reduces the effi-
ciency of the compressor by about 0.05%. Therefore, it is
obvious that the NCFC method is optimal among these
methods. As mentioned above, the NCFC method has the
advantages of both unsteadiness and negative circulation
effect. The HC method has only the unsteadiness
characteristic.

We can therefore conclude that the negative circulation
effect is beneficial for flow control. A reverse negative circu-
lation effect (with the R-NCFC method) actually reduces the
efficiency of the compressor, which can further illustrate this
conclusion. Further observation of the compressor pressure
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Figure 7: Time-average compressor performance over one blade period: (a) compressor efficiency comparison; (b) compressor total
pressure ratio comparison.
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Figure 8: Transient static pressure distributions at 95% blade height in the case of NC operation: (a) start point of the period, marked as T0;
(b) 1/5 period, marked as T1; (c) 2/5 period, marked as T2; (d) 3/5 period, marked as T3; (e) 4/5 period, marked as T4; (f) the end of the
period, marked as T5 (T5 = T0).
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characteristics shows that after applying these flow controls,
the pressure ratio of the compressor does not change much,
and the pressure ratio of the controlled compressor
decreases slightly, with a maximum decrease of about 0.05.
The relative stall margin is defined as

SMrel =
πcs/mcs

− πocs/mocs

πocs/mocs

, 42

where πcs and mcs are the total pressure ratio and mass flow
rate of the compressor near stall condition with control and
πocs and mocs are the total pressure ratio and mass flow rate

of the compressor near stall condition without control. The
SMrel is 6.9%, 5.2%, and -7.3% corresponding to the com-
pressor with NCFC, HC, and R-NCFC, respectively. From
Figure 7, it can also be seen that the operating ranges of
the compressor under NCFC and HC conditions are larger
than those under NC and R-NCFC conditions.

6.2. Flow Field Analysis of the Centrifugal Compressor. For
the analysis, we use the same flow field data in one blade
passing period as above. Figures 8–11 show the pressure dis-
tribution at 95% of the blade height of the compressor under
no control and three other different controls. These cases are
selected from the calculation point before the stall point, as

(a) (b) (c)

(d) (e) (f)

0.35 0.25 0.15 0.05 –0.05

CP

Figure 9: Transient static pressure distributions at 95% blade height in the case of NCFC operation: (a) start point of the period, marked as
T0; (b) 1/5 period, marked as T1; (c) 2/5 period, marked as T2; (d) 3/5 period, marked as T3; (e) 4/5 period, marked as T4; (f) the end of the
period, marked as T5 (T5 = T0).
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(d) (e) (f)
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Figure 10: Transient static pressure distributions at 95% blade height in the case of HC operation: (a) start point of the period, marked as
T0; (b) 1/5 period, marked as T1; (c) 2/5 period, marked as T2; (d) 3/5 period, marked as T3; (e) 4/5 period, marked as T4; (f) the end of the
period, marked as T5 (T5 = T0).
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shown by the dotted line in Figure 7. The mass flow and total
pressure ratio of these cases are almost the same, so we con-
sider this comparison to be credible. In addition, in order to
present a good comparison effect, we recorded the range of
blade tip high-pressure zone as T0 at its minimum and T3
at its maximum under different operating conditions. More-
over, in order to eliminate the differences of the compressor
under different working conditions and to have better com-
parability, the dimensionless static pressure coefficient is
selected here, which has the following form:

CP =
p t − pinlet

pinlet
, 43

where p t is the transient static pressure value and pinlet is
the average static pressure at the inlet.

From Figure 8, it can be seen that the blade tip flow field
of the uncontrolled compressor appears to have pressure
fluctuations. The high pressure zone reaches its maximum
value at T3 and then gradually decreases until T5, showing
a relatively regular periodicity. From references [50, 53,
54], it can be seen that the formation and fluctuation of

the high-pressure zone are mainly caused by the TLV. When
the NCFC method is applied (as shown in Figure 9), the
high-pressure zone at the blade tip is significantly reduced.
From T0 to T5, there is almost no high-pressure zone com-
pared with NC, which means that the flow passage blockage
effect at the blade tip is weakened. Figure 12 shows the var-
iation of the static pressure coefficient at two points of the
blade tip during a blade passing period. It is clear from the
figure that the curve of the NCFC is smoother than that of
the other schemes, which is an indication that its pressure
change has better continuity. For a better quantitative
understanding of pressure fluctuations, a static pressure
coefficient variance of one point is defined as

σcp =
1
N
〠
N

i=1
CPi − CP 2, 44

where CPi is the instantaneous static pressure coefficient and
CP is the average static pressure coefficient. Table 2 shows
the variance of the static pressure coefficients at points A
and B in Figure 12 under different schemes. From the

(a) (b) (c)

(d) (e) (f)
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Figure 11: Transient static pressure distributions at 95% blade height in the case of R-NCFC operation: (a) start point of the period, marked
as T0; (b) 1/5 period, marked as T1; (c) 2/5 period, marked as T2; (d) 3/5 period, marked as T3; (e) 4/5 period, marked as T4; (f) the end of
the period, marked as T5 (T5 = T0).
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Figure 12: Static pressure fluctuations in one blade passing period.
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combination of the curves in Figure 12 and the data in
Table 2, it can be concluded that the use of the NCFC
scheme has great advantages for pressure stabilisation.

Figure 10 shows the case of the compressor using the HC
method. It can be seen that only a small area of the high-
pressure zone appears at T2-T4. In addition, a comparison
of the HC method with the NCFC and NC methods shows
that the HC method is less stable to pressure fluctuations.
The use of the R-NCFC method gives the worst flow field
(Figure 11). In this operation, the overall characteristics of
the flow field are similar to those of the NC case, but the area
of the high-pressure zone is larger than that of the NC,
which means that the clogging effect will increase.

Based on the above results, we can see that the NCFC
method can effectively stabilize the blade tip flow field of
the compressor, thus improving the stable operating range
and efficiency of the compressor, without affecting the total
pressure ratio. The HC method can also give good results,
which is very useful for increasing the stall margin of the
compressor. However, the excitation that is opposite to the
mode of action of the NCFC, namely, R-NCFC, will deterio-
rate the flow field at the compressor blade tip and will cause
the performance of the compressor to decrease.

The HC method uses the unsteady effect created by the
relative motion of the impeller and hole to realize periodic
excitation. However, the efficiency of each excitation is not
taken into account. The NCFC method not only takes
advantage of the same unsteady property as HC but also
considers the efficiency of each excitation. Here, we use the
concept of negative circulation to force the momentum to
exchange in the original flow field. Therefore, from the per-
spective of flow control, we propose to strengthen the effi-
ciency of each unsteady incentive, which is very beneficial
to improve the overall effect of unsteady control.

7. Conclusions

In order to improve the performance of the centrifugal com-
pressor, we carried out a theoretical study on the compressor
TLV and proposed a two-dimensional vortex model.
Through the analysis of this model, we put forward a view
based on the concept of negative circulation control and
conducted numerical simulation verification. The conclu-
sions are as follows:

(1) The Kirchhoff elliptical vortex is introduced to rep-
resent the compressor TLV. A point vortex model
is drawn into the two-dimensional model to reveal
an additional circulation effect caused by leakage
flow and passage vortex viscous effect. The result
shows that the additional circulation effect will

exceed the TLV itself in most cases, which is also
larger than the passage vortex squeeze effect

(2) A negative circulation flow control device is designed
and verified by numerical simulation. It is found that
the NCFC method can greatly stabilize the flow field
at the blade tip and improve the stall margin and
efficiency of the compressor without affecting the
total pressure ratio of the compressor

(3) The effect of NCFC is better than that of the HC. The
former utilizes both unsteady excitation and injec-
tion of negative circulation to improve momentum
exchange. The latter only uses the unsteady effect.
Therefore, it is highly recommended to improve
the efficiency of each unsteady jet/suction and sepa-
ration flow interaction

Nomenclature

A: Undetermined constant
a: Long axis
B: Undetermined constant
b: Short axis
C: Undetermined constant
CP: Dimensionless static pressure coefficient
CP: Average static pressure coefficient
CPi: Instantaneous static pressure coefficient
c: Elliptic focus
e: Strain rate strength
ex: Unit vector in the x direction
ey : Unit vector in the y direction
ez : Unit vector in the z direction
F: Genetic function
f BPF: Blade passing frequency
f c: Unsteady control frequency
f T : Unsteady fluctuation frequency of the TLV
mcs: Mass flow rate of the compressor near stall condition

with control
mocs: Mass flow rate of the compressor near stall condition

without control
Nb: The number of blades
Nc: The number of NCFC devices
n: Unit outer normal vector
nx: X component of the unit outer normal vector
ny : Y component of the unit outer normal vector
p t : Transient static pressure
pinlet: Average static pressure at inlet
r: Vector distance from origin
r: Distance from origin
SMrel: Relative stall margin
s: Surface arc length
U : Main flow velocity
V : Strain rate matrix
Vb: Velocity of a point on the vortex border
x: x coordinate
y: y coordinate
Γ: Circulation of the ellipse vortex
Γo: Circulation of the point vortex

Table 2: The variance of the static pressure coefficients under
different schemes.

Location NC NCFC HC R-NCFC

A 0.0277 0.0275 0.0421 0.0232

B 0.0247 0.0182 0.0238 0.0249
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ε: Axis ratio of the ellipse
η: Elliptic coordinate in η direction
ξ: Elliptic coordinate in ξ direction
ξ0: Elliptic coordinate on the ellipse border
πcs: Total pressure ratio of the compressor near stall

condition with control
πocs: Total pressure ratio of the compressor near stall

condition without control
σcp: Static pressure coefficient variance
Ψ: Stream function
Ψb: Stream function on the ellipse border
Ψ i : Internal flow function

Ψ o : External flow function

Ψ o
ace: External flow function with additional circulation

effect
Ω: Angular velocity
ω: Vorticity
ωr : Impeller rotational speed.
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