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The isentropic exponent in the near-critical region can sharply change with operation condition transitions of a closed Brayton
cycle, thus having significant impacts on the compressor aerodynamic performance and the internal flow of the compressor
embedded into the cycle. This paper investigates the isentropic exponent effects of the supercritical carbon dioxide (CO,) using
theoretical analyses and three-dimensional computational fluid dynamic (CFD) simulations. The theoretical analysis reveals that
the increasing isentropic exponent mitigates the impeller work coefficient and the impeller outlet Mach number but raises the
suction side Mach number of the impeller blade and blade loading at the leading edge. The CFD results provide validations for the
theoretical results. Based on the findings, a suggestion is offered to guide the physical experiment design of a centrifugal

compressor with supercritical CO, as its working fluid.

1. Introduction

The supercritical carbon dioxide (CO,) Brayton cycle was
proposed in the 1950s [1, 2]; however, it did not get much
attention at that time. As global energy and environmental
problems became serious, the supercritical CO, Brayton
cycle has attracted more and more attention in the twenty-
first century [3, 4]. Compared to the helium Brayton cycle
and the conventional Rankine steam cycle, the same net
efficiency can be achieved by a supercritical CO, cycle with a
lower temperature and smaller size [5]. The compact heat
exchangers and the turbomachinery of the supercritical
carbon dioxide Brayton cycle have a good dynamic response
to fast-varying loads and are beneficial to supply grid sta-
bility against dynamic changes [6]. This means that the
supercritical CO, cycle is expected to replace the existing
steam Rankine cycle in the future [7, 8]. Furthermore, the
net efficiency of the supercritical CO, cycle had been proved
to be significantly less sensitive to penalties from a core
bypass flow and cycle pressure drops than the helium

Brayton cycle [9]. With those advantages, the supercritical
CO, Brayton cycle is considered to be most promising in the
fields of waste heat utilization, solar thermal power gener-
ation, nuclear energy, and so on [10, 11].

Compression is one of the critical processes in a su-
percritical CO, cycle, greatly influencing both the cycle
system performance and stability. As one of the compression
devices, the centrifugal compressor has the advantages of
high single-stage pressure ratio, flow stability, compactness,
cheapness, etc. Our previous research showed that the
centrifugal compressor is the most suitable type of com-
pression component in a 1-100 MWe supercritical CO,
Brayton cycle power generation system [12, 13]. A literature
survey reported by [14, 15] revealed that most of the existing
supercritical CO, experimental rigs adopted the centrifugal
type as the compression component.

Compared with air compressors, the period of super-
critical CO, centrifugal compressor investigation is much
shorter. A hot concern in the supercritical CO, compressor
development is how the real-gas properties affect the
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compressor flow field and performance. Understanding the
real gas effect is of importance because it can help design a
better supercritical CO, compressor. Besides solving the
design issue, it can also provide guidelines for a similar
model test under a condition with lower pressure and/or
other gas using an accurate similarity theory. After all, the
pressure higher than the CO, critical pressure (7.38 MPa) is
still a great challenge for most laboratories over the world.
Therefore, it is of necessity to investigate the real-gas effects
of supercritical CO, on a centrifugal compressor.

Focusing on a few dimensionless parameters is the most
important means to study flow similarity. According to the
dimensional analysis method, the operating characteristics
of the compressor can be described by the following di-
mensionless equation (16).
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The first term at the right side of the equation is the
flow coeflicient; the second one stands for the machine
Mach number; the third one represents the machine
Reynolds number; the fourth one corresponds to the
isentropic exponent. Once all the dimensionless pa-
rameters are the same, the internal flow field should be
similar. The isentropic exponent is constant for an ideal
gas. Formula (1) indicates that as long as the machine
Mach number and machine Reynolds number are the
same, the compressor performance having an ideal gas as
its working fluid is only related to the flow coefficient.
Unlike the ideal gas, the isentropic exponent varies for a
real gas; thus, it is hard to guarantee if the compressor
performance will be the same. This is referred to as the
effects of the real-gas properties. Formula (2) describes
the isentropic exponent.
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where y stands for the well-known ratio of specific heats.
For ideal gases, y can be seen as a constant. Figure 1 shows
the variation of the isentropic exponent under different
supercritical CO, compressor inlet conditions. It can be
seen that the isentropic exponent changes rapidly in the
liquid-like region. In contrast, the change is relatively
small in the gas-like region. Unfortunately, it is hard to
avoid the fluid parameter fluctuation at a compressor inlet
for a closed cycle experiment. In other words, the com-
pressor inlet condition hardly remains constant in a closed
cycle. The white box in Figure 1 represents the test op-
eration range of the Sandia CO, compressor [17]. The plot
indicates that the isentropic exponent at the compressor
inlet changes significantly between the testing operation
points.

Many researchers have focused on the real-gas effects of
CO,. Monje et al. compared the performance of supercritical
CO, (315K, 95 bar) against air in a conical diffuser by
numerical simulations [18]. The results showed that the
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FIGURE 1: Isentropic exponent of CO, in the near-critical region.

supercritical CO, has a higher static pressure rise coefficient
under the same inlet Mach number, blockage factor, and
turbulence intensity. In addition, the numerical simulations
showed that supercritical CO, is more sensitive to the ex-
pansion angle (area ratio) of the diffuser than air, which
means that the real-gas properties make the fluid behave
differently under the reverse pressure gradient. Tello et al.
[19] utilized the same method as Monje et al. [18] to compare
the flow of air and supercritical CO, (314.6 K, 75.236 bar) in
a two-dimensional cascade. However, the intake conditions
of these studies are far from the critical point (304.13K,
7.38 MPa).

Baltadjiev et al. analyzed the real-gas effects near the
critical point on the supercritical CO, flow [20]. It was
pointed out that the isentropic exponent reflected the
degree of deviation from the ideal gas. The results presented
that increasing the isentropic exponent would lead to a
choking mass flow reduction. Moreover, the numerical
simulation results of a two-dimensional impeller also
confirm the reduction in the chocking flow capacity. The
mechanism contributing to the flow capacity reduction is
the increased isentropic exponent near the critical point.
Baltadjiev had concluded that the isentropic exponent is the
key parameter to determine the ideal gas and the real-gas
dynamics. Recently, a few researchers (such as Romei et al.
[21], Pham et al. [22], and Jeong et al. [23]) confirmed the
conclusion that the same isentropic exponent is an in-
dispensable condition for guaranteeing the similarity
conditions.

Although the isentropic exponent has played a vital role
in compressor flow similarity and performance map, there is
still no quantitative assessment of the real-gas properties in
the existing research. The qualitative influence of the isen-
tropic exponent on the performance map is also seldom
understood. This work investigates the effects of the isen-
tropic exponent on a supercritical CO, compressor flow field
and performance map and reports a few quantitative results.
Unlike previous studies, a combination of theoretical and
numerical investigations in this paper ensures the conclu-
sion is generalizable. Section 2 presents the theoretical
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analysis of isentropic exponent effects. Section 3 introduces
the 3-D computational fluid dynamic (CFD) method and its
validation. With the CFD approach, a cases study is carried
out in Section 4 and Section 5 validates the conclusion from
the theoretical analysis.

2. Theoretical Analysis of Isentropic
Exponent Effects

Though past investigations have proved the existence of
isentropic exponent effects, few of them give a detailed
theoretical ~explanation. This section analyzes the

relationship between the flow behavior and the isentropic
exponent using aerodynamics prediction. The results could
be generalizable since the theoretical analysis does not de-
pend on any specific compressor.

2.1. Effects on the Density and Pressure. Depending on the
nonlinear equations in Appendix A, once the inlet pa-
rameters and the machine Mach number are defined, the
influence of isentropic exponent on density and pressure can
be determined by the following equations.

1/U\? 1 1 7Y (n-1)
Pr_ |14 () ppg2, - Mai(l +ns—Mai—ns—Mafm> : (3)
2o 2 \U, 2 2
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Ma,, U, 2 2

Combining equations (3), (4), and (5) makes it possible
to calculate the local dimensionless density and the di-
mensionless static pressure. In the following analyses, the
value of U;;/U, and Ma,, are 0.5016 and 0.681, respectively.

Figure 2 shows the relationship of local density/pressure
and the local Mach number at the impeller inlet tip
(U, = Uy). For the density diagram (shown in Figure 2(a)),
the deviation between different isentropic exponent values is
negligible when the local Mach number is not too high. A
conclusion can be drawn that, for the subsonic cases, the
isentropic exponent has an insignificant impact on the di-
mensionless density.

Unlike the dimensionless density, the isentropic ex-
ponent can significantly influence the dimensionless
pressure. For instance, in Figure 2(b), we can see a sig-
nificant deviation between different isentropic exponent
values when the isentropic exponent is greater than 3.
Specifically, a high isentropic exponent value always cor-
responds to a higher dimensionless static pressure in the
Mach number below 0.35. In contrast, it accompanies a
lower dimensionless static pressure in the Mach number
range higher than 0.35.

According to equations (A.6)-(A.8) in Appendix A,
Figure 3 shows the isentropic exponent effects of real gas
on the dimensionless density and pressure. Comparing
Figure 3 against Figure 2 reveals that the constant isen-
tropic exponent can qualitatively reflect the influence of
the real-gas isentropic exponent on its gas dynamic
behavior.

At the impeller exit (U, = U,), the isentropic exponent
effects on the dimensionless density and the dimensionless
pressure are more remarkable. For the density diagram
(shown in Figure 4(a)), when the relative Mach number is
less than 0.5, a large isentropic exponent value always
corresponds to a low dimensionless density value. Unlike the
inlet analysis, there is no crossing point between those lines
for the pressure diagram (shown in Figure 4(b)). So, it is
concluded that a large isentropic exponent value always
matches a high dimensionless static pressure.

2.2. Effects on the Impeller Outlet Mach Number. If the
diffuser channel can be simplified as a one-dimensional pipe,
we can introduce the continuity equation of pipe flow as
follows:

(1+ (n,— 1)ma2) "+ Vpy
R,Ty; ’

Gm = p3A;V;3cos By =

n -1 1712
A3[nngT0,3<1+STMa§) ] ,

n,—1

2
Ma;

>

-1/ (n—1)-(1/2)
Ma3cos/33=(1+ )

nS
Ma;Pg 5 |=—A; cos f3;.
RT3

(6)



p/po

0.95 -

09

0 0.2 0.4 0.6
Local Mach number (Ma,)

— ng=1.29

— ng=3

ng=>5

(a)

International Journal of Chemical Engineering

12 ¢
=1 1 1
&
o~
0.8 -
0.6 . .
0 0.2 0.4 0.6
Local Mach number (Ma,)
— ng=1.29
— ng=3
ng=>5

(®)

FIGURE 2: Isentropic exponent effects at the inlet tip of the impeller. (a) Density and (b) pressure.
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FIGURE 3: Real-gas cases with variable isentropic exponents at the inlet tip of the impeller. (a) Density and (b) pressure.

Once the flow area at any section A, = A, (r) is known,
we can calculate the Mach number and velocity at an ar-
bitrary position in the diffuser.

as

n -1 - (n+1)/ (2n,-2)
<1+ 52 M 2) ,

ng—1
MazAjcos 5 = <1 +——— Ma’

X >

)(ns+1)/ (2n,-2) (7)

Ma, A, cos fB,.

From the above equation, it can be concluded that the
local Mach number is only dependent on the inlet Mach
number and the isentropic exponent. Figure 5 illustrates the
result of equation (7). When the inlet Mach number is higher
than 0.2, the increasing isentropic exponent drops an outlet
Mach number.

For impellers, based on the discussion in Appendix B,
the isentropic exponent effects of a real gas on the impeller
outlet Mach number can be obtained by the following
equations.
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The number of unknown variables (Ma,, May,,,
Ma,; y W, /W ., and a,/a, ,,) is equal to that of equations.
When the inlet flow coeflicient and local area are fixed, the
local Mach number will be determined according to
equations (8)-(12). Figure 6 shows the result at the impeller
outlet.

Figure 6 reveals that the increase of isentropic exponent
value reduces the relative Mach number at the impeller
outlet, similar to the diffuser analysis.

2.3. Effects on the Impeller Work Coefficient. The variation of
the outlet Mach number will lead to the change of impeller

D; May po ag

loading. According to the Euler equation, the work coeffi-
cient can be expressed as follows:

Ah W, sin Ma, sin
Wz—z()::l_ziﬁzzl_Ziﬁz. (13)
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The calculating process of Ma, has been introduced in
Section 2.2. Based on equations (13) and (14), Figure 7 shows
the relationship between the work coefficient and the flow
coefficient with different isentropic exponent values. The
increase of the isentropic exponent reduces the work
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coeflicient. The predicted effect is consistent with the past
CED results of Romei et al. [22]. The consistency gives more
confidence to our analysis.

2.4. Leading Edge Mach Number. According to the equa-
tions in Appendix C, the Mach number of the suction side
at the blade leading edge can be obtained with different
isentropic exponent values as displayed in Figure 8. The
larger the isentropic exponent is, the higher the Mach
number is.
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2.5. Blade Loading. Blade loading distribution is one of the
key factors to determine the centrifugal compressor per-
formance [24, 25] because the loading distribution directly
determines both leakage flow loss and compressor stall
margin. This part investigates the isentropic exponent effects
on the blade loading. The blade loading is judged by the ratio
of static pressure values on two sides of a blade.

Since the relative total pressure of the suction surface and
pressure surface is equal, the relationship between the static
pressure ratio and flow coefficient at the impeller inlet tip
can be expressed as follows:

DPits _ (1 +(n, - 1)/2Ma%z,s) (-n) (n-1)
Py (1 + (ns - 1)/2Mai’P) (-n,)/ (n-1)

(20)

The calculating process of Ma,,; and Ma,,, has been
introduced in Section 2.4. According to equation (20), the
static pressure ratio at the leading edge is presented in
Figure 9. We can conclude that the larger the isentropic
exponent value is, the higher the blade loading is.

At the impeller outlet, sin y = 1; thus, dm = dr/sin y =
dr andr = r,7. Thus, the relative velocity difference at the
impeller outlet can be obtained.

dap
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Similar to the impeller inlet, the Mach number of the
impeller outlet blade surface is listed as follows:

Ma dp
Ma, = Ma2(1 + Ma“; cos A0, — = A0|2), (22)

Ma d
Ma, , = Ma2(1 - Mauz cos B,A0, +2—57A9|2>- (23)
2

According to the conservation of rothalpy, the relative
stagnation pressure on both sides of a blade with the same
radius is equal, thus:

-ny/ (n,—1
Pre (1 + (n, - 1)/2Ma§,s) (1) "

Prp (14 (n, - 1)/2Ma§yp)_n‘/ (r.=)

Figure 10 depicts the relationship between the static
pressure ratio and the flow coefficient at the impeller outlet.
A large isentropic exponent value corresponds to a high
blade loading, similar to the impeller inlet.
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FIGURE 9: Static pressure ratio at the tip of the impeller leading
edge.

In summary, increasing the exponent value reduces the
working coefficient. As for the impeller flow field, the in-
crease in isentropic exponent raises the Mach number and
blade loading at the leading edge of the impeller blade, but
mitigates the Mach number at the impeller passage outlet.

3. Numerical Method

3.1. Numerical Model. The compressible Reynolds-averaged
Navier-Stokes (RANS) equations were solved using a
commercial finite volume method solver embedded in the
NUMECA Fine/Turbo software package with a version of
11.2. To achieve the closure of the governing equations,
Menter’s SST turbulence model was adopted to solve the
turbulent flows since it has good applicability for both
separated flow and inverse pressure gradient flow, especially
in a centrifugal compressor [26]. All the wall surfaces are
defined with the adiabatic condition and a mean roughness
of 1.6 pm. To meet the near-wall requirements of the tur-
bulence model, the minimum grid spacing on solid walls was
set to be less than 1x 10™° m. Given the current maximum
y+value lower than 50, the extended wall function was
employed for the w-based turbulence model. Moreover, data
transfer between the impeller and diffuser domains used
Denton’ mixing-plane approach [27]. The second-order
central difference scheme is adopted for the inviscid flux
calculation. The multigrid strategy and implicit residual
smoothing method are used to accelerate convergences.
For the boundary conditions of the computational do-
main, the total temperature and total pressure specified at
the inlet are displayed in Table 1. The inlet flow was assumed
to be in the axial direction, i.e., the flow angle is 0°. As for the
exit boundary condition, the average static pressure
boundary condition at the vaned diffuser exit was adopted
and the pressure profile was obtained by extrapolation from
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TaBLE 1: Design specification of the SNL compressor [30, 31].

Inlet shroud radius

(mm) 9.372 Tip clearance (mm)  0.254
Inlet hub radius (mm) 2.5375 Blade thickness (mm) 0.762
Exit blade height 1712 Number of diffuser 17
(mm) vanes

Exit blade radius 18.6817 Exit blade back sweep 50°
(mm) angle

Number of all blades  6+6  Inlet blade angle at tip  50°

the interior field. The central difference scheme was used for
the spatial discretization, and the local time-stepping
method was employed.

To take the real-gas behavior of the working fluid into
account, the real-gas properties’ tables are generated
through the equation of state of the Span and Wagner type
and are used to interpolate the CO, properties during the
CFD simulations. The thermodynamic property table ranges
were 250-600K with 301 nodes for temperature and
1-30 MPa with 301 nodes for pressure. The resolution of the
physical property table is enough to meet the table inde-
pendence requirement according to the investigations of Li
et al. [28] and Saxena et al. [29].

3.2. Model Validation. The supercritical CO, centrifugal
compressor tested by the Sandia National Laboratories (SNL)
and a megawatt-scale supercritical CO, centrifugal compressor
tested by the Institute of Engineering Thermophysics in the
Chinese Academy of Sciences (IET-CAS) are modeled and
adopted as the research objects. The reason for the selection is
that the compressors” geometric parameters and performance
curve had been reported in literature [30-32]. The specification
of the SNL compressor is displayed in Table 1.
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The SNL supercritical CO, impeller contains 6 main
blades and 6 splitter blades. Its diffuser has 17 wedge-
shaped vanes. To reduce computing expense, a single blade
passage was chosen as the computational domain. The
structured grid was generated using the periodic multiblock
O4H-type structured grid. A mesh independence investi-
gation is conducted to eliminate the influence of node
number on numerically predicted results as displayed in
Figure 11.

Figure 12 shows the computational mesh. The total
number of grid nodes was 1.92 million and had been proved
to meet the requirement of this research work by carrying
out the cell-size sensitivity analysis. In addition, Raman et al.
[33] and Ameli et al. [34] had done a similar study on the cell
size. Their results can provide support for the node number
used in this research.

The design inlet conditions of the SNL compressor are
305.372K and 7687.925 kPa. As reported, the supercritical
CO, compressor inlet conditions in tests varied within
304.3-307K and 7700-8139kPa. SNL has utilized the
Glassman method [35] to obtain the corrected performance
based on the actual temperature and pressure under the
design condition. The definition of Glassman’s dimen-
sionless parameters is listed as follows.

— m VyrZCTTCT’ (25)

ad YPe
ND
Ny = == (26)
yrZCTTCT
Ah
Ahg g = —2—, 27
O.ad )/TZC,, cr ( )
L+y\!
z., T, = ZOT()(T) , (28)
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FiGure 12: Computational grid of the SNL compressor. (a) Impeller mesh and (b) vaned diffuser mesh.

TaBLE 2: Validation case operating conditions.

Actual
speed

Operation

- T P
condition 0 0

ad

Low rotating

305.372K 7687.925kPa 45000 RPM 10.63
speed

High rotating

305.372K 7687.925kPa 50000RPM  11.8
speed

TaBLE 3: List of adopted loss models.

Loss models

Zhu and Sjolander [36]
Aungier [37]
Oh et al. [38]
Daily and Nece [39]

Classification of loss type

Volute loss
Leakage loss
Recirculation loss
Disk friction loss

1+ -yl (y-1)
P, = P(,(T”) . (29)

Based on the tested conditions of the SNL compressor,
the simulation conditions of the validating case were de-
termined and introduced in Table 2. The dimensionless
speed N,4 is kept the same with experimental conditions in
the current comparison.

It should be noted that the compressor configuration in
the experiment has a volute. In our study, however, the
volute was neglected. Besides, the CFD simulation did not
include parasitic losses, consisting of leakage loss, recircu-
lation loss, and disk friction loss. To account for the volute
and parasitic losses, the compressor performance is recal-
culated with the calculating models as displayed in Table 3
and then compared with experimental data for validating the
CFD simulations to some degree.

On the above basis, the revised compressor efficiency can
be expressed as follows:

~ M - W - ]7 - Ah
nrevised - M- -w+ Ahlea.kage + Ah

volute

+ Ahgg (30)

recirculation

Figure 13 shows the comparison of the compressor
performance with experimental data from SNL [31]. All the
data have been nondimensionalized with the Glassman

method, which ensures the data processing method to be the
same as the SNL. The definition of the dimensionless pa-
rameters is introduced in equations (25)-(29).

In Figure 13, the deviations between CFD and experi-
mental results should be acceptable, not only based on ef-
ficiency but also enthalpy rise. The good agreement gives
confidence to the numerical simulation method. The fol-
lowing section investigates the isentropic exponent effects on
the flow similarity of supercritical CO, centrifugal com-
pressors with the current numerical scheme.

The IET megawatt-scale supercritical CO, centrifugal
compressor consists of an intake pipe, an impeller, a vaneless
diffuser, and a volute. The impeller has 15 blades. Different
from the Sandia compressor, the IET compressor employs a
vaneless diffuser, thus never having a strong rotor-stator
interaction. Table 4 lists its main geometric parameters.

The diagram and development of the supercritical CO,
test rig in the IET-CAS can be found in Zhu’s Doctoral
dissertation [32]. The total temperature and pressure at the
inlet of the compressor were 309.4K and 7.827 MPa, re-
spectively. The corresponding rotating speed is 34500 RPM.
A HO topology pattern is employed for the impeller part.
Specifically, an O-type block is used around the blade and
four H-type blocks are applied inside the B2B channel. As for
the blade tip clearance, 4 H-type blocks surrounded by an
O-type block are utilized. The mesh near the leading edge
and trailing edge of the impeller is locally refined by using
“add Z Constant Line” of Autogrid software as displayed in
Figure 14.

A mesh independence investigation is validated to
eliminate the influence of node number on numerically
predicted results as shown in Figure 15. It depicts that the
grid independence requirement is met when the number of
grid nodes is greater than 0.89 million. 17 grid points are
specified along the span-wise direction inside the tip
clearance for the final computational mesh.

Figures 16(a) and 16(b) describe the compressor effi-
ciency and work coefficient as a function of the flow coef-
ficient, respectively. The definitions of the flow coefficient,
actual efficiency, and work coefficient are introduced in
equations (31) and (32). To account for the effect of volute,
the compressor performance is revised with the volute loss
model [36].
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FiGure 13: Comparison of numerically predicted results against the SNL experimental data. (a) Revised efficiency and (b) Glassman

enthalpy rise.

TaBLE 4: Design specification of the IET impeller [32].

Item Value Item Value
Blade number 15 Split blade number 0
Hub diameter 20 mm Outlet blade height ~ 3.5mm
Impeller diameter =~ 96 mm Blade angle at inlet ~ 60°/48"
Inlet blade height ~ 7.5mm  Blade angle at outlet 50°
Shroud diameter 40 mm Blade thinness 1.5mm
Tip clearance 0.45mm Reaction degree 0.71

FIGURe 14: Computational grid of the IET supercritical CO,
impeller.

V. 4m
b, = L= — (31)
1/4nD5U, mp,D5U,
Ah, Muw
= =, (32)
U, mU,

The deviations between the CFD and experimental re-
sults should be acceptable as far as the compressor efficiency
and the fluid enthalpy rise are concerned. The good
agreement gives confidence to the numerical simulation of
the IET compressor.

1.014 T

1.012

1.008

1.006

Relative efficiency (n/n;)

1.004

1.002

0.5 1 1.5
Number of grid points (10°)

FiGure 15: Grid sensitivity of the IET supercritical CO, centrifugal
compressor.

4. Cases Study by the SNL Compressor

The 3 cases were simulated with the same numerical
scheme and solver but different inlet boundary condi-
tions and rotating speeds. The ideal gas model is used in
Case 1 because it is far away from the critical point. The
real-gas model was used for the simulations of Case 2 and
Case 3. In Cases 1-3, the boundary conditions and ro-
tational speeds were readjusted to maintain the machine
Mach number and the Reynolds number unchanged. The
difference between the three reference cases is only the
inlet isentropic exponent change. Based on the similarity
criteria, the rotating speed and diameters are displayed in
Table 5.
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FIGURe 16: Comparison of numerically predicted results against the IET-CAS experimental data. (a) Compressor efficiency and (b) is-

entropic work coefficient.

TaBLE 5: Settings of the SNL reference cases.

No. Fluid T o (K)

P (kPa) D, (m)

N (RPM) Reys (E) Ma 5 n,

288.15
306.8
305

500
7730
8100

Case 1
Case 2
Case 3

Ideal gas
Real gas
Real gas

0.55
0.03736
0.0275

6.367
6.367
6.367

0.681 1.29
0.681 1.57
0.681 5.74

6173.7
62910
124810

0.8

Efficiency
o e
o) e N
w ~ wl

o
=N

0.55

0.5
0.03

0.05 0.06

Flow coefficient

0.04

—— Case 1(ng=1.29)
—— Case 2(ng=1.57)
—— Case 3(ng=5.74)

(a)

0.7 +

0.65 |

Work coefficient

0.6

0.05

Flow coeflicient

0.03 0.04 0.06

—— Case 1(ng=1.29)
—— Case 2(n=1.57)
—— Case 3(ng=5.74)

(®)

FIGURE 17: Dimensionless compressor characteristics. (a) Efficiency and (b) work coefficient.

4.1. Effects on the Performance Map. The real-gas effect on
the compressor performance is a great concern for a
supercritical CO, cycle design. For a small-sized super-
critical CO, compressor, a few laboratories successfully
conducted physical experiments. However, for a large-
sized supercritical CO, compressor, the requirement of

power driving the compressor is so high that most lab-
oratories cannot afford it. Therefore, the difficulty in the
physical experiment conduction is a serious issue that the
development of the supercritical CO, compressor has to
address. As an alternative approach to solving the issue,
dimensionless compressor characteristics can simplify
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FIGURE 18: Mach number distribution of test cases (at 85% span).
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FIGURE 19: Mach number distribution of test cases (at 15% span).
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FIGURE 20: Dimensionless pressure along the impeller meridional direction. (a) At the span of 85%. (b) At the span of 15%.
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FIGURE 21: P (/P, along the impeller meridional direction. (a) At the span of 85%. (b) At the span of 15%.
TABLE 6: Settings of the reference cases.
No. Fluid T (K) P, (kPa) D, (m) N (RPM) Reys (E) Ma n g
Case 1 Ideal gas 288.15 500 1.814 1809 2.048 0.659 1.29
Case 2 Real gas 307 7800 0.124 18047 2.048 0.659 1.62
Case 3 Real gas 307 8347 0.096 32000 2.048 0.659 4.52
the physical experiment and mitigate the test difficulty. - - - -
The performance maps of Cases 1-3 are illustrated in
Figure 17 using the numerical method validated in 08 i
Section 3.
The work coefficient deviation between Case 1 and 2 is
not too large. The main reason is the similar inlet isentropic 2 o7
. o gs o YT 7
exponents. However, Case 3 shows a considerable deviation z
for Case 1, not only on the efficiency but also the work g
coefficient. The mechanism contributing to those deviations 2
is increasing the isentropic exponent value from 1.29 in Case S 061 1
1 to 5.74 in Case 3. This follows the theoretical prediction
(Section 2.2) that the larger inlet isentropic exponent is, the
lower work coefficient is. The consistency supports the
theoretical analysis. 05 ¢ 1
0.02 0.03 0.04 0.05

4.2. Effects on the Internal Flow. As a typical and valuable
dimensionless parameter, the Mach number can reflect
the compressibility of working fluid. Figures 18 and 19
show the Mach number distributions at 85% and 15%
spans (¢ = 0.05), respectively. It can be seen that the Mach
number of real-gas cases (Case 2 and Case 3) at the
leading edge suction side is higher than ideal one (Case
1). Moreover, the larger the inlet isentropic exponent, the
higher the Mach number is at the leading edge suction
side. At the impeller outlet, Figure 18 also shows a lower
Mach number of real-gas cases (Case 2 and Case 3) than
the ideal gas case (Case 1). In addition, the larger the inlet
isentropic exponent is, the lower the Mach number at the

Flow coefficient

— Case 1(ng=1.29)
—— Case 2(ng=1.62)
—— Case 3(ng=4.52)

FiGURE 22: Work coefficient of test cases.

impeller outlet is. Those findings derived from the CFD
simulations entirely agree with the aerodynamic analysis
stated in Section 2.3, thus supporting the theoretical
analysis.

Figure 20 presents the dimensionless pressure along the
meridional direction. The pressure is obtained under the
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FIGURE 23: Mach number distribution of test cases (at 50% span).
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FIGURE 24: P /P, along the impeller meridional length. (a) At 85% of the span. (b) At 15% of the span.

similarity conditions shown in Table 4. A slight deviation is
found at the leading edge and the trailing edge between Case
1 and Case 2. As for Case 3, the dimensionless pressure at the
trailing edge is much higher than that in other cases. This
result agrees with the theoretically predicted result in Section
2.1. The higher the inlet isentropic exponent, the higher the
dimensionless pressure is, especially at the impeller outlet.

The ratio of static pressure values on two sides of a blade
can indicate the local blade loading. Figure 21 shows the P/
P, along the impeller meridional line. Slight differences
occur between Case 1 and Case 2 and exhibit an insignificant
influence on the blade loading. However, Case 3 shows a
remarkable isentropic exponent effect on the blade loading.
It is found that the P/P,, of Case 3 near the leading/trailing
edge is much lower than that in other cases. The finding is
still consistent with theoretical prediction, thus supporting
the theoretical analysis.

In conclusion, the analysis mentioned above indicates
that the performance of a supercritical CO, compressor is
related to the inlet isentropic exponent. Specifically, in-
creasing the isentropic exponent will reduce the work co-
efficient. Besides the performance, the inlet isentropic
exponent has a significant impact on the impeller flow field.
Specifically, the higher inlet isentropic exponent would
increase the Mach number and blade loading at the leading
edge of the impeller, but decrease the Mach number at the
impeller outlet.

5. Cases Study by the IET Compressor

An additional validation was carried out with the IET
supercritical CO, compressor. The machine Mach
number and machine Reynolds number are maintained to
be the same in the simulations. Under similar conditions,
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the rotating speeds and diameters are displayed in
Table 6.

Figure 22 presents the performance of the MWe scale
supercritical CO, compressor. It can be found that the
higher inlet isentropic exponent case shows a lower work
coefficient.

Figure 23 displays the Mach distribution of the MWe
scale supercritical CO, compressor at 50% span (¢ = 0.03). It
can be confirmed that the higher inlet isentropic exponent
case shows a higher Mach number at the leading edge and a
lower Mach number at the trailing edge.

The blade loading (Py/P,,) of the MWe scale supercritical
CO, compressor is displayed in Figure 24. It can be con-
cluded that the higher inlet isentropic exponent case has a
higher loading.

In short, this section validates the theoretical prediction
according to the numerical simulations on the IET com-
pressor. The numerical results reveal that the isentropic
exponent affects the work coefficient, Mach number, and
blade loading. The effects are consistent with the theoretical
prediction, thus supporting the core part of this paper, the
theoretical analysis.

6. Conclusion

This paper investigated the isentropic exponent effects on
the flow similarity in supercritical CO, compressors. The
main concerns are compressor performance and flow
field. The investigation method includes both three-di-
mensional CFD simulations and theoretical analyses.
Based on the discussion stated in this paper, the main
conclusions and a suggestion for the future physical test
are stated as follows:

(1) In a 3D impeller, the isentropic exponent plays a role
in the performance of compressors with supercritical
CO, as its working fluid, especially for large isen-
tropic exponent cases (near the CO, critical point).
The increase in isentropic exponent tends to decrease
the impeller work coefficient.

(2) The inlet isentropic exponent has a significant impact
on the impeller flow field. The increase in the inlet
isentropic exponent increases the Mach number and
blade loading at the leading edge of the impeller
blade but decreases the Mach number at the impeller
outlet.

(3) The inlet isentropic exponent fluctuation has to be
considered in a physical experiment of a centrif-
ugal compressor with supercritical CO, as its
working fluid. During designing a test of this sort,
it is suggested to assess the inlet isentropic ex-
ponent fluctuation and then ensure its fluctuating
range to meet the requirements of the flow
similarity.
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Abbreviations

Sound speed

Specific heat capacity
Diameter

Specific enthalpy

Mass flow rate

Mach number

Meridional length

Torque

Shaft speed

Pressure

Gas constant (for CO2, 188.97 J/(kg-K)), radius
Temperature
Circumferential velocity
Absolute velocity in diffuser
Relative velocity
Compressibility factor.
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]

NITSHEYPZES

Appendix

A. Effects on the Density and Pressure

When the inlet parameters are specified, both the static
enthalpy and the relative velocity at an arbitrary location in
the turbomachinery meet the following relationship:

h,+W22-U, h+Wi2-Uj

ho. (A1)
2 2

Assuming the process is isentropic and with the
equation of state, the density, pressure, and local sound
speed can be determined by enthalpy and entropy. Since the
inlet entropy and stagnation enthalpy are input parameters,
the local state parameters are determined by the local
velocity magnitude. Specifically, the local density is
expressed herein.

px_<Tx)1/(ns—l) _(I/ljc)l/(ns—l)
Po T, hy

(B + U222 - w22\ ()
_ .

[ (v V2 1w, h, V()
| 2\U,) hy 2 h, h '

The rest of the derivation process converts the local
velocity into the local Mach number. The following equation
describes the relationship between the ideal gas enthalpy and
the sound speed.

(A.2)

(A.3)

Substitute (A.3) into (A.2).
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Similarly, an expression about the pressure can be de-
rived. The following relationship exists between the un-
known local circumferential Mach number and the machine
Mach number:

Ma,,,
Ma,,

(A.5)

U, (h,+ W22 -U22\"?
U, h

U -1 -1 1/2
- —"(1 + 57 Ma? —”S—Maix) .
U, 2 2

X

For the real gases, the isentropic calculation is carried out
by looking up the real-gas property table.
pu_P(hoso) _ p(hy +Us2 = W32, s)) (A6)
Po Po Po )
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» 1 1 ll(ns—l)
(1+ S~ Mal -= Majx> } (A.4)
2 2
P, _P(hosy) _ P(hy+ U2 - W32, so)’ (A7)
PO PO PO
0% w w
Ma, =—= = > (A.8)

¥ a, - a(hy,sy) - a(ho + Ui/z - Wi/Z, 50)'

B. Effects on the Impeller Outlet Mach Number
For impellers, the continuity equation is generally expressed
by relative velocity.

pX Wx & Cosﬁx

. -1=0.
Pim Wim A Cosﬁl,m

(B.1)

Different from the diffuser, the stagnation parameters in
the impeller are variable due to the rotation and blade.
According to the conservation of rothalpy, the density and
sound speed at different positions in the impeller have the
following relationship:

b ( 2 )”””) _ (h $W2,2- UL, 2+ U2 Wi/z>l’(””) (8.2)

Pl,m hl,m h1>m

2 2 1/ (ns— 1)
1-(W, /W, U,/U,,,) -1
P—x=[l+(ns—l)MMaf +(n, - 1)("1%)]\4“21 ] , (B.3)
p 2 sm 2 ul,m
1.m
Substitute (B.1) into (B.3).
2 2 -1/ (ns— l)
w A 1-(W, /W, uJ/u,,) -1
w = Xl C:(:f/;m [1 + (ns - 1) ( 2 : ) Maim + (ns - 1) ( 12 ) Mail,m] ’ (B.4)
1m X x
Based on the relationship between the Mach number and
sound speed, the relative velocity (W) can be transformed
into the relative Mach number (Ma,,).
Ma, W W (B.5)
Ma,,, ada,,’ ‘
2 2 1/2
1-(W, /W, U U, -1
:’C =|1+(n,— 1)¥Maim +(n, - l)%Mﬂil’m (B.6)
1m
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An undetermined parameter, Ma,,; ., appears in for-
mula (B.6). According to formula (A.5), the conversion
relationship between the inlet circumference Mach number
and the machine Mach number can be described as follows:

Maul,m — Ul,m/ 2 )1/2
Ma,, U, \ ubm J
(B.7)

n,—1
T+ = May,, -

In the impeller, the flow coeflicient can be expressed as
follows:

B.8
D Dh1 Ma,,, py a, (B.8)

=—sL___Hhl —cos
D; May po ag o

C. Leading Edge Mach Number

The relative velocity difference between the two sides of an
impeller blade approximately satisfies the following equation
under a small attack angle condition [40].

Wx,s - Wx,p
A0,
(C1)
cos B, sin B, dp b,

+ W pb. dm

X

It can be seen from the above formula that the blade
loading is composed of three parts and the presented re-
search shows that the contribution of the third term to the
blade load is tiny and thus can be ignored [41]. Therefore, it

can be simplified as follows:
Wx,s - Wx, Ux . r dﬁ
Tp = ZW—SIHYxCOS/))erx - %lx

Ab..  (C2)

x*

X X

At the tip of the impeller leading edge, the inclination
angle of the streamline is 0. Thus, it can be simplified further
as follows:

AWy, _ 1 dp
W,  dm

——11:A6,. (C3)

Usually, df/dm]|,, < 0. The relative velocity at the suction
and pressure surface can be derived from the velocity
difference.

Wi, =Wy (C4)

AW,
- WU(1+ ﬂlltAG)

r
Wlt,s =Wy, + L= Wlt(l ﬁ |ltA9 ) (C.5)

Thus, the Mach numbers of the blade suction and
pressure surfaces near the leading edge can be expressed as
follows:
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rd
Malt,s = Ma1t<l - zd’{fllltAel), (C6)
May, , = Ma1t<1 + r dp |1tA9 ) (C.7)

Greek Symbols

Flow angle

Density

Angular velocity
Efficiency

Flow coefficient

Dynamic viscosity

Specific heat ratio (Cp/Cv)

TTEEIERT®

Subscripts

Stagnation condition in absolute coordinate
Impeller inlet
Impeller outlet

M2

ad: Dimensionless parameter

cr: Critical conditions (calculated by equation 28 and 29)
M: Machine parameters

m: Average parameters

p:  Pressure side

s:  Isentropic process, suction side

t.  Tip

u:  Circumferential direction

x:  Arbitrary position in the impeller.
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