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This paper presents the development and validation of an improved quasisteady flow model (iQSFM) that applies comprehensive
parasitic losses to the quasisteady flow model (QSFM) considering an oscillating flow, which is the actual type of flow occurring in
a regenerator. Validation of iQSFM was evaluated by comparing it with a QSFM based on the experimental results of a RE-1000
regenerator. Compared to QSFM, iQSFM improved the prediction accuracy by reducing the indicated power error from 66.7% to
24.9% and the efficiency error from 35.3% to 9.4%. In addition, the prediction accuracy of iQSFM was compared when the
oscillating flow and the steady flow correlation were applied to a regenerator. When iQSFM applied an oscillating flow
correlation to the regenerator, it predicted the experimental results of RE-1000 slightly more accurately than in a steady flow
correlation. Finally, the engine performance and parasitic losses were analyzed through a parameter study of RE-1000 using
iQSFM. Through this, it was confirmed with iQSFM that the RE-1000 is designed to maximize the engine performance by
minimizing the parasitic losses.

1. Introduction

Strict environmental restrictions and rising energy demand
levels have recently increased the need for ecofriendly energy
and energy-efficient technologies. Worldwide research and
development efforts are focusing on what is known as com-
bined heat and power (CHP) system, which increases the
total energy efficiency by producing electricity and heat at
the same time by utilizing thermal energy [1, 2]. Due to its
great thermal efficiency, the Stirling engine in particular
has received a considerable amount of attention as a power
production system for the micro-CHP system [3]. The Stir-
ling engine is also thought to be a powerful technology that
can produce electricity using a variety of renewable thermal
energies with good fuel flexibility as well [2, 4, 5].

The Stirling engine was invented in 1816 by Robert Stir-
ling [6]. The Stirling engine did not receive much attention
at the time due to technical limitations and the rapid growth
of the internal combustion engine. However, the reduction
of highly carbon-emitting internal combustion engines and
advancements in manufacturing technologies have recently

renewed interest in Stirling engines [7, 8]. In particular, the
free-piston Stirling engine (FPSE) proposed by Beale replaced
the crank mechanism of the existing kinematic Stirling engine
with spring elements and improved the durability, leading to
technological advancements in the Stirling engine [9].

The Stirling engine is a heat engine based on the Stirling
cycle that converts thermal energy into kinetic energy by com-
pressing and expanding a working gas in an enclosed space
through the reciprocating motion of two pistons at different
temperatures. The thermal efficiency of the Stirling cycle is
theoretically identical to the Carnot thermal efficiency. How-
ever, practical Stirling engines have lower efficiency than ideal
Stirling cycles due to the limited heat transfer performance
and certain structural limitations. As a result, Stirling engines
must be designed and optimized using a Stirling cycle-based
performance analysis that considers various losses.

The Stirling cycle analysis models studied thus far are
classified into five generations with empirical, analytical,
and numerical methods according to Dyson [10].

First, the zeroth-generation model is an empirical model
that shows a correlation between the operating conditions
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and the engine performance based on extensive test data of
commercial engines. William Beale was the first to develop
this model, which forecasts the engine performance using
the Beale number, a performance coefficient, the engine
charge pressure, and the operating frequency [11]. The
simplest model is used to determine the performance level
quickly in the concept design stage; however, the prediction
accuracy is very low.

The first-generation model was proposed by Schmidt
[12] as an analytical model. The Schmidt model makes pre-
dictions of engine performance outcomes by computing the
dynamic working pressure according to the piston motion
using a closed-form equation based on the isothermal condi-
tions in the working spaces. Because the isothermal process
can only be achieved by infinite heat transfer, it overesti-
mates the engine’s performance by around 80–100% [13].

The second-generation model was initially proposed by
Finkelstein [14] as a numerical model based on ideal adiabatic
conditions. The ideal adiabatic model assumes adiabatic con-
ditions in the expansion and compression spaces but assumes
isothermal conditions in the heater, cooler, and regenerator, as
in the first-generation model. Note that the processes of
expansion and compression are closer to the adiabatic condi-
tion in which heat transfer with the outside barely occurs
[15]. However, the ideal adiabatic model also assumes an
infinite heat transfer of the heat exchanger, meaning that the
engine performance is highly overestimated.

Urieli and Berchowitz [13] presented a quasisteady flow
model (QSFM) that improved the accuracy of performance
predictions by considering the heat transfer performance of
the actual heat exchanger based on the ideal adiabatic model.
QSFM utilizes practical heat transfer coefficients calculated
under steady flow conditions. QSFM still predicts the engine
performance as 50–70% higher because it does not account
for the engine’s various parasitic losses [13]. Several analyti-
cal studies take the parasitic losses into account for higher
prediction accuracy rates [16–18].

The third-generation model predicts the engine
performance numerically using the finite difference method
(FDM). The Stirling engine’s spaces are divided into a num-
ber of one-dimensional control volumes. Unlike the second-
generation model, the third-generation model can calculate
the velocity, temperature, density, and pressure profile of
the working fluid at all points in the engine control volume.
This model was studied by Finkelstein [19], Urieli et al. [20],
Berchowitz and Rallis [21], and Shock [22]. Also, SAGE [23,
24], developed by Gedeon and commercialized as a repre-
sentative Stirling cycle analysis program, has been used by
many researchers [25, 26].

The fourth-generation model uses computational fluid
dynamics (CFD) to simulate the engine in detail [27–29].
This model has the advantage of being able to obtain and
visualize detailed analysis results such as the flow rate, tem-
perature, and pressure distribution of the working gas inside
the engine. However, it has the drawbacks of a long calcula-
tion time and the need to establish a new model whenever
the engine is changed.

On the other hand, Jan and Marek [30] compared engine
performance prediction results between the second-generation

model considering the parasitic loss and the fourth-generation
model. The prediction accuracy rates of the two models were
similar, but the computation time of the second-generation
model was significantly lower, which led to claims that its
engine design and optimization were more effective. This dem-
onstrates that the second-generation model, considering vari-
ous losses, is most suitable for engine design and optimization
purposes. In particular, QSFM, the most advanced model pro-
posed by Urieli and Berchowitz among the second-generation
models, is being utilized and improved by various researchers.

Parlak et al. [31] used QSFM without considering engine
losses to analyze a gamma-type Stirling engine for a biomass
heat source. However, they neglected to study improvements
of the prediction accuracy of the model. Sowale et al. [32]
improved the regenerator part of QSFM and conducted a
design optimization study using the genetic algorithm of a
gamma-type FPSE. They divided the regenerator space from
the original two cells into ten cells to improve the prediction
accuracy of the regenerator temperature in QSFM. How-
ever, this model has the limitation of not considering para-
sitic losses other than that caused by the heat exchanger
flow friction.

Li et al. [33] developed a QSFM considering the parasitic
loss for a performance analysis of a beta-type FPSE for a
space reactor power system. However, this model does not
consider the seal leakage loss, which is one of the most sig-
nificant losses in the Stirling engine. As a result, the predic-
tion errors of the power output reach about 40% between the
analysis result and the experimental result (GPU-3 engine).

This study introduces an improved quasisteady flow
model (iQSFM) that applies comprehensive parasitic losses
to QSFM considering an oscillating flow, which is the actual
flow occurring in a regenerator. Verification of iQSFM is
conducted using the experimental results of RE-1000, a rep-
resentative FPSE developed by NASA. In addition, the anal-
ysis results of iQSFM are compared for steady flows and
oscillating flows in the regenerator. Finally, the engine per-
formance and loss characteristics are examined through a
parameter study of the RE-1000 using iQSFM.

2. Improved Quasi-Steady Flow Model

2.1. Model Descriptions. QSFM calculates the heat input and
heat removal of the engine considering the heat transfer coef-
ficient of the heat exchanger and the temperature difference
between the wall and the working gas to reflect the perfor-
mance of a nonideal heat exchanger practically. Also, with
regard to parasitic losses, only the flow friction loss due to a
pressure drop is considered. In QSFM, the wall temperatures
of the heater and cooler are assumed to be isothermal, but
the temperature of the working gas varies throughout the
cycle. Given that the regenerator has a longitudinal tempera-
ture gradient, the regenerator space is generally divided into
two parts. The matrix temperature of the regenerator is calcu-
lated from the law of conservation of energy. The compression
and expansion spaces are assumed to be adiabatic, and thus,
there is no heat input or removal. More details about QSFM
are presented in the literature [13].
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Here, iQSFM considers various parasitic losses compre-
hensively to improve the accuracy of performance predic-
tions based on the conventional QSFM. The friction
coefficient and the convective heat transfer coefficient of
the regenerator were calculated under a general steady flow
and a more realistic oscillating flow, and the results are com-
pared. In addition, the regenerator is divided into ten cells in
iQSFM instead of the two cells used in the existing QSFM in
order to enhance the prediction accuracy of the temperature
gradient in the longitudinal direction of the regenerator.

2.2. Parasitic Loss Model. iQSFM considers seven parasitic
losses. The types of losses are divided into the external heat
loss, the internal heat loss, and the power loss, and there
are differences in the methods used to combine the model
according to the type of loss.

First, the external heat loss is the heat loss that occurs
when the heat supplied from the heater is not transferred
to the working gas and is directly removed by the cooler. It
is a type of heat conduction loss through the cylinder wall
between the engine’s high and low temperatures. It is added
to the heat removed from the cooler and subtracted from the
heat supplied by the heater. The external heat loss is not
associated with the energy equation for the operating gas.
Additionally, it is assumed that the radiation heat loss of
the heater head is not considered.

On the other hand, the internal heat loss and power loss
are calculated by directly reflecting them in the energy equa-
tion of each flow system. The internal heat loss is the heat
that is lost when it escapes through the cooler without being
converted into any indicated power, even when the heat sup-
plied from the heater is transferred to the working gas. The
internal heat loss consists of the reheat loss, appendix gap
loss, seal leakage loss, and flow friction loss in the heat
exchanger and regenerator.

The reheat loss is the heat loss caused by the difference
between the heat stored in the regenerator and the heat
exhausted. When the working gas moves from the heater
to the cooler (hot stream), the heat stored in the regenerator
matrix is released back to the working gas when the working
gas moves from the cooler to the heater (cold stream). That
is, reheat loss arises because the heat stored in the hot stream
is not completely reheated from the regenerator matrix to
the working gas in the cold stream due to the limited heat
transfer between the regenerator matrix and the working
gas. The seal leakage loss is caused by enthalpy leakages
due to the flow across the piston seals at different tempera-
tures [13]. Because iQSFM uses the assumption of a periodic
steady state and the law of conservation of mass, the net
leakage of the working gas through the seal is zero. The
appendix gap refers to a wide gap at the top of the DP seal.
The appendix gap loss is composed of the heat conduction
loss through the DP wall and the shuttle loss that arises
when transferring the heat that the DP wall receives through
the high-temperature part to the low-temperature part due
to the DP reciprocating motion [13, 17, 34]. The flow fric-
tion loss of the heat exchanger and regenerator is the loss
caused by the pressure drop due to the flow friction between
the heat exchanger wall and the working gas [13].

The power loss is the loss that occurs when the indicated
power is converted to mechanical power. It consists of the seal
friction loss and the gas spring hysteresis loss. The seal friction
loss is the loss caused by viscous friction due to the shear stress
of the gas in the seal gap. The gas spring hysteresis loss is a
thermodynamic loss that occurs when the bounce space acts
as a gas spring and forms a hysteresis loop between the pres-
sure and volume when it is compressed and expanded.

The formula for the parasitic loss model is summarized
in Table 1. The derivation processes for each of the loss
models are described in detail in the literature [13]. They
are omitted here for brevity.

2.3. Thermal Model. Figure 1 shows the iQSFM conceptual
diagram for a beta-type Stirling engine. The working space
is composed of five spaces: the compression space, cooler,
regenerator, heater, and expansion space. In particular, the
regenerator is composed of ten cells. The flow of the working
gas and the displacement of the displacer piston (DP) and
power piston (PP) are positives in the direction from the
compression space to the expansion space. iQSFM has the
following main assumptions [13]:

(i) The working gas is an ideal gas

(ii) The potential energy and kinetic energy of the
working gas are ignored

(iii) The mass of the working gas in the engine is
constant

(iv) All flows in the engine are in a periodic steady state

(v) The motions of DP and PP are sinusoidal with a
constant amplitude, phase, and frequency

(vi) The engine radial temperature distribution is neglected

iQSFM employs the ideal gas equation, pV =mRT, to
define and analyze the gas properties in the working spaces,
where p, V , m, and T are the pressure, volume, mass, and
temperature of the working gas, respectively.

2.3.1. Volume Definition. First, regarding the volume of each
space, the heater, regenerator, and cooler, which comprise
the heat exchanger part, maintain a constant volume during
the cycle processes while the expansion and compression
spaces change in volume, as shown in Eqs. (1) and (2),
respectively, due to the DP and PP movements.

Ve =Ve0 − AdXd sin ωt, 1

Vc = Vc0 + Ad − Arod Xd sin ωt − ApXp sin ωt − α

2

Here, Ve0 and Vc0 are correspondingly the initial vol-
umes of the expansion and compression spaces when DP
and PP are in their equilibrium positions. Ad , Ap, and Arod
are the cross-sectional areas of the DP, PP, and rod, respec-
tively. Xd , Xp, ω, and α are the DP amplitude, PP amplitude,
operating frequency, and phase difference, respectively. Note
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that the expansion-space volume is a function of the DP
motion only, while the compression-space volume is a func-
tion of the DP and PP motions.

2.3.2. Temperature Definition. The temperatures to be defined
in iQSFM are the heater and cooler wall temperatures, the
regenerator matrix temperature, the working gas temperature
in each space, and the temperature at the boundary between
each space. The heater and cooler wall temperatures are
assumed to be maintained isothermally. On the other hand,
the heater and cooler gas temperature and the regenerator gas

temperature in each cell change during the engine cycle. The
regenerator matrix temperature varies as well. The expansion
and compression space temperatures are assumed to follow an
adiabatic process. The temperature in all spaces is determined
by the ideal gas equation of Eq. (3) with the other gas properties.

Ti =
piVi

Rmi
, 3

where i = c, k, r1⋯ r10, h, e.

Table 1: Equations of the parasitic loss model (here, i = c, k, r1⋯ r10, h, e, and j = d, p).

Losses Equations

External heat losses Structure conduction loss Qcond = kcyl
Acyl

Lcyl
Twh − Twk

Internal heat losses

Regenerator reheat loss Qreh = 1 − ε hrAwt,r Tmr − Tr

Appendix gap loss Qapp = π
dd

2happ
kgasXd

2 Te − Tc

Lapp
+ kd

Ad

Ld
Te − Tc

leakage loss Qleak,j =mleak,jcp T in j − Tout j

Flow friction loss Qhf ,i = ΔpiAf r,i
gi
ρi

Power losses

Gas spring hysteresis loss Wgsh, j =
1
32

ωγ3 γ − 1 Tw, jpkgas
Vb,j

Vb,j

2

Awt,j

Seal friction loss Wsf ,j = −vj
μLsl,jπdjvj

Hj
+
μdjhsl,j pout,j − pin,j

2
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Figure 1: Schematic model of iQSFM and distribution of the temperature and pressure for the engine spaces.
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The interface temperature of each space is determined by
the temperature of the upper stream according to the flow
direction of the working gas and is defined as follows:

If mck > 0 thenTck ⟵ Tc otherwiseTck ⟵ Tk, 4

If mkr1 > 0 thenTkr1 ⟵ Tk otherwiseTkr1 ⟵ Tkr1, 5

If mr10h > 0 thenTr10h ⟵ Tr10h otherwiseTr10h ⟵ Th,
6

If mhe > 0 thenThe ⟵ Th otherwiseThe ⟵ Te 7

Here, the subscript ij indicates the boundary between the
ith cell and the jth cell.

The temperature at the boundaries of the regenerator
cells is calculated using Eqs. (8)–(10), assuming a linear dis-
tribution between the heater and cooler gas temperatures.

Tkr1 =
3Tr1 − Tr2

2
, 8

Tr1r2 =
Tr1 + Tr2

2
,

⋮

Tr9r10 =
Tr9 + Tr10

2
,

9

Tr10h =
3Tr10 − Tr9

2
10

The temperature of the regenerator matrix is defined by
the law of conservation of energy, assuming that the amount
of heat lost by the regenerator matrix is equal to the amount

of heat gained by the working gas inside the regenerator cell.

Tmr1 = −
Qr1
cmr

,

⋮

Tmr10 = −
Qr10
cmr

,

11

where cmr is the heat capacity of the regenerator matrix and
is constant over the cells.

2.3.3. Pressure and Mass Calculation. The pressure and mass
of each space are calculated by solving the energy equation
of each space with the volume and temperature defined
through the above equations. The energy equation considers
the heat flow, enthalpy change, work done, internal energy,
and parasitic losses. The work done and internal energy
can be simplified using the ideal gas equation and the
relationship between the gas constant and specific heat,
R = cp − cv, leading to

Qi −Qreh,i −Qapp −Qhf ±Qleak,j + cp T inmin − Toutmout

=
cv
R
piVi +

cp
R
piVi −Wgsh,j −Wsf ,j,

12

where i = c, k, r1⋯ r10, h, e, j = d, p.
Based on Eq. (12), the energy equations for the working

gas in the compression space, cooler, regenerator, heater,
and expansion space are expressed as follows:

The parasitic losses are applied to the energy equation as
follows: the compression and expansion spaces are in an adi-
abatic condition, meaning that no heat energy is allowed in
or out. In the compression space, the enthalpy loss of the
working gas occurs through seal clearance between the DP

and PP, while in the expansion space, enthalpy loss occurs
through DP seal clearance into the compression space. Note
that the DP rod has a very small cross-section compared to
DP and PP [35] such that the seal leakage loss of the DP
rod can be ignored. The gas spring hysteresis loss occurring

Compression Qleak,d +Qleak,p − cpmckTck =
cv
R

pcVc +
cp
R

pcVc −Wgsh,p −Wsf ,p, 13

Cooler Qk −Qhf ,k + cp mckTck −mkr1Tkr1 =
cv
R

pkVk , 14

Regenerator

Qr1 −Qreh1 −Qhf ,r1 + cp mkr1Tkr1 −mr1,r2Tr1,r2 =
cv
R

pr1Vr1 ,

⋮

Qr10 −Qreh,10 −Qhf ,r10 + cp mr9,r10Tr9,r10 −mr10,hTr10,h =
cv
R

pr10Vr10 ,

15

Heater Qh −Qhf ,h + cp mr10,hTr10,h −mheThe =
cv
R

phVh , 16

Expansion −Qapp −Qleak,d + cpmheThe =
cv
R

peVe +
cp
R

peVe −Wgsh,d −Wsf ,d , 17
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in the PP bounce space is included in the loss in the com-
pression space. Also, the appendix gap loss for the DP and
the spring hysteresis loss in the DP bounce space are
included in the loss in the expansion space.

The cooler, regenerator, and heater spaces do not change
in terms of the volume, so no work occurs. Flow friction
losses due to forced convection occur in the cooler, regener-
ator, and heater. In the regenerator, reheat loss occurs due to
the limited heat transfer during the cooling and heating pro-
cesses under the reciprocating flow of the working gas.

The pressure in each space is defined with Eqs.
(18)–(22), where the pressure in the compression space is
assumed as the baseline pressure, and the pressures in the
cooler, regenerator, heater, and expansion space are defined
using the pressure drop. As shown in Figure 1, the pressure
in each space is the average value of the pressure distribution
in each space considering the pressure drop [13].

pc = p, 18

pk = pc +
Δpk
2

, 19

pr1 = pk +
Δpk + Δpr1

2
,

⋮

pr10 = pr9 +
Δpr9 + Δpr10

2
,

20

ph = pr10 +
Δpr10 + Δph

2
, 21

pe = ph +
Δph
2

22

The pressure drops are calculated considering flow
frictions and geometries of the heat exchangers and the
regenerator [33].

Δp =
2Ref f μuV
Afrdh

2 23

Note that the pressure in each space is different due to the
pressure drop, while the rate of pressure change in each space
does not have a large difference in actual Stirling engines [13].
Therefore, it is assumed that p ≈ pc ≈ pk ≈ pr ≈ ph ≈ pe. Based
on this assumption, the equation used to determine the rate
of pressure change for the working spaces overall is obtained
by adding all of the energy equations of Eqs. (13)–(17),
such that

p =
R ∑Qi−∑Qreh,n−∑Qhf,i −Qapp+∑Wgsh,j+∑Wsf ,j − cp pVc + pVe

cv∑Vz
,

24

where i = k, r1⋯ r10, h, n= r1⋯ r10, j = d, p, and z = c, k,
r1⋯ r10, h, e.

On the other hand, the mass flow rate of the working gas
passing through the boundary of each space is defined as

Eqs. (25)–(28) by arranging the energy Eqs. (13)–(16) for
the mass flow rate terms.

−mc =mck = −
1

RTck

pcVc

γ
+ pcVc

+
Qleak,d +Qleak,p +Wgsh,p +Wsf ,p

cpTck
,

25

mkr1 =
Qk −Qhf ,k + cpmckTck − cv/R pkVk

cpTkr1
, 26

mr1,r2 =
Qr1 −Qreh1 −Qhf ,r1 + cpmkr1Tkr1 − cv/R pr1Vr1

cpTr1,r2
,

⋮

mr10h =
Qr10 −Qreh,10 −Qhf ,r10 + cpmr9r10Tr9r10 − cv/R pr10Vr10

cpTr10h
,

27

me =mhe =
Qh −Qhf ,h + cpmr10,hTr10,h − cv/R phVh

cpThe

28

The mass of the working gas in the space between the
heat exchanger and the regenerator is calculated according
to the difference in the mass flow rate passing through the
interface, as shown in Eqs. (29)–(31).

mk =mck −mkr1, 29

mr1 =mkr1 −mr1r2,

⋮

mr10 =mr9r10 −mr10h,

30

mh =mr10h −mr10he 31

2.3.4. Power and Efficiency Calculation. All state quantities of
the volume, temperature, pressure, and mass of the working
gas in each space yield the engine power output and effi-
ciency as well as the heat supply and removal of the engine.
The heat flow of the cooler, regenerator, and heater that is
exchanged with the working gas by forced convection is cal-
culated using the convective heat transfer equations below.

Qk = hkAwt,k Twk − Tk , 32

Qr1 = hr1Awt,r1 Twr1 − Tr1 ,

⋮

Qr10 = hr10Awt,r10 Twr10 − Tr10 ,

33

Qh = hhAwt,h Twh − Th 34

In these equations, h is the heat transfer coefficient in
each space of the heat exchanger part.
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The indicated power is defined as the sum of the outputs
of the expansion space and compression space, and the
mechanical power output is calculated as the value obtained
by subtracting the gas spring hysteresis loss and the seal fric-
tion loss, which are output losses, from the indicated power.

W ind = pVc + pVe, 35

Wmech =W ind − Wgsh,j +Wsf ,j 36

where j = dp, pp.

The indicated efficiency and mechanical efficiency are cal-
culated using the following equations, where the heat conduc-
tion loss through the engine head cylinder is considered.

ηind =
W ind

Qh +Qcond
, 37

ηmech =
Wmech

Qh +Qcond
38

2.4. Friction Factor and Heat Transfer Models. In order to
solve the iQSFM established above, the friction coefficient of

Table 2: Correlation equations of the tube-type heat exchanger.

Parameter Model Correlation

Friction factor Rogers and Mayhew [36, 37]

Re ≤ 2000,f f = 16 Re−1

2000 < Re ≤ 4000,f f = 7 343 × 10−4 Re0 3142

Re > 4000,f f = 0 0791 Re−0 25

Heat transfer coefficient

Reynolds simple analogy [38] (Re ≤ 4000) h =
f f gcp
2Pr

Chilton-Colburn J-factor analogy [39] (Re > 4000) h =
f f gcp
2Pr2/3

Table 3: Correlation equations of the regenerator.

Kays and London [40] Tanaka et al. [41]

Flow type Steady flow Oscillating flow

Regenerator type Woven wire (stainless steel) Woven wire (stainless steel)

Wire diameter 0.27mm 0.05-0.23mm

Porosity 0.602-0.832 0.645-0.754

Friction factor f f = 54 Re−1 + 1 43 Re−0 52 f f =
175 Re−1 + 1 6

4
Heat transfer coefficient hr = 0 46 Re0 6 kgas/dh hr = 0 33 Re0 67 kgas/dh

Figure 2: Flow chart of the iQSFM calculation procedure.
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the heat exchanger and regenerator and the heat transfer coef-
ficient between the wall and the working gas must be deter-
mined and reflected in the heat input/removal heat and
pressure drop calculations.

The friction coefficient and heat transfer coefficient vary
depending on the heat exchanger shape, flow type, and tem-
perature conditions.

The fanning friction factor for the tube-type heat
exchanger covered in this paper is calculated from the friction
coefficient correlation equation with respect to the Reynolds
number, which is based on Moody’s chart, ignoring the
surface roughness [36, 37]. In addition, the heat transfer coef-
ficient in the internal pipe flow was defined using the Reynolds
simple analogy and J-factor analogy according to the Reynolds
number [38, 39]. The Reynolds simple analogy is a theoretical
equation that uses the similarity between the forced convec-
tion heat transfer and friction coefficient and defines the heat
transfer coefficient using the friction coefficient derived through
an empirical equation. The Reynolds simple analogy shows
high accuracy under laminar flow conditions. Similarly, the
J-factor analogy is a theoretical equation that uses the corre-
lation between the forced convection heat transfer and fluid
friction coefficient and shows high accuracy under turbulent
flow conditions. Table 2 summarizes the correlation models
for the friction factor and heat transfer coefficient for the
tube-type heat exchanger. Here, g is the mass flux of the
working gas.

The fanning friction factor and convective heat transfer
coefficient of the regenerator are calculated with reference
to studies that measured them experimentally according to
the flow rate, temperature, and pressure drop of the flow
inside the regenerator [40, 41]. In the reference paper, the
fanning friction factor was calculated through a pressure
drop measurement, and the heat transfer coefficient was
defined through a dimensional analysis using the relation-

ship between the Nusselt number and the Reynolds number
derived from the experiment. Table 3 shows the friction coef-
ficient and heat transfer coefficient of the regenerator for a
steady flow and an oscillating flow, where kgas and dh are the
heat conductivity and hydraulic diameter, respectively.

2.5. Model Solution Algorithm. Figure 2 presents a flow chart
of the solution procedure of iQSFM. First, the engine geom-
etry data (i.e., heat exchanger/regenerator geometry and pis-
ton cross-sectional area) and the operating conditions of the
heat exchanger wall temperature (heat supply condition),
engine average pressure (working gas charging condition),
piston amplitude/frequency (piston motion condition), and
the regenerator model (steady flow or oscillating flow) are
entered. For reference, the iQSF model does not consider
changes in average pressure due to gas temperature changes,
and the average pressure is kept constant as an input value.

Subsequently, the initial value of the iQSFM variable is
determined, and the ordinary differential equation of iQSFM
is numerically integrated for each time step using the fourth-
order Runge-Kutta method. The time step size of iQSFM is 1
cycle/100, and convergence is checked once per cycle.

The convergence criterion for this numerical analysis is
that the net heat transfer of the regenerator matrix during
one cycle reaches within 0.1% of the indicated power. Here,
the net heat transfer of zero means that the Stirling cycle has
reached a periodic steady state. If the numerical analysis
does not converge, the regenerator matrix temperature is
reset according to the net heat transfer amount of the regen-
erator, and the calculation is repeated. In detail, when the
net heat transfer is greater than zero, the temperature of
the regenerator matrix is reduced. This reduces the heat
transfer from the regenerator matrix to the working gas,
approaching a net heat transfer of zero. Conversely, when
the net heat transfer is less than zero, the temperature of
the regenerator matrix is increased.

3. Model Validation

3.1. RE-1000 Engine for Model Validation. The proposed
iQSFM is verified using the experimental data of the
RE-1000, free-piston Stirling engine developed by NASA
[42]. As shown in Figure 3, it is a beta-type FPSE in which
the DP and PP are located on the same axis with the heat
exchange part composed of a tube-type heater, a fin-type
cooler, and a woven mesh-type regenerator. Also, the DP
and PP bounce spaces act as gas springs for each piston. The
mechanical output power is measured using a dashpot load.

For model verification, the operating conditions and
experimental results of #1011 given in the literature [42],
which were the reference RE-1000 test cases in other studies,
were used. The detailed design parameters for the RE-1000
as used in iQSFM are presented in Table 4.

3.2. Model Validation Using RE-1000. Figure 4 shows the
calculated mean heat flow rate of the regenerator over the
iterations of iQSFM. The red dotted line is the mean heat
flow rate of all ten regenerator cells, while the other dotted
lines are the mean heat flow rates of the odd-numbered

Heater

Cooler

Regenerator

Expansion
space

Displacer
(DP)

DP bounce
space

DP rod

Power piston
(PP)

PP bounce
space

Compression
space

Figure 3: Schematic of the RE-1000 engine (built by NASA).

8 International Journal of Energy Research



regenerator cells. The flow model assumes an oscillating
flow. As a result, the net heat transfer of the regenerator over
one cycle converged to less than 0.1% (-0.82W) of the
indicated power (1286.8W) when 84 cycles were repeatedly
calculated.

Figure 5 shows the predicted thermal performance of the
RE-1000, showing (a) the heat flow rates of the heater,
cooler, and regenerator over the piston crank angle and (b)
pressure-volume (PV) diagrams of the expansion and com-
pression spaces.

As shown in Figure 5(a), thermal energy is continuously
input to the working gas with a positive mean heat flow rate
of 4614.7W in the heater, as the temperature of the working
gas is lower than the wall temperature. Conversely, in the cooler,
the temperature of the working gas is higher than the wall tem-
perature, meaning that the heat flow rate has a negative mean
value of -3328.7W. On the other hand, the regenerator stores
and releases the heat flow between the working fluid and the
regeneratormesh in one cycle. This creates a periodic waveform

with a total heat flow rate close to zero. In particular, it can be
seen that the peak value of the heat flow rate of the regenerator
is much larger than that of the heater or cooler. This means that
most of the heat exchange inside the Stirling engine takes place
in the regenerator, demonstrating the importance of the regen-
erator with regard to how the engine performs.

Figure 5(b) shows PV diagrams of the expansion and
compression spaces. The internal area of the PV diagram
refers to the work per cycle, and the expansion space and
compression space work values are 111.2 J and -68.3 J,
respectively. Multiplied by the operating frequency of
30Hz, the indicated power is determined to be 1285.7W
by subtracting the compression space power from the
expansion space power. The pure heat input to engine
(4614.7W -3328.7W) is nearly identical to the output power
(1285.7W). Note that the rejected heat from the cooler
includes all of the thermal losses inside the engine.

Figure 6 presents the energy flow diagram of the
RE-1000 as predicted through iQSFM. The heat input of

Table 4: Design parameters and operating conditions of the RE-1000 engine for the #1011 test [42].

Design parameter Value Unit

Heater (tube type)

Number of tubes 34

Tube inner diameter 2.36 mm

Heater volume 27.33 cm3

Cooler (fin type)
Fin number 135

Cooler volume 20.43 cm3

Regenerator (woven mesh type)

Porosity 75.9 %

Wire diameter 0.0889 mm

Void volume 56.37 cm3

Volume

Expansion space 27.74 cm3

Compression space 54.8 cm3

DP bounce space 30.79 cm3

PP bounce space 2615 cm3

Displacer

Diameter 56.4 mm

Appendix gap clearance 0.381 mm

Seal clearance 0.033 mm

DP

Diameter 56.4 mm

Appendix gap clearance 0.381 mm

Seal clearance 0.033 mm

DP rod
Diameter 16.7 mm

Seal clearance 0.03 mm

PP
Diameter 57.2 mm

Seal clearance 0.033 mm

Operating condition

Heater temperature 600 °C

Cooler temperature 25 °C

Charge pressure 70.6 bar

Frequency 30 Hz

DP stroke 24.5 mm

PP stroke 28 mm

DP-PP phase angle 57.5 °
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4614.7W has a thermal loss of 801.9W. The external struc-
tural conduction of 28.4W is directly removed by the cooler
through the cylinder wall, not being supplied into the working
gas. The reheat loss of the regenerator was 22.8W, the DP
appendix gap loss was 42.7W, the heat exchanger friction loss
was 78.9W, and, importantly, the seal leakage loss was
657.5W, which was the largest loss and accounted for 72%
of the total loss. The flow friction losses in the heat exchanger
consist of 60.5W in the regenerator, 15.6W in the heater, and
2.5W in the cooler. The total amount of heat removed
through the cooler, including all of the heat losses, is 3328.7W.

As a result, the indicated power generated through the
Stirling cycle is 1285.7W. Considering the power loss of
81W from the seal friction loss and gas spring hysteresis
loss, the final mechanical power is 1204.6W. The gas spring
hysteresis loss in the PP bounce space was predicted to be
greater than that of the DP bounce space, with values of
73.0W for PP and 6.84W for DP.

Table 5 shows a comparison of the analysis results of the
Formosa model [43], QSFM [13], and iQSFM with identical
experimental conditions for RE-1000 (#1011). The Formosa
model is different from the QSFM and iQSFM in that it pre-
dicts the piston motion (amplitude, phase, and frequency)
by combining the first-generation Schmidt model with the
free-piston dynamics model. The QSFM is the original
model referenced in Urieli [13], where the loss model is
removed from iQSFM here. Both QSFM and iQSFM used
the Tanaka model for the oscillating flow in the regenerator.

As a result, iQSFM predicts the experimental results with
higher accuracy than QSFM in terms of both the power
output and the thermal efficiency. In particular, the power
output error of QSFM is large at 66.7%, while that of iQSFM
is improved to less than 25%.

On the other hand, the Formosa model shows an error of
6.8%, which predicts the experimental results most accu-

rately among the three models. However, the heat input
and rejection predictions are smaller than the experimental
results and have larger errors. This appears to be due to
the excessive heat exchange performance of the idealized
heat exchanger model in the Schmidt model.

Overall, iQSFM shows better prediction accuracy than
QSFM in terms of the heat supply and removal, the engine
output, and the efficiency. Compared to the Formosa model,
iQSFM appears to have a similar level of prediction accuracy
and especially higher accuracy when predicting the thermal
efficiency.

3.3. Comparison of Correlation Equations of the Regenerator.
Figure 7 shows the analysis results of the Fanning friction
factor and convective heat transfer coefficient in the regener-
ator using the Kays and London model for a steady flow and
the Tanaka model for an oscillating flow and their compar-
ison to experimental outcomes.

The friction factor of the Tanaka model is predicted to
be about 7.8% larger than that of the Kays and London
model. According to Muto and Nakane’s study of an oscil-
lating flow in a pipe [45], an oscillating flow has a larger
velocity gradient at the wall and center of the pipe than a
steady flow, and the larger velocity gradient generates high
shear stress and increases the pressure drop. Conversely,
the heat transfer coefficient of the Tanaka model is approx-
imately 5.6% smaller than that of the Kays and London
model because the oscillating flow has a smaller Reynolds
number due to its slower average flow rate compared to that
of a steady flow.

Table 6 shows a comparison of the engine performance
according to the regenerator correlation equations for the
Kays and London model and the Tanaka model. According
to the maximum heat transfer coefficient and friction coeffi-
cient above, the Kays and London model predicts greater
heat exchange performance and a smaller amount of friction
loss in the regenerator. As a result, the heat input and rejec-
tion predicted with the Kays and London model were
slightly smaller than those predicted with the Tanaka model
because less heat transfer was required due to the higher per-
formance of the regenerator. In addition, the power output
predicted with the Kays and London model was slightly
larger due to the smaller loss in the regenerator.

As a result, compared to the experimental results, the
Tanaka model predicts the power output and thermal effi-
ciency more accurately than the Kays and London model
because the Kays and London model overestimates the
engine performance more with smaller heat input and larger
power output values.

4. Parameter Study of RE-1000 Using iQSFM

In this chapter, a parameter study of RE-1000 using iQSFM
was conducted to examine the engine performance and loss
characteristics regarding the key design factors, in this case,
the heater, regenerator, and seal clearance. Table 7 shows
the reference values and ranges of the design factors used
in the parameter study. The Tanaka model was applied to
the regenerator correlation.

Figure 4: Convergence behavior of the regenerator mean heat flow
rate for iQSFM.
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4.1. Heater Parameters. Figure 8 shows the results of the
analysis for (a) the pressure drop and heat transfer coeffi-
cient, (b) the indicated power output and thermal effi-

ciency, (c) total parasitic losses and heat in/rejection, and
(d) major parasitic losses as the number of heater tubes
increases. Minor losses shown in Figure 8(c) are the sum
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Figure 6: Energy flow diagram of RE-1000 as predicted through the iQSFM analysis.

Table 5: Comparison of various model results.

Formosa [43] QSFM [44] iQSFM Experiment (#1011)

Heat in (W) 3777 (-6.5%) 4949 (22.6%) 4614.7 (14.3%) 4038

Heat rejection (W) 2107 (-30.5%) 2742 (-9.6%) 3329 (9.8%) 3032

Indicated power (W) 1100 (6.8%) 1717 (66.7%) 1285.7 (24.8%) 1030

Indicated efficiency (%) 29.2(14.5%) 34.5 (35.3%) 27.7 (8.6%) 25.5
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of head conduction loss, seal friction loss, and gas spring
hysteresis loss.

In general, the main design factors of heater tubes are the
tube diameter, length, and number. If the diameter and
length are fixed and the number of tubes is increased, the
cross-sectional area increases and the flow resistance
decreases, eventually reducing the pressure drop. On the
other hand, the heat transfer coefficient decreases as the flow
rate slows down. The analysis results show these characteris-
tics well. As a result, the indicated power and efficiency
increase, remain constant, and then decrease slightly as the
tube number increases. Parasitic losses change significantly
similar to performance when the number of tubes is 20 or
less, and the DP leakage loss and HHX flow loss are the
key. In other words, a small number of tubes increases the
flow resistance of HHX, which increases the DP leakage loss.

Here, total parasitic losses are dominated by the DP and PP
leakage loss.

Specifically, the pressure drop is low and relatively con-
stant when there are 20 or more tubes, with the HHX flow
friction loss converging to almost 0W. Also, the indicated
power and thermal efficiency also remain high and mainly
constant. However, if there are too many tubes, the heat
transfer coefficient is reduced more, resulting in poor perfor-
mance of the heat exchanger and a relatively slight decrease
in the engine power and efficiency.

As a result, there are 34 heater tubes for RE-1000 here,
which can be seen as an optimized design from a perfor-
mance point of view.

Figure 9 shows the results of the analysis of (a) the pres-
sure drop and heat transfer coefficient, (b) the indicated
power output and thermal efficiency, (c) total parasitic losses
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Figure 7: Analysis results of (a) the Fanning friction factor and (b) the heat transfer coefficient of the regenerator.

Table 6: Comparison of the engine performance for the correlation equation of the regenerator.

Kays and London model (steady flow) Tanaka model (oscillating flow) Experiments (#1011)

Max. heat transfer coef. (kW/m2K) 4.41 4.20 —

Fanning friction factor 1.21 1.27

Pressure drop (kPa) 49.61 (-17.9%) 51.74 (-14.4%) 60.41

Heat in (W) 4564.3 (13.0%) 4614.7 (14.3%) 4038

Heat rejection (W) -3148.2 (3.8%) -3329 (9.8%) -3032

Indicated power (W) 1301.4 (26.3%) 1285.7 (24.8%) 1030

Efficiency (%) 28.5 (11.8%) 27.7 (8.6%) 25.5

Table 7: Parameter study variables for RE-1000.

Parameter Reference value Parameter study range Unit

Number of heater tube 34 6-60 —

Inner diameter of heater tube 2.362 0.962-4.762 mm

Regenerator porosity 0.759 0.689-0.879 —

Regenerator diameter 88.9 68.9-258.9 μm

DP&PP seal clearance 33 3.3-46.2 μm

DP appendix gap 0.381 0.0381-0.762 mm
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and heat in/rejection, and (d) major parasitic losses as the
inner diameter of the heater tube increases.

When the inner diameter increases, the pressure drop
and heat transfer coefficient decrease rapidly. Because the
inner diameter of the tube changes the flow area of the work-
ing gas, the trend is similar to the analysis result in Figure 8.
The pressure drop and heat transfer coefficient are more
sensitive to the inner diameter than the number of tubes
given that an increase in the inner diameter increases the
cross-sectional area according to the order of square. Like-
wise, the parasitic losses also show the similar trends, with
the DP leakage loss and the HHX flow friction loss changing
more. As a result, the engine output and efficiency increase
rapidly and then decrease significantly as the tube diameter
increases.

Particularly, the pressure drop converges to zero when
the inner diameter of the tube is around 2mm. Accordingly,

the HHX flow friction loss is minimized in the vicinity of an
inner diameter of 2mm, resulting in maximum output and
efficiency. When the inner diameter is greater than 2mm,
the heat transfer coefficient decreases continuously and the
performance deteriorates. The inner diameter of the heater
tube of RE-1000 is 2.362mm, which can be seen as an opti-
mal design that satisfies both low-pressure drop and high
heat transfer coefficient.

4.2. Regenerator Parameter. The main design factors of the
regenerator are the regenerator type, porosity, wire diameter,
and wire material. The regenerator matrix material of RE-
1000 is 304 stainless steel, and the type is a knitted woven
wire mesh.

Figure 10 shows the analysis results of (a) the pressure
drop and heat transfer coefficient, (b) the indicated power
and efficiency, (c) total parasitic losses and heat input/
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Figure 8: Predicted (a) pressure drop and heat transfer coefficient, (b) indicated power and efficiency, (c) total parasitic losses and heat in/
rejection, and (d) major parasitic losses versus the number of heater tubes.
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rejection, and (d) major parasitic losses as the regenerator
porosity increases.

In general, as the porosity of the regenerator increases,
the gas flow area increases, so that the pressure drop
decreases. However, the heat capacity also decreases due to
reductions in the regenerator material, which reduces the
heat transfer coefficient. In other words, as the porosity
changes, the pressure drop and the heat capacity have a
trade-off relationship regarding engine performance.

As a result, the total parasitic losses decrease as the
porosity increases because the DP seal leakage loss is
decreased significantly due to the reduced flow resistance
of the regenerator.

The reheat loss decreases as the heat capacity increases
because the heat is stored for a limited time during approx-
imately half of a cycle and must be released during the other
half of the time. Therefore, as the porosity increases for a

given regenerator volume, the heat capacity of the matrix
decreases, and the reheat loss also increases [46]. On the
other hand, the flow friction loss decreases along with the
pressure drop due to the effect of the increase in the total
flow channel area as the porosity increases.

In summary, as the porosity increases in the given factor
range of 0.69 to 0.88, the increase in the reheat loss is greater
than the decrease in the flow friction loss. Therefore, the indi-
cated power and efficiency tend to decrease. In addition, as the
porosity increases, the increase in heat rejection becomes
greater than the heat input, thus greatly reducing the engine
performance. As a result, the maximum efficiency is found at
an approximate porosity level of 0.73. The regenerator poros-
ity of RE-1000 is 0.759, which is close to the porosity predicted
by iQSFM to generate maximum efficiency.

Figure 11 shows the analysis results of (a) the pressure
drop and heat transfer coefficient, (b) the indicated power
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Figure 9: Predicted (a) pressure drop and heat transfer coefficient, (b) indicated power and efficiency, (c) total parasitic losses and heat in/
rejection, and (d) major parasitic losses versus the inner diameter of the heater tube.
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and efficiency, (c) total parasitic losses and heat in/rejection,
and (d) major parasitic losses as the regenerator wire diam-
eter increases.

When the wire diameter increases with the porosity
maintained, the pressure drop decreases because the total
surface area of the wire matrix and the complexity of the
gas flow passage decrease, and the heat transfer coefficient
decreases as well. As a result, the total parasitic loss decreases
due to significant decreases in the DP seal leakage loss, as in
the case of porosity.

The reheat loss increases when the wire diameter
increases because it is difficult for heat flow to penetrate to
the center of the wire diameter in a short time. The flow fric-
tion loss increases rapidly as the diameter of the wire
decreases, along with the pressure drop.

In the analysis range of this factor from 60μm to
260μm, the engine power and efficiency decrease relatively
uniformly due to the negative effect of reheat loss. The

regenerator wire diameter of RE-1000 is 88.9μm, indicating
that it is designed for a higher performance range.

4.3. Piston Seal Parameter. The piston seal has a significant
impact on engine performance along with the heat exchangers
and regenerator. Theoretically, the smaller the gap, the lower
the leakage due to the pressure difference between the two
ends of the piston, and the higher the performance. However,
if the clearance is too small, the piston and cylinder are
difficult to manufacture and align accurately, resulting in
mechanical friction and wear in the piston assembly, as well
as poor engine operation. On the other hand, gap clearances
that are too large lead to severe piston leakage and poor engine
performance.

Figure 12 depicts the results of the analysis of (a) the
indicated power output, thermal efficiency, and PP seal leak-
age loss and (b) total parasitic losses and heat input/rejection
as the PP seal clearance increases. The seal friction loss due
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Figure 10: Predicted (a) the pressure drop and heat transfer coefficient, (b) indicated power and efficiency, (c) total parasitic losses and heat
in, and (d) major parasitic losses versus the regenerator porosity.
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to the viscous fluid friction in the gap is very small compared
to the seal leakage loss, and these results are therefore
omitted.

The results show that the seal leakage loss increases in
proportion to the square of the seal clearance given that
the seal leakage loss is proportional to the flow area. The
indicated power and efficiency decrease rapidly as the seal
leakage loss increases. Additionally, the heat input decreases
significantly with the greater PP seal clearances. The other
parasitic losses except for the PP leakage loss remain almost
constant.

Figure 13 shows the results of the analysis of (a) the indi-
cated power output, thermal efficiency, and DP seal leakage
loss and (b) total parasitic losses and heat input/rejection
as the DP seal clearance increases.

As the DP seal clearance increases, the DP seal leakage
loss also increases like the PP. However, unlike the PP case,

the indicated power remains almost constant, and the ther-
mal efficiency decreases to some extent.

In addition, when the seal clearances of DP and PP are
identical, the leakage loss of DP is analyzed and found to
be greater than that of PP. This occurs because a larger
enthalpy loss occurs through the DP seal clearance due to
a larger temperature difference between both end spaces of
the DP.

The leakage loss can be reduced with smaller seal clear-
ances, but in practice, they are manufactured to 50μm or
less due to manufacturing technology and cost limitations
[47]. RE-1000 has the same seal clearances of 33μm for
DP and PP.

Figure 14 depicts (a) total parasitic losses and heat in/
rejection and (b) the shuttle loss and wall conduction loss
for DP as the appendix gap clearance increases. The appen-
dix gap refers to the gap between the piston and cylinder
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Figure 11: Predicted (a) the pressure drop and heat transfer coefficient, (b) the indicated power and efficiency, (c) total parasitic losses and
heat in/rejection, and (d) major parasitic losses versus the regenerator wire diameter.

16 International Journal of Energy Research



liner on the upper part of the DP and is designed to be larger
than the seal clearance in the lower part.

When the appendix gap increases, only the appendix gap
loss increases, and other losses remain almost unchanged.
The appendix gap loss is defined as the sum of the DP wall
conduction loss and the shuttle loss. The DP wall conduc-
tion loss is affected by the temperature of the expansion
and compression spaces and the structural characteristics
of the DP. Therefore, it is relatively constant regardless of
the appendix gap size and is made to be very small with a
thin wall thickness of the DP. On the other hand, the shuttle
loss increases rapidly as the appendix gap clearance

decreases because the heat transfer between the piston and
cylinder increases. The appendix gap dimension for RE-
1000 is 0.381mm, which is designed to be ten times the seal
gap clearance to ensure a low shuttle loss.

Figure 14(c) presents the indicated power and efficiency
as the appendix gap clearance increases. When the appendix
gap changes, the indicated power remains nearly constant,
but the efficiency is affected. This arises because the shuttle
loss is heat loss, not flow loss. The heat removed through
the shuttle loss is additionally input through the heater to
keep the power output constant, but the efficiency decreases
due to the increased heat input.
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Figure 12: Predicted (a) indicated power, thermal efficiency, and PP seal leakage loss and (b) total parasitic losses and heat input/rejection
versus the PP seal clearance.
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Figure 13: Predicted (a) indicated power, thermal efficiency, and DP seal leakage loss and (b) total parasitic losses and heat input/rejection
versus the DP seal clearance.
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5. Conclusions

This paper presents the development and validation of iQSFM
considering various parasitic losses based on the second-
generation QSFM. In addition, iQSFM applied the oscillating
flow correlation equation, referring to the actual flow types
generated in the regenerator, and these outcomes were com-
pared with an existing steady flow correlation equation.
Finally, the engine performance and parasitic losses were ana-
lyzed through parameter study of RE-1000 using iQSFM.
Through this, the following conclusions were obtained:

(1) The validation of iQSFM was done based on the
experimental results of RE-1000, with these out-
comes then compared to the predicted results of
QSFM. Compared to QSFM, iQSFM significantly
improved the prediction accuracy by reducing the
engine power error rate from 66.7% to 24.9% and
the efficiency error rate from 35.3% to 9.4%. In partic-

ular, the most important parasitic loss with regard to
reducing the error rate was the seal leakage loss, which
accounted for 72% of the total loss, and it was con-
firmed that it greatly affects the engine performance

(2) The correlation between a steady flow and an oscil-
lating flow of the regenerator was applied to iQSFM,
and these results were compared. When an oscillat-
ing flow was applied, the experimental results of
the indicated power and efficiency were predicted
more accurately than in the steady flow case. How-
ever, as a result, major differences in the prediction
accuracy of iQSFM depending on the correlation
equation of the regenerator cannot be found

(3) It was confirmed through a parameter study using
iQSFM that RE-1000 was designed to maximize the
engine performance by minimizing losses. At the
same time, considering that RE-1000 is an engine
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Figure 14: Predicted (a) total parasitic losses and heat in, (b) appendix gap losses, and (c) indicated power and efficiency versus the
appendix gap clearance.
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optimally designed by NASA, iQSFM, which pre-
dicted the maximum performance near the reference
design parameters of RE-1000, has secured value as a
tool for designing and optimizing a Stirling engine

Nomenclature

Symbols

A: Area (m2)
Awt: Wetted area (m2)
cmr: Regenerator heat capacity (J/K)
cp: Specific heat at constant pressure (J/kg·K)
cv: Specific heat at constant volume (J/kg·K)
d: Diameter (m)
dh: Hydraulic diameter (m)
f f : Fanning friction factor
g: Mass flux (kg/m2·s)
H: Gas enthalpy (J)
h: Convective heat transfer coefficient (W/m2·K)
happ: Appendix gap clearance (mm)
hsl: Seal clearance (mm)
k: Thermal conductivity (W/m·K)
L: Length (m)
m: Mass (kg)
min: Inlet mass flow rate of working gas (kg/s)
mout: Outlet mass flow rate of working gas (kg/s)
Pr: Prantl number
p: Pressure (Pa)
Δp: Pressure drop (Pa)
Q: Heat (J)
Q: Incoming heat into working space or cell (W)

Qapp: Appendix gap loss in DP (W)

Qhf : Flow friction loss in heat exchanger (W)

Qleak : Leakage loss in PP or DP (W)
R: Gas constant (J/kg·K)
Re: Reynolds number
T : Temperature (K)
T in: Inlet temperature of working gas (K)
Tout: Outlet temperature of working gas (K)
Tw: Wall temperature (K)
t: Time (s)
u: Gas velocity (m/s)
V : Volume (m3)
v: Piston velocity (m/s)
W: Work (J)
W: Rate of work done by working gas (W)

Wgsh: Power loss due to gas spring hysteresis for DP or PP
(W)

Wsf : Power loss due to seal friction for DP or PP (W)
X: Amplitude (m).

Greek Letters

α: Phase difference between DP and PP (°)
γ: Specific heat ratio
ε: Effectiveness

η: Efficiency
μ: Viscosity (Pa·s)
ρ: Density (kg/m3)
ω: Frequency (rad/s).

Subscripts

app: Appendix gap
bd: DP bounce space
bp: PP bounce space
c: Compression space
ck: Compression space to cooler space
cond: Conduction
cyl: Cylinder
d: Displacer
e: Expansion space
fr: Free flow
gas: Working gas
gap: Gap
gsh: Gas spring hysteresis
h: Heater
he: Heater space to expansion space
hf : Heat exchanger flow friction
ind: Indicated
k: Cooler
kr: Cooler space to regenerator space
leak: Leakage
mech: Meachanical
mr: Regenerator matrix
p: Power piston
r: Regenerator
reh: Reheat
rh: Regenerator space to heater space
rod: DP rod
sl: Seal
sf : Seal friction
wk: Cooler wall
wh: Heater wall.
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