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The present experimental investigation deals with performance improvement of a low-speed centrifugal compressor by inexpensive
passive means such as turbulence generator placed at diﬀerent positions and partial shroud near the rotor blade tip. The
experiments are carried out at three values of tip clearance, namely 2.2%, 5.1%, and 7.9% of rotor blade height at the exit.
Performance tests are carried out for a total of 13 configurations. From these measurements, partial shroud is found to give
the best performance. The improvement in the compressor performance may be due to the reduction of tip leakage flows by the
small extension of partial shroud (2 mm on the pressure surface side). Although there is nominal change in performance due to
turbulence generator (TG), TG has beneficial eﬀect of increased operating range.

1. Introduction
The centrifugal compressors have a wide range of applications especially for power plants for small aircraft and helicopters, in process industries, compression of gases and
vapours, and refrigeration, because they can provide highpressure ratios and large operating ranges with relatively high
eﬃciencies. Centrifugal compressors are used primarily for
their suitability for handling small volume flows, but other
advantages include a shorter length than an equivalent axial
flow compressor, less susceptibility to loss of performance by
buildup of deposits on the blade surfaces, and their suitability
to operate over a wide range of mass flow. The eﬃciency
of a centrifugal compressor is lower than that of an axial
flow compressor. Eﬃciency is probably the most important
performance parameter for turbomachines. The conditions
of flow in the tip region of rotor blades are very complex
due to strong interaction of the leakage flow with the
boundary layers and secondary flows. The tip leakage flow
thus would have dominant eﬀect on the performance of a
compressor. A comprehensive review of tip clearance eﬀects
in centrifugal compressors is given by Pampreen [1]. Senoo

and Ishida [2] gave analytical expression to quantify the
tip clearance eﬀects in centrifugal blowers. Senoo [3] gave
a comprehensive review of mechanics of tip leakage flows
in axial and centrifugal compressors. Ishida et al. [4] had
tested centrifugal blowers with diﬀerent shapes (square,
round, and E-type, i.e., with an extension on the pressure
surface side) and found that E-type tip provided improved
performance. The concept of partial shrouded rotor in a
small high-speed high-pressure ratio centrifugal compressor
was computationally investigated by Tang et al. [5]. They
found that the leakage flow was reduced in the partially
shrouded rotor. Recently, Akturk and Camci [6] measured
three-dimensional mean flow near the tip of a ducted axial
fan rotor using a stereoscopic particle image velocimeter. A
number of novel tip treatments based on custom-designed
pressure side extensions were tested to mitigate tip leakage
flow. The chordwise location and the width of the extension
in the circumferential direction are systematically varied. Tip
platform extensions near the rotor blade trailing edge were
found to show the best tip treatment performance. They
[7, 8] further carried out computational and experimental
investigations on additional tip treatments. Kameier and
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Table 1: Design details of the rotor.

Total pressure rise, Δp
300 mm WG
Volume flow rate, V
1.12 m3 /s
Speed of rotation, N
2000 rpm
0.092
Shape number, Nsh
No. of rotor blades, Z
16
160 mm
Inducer hub diameter, d1h
300 mm
Inducer tip diameter, d1t
500 mm
Rotor tip diameter, d2
32.5 mm
Blade height at the exit, h2
Blade thickness
3 mm
35◦
Blade angle at inducer tip, β1t
Blade angle at inducer hub, β1h
53◦
Blade angle at exit, β2
(a) At hub: 75◦
(b) At mean section: 90◦
(c) At tip: 105◦
All the angles are measured w. r. t. tangential direction

Neise [9] had used Velcro tape in the radial clearance of an
axial compressor to improve its aerodynamic and acoustic
performance. Sitaram and Thakar [10] had applied this
technique in a low aspect ratio axial fan and found that its
performance was improved, even though the Velcro tape was
placed upstream of the rotor. Any simple passive means to
improve the eﬃciency and operating range of centrifugal
compressors is very useful. The present investigation is
undertaken with the objective of testing the eﬃcacy of inexpensive passive means, such as turbulence generator (TG)
and partial shrouds (PSs) to achieve increased operating
range and eﬃciency of a centrifugal compressor. These
passive devices are tested individually and in combination to
arrive at the best combination.

2. Experimental Facility, Passive Means,
and Instrumentation
2.1. Experimental Facility. The present experimental investigations are carried out on a low-speed centrifugal compressor setup available in Thermal Turbomachines Laboratory,
Department of Mechanical Engineering, Indian Institute of
Technology Madras. A schematic layout of the experimental
setup is shown in Figure 1. The experimental set up consists
of essentially a centrifugal rotor driven by a 5 kW D.C. motor
with a rated speed of 2000 rpm. The D.C. motor is directly
coupled to the shaft carrying the rotor.
The main components of the compressor are suction
duct, rotor, vaneless diﬀuser formed by the front and rear
walls of the casing and volute casing of circular cross-section,
and a delivery duct with a throttle at its outlet and nozzle
at the inlet. The major design details of the compressor are
given in Table 1.
2.2. Passive Means. Two inexpensive passive means, namely,
turbulence generator and partial shrouds, are used in the

Table 2: Configurations tested.
τ (%)
Basic configuration
(without passive device)
With TG only
With PS only
With TG + PS
With TG∗ only
With TG∗∗ + TG
With TG∗∗∗ only

2.2%

5.1%

7.9%

Config. 1

Config. 9

Config. 12

Config. 3
Config. 6
Config. 5
Config. 2
Config. 4
—

Config. 10
Config. 7
Config. 8
—
—
—

Config. 11
Config. 14
Config. 15
—
—
Config. 13

TG: turbulence generator on the casing at 15 mm upstream of inducer tip
leading edge.
TG∗ : turbulence generator on the casing at 30 mm upstream of inducer tip
leading edge.
TG∗∗ : turbulence generator on the hub at 30 mm upstream of inducer hub
leading edge.
TG∗∗∗ : turbulence generator on the casing at 400 mm dia.
PS: partial shrouds on the tip of the blade.

present investigation. The details of the passive means are
given below.
Turbulence Generator. Turbulence generator is used in the
experiment as a tripping device for the generation of turbulent boundary layers. A turbulence generator (TG) is
attached to the inside of the suction duct upstream of the
rotor. The turbulence generator (TG) is made of Velcro tape.
The Velcro tape is attached to the inside of the suction duct.
The axial width of Vecro tape is 10 mm, the length is
942.5 mm, and the thickness is 2 mm. A mild steel ring of
16 mm axial width, 3 mm thickness, and 930 mm length was
used to fix the Velcro tape to the suction duct. A layer of
Araldite of very small thickness was used between the tape
and the casing wall to attach the tape. The ring exerted uniform circumferential pressure all around the tape. The extra
Araldite came out of the gap between the suction duct wall
and the Velcro tape and removed. It was observed that the
time taken for the Araldite to harden was minimized and
the thickness of hardened Araldite was more or less uniform.
Also, there was no sag of Velcro tape, and there was no gap
between Velcro tape and suction duct.
Partial Shrouds. The partial shrouds were made of stainless
steel shims of 0.1 mm thickness. The stainless steel shim was
cut to the shape of rectangle pieces of 50 mm × 5 mm size.
These rectangle pieces were pasted on the tip of the blades
using an extremely thin layer of Araldite.
Various configurations were obtained by combining
TG and PS. Performance of the configurations with these
configurations was measured and compared at three values
of tip clearance, namely, 2.2%, 5.1%, and 7.9% of rotor blade
height at the exit. The details of the configurations tested are
given in Table 2 and shown in Figure 2. The blade-to-blade
view showing the partial shroud on the rotor blade tip is also
shown in Figure 2.
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Figure 1: Schematic diagram of centrifugal compressor setup.

2.3. Instrumentation. The performance of the compressor
was determined by the change in the static pressure across
the compressor. The static pressures on the suction duct and
delivery duct were measured using a scanning box (Model
FC091-3) and micromanometer (Model FCO12) manufactured by M/s Furness Control Ltd., Bexhill, UK The
scanning box contained 20 valves, which are numbered
sequentially. The pressures to be measured were connected to
the numbered inputs. Pressure inputs were read in sequence
by using the micromanometer. The micromanometer is a
sensitive diﬀerential pressure measuring unit, capable of
reading air pressures from 0.01 mm to 2000 mm WG. It

would respond to pressure inputs up to 50 Hz. But the time
constant potentiometer can be used to average the pressure
fluctuations.
The speed of the centrifugal compressor was measured
using a noncontact type digital tachometer. Four interconnected static pressure tappings on the inlet bell mouth casing
wall at the throat section were used to determine the inlet
velocity. Knowing the bellmouth area, the volume flow was
calculated using a suitable value of coeﬃcient of discharge
for the bellmouth. A D.C. motor with a separate exciter
is used to drive the rotor of the centrifugal compressor.
The input power was measured by means of voltmeters
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Figure 2: Details of configurations tested.

and ammeters connected separately for field and armature
supplies. A suitable value of motor eﬃciency was used to get
the rotor input power.

3. Results and Discussion
The results of the present investigation are presented and discussed in this section. The performance of the compressor in
terms of ψ versus φ and η versus φ is presented. The nondimensional parameters are defined as follows.
Flow coeﬃcient:
V
c2r
=
,
φ=
(1)
πd2 b2 U2
U2
where V is the volume flow (m3 /s) = πd2 b2 c2r , d2 the rotor
tip diameter (m), b2 the rotor blade width at exit (m), c2r the
radial velocity at rotor exit (m/s), and U2 the rotor tip speed
(m/s).
Energy coeﬃcient:
ψ=

2W
,
U22

(2)

where W is the specific work (m2 /s2 ) = (pd − ps )/ρ + (cd2 −
cs2 )/2 + gΔz.

Power coeﬃcient:
γ=

2ηm EI
2N c
=
,
ρAU23
ρAU23

(3)

where Nc is the coupling power (Watts) = ηm EI, E the motor
voltage (Volts), I the motor current (Amps), ηm the motor
eﬃciency, and A the suction duct area (m2 ).
Compressor eﬃciency,
η=

ρV W
.
Nc

(4)

3.1. Eﬀect of Configuration. Figure 3 shows the performance
characteristic in terms of energy coeﬃcient, ψ, versus flow
coeﬃcient, φ, for the three values of tip clearance. For τ =
2.2%, although the eﬀect of TG and TG∗ is to reduce ψ, stable operating range is slightly increased. The flow coeﬃcient
where maximum energy coeﬃcient, ψmax , occurs is reduced.
When TG∗∗ is placed on the rotating hub, along with TG
on the stationary casing, the energy coeﬃcient is reduced
substantially.
The eﬀect of TG on the performance curves is nominal
at lower values of clearance. However, at the higher value
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Figure 3: Performance characteristics of the centrifugal compressor (ψ versus φ): eﬀect of configuration.

of clearance of 7.9%, appreciable increase in ψ is achieved,
with a small increase in stable operating range. The eﬀect
of TG∗∗∗ placed in the clearance at a diameter of 400 mm
is negligible. TG had shown beneficial eﬀects on the performance of axial rotors [9, 10]. The low momentum fluid
in the casing wall boundary layer is energized by the TG.
In centrifugal rotors, although the low momentum fluid is
energized by TG, the boundary layer travels through a highly
curved channel. So TG may not have substantial impact on
the performance. However, at the higher value of tip clearance, some beneficial eﬀects are observed.
The eﬀect of the partial shroud is to improve the compressor performance, in terms of increased ψ and η, at the
three values of tip clearance tested. The value of φ where
ψmax occurs is reduced, thereby increasing stable operating
range. Although performance is measured up to the maximum volume flow, for the sake of clarity of presentation,
performance curves for all ψ versus φ curves are limited to
φ = 0.30. However, for η versus φ curves (Figure 4), complete range of performance is presented, that is, up to the
maximum value of φ of 0.40. The values of ψmax and φ where
ψmax occurs for all configurations are given in Table 3. The
trends of performance curves η versus φ are similar to
those of ψ versus φ curves. Configurations with PS clearly
show higher eﬃciencies as much as 5%. Because of the
extension of the partial shroud, the tip leakage flow has to
travel a longer distance before interacting with the main

flow. The contraction coeﬃcient across the tip clearance
reduces, reducing the tip leakage flow and losses. Hence, both
performance and eﬃciency of the rotor with partial shroud
are improved compared to those for the rotor without partial
shroud. The tip leakage flow is stronger near the exit of
the rotor, due to higher loading. Hence, partial shroud on
the rotor in this region has substantial eﬀects. The present
experiments are carried out with one configuration of partial
shroud. There is further scope to experiment with length
and width of the partial shroud to arrive at the best partial
shroud.
The most important performance parameters showing
the eﬀect of configuration are presented in Table 3. It can
be concluded that partial shroud has beneficial eﬀects on
the performance of the compressor, whereas the eﬀect of TG
is nominal, except at higher value of tip clearance. In the
present experiments, partial shroud with a very small extension of 2 mm on the pressure surface side of the rotor blade
is provided. The possible reason for the improvement in the
compressor performance due to this small extension may
be the reduction of tip leakage flows, due to reduction of
contraction coeﬃcient.
It must be emphasized here that the performance presented above includes not only losses in the rotor but also
losses in the diﬀuser, volute, and downstream duct with 90◦
bends.
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Figure 4: Performance characteristics of the centrifugal compressor (η versus φ): eﬀect of configuration.

Table 3: Eﬀect of configuration on performance.
τ (%)
2.2
2.2
2.2
2.2
2.2
2.2
5.1
5.1
5.1
5.1
7.9
7.9
7.9
7.9
7.9

Details of configuration
Without passive means
TG∗ only
TG only
TG + TG∗∗
TG + PS
PS only
Without passive means
TG only
PS only
TG + PS
Without passive means
TG only
PS only
TG + PS
TG∗∗∗

ψmax
1.188
1.173
1.191
1.156
1.205
1.204
1.173
1.172
1.186
1.192
1.153
1.167
1.185
1.170
1.157

3.2. Eﬀect of Tip Clearance. In order to determine the eﬀect
of tip clearance on the performance of the compressor with
and without passive means, the performance curves in terms
of ψ versus φ and η versus φ are replotted for the four configurations, namely, without passive means, with TG only,
with PS only, and with TG + PS for the three values of tip
clearances tested, that is, τ = 2.2%, 5.1%, and 7.9%.

φ at ψmax
0.169
0.124
0.132
0.143
0.135
0.139
0.156
0.121
0.109
0.146
0.121
0.113
0.101
0.128
0.124

η at ψmax
44.5
39.0
38.8
37.8
40.0
44.8
39.9
34.7
34.6
40.9
31.9
35.2
33.5
33.9
38.5

ηmax
47.1
48.2
47.6
45.7
50.0
49.7
45.4
48.0
49.4
49.3
45.5
44.9
48.6
46.8
45.2

φ at ηmax
0.217
0.262
0.250
0.217
0.207
0.237
0.237
0.250
0.241
0.237
0.230
0.241
0.222
0.248
0.225

The ψ versus φ curve (Figure 5) shows that the operating
range of the compressor is increased, for the basic configuration, as the tip clearance is increased. Similar results are
observed in a low-speed radial tipped centrifugal compressor
[11] and a high-speed centrifugal compressor [12]. The eﬀect
of passive means (i.e., TG, PS, and TG + PS) is to reduce this
trend. For both configurations, TG and TG + PS, ψmax occurs
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Figure 6: Performance characteristics of the centrifugal compressor (η versus φ): eﬀect of tip clearance.

at nearly the same flow coeﬃcient for the three clearances
tested. However, for configuration with PS, this benefit is
not much pronounced. Thus, it can be concluded that TG
has a beneficial eﬀect of increased operating range, at lower
value of tested clearance, although there is nominal change
in ψ and η. The trends of η versus φ curves (Figure 6) are
similar to those of ψ versus φ curves. Eﬃciency decreases
with increase in tip clearance. The decrease in eﬃciency is
as much as 5% for basic configuration, whereas it is smaller
for other configurations with passive means.
The eﬀect of tip clearance on the most important performance parameters is presented in Table 4 and Figure 7.
From the figure, it is evident that both PS and TG + PS
configurations give higher energy coeﬃcient compared to
basic and TG configurations. Although TG configuration

gives nearly the same value of energy coeﬃcient (except at
τ = 7.9%) compared to the basic configuration, sensitivity
of energy coeﬃcient with tip clearance is reduced from τ =
5.1% onwards. Similar observation is made for TG + PS
configuration compared with PS configuration. The value
of φ at maximum eﬃciency remains nearly constant with
tip clearance. However, the value of φ at maximum energy
coeﬃcient deceases with tip clearance. The value of φ at
maximum energy coeﬃcient is maximum for basic configuration followed by TG + PS, TG, and PS configurations.
The eﬃciency at the maximum value of ψ is the lowest
for basic configuration followed by TG, TG + PS, and PS configurations. However, the maximum eﬃciency is the highest for basic configuration followed by TG + PS, PS, and TG
configurations.
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Table 4: Eﬀect of tip clearance on ψmax and ηmax .
Details of configuration
Without passive means

TG only

PS only

TG + PS

τ (%)
2.2
5.1
7.9
2.2
5.1
7.9
2.2
5.1
7.9
2.2
5.1
7.9

ψmax
1.188
1.173
1.153
1.191
1.172
1.167
1.204
1.186
1.185
1.205
1.192
1.170

4. Conclusions
The following major conclusions are drawn from the present
investigation.
(1) Configurations with partial shroud (PS) show higher
energy coeﬃcient and eﬃciency compared to other
configurations. Partial shrouds have beneficial eﬀects
on increasing energy coeﬃcient and eﬃciency of
compressor.

φ at ψmax
0.169
0.156
0.121
0.132
0.121
0.113
0.139
0.109
0.101
0.135
0.146
0.128

η at ψmax
44.5
39.9
31.9
38.8
34.7
35.2
44.8
36.6
33.5
40.0
40.9
33.9

ηmax
47.1
45.4
45.5
47.6
48.0
44.9
49.7
49.4
48.6
50.0
49.3
46.8

φ at ηmax
0.217
0.237
0.230
0.250
0.250
0.241
0.237
0.241
0.222
0.207
0.237
0.248

(2) Other configurations, namely, TG and TG + PS,
also have beneficial eﬀects on the performance of
the compressor. However, configurations TG∗ , TG +
TG∗∗ , and TG∗∗∗ have detrimental eﬀects on the
performance of the compressor.
(3) Configuration 12 (basic configuration at τ = 7.9%)
gives poor performance, that is, reduced operating
range, reduced energy coeﬃcient and eﬃciency over
the entire operating range.
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(4) Turbulence generator (TG) has nominal eﬀects on
the energy coeﬃcient and eﬃciency of the compressor. However, the operating range of the compressor
is substantially increased.
(5) The sensitivity of energy coeﬃcient from τ = 5.1%
onwards is reduced for TG configurations.

Nomenclature
b:

Distance between the shroud and hub at the
rotor exit (m)
Velocity in delivery duct (m/s)
Cd :
Velocity in suction duct (m/s)
Cs :
d:
Rotor diameter (m)
N:
Rotational speed of rotor (rpm)
Coupling power (Watt)
Nc :
√
Shape number = N V/W 3/4
Nsh :
Pd :
Delivery pressure (Pa)
Suction pressure (Pa)
Ps :
TG:
Turbulence generator placed on the casing at
15 mm upstream the inducer leading edge
TG∗ : Turbulence generator placed on the casing at
30 mm upstream the inducer leading edge
TG∗∗ : Turbulence generator placed on the hub at
30 mm upstream of the inducer leading edge
TG∗∗∗ : Turbulence generator placed on the casing at
400 mm diameter
t:
Rotor blade clearance (m)
U:
Rotor tip speed = (πdn/60) (m/s)
V:
Volume flow rate (m3 /s)
W:
Specific work (m2 /s2 )
φ:
Flow coeﬃcient (defined in the text)
γ:
Power coeﬃcient (defined in the text)
η:
Eﬃciency (defined in the text)
ψ:
Energy coeﬃcient (defined in the text)
ρ:
Density of air (kg/m3 )
τ:
Tip clearance as a percentage of rotor blade
height at exit = (t/b2 ) × 100.
Subscript
2: Tip.
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