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With the continuous advancement in bearing speed, bearing assembly clearance (pocket, radial, and guide clearances) has a
particularly significant impact on dynamic characteristics of bearing. In order to improve its performance, it is necessary to
generate an optimized design for assembly clearance based on dynamic analysis. In this paper, a dynamic model of cylindrical
roller bearing has been put forth based on the variable step fourth-order Runge–Kutta method, while the simulation results have
been verified by a high-speed bearing cage motion testing machine. Considering pocket, radial, and guide clearances as in-
dependent variables and maximum impact force, whirl deviation ratio, and minimum power loss as the objectives, a multi-
objective optimized model of cylindrical roller bearing has been developed using central composite experimental design (CCD)
and response surface method. After optimization, the maximum impact force was reduced by 9.26%, the whirl deviation ratio was
reduced by 2.87%, and power loss was reduced by 1.45%.

1. Introduction

,e cylindrical roller bearing is widely used in aeroengines,
high-speed railways, robotics, and other fields because of its
small friction coefficient and excellent high-speed perfor-
mance. According to failure case analysis and statistics, cage
fatigue fracture is one of the serious failure forms of high-
speed cylindrical roller bearings. ,e whirl of the cage and
frequent collision and friction between rollers and cage are
the main causes for cage failure [1, 2].

Bearing assembly clearance plays a vital role in the
stability of bearings. Ghaisas et al. [3] studied the effects of
cage pocket clearance, guide clearances, roller diameter, and
inner ring inclination angle on cage whirl trajectory and cage
speed deviation ratio and further used cage speed deviation
to evaluate the cage stability. Tu et al. [4] proposed a
nonlinear model to investigate the dynamic interactions
between the rolling element and cage under rotational speed

fluctuation conditions. In this regard, the effects of cage
pocket clearance and amplitude and frequency of fluctuation
on interaction forces between the rolling element and cage
were analyzed. Yang et al. [5] presented a five degree-of-
freedom (5-DOF) quasidynamic model to analyze the re-
lationship between cage clearance and heating characteris-
tics. ,e results showed the existence of a critical value for
both the guide and pocket-hole clearances. Zhang et al. [6]
developed differential equations for high-speed cylindrical
roller bearings based on dynamic theory. It was found that
larger or smaller guide land clearance or pocket circum-
ference clearance raised the vibration of the cage. ,erefore,
assigning a clearance value within an optimal range for guide
land and pocket circumference clearances will reduce the
cage’s vibration effectively. Choe et al. [7] analyzed the ef-
fects of clearance and rotation speed on the cage stability and
performance using the probability density function of cage
whirling frequency. ,e cage wear loss increased with
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decreasing cage ball-pocket clearance because of the colli-
sions between the balls and cage pocket. Kim [8] developed a
simplified roller bearing dynamic model that reflected radial
clearance.,e study results showed that clearance of bearing
components (pocket, radial, and guide clearances) had a
significant impact on the dynamic characteristics of the cage
and should be considered in designing cylindrical roller
bearings to improve its dynamic performance. With the
increase of bearing speed, bearing clearance will also cause
nonlinear resonances, bifurcations, stabilities, and addi-
tional dynamic loads of the bearings in the rotor system.
Yang et al. [9] established an analytical model, and the vi-
bration responses of the system are calculated in a large
speed range with the consideration of different ball numbers
and different rotor eccentricities. Gao et al. [10, 11] devel-
oped a nonlinear dynamic model of intershaft bearing in a
dual-rotor system, and then the dynamic load of the
intershaft bearing is obtained by solving the dynamic
equations of the system numerically. An exhaustive para-
metric analysis for temperatures and nonlinear thermal
behaviors of the intershaft bearing affected by dynamic
parameters (including the rotation speed ratio, unbalances
of rotors, the radial clearance, the stiffness, and the roller
number of the intershaft bearing) and thermal parameters
(including the lubricant viscosity and the ambient tem-
perature) was carried out.

,e performance of bearings depends largely on the
design. Choi and Yoon et al. [12] have optimized the design
variables for double row angular contact ball bearings of an
automobile wheel-bearing unit using a genetic algorithm
(GA). Chakraborty et al. [13] applied optimized deep groove
ball bearing (DGBB) using GA; however, certain conditions
like assembly angle were kept constant for all pairs of so-
lutions. Rao and Tiwari et al. [14] attempted a parametric
study on the design variables specified by Chakraborty et al.
[13] and applied bounds to the five constant variables in-
volved in the constraints. Gupta et al. [15] applied non-
dominated sorting genetic algorithm-II (NSGA-II) to a
mathematical model which was a multiobjective function,
and a parametric study was carried out. Tiwari and Chan-
dran et al. [16] took three primary objectives, namely, the
dynamic capacity, the elastohydrodynamic lubrication
(EHL), minimum film-thickness, and the maximum tem-
perature which have been optimized with an evolutionary
algorithm. Kalyan et al. [17] proposed a design methodology
to optimize the dynamic capacity and the elastohydrody-
namic minimum film thickness, and in the optimization
problem, a total of seven design variables (which comprises
bearing pitch diameter, roller mean diameter, effective roller
length, number of rollers, and three other unknown con-
straint factors), two objectives, and 16 constraints are
considered. Hingawe et al. [18] adopted response surface
methodology based Box–Behnken design to study the effect
of texture geometrical parameters, namely, position, depth,
orientation, and slender ratio on tribological characteristics
such as load-carrying capacity and friction coefficient;
furthermore, a multiobjective optimization study is carried
out using grey relational analysis. Ahmad et al. [19] took five
internal geometrical parameters which are taken as design

variables; moreover, five design constraint factors are also
included. ,irty-six constraint equations are considered,
which are mainly based on geometry and strength consid-
erations. ,e objective functions were optimized individu-
ally (i.e., the single-objective optimization) and then
simultaneously (i.e., the multiobjective optimization), and
NSGA-II has been used as the optimization tool. Pareto-
optimal fronts are obtained for one of the bearings. Of many
points on the Pareto-optimal front, only the knee solutions
have been presented.

In most literature studies, the optimization design of
bearings mainly optimizes the structural parameters such as
the diameter of the roller and the radius coefficient of ditch
rate of inner and outer rings, and the optimization result is a
certain value of bearing structural parameters. But in the
actual production process, no matter how high precision the
equipment is, the bearing elements always had errors, which
will lead to a few individual bearings having excellent
performance. According to the previous analysis, bearing
clearance has a great impact on bearing performance. If the
optimal bearing clearance range can be obtained through
optimization, then, according to the principle of assembly
dimension chain, the bearing clearance is used as a closed
ring to determine the basic size and deviation of bearing
elements. ,en, the qualified product rate of the bearing will
be improved greatly.

In view of these, the present paper expounds on a model
of high-speed cylindrical roller bearing based on the dy-
namic theory. Consequently, considering maximum impact
force, whirl deviation ratio, and minimum power loss as the
objectives, CCD and RSM have been used to optimize the
clearance of cylindrical roller bearing components. ,e
research results can be used in the structural design of high-
speed cylindrical roller bearing.

2. Dynamic Modeling and
Experimental Verification

A dynamic model of cylindrical roller bearing based on the
Gupta method [20] describes the three-dimensional and
instantaneous motion of bearing elements. However, the
interaction between elements is complex, and a large
number of coordinate transformations and numerical op-
erations of differential equations are required to delineate
the relationship. In order to facilitate effective analysis and
simplify the calculation, the study makes the following
reasonable assumptions:

(i) Ignoring the axial motion of all parts
(ii) Ignoring the influence of temperature
(iii) Centroid of each element of bearing coincides with

the geometric center

2.1. Relationship between Bearing Elements

2.1.1. Interaction between Roller and Rings. Considering the
interaction between the roller and outer ring as an example,
the interaction between the roller and the inner ring is
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similarly adopted. Firstly, a series of coordinate systems such
as inertial coordinate system OiXiYiZi, roller fixed body
coordinate system ObXbYbZb, and ferrule fixed body coor-
dinate system OrXrYrZr was created to describe the relative
position and motion of bearing elements, as shown in
Figure 1.

,e inertial coordinate system was fixed in space whose
origin was located at the curvature center of the outer ring,
and the Xi axis was along the bearing axis. ,e roller fixed
body coordinate system was fixed on the roller and moved
along with it, whose origin was located at the center of mass
of the roller, and Xb was along the axis of the roller. ,e ring
fixed body coordinate system was fixed on the ring and
moved along with it, whose origin was located at the ring
centroid, and Xr was along the ring axis. In addition, the
roller orientation coordinate system OaXaYaZa needed to be
constructed to describe the track position of the roller
centroid, whose origin was located in the roller center.

Under the initial conditions, Xa was parallel to Xi, Za
passed through the roller center and intersected vertically
with the axis whereXiwas located, andYawas determined by
the right-hand rule. Other local coordinate systems were
constructed according to modeling needs.

As shown in Figure 1, the position vectors ri
b and ri

r of
the roller center and ring center relative to the inertial
coordinate system were obtained according to the geometric
relationship (superscript i represents the inertial coordinate
system). ,e position vector from the center of the roller to
the center of the ring (superscript r represents the ring fixed
body coordinate system) in the ring fixed body coordinate
system is expressed as follows:

r
r
br � Tir r

i
b − r

i
r , (1)

where Tir was the transformation matrix from inertial co-
ordinate system to ring fixed body coordinate system.

During the operation of the roller, if the roller is skewed,
that is, it rotates around the Yb axis, the contact length
between the roller and the ring changes along the axis di-
rection.,erefore, it is necessary to cut the roller with length
l into m round flakes on average. ,e coordinate of the kth
round flakes center relative to the roller center was
((− 0.5+(k− 0.5)/m) l,0,0).,e position vector from the center
of round flakes to the center of the ring is expressed as
follows:

r
r
sr � r

r
br + Tbr − 0.5 +

k − 0.5
m

 l, 0, 0 

T

, (2)

where Tbr was the transformation matrix from roller body-
fixed coordinate system to ring body-fixed coordinate
system.

In order to describe the track position of round flakes
center in bearing, it was necessary to establish the azimuth
coordinate systemOasXasYasZas of round flakes whose origin
was located at its center, and other directions were consistent
with the direction of the roller orientation coordinate sys-
tem. According to the components of rr

sr in Yr and Zr di-
rections, the azimuth angle t of the position vector from the

center of the round flakes to the ring center was determined
using the following formula:

φ � arctan
− r

r
sr2

r
r
sr3

 . (3)

,e transformation matrix Tras from ring coordinate
system to round flakes azimuth coordinate system was
determined by azimuth angle. Considering the point P to be
a point on the round flakes close to the outer raceway, the
position vector of point P relative to the ring center in the
round flakes in the azimuth coordinate system was calcu-
lated as follows:

r
as
pr � Tras r

r
br + Tbr

− 0.5 +
k − 0.5

m
 l

−
D

2
sinφ

D

2
cosφ

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

⎫⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎬

⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎭

, (4)

whereDwas the diameter of the roller and ϕwas the angle at
which point P turned around the roller axis.

To determine whether the round flakes were in contact
with the outer raceway, the approach δk between point P and
the outer raceway was calculated as follows:

δk � ± r
as
pr3 − 0.5Dr . (5)

If δk was positive, there exists a negative gap, and de-
formation occurs between roller and raceway. ,e contact
load Fbnk between the kth round flakes and the raceway was
calculated according to the Hertz line contact theory, as
shown below
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Figure 1: Interaction between roller and rings.
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Fbnk �
Eeq

8
δk

0.39
 

10/9

l
− (1/9)
eq dx, (6)

where Eeq was the equivalent elastic modulus, leq was the
effective contact length of the roller, and dxwas the thickness
of the round flakes.

Given the contact between the roller round flakes and
raceway at point P, it was necessary to obtain the relative
sliding speed and relative position vector between the center
of the raceway contact area and roller contact center to
calculate the tangential traction force on the roller. ,e
contact coordinate system OcXcYcZc was established at P,
and the direction of each coordinate axis was consistent with
that of the orientation of the round flakes coordinate system
with the coordinate origin at point P. Assuming that contact
deformation of roller and raceway was equal, the position
vector rb

pb from contact point P to roller center in roller fixed
body coordinate system was obtained as

r
b
pb � − 0.5 +

k − 0.5
m

 l, − 0.5 D − δk( sin φ, 0.5 D − δk( cos φ 

T

.

(7)

,e translation speed of the ring in the inertial coor-
dinate system was vi

r , rotation speed was ωr
r , translation

speed of the roller in the inertial coordinate system was vi
b,

and rotation speed was ωb
b. In the contact coordinate system,

the velocity vc
b at the contact point P of the round flakes is

calculated using the following:

vc
b � Tbc ωb

b × rb
pb + Tibv

i
b , (8)

where Tib was the transformation matrix from inertial co-
ordinate system to roller fixed body coordinate system, Tbc
was the transformation matrix from roller fixed body co-
ordinate system to contact coordinate system.

,e linear velocity of contact point P on the ring in the
contact coordinate system vc

r was calculated as

vc
r � Tac Tiasv

i
r + Trasω

r
r(  × Trasr

r
br + Tbasr

b
pb  , (9)

where Tac was the transformation matrix from slice azimuth
coordinate system to contact coordinate system, Tias was the
transformation matrix from inertial coordinate system to
slice azimuth coordinate system, Tbaswas the transformation
matrix from roller fixed body coordinate system to round
flakes azimuth coordinate system. Consequently, the sliding
speed of point P on ring relative to point P on round flakes
vc

rb was written as follows:

vc
rb � vc

r − vc
b. (10)

,e relative sliding speed u was calculated by the fol-
lowing formula:

u �

�������������

vc
rb1( 

2
+ vc

rb2( 
2



. (11)

,e relative sliding speed was substituted into (12)
(Gupta lubrication traction model) to calculate the lubri-
cation traction coefficient μ as follows:

μ � (A + Bu)exp(− Cu) + D, (12)

where A, B, C, and D are lubricant coefficients.
In the contact coordinate system, the force vector acting

on the round flakes was written as follows:

F
c
rbk � μ

vc
rb1
u

Fbnk, μ
vc

rb2
u

Fbnk, Fbnk . (13)

In the roller fixed body coordinate system, the torque
vector on the round flakes was written as follows:

M
b
rbk � rb

pb × TibT
− 1
iasT

− 1
ac F

c
rbk . (14)

,erefore, the resultant force and resultant torque vector
of the raceway acting on the roller was written as

F
c
rb � 

m

k�1
F

c
rbk,

M
b
rb � 

m

k�1
M

c
rbk.

⎧⎪⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎪⎩

(15)

According to the principle of force and reaction force,
the resultant force and resultant torque vector of the roller
acting on the bearing raceway were obtained.

2.1.2. Interaction between Roller and Cage. ,ere is a gap
between the roller and cage pocket; however, they collide
during movement at high speed. In order to analyze the
interaction between roller and cage, cage fixed body coor-
dinate system Oca XcaYca Zca and pocket coordinate system
OcpXcpYcpZcp were formed based on the interaction formulae
developed in the previous section. As shown in Figure 2, the
origin Oca of the fixed body coordinate system of the cage
coincided with the center of the cage.

In the initial state, the directions of the three coordinate
axes were consistent with the inertial coordinate system
wherein the pocket coordinate systemwas fixed on each pocket
(origin Ocp at the center of the pocket). ,e Xcp axis was
perpendicular to the pocket wall, while the Zcp axis was located
along the radial direction of the cage, pointing outward.

Vectors rb and rca, as observed in Figure 2, were the
position vectors of the roller center and cage center, re-
spectively, in the inertial coordinate system. From this vector
relationship, the position vector of the roller center relative
to the cage center rbca was obtained. ,e rcp represented the
position vector from the cage pocket center to the cage
center in the cage fixed body coordinate system.

Considering the inclination of the roller (rotation around
Zb axis) and partial contact between roller and front wall of the
cage pocket, the slicing method has been used with the contact
point as point g. ,e solution flow was similar to the one used
in the previous section. After a series of the vector sum and
difference operations, the position vector rcp

pg (superscript cp
represents the cage pocket coordinate system) of the contact
point g on round flakes relative to the cage pocket in the pocket
coordinate system has been obtained.

Without considering the axial movement of the roller, it
collides only with the front wall of the cage. ,erefore, the
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approach δbc between the roller and cage was calculated by
the following formula:

δbc � rcp
pg2 −

lc

2
, (16)

where lc was the pocket width of the cage.
When δbc > 0 , that is, the deformation has occurred

between roller and cage, the contact load can be obtained by
using Hertz contact theory. Subsequently, interaction force
and torque between roller and cage could be obtained
according to the treatment method similar to the interaction
between roller and raceway.

2.1.3. Interaction between Cage and Guide Ring. In this
section, as outer and inner ring guidance modes are similar,
the outer ring guidance mode has been discussed as an
example. ,e interaction between the cage and the guide
ring is shown in Figure 3.

As shown in Figure 3, in the ring fixed body coordinate
system, rr

car was the position vector of cage center relative to
guide ferrule center, while rr

pca was the position vector of any
point P on the edge of the cage relative to the cage center
(superscript r represents the ring fixed body coordinate
system). ,en, in the ring fixed body coordinate system, rr

pr

was the position vector of any point P on the edge of the cage
relative to the guide ring center and it is expressed as

rr
pr � rr

car + rr
pca. (17)

Setting the guide radius of the ferrule as Rcg and the
approach as δpcar between the edge of the cage, the guide
ring was calculated as follows:

δpcar�

�������������

rr
pr2 

2
+ rr

pr3 
2



− Rcg. (18)

When δpcar > 0, deformation occurs between the cage
and the guide ring while the contact load was obtained using
the Hertz contact theory. ,e interaction force and torque
between the cage and the guide ring were obtained using the
treatment method similar to the interaction between the
roller and the raceway.

2.1.4. Solution and Verification of Dynamic Equations.
,e motion of bearing elements is generally classified into
translation and rotation around the center of mass. For
convenience, dynamic equations of different elements have
been described using different coordinate systems with re-
spect to their motion characteristics. Without considering
the axial motion of the roller, the translational motion of the
roller was described as follows:

mb €r − mbrb
_θ
2
b � Fr, mbrb

€θ + 2mbrb
_θb � Fθ, (19)

where mb is the mass of the roller, rb is the roller radius, Fr
and Fθ are the radial and axial components of the resultant
force on the rolling element in the inertial cylindrical co-
ordinate system.

Ignoring the axial motion, the translational motion of
the inner ring, outer ring, and cage were described as

m €y � Fy, m€z � Fz, (20)

where Fy and Fz were the components of the resultant force
on the inner ring, outer ring or cage in the Y and Z di-
rections, respectively,mwas the mass of the inner ring, outer
ring or cage.

,e rotation of any bearing elements was described by
the Euler equation as

Ix _ω1 − Iy − Iz ω2ω3 � M1,

Iy _ω2 − Iz − Ix( ω1ω3 � M2,

Iz _ω3 − Ix − Iy ω2ω1 � M3,

⎧⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎩

(21)

where Ix, Iy, and Iz were the rotational inertia of the roller in
three directions of the coordinate axis, M1,M2 andM3 were
the components of the resultant torque on each coordinate
axis of the roller fixed body coordinate system.

Dynamic equations of roller bearing system were nu-
merically assessed using the step-changing fourth-order
Runge–Kutta method. A flowchart of the dynamic simu-
lation program used in the current study is shown in
Figure 4.
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Figure 3: Interaction between cage and guide ring.
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Compared with the simplified model, the complex dy-
namic model based on the Gupta modeling method con-
sidered the issues of roller sliding and cage collision and
simulated transient motion of the cage. ,e model verifi-
cation was performed by measuring the speed of the cage. To
validate the model, the following test was carried out:

(i) A radial load of 1200N was applied
(ii) ,e rotating speed of the shaft was increased from

20000 r/min to 32000 r/min
(iii) Group of tests for every 2000 r/min was conducted
(iv) Actual speed of cage under 7 groups of different

speeds was obtained
(v) ,e results were compared with simulation values

,e test equipment consisted of a high-speed bearing
cagemotion state test machine and a high-speed camera.,e
high-speed bearing cage motion state testing machine was
composed of test main parts, hydraulic loading system, high-
temperature lubrication system, and cooling system, as
shown in Figure 5.

,e high-speed camera was composed of an ACS
camera, F-Port adapter, tripod quick mount board, standard
communication cable, power adapter, control software
MLink, etc., as shown in Figure 6.

,e high-speed camera was used to capture the position
of mark point 1 on the cage in real-time, and MoviasNeo
postprocessing software was used to obtain the displacement
curve of mark point 1 relative to the center point 0 of themain

shaft. As shown in Figure 7, the time difference corresponding
to the adjacent wave crest position of the displacement curve
was the time required for the cage to rotate for one cycle so as
to obtain the actual speed of the cage.

,e structural parameters and working condition pa-
rameters of the object bearing in this paper are shown in
Tables 1 and 2.

Further, the test results were compared with model
simulation results to verify the model. As shown in Figure 8,
the simulation results were generally close to the test results,
and the trend was mostly the same. However, there was a
large deviation in some places, which was due to the dif-
ference between dynamic model parameters and actual
parameters. Although there may be errors in the actual
measurement process of cage speed, the comparison of
values proved that the bearing dynamic model showed high
overall accuracy.

3. Design and Optimization

From the review of research discussed in Section 1, the
present paper considered the following three factors that had
the most impact on the dynamic performance of bearing as
the optimization independent variables: radial clearance (A),
guide clearance (B), and pocket clearance (C). ,e

Start

Input parameters of bearing
geometry, material, operating

Calculate initial value of bearing
elements by quasi–statics

position and velocity of bearing
elements at ti time

position and velocity of bearing
elements at ti time

End
Yes

No

Contact Force of roller, rings
and cage

Differential
equations of roller,

cage and rings

ti > tend i = i+1

Figure 4: Flowchart of the dynamic simulation.

Cooling system

high–temperature
lubrication system

hydraulic loading
system

test main parts

Figure 5: Cage motion state testing machine for high-speed
bearings.

Figure 6: High-speed camera.
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optimization objectives considered were maximum impact
force (Y1), whirl deviation ratio (Y2), and power loss (Y3).
RSM was the design approach used for modeling and
analysis of the problem in the present study. Using this
approach, the correlation between variable input parameters
and output responses was developed. ,is approach was
found to be effective and efficient [18].

In this research, modeling and analysis of clearances of
cylindrical roller bearing components were carried out using
the CCD design of RSM. As shown in Figure 9, the CCD
center point (0,0,0) was used to determine the test error and
reproducibility, while (− 1,1) represented the high and low
levels of variables. ,e range of axial points was (±α,0,0),
(0,±α,0), (0,0,±α), and the value of axial points away from
the center was related to the factor value k. From the above
analysis, the bearing boundary design parameters of k� 3,
α� 1.682 have been considered in this paper. Table 3 shows
the codes and levels of test design factors.

For the three parameters and five levels, a parametric set
of 20 runs (typical working conditions: rotation speed
24000 r/min, radial load 1300N) were obtained using the
dynamic model in Section 2, as shown in Table 4.

According to the data samples in Table 4, the regression
models of maximum impact force, whirl deviation ratio, and
power loss were obtained.

Y1 � 203.03 + 22.54 × A + 18.21 × B + 32.69 × C,

Y2 � 0.73 + 0.004088 × A − 0.062 × B + 0.021

× C + 0.004463 × A × B + 0.0004125 × A

× C − 0.031 × B × C + 0.012 × A
2

+ 0.044 × B
2

+ 0.022 × C
2
,

Y3 � 411.59 + 1.69 × A − 21.72 × B − 27.49 × C

+ 0.2 × A × C − 0.075 × B × C + 2.09 × A
2

+ 9.73 × B
2

+ 4.87 × C
2
.

(22)

It can be observed from Tables 5–7 that the three re-
gression models were highly significant (P-value＜0.01),
whereas the mismatch of models was not significant (P value
>0.05). ,erefore, the fitting degree of these regression
models was high. ,e three determination coefficient R2 and
correction coefficient of the three models were both close to
1, indicating the maximum impact force, whirl deviation
ratio, and power loss fitting regression model have high
reliability.

Figure 7: Analysis interface of MoviasNeo.

Table 1: Main structural parameters of cylindrical roller bearing.

Outside diameter 60mm Inside diameter 27mm
Number of rollers 10 Roller diameter 9mm
Effective length of the roller 3.5mm Lubricating oil 4010

Table 2: Working condition parameters.

Rotating speed 24000–30000 r/min
Radial load 1000–1500N
Axial load 0N
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Figure 8: Comparison of cage speed simulation and test results at
different speeds.
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Based on the analysis results of the regression model, the
3D response surface diagram of the interaction effects of
various factors has been drawn. ,e response surface of
radial and guide clearance to the maximum impact force is
shown in Figure 10(a). During the increase of radial
clearance from 0.015mm to 0.025mm, the maximum im-
pact force increased with guide clearance. ,e response

surface of radial and pocket clearance to the maximum
impact force is shown in Figure 10(b).When radial clearance
increased from 0.015mm to 0.025mm, the maximum im-
pact force increased with pocket clearance.

As indicated in Figure 11(a), when radial clearance in-
creased from 0.015mm to 0.025mm, the whirl deviation
ratio decreased with the increase of guide clearance. As

Table 3: Codes and levels of test design factors.

Variable Code Unit
Coded level

− α − 1 0 +1 + α
Radial clearance A mm 0.011591 0.15 0.2 0.25 0.028409
Guide clearance B mm 0.0659104 0.1 0.15 0.2 0.23409
Pocket clearance C mm 0.21591 0.25 0.3 0.35 0.38409

Table 4: Response results using CCD design.

Run no. A B C Y1 Y2 Y3
1 0.02 0.15 0.38409 278.2 0.8326 380.4
2 0.015 0.1 0.25 146.4 0.8351 472.5
3 0.015 0.1 0.35 209.4 0.9058 418.2
4 0.025 0.2 0.35 268.2 0.7281 380.9
5 0.02 0.0659104 0.3 155.8 0.9629 484.1
6 0.028409 0.15 0.3 266.4 0.7755 425.8
7 0.02 0.15 0.3 203.1 0.7382 415.9
8 0.015 0.2 0.25 165.2 0.7329 434.3
9 0.025 0.1 0.25 184.8 0.8028 472.9
10 0.02 0.15 0.3 216.0 0.7205 413.2
11 0.02 0.15 0.3 205.1 0.7283 413.3
12 0.02 0.15 0.3 197.5 0.7372 414.0
13 0.025 0.2 0.25 195.7 0.7807 434.7
14 0.015 0.2 0.35 216.4 0.7409 379.7
15 0.02 0.15 0.3 196.6 0.7258 413.4
16 0.02 0.15 0.3 210.7 0.7293 413.7
17 0.025 0.1 0.35 215.5 0.9374 419.4
18 0.02 0.15 0.21591 145.6 0.7610 475.1
19 0.011591 0.15 0.3 155.2 0.7627 414.0
20 0.02 0.23409 0.3 242.2 0.7547 398.9

Figure 9: CCD model.
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depicted in Figure 11(b), when the radial clearance increased
from 0.015mm to 0.025mm, the whirl deviation ratio in-
creased with pocket clearance.

As illustrated in Figure 12(a), when the radial clearance
increased from 0.015mm to 0.025mm, the power loss de-
creased with the increase of guide clearance. As observed in
Figure 12(b), when the radial clearance increased from
0.015mm to 0.025mm, the power loss decreased with the
increase of pocket clearance.

Combining the regression models of maximum impact
force, whirl deviation ratio, and power loss, a multiobjective
optimization model was developed, as follows:

minF(X) � Y1, Y2, Y3 
T
,

s.t.

0.011591≤A≤ 0.028409,

0.06591≤B≤ 0.23409,

0.21591≤C≤ 0.38409.

⎧⎪⎪⎨

⎪⎪⎩

(23)

NSGA-II algorithm was used for the solution. As the
algorithm was relatively mature, the solution process was no
longer described. Performance comparison between com-
bination of optimized parameters and original design pa-
rameters are shown in Table 8.

Table 5: ANOVA results for maximum impact force.

Source SS DOF MS F value P value
Model 26058.97 3 8686.32 41.45 ＜0.0001
A 6937.93 1 6937.93 33.11 ＜0.0001
B 4529.24 1 4529.24 21.61 0.0003
C 14591.80 1 14591.80 69.63 ＜0.0001
Residual 3353.12 16 209.57
Mismatch 3055.66 11 277.79 4.67 0.0507
Total error 29412.08 19 R2 � 0.8860

Table 6: ANOVA results for whirl deviation ratio.

Source SS DOF MS F value P value
Model 0.100 9 0.011 44.64 ＜0.0001
A 0.0002282 1 0.0002282 0.92 0.3601
B 0.053 1 0.053 212.56 ＜0.0001
C 0.005787 1 0.005787 23.32 0.0007
AB 0.0001593 1 0.0001593 0.64 0.4416
AC 1.361× 10− 6 1 1.361× 10− 6 0.005487 0.9424
BC 0.007806 1 0.007806 31.46 0.0002
A2 0.002158 1 0.002158 8.70 0.0146
B2 0.028 1 0.028 112.21 ＜0.0001
C2 0.006994 1 0.006994 28.19 0.0003
Residual 0.002481 10 0.0002481
Mismatch 0.002021 5 0.0004042 4.39 0.0650
Total error 0.1 19 R2 � 0.9757

Table 7: ANOVA results for power loss.

Source SS DOF MS F value P value
Model 18401.12 9 2044.57 49.44 ＜0.0001
A 38.89 1 38.89 0.94 0.3551
B 6445.42 1 6445.42 155.85 ＜0.0001
C 10322.62 1 10322.62 249.61 ＜0.0001
AB 0.000 1 0.000 0.000 1.0000
AC 0.32 1 0.32 0.007738 0.9316
BC 0.045 1 0.045 0.001088 0.9743
A2 62.99 1 62.99 1.52 0.2453
B2 1363.65 1 1363.65 32.97 0.0002
C2 341.25 1 341.25 8.25 0.0166
Residual 413.56 10 41.36
Mismatch 219.46 5 43.89 1.13 0.4480
Total error 18814.67 19 R2 � 0.9780
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In practical work, the bearing clearance interval is
often given according to the bearing working conditions,
that is, a certain tolerance was given on the basis of the
optimal clearance. For example, the value range of pocket
clearance in Table 8 can be set as 0.280–0.290mm.,en, as
shown in Figure 13, the assembly dimension chain be-
tween roller and cage was established, in which pocket
diameter lc and roller diameter D were the unit ring,
pocket clearance δbc was the closed ring, which was solved
by the extreme value method, pocket diameter lc was
9.050− 0.05mm and roller diameter D was 9+0.05

0 mm. ,e cage
and roller manufactured according to the above two di-
mensions can ensure that the pocket clearance was in the
allowable range. Compared with directly optimizing the

bearing structure size and giving tolerance in other lit-
erature, the yield of this method was higher, which has
been verified in engineering applications.

4. Discussion

,e results show that after optimization, the maximum
impact force reduced by 9.26%, the whirl deviation ratio
decreased by 2.87%, and the power loss lowered by 1.45%.
However, the above optimization process was conducted for
typical service conditions. ,e validity of the optimization
results in the case of change in parameters of working
conditions is worthy of discussion. ,erefore, maximum
impact force reduction, whirl deviation ratio, and power loss
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Figure 11: (a) Effect of radial clearance and guide clearance on whirl deviation ratio (b) effect of radial clearance and pocket clearance on
whirl deviation ratio.
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corresponding to the original design value and optimal
parameter combination under different working conditions
have been compared.

,e following inferences were derived from
Figures 14(a) and 14(f):

(i) With constant radial load (Fr� 1300N), the maxi-
mum impact force and power loss corresponding to
both design value and optimization value increased
with the increase in speed, while the whirl deviation
ratio first decreased and then increased

(ii) With constant rotating speed and increasing load
(N� 24000 r/min), maximum impact force de-
creased, power loss increased, and whirl deviation
ratio first decreased and then increased

However, under all working condition parameter
combinations, maximum impact force, whirl deviation ratio,
and power loss corresponding to the optimal parameter
combinations were lower than the design values, which
showed that optimized bearing dynamic performance was
better than the original design.
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Figure 12: (a) Influence of radial clearance and guide clearance on power loss (b) influence of radial clearance and pocket clearance on
power loss.

Table 8: Comparison between optimal parameter and original design value.

Design value Optimal parameter
Radial clearance/mm 0.02 0.017
Guide clearance/mm 0.15 0.187
Pocket clearance/mm 0.3 0.285
Maximum impact force/N 203.1 184.306
Whirl deviation ratio 0.7382 0.717
Power loss 415.9 409.876

Roller

Cage

D Dl c

δ b
c δ b
c

l c

Figure 13: Assembly relationship between roller and cage.
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Figure 14: Performance comparison between optimized parameter combination and original design parameters under different working
conditions.
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5. Conclusion

A dynamic model of cylindrical roller bearing was developed
and solved by variable step fourth-order Runge–Kutta
method. In order to verify the effectiveness of the dynamic
model, the actual speed of the cage was obtained by using a
high-speed bearing cage motion state testing machine and a
high-speed camera. ,en the central composite experi-
mental design (CCD) method was used to design the
simulation test while regression models of maximum impact
force, whirl deviation ratio, and power loss were obtained by
the response surface method. A multiobjective optimized
model of cylindrical roller bearing has been developed based
on the regression models, and the NSGA-II method was
used to solve the optimized model. ,e conclusions of this
research were as follows:

(i) ,e actual speed of the cage was obtained by using a
high-speed bearing cage motion state testing ma-
chine and high-speed camera to verify the effec-
tiveness of the dynamic model.

(ii) ,e optimal parameter combination of clearance
(pocket, radial, and guide clearances) of cylindrical
roller bearing components was obtained. After
optimization, the maximum impact force decreased
by 9.26%, the whirl deviation ratio reduced by
2.87%, and the power loss lowered by 1.45%.

(iii) ,e maximum impact force reduction, whirl de-
viation ratio, and power loss corresponding to the
original design value and optimal parameter com-
bination under different working conditions have
been compared. ,e optimized bearing is better
than the original design value under various
working conditions.
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