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This issue consists of five papers that deal with comprehensive studies on research and development of industrial compressors. Contributed papers deal with compressors used for
low- and medium-pressure services in ethylene plants, lube
oil plants, refineries, refrigeration, and air compression, as
well as those used for high-pressure services, such as those
used in ammonia, urea, and methanol synthesis, refinery
recycle, and natural gas compression and injection. Some
also deal with pipeline compressors that are of low- and
medium-pressure ratios used in wide range of applications,
while other compressors are used in recycle services such as
those used in methanol plants, ethylene oxide plants.
Papers presented this special issue cover topics extending
from design experience to detailed design feature studies and
include cover broad range of compressors: axial compressor,
centrifugal compressor, and reciprocating compressor. There
are many interesting topics and studies. It is expected that the
knowledge and experiences presented in both academic and
industrial readers will benefit from this special issue.
The papers included here are: “A novel approach to
evaluate the benefits of casing treatment in axial compressors”
by G. Legras et al., “Performance improvement of a centrifugal
compressor by passive means” by N. Sitaram and S. M.
Swanmy, “Meridional considerations of the centrifugal compressor development” by C. Xu and R. S. Amano, “Reciprocating compressor 1D thermofluid dynamic simulation: problems
and comparison with experimental data” by A. Gimelli et al.,
and “Empirical design considerations for industrial centrifugal
compressors” by C. Xu and R. S. Amano. It is expected
that the information provided here on the specific types

of compressors will provide useful information to wide
readership from academia and industry.
Ryoichi S. Amano
Abraham Engeda
Ashwani K. Gupta
Bengt Sunden
Cheng Xu
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Centrifugal compressor developments are interested in using optimization procedures that enable compressor high eﬃciency and
wide operating ranges. Recently, high pressure ratio and eﬃciency of the centrifugal compressors require impeller design to pay
attention to both the blade angle distribution and the meridional profile. The geometry of the blades and the meridional profile
are very important contributions of compressor performance and structure reliability. This paper presents some recent studies of
meridional impacts of the compressor. Studies indicated that the meridional profiles of the impeller impact the overall compressor
eﬃciency and pressure ratio at the same rotational speed. Proper meridional profiles can improve the compressor eﬃciency and
increase the overall pressure ratio at the same blade back curvature.

1. Introduction
High single-stage pressure ratio and high performance are
greatly desired in the design of the centrifugal compressors.
High boost pressure of aircraft engine and diesel engines,
and equipment cost in the oil and gas fields require high
pressure ratio and improved thermal eﬃciency single-stage
centrifugal compressors. The manufacturers of marine turbochargers also have been competing for the development of
high pressure compressors. The demands for a high pressure
ratio for centrifugal compressors need special consideration
during the compressor design. If the centrifugal single-stage
compressor ratio is over 4.5, the flow of the impeller exit
normally has a supersonic zone. This makes the high pressure
ratio centrifugal compressor design very challengeable.
The centrifugal compressor design has been an active
research field for many years [1–4]. Unlike axial compressors,
gas enters a centrifugal compressor axially and then turns in
the radial direction out from the impeller with the action
of the centrifugal force. The gas then is directed to a radial
annular vaned or vaneless diﬀuser and finally moves into a
volute or collector to deliver the compressed gas to the next
stage or send it to the next components [1–7]. Unlike an
axial compressor or fan [8], the work input for a centrifugal

compressor is almost independent of the nature of the flow.
A centrifugal compressor can be designed with much higher
De Haller number than an axial compressor can achieve.
Therefore, it is possible for a centrifugal compressor to
have a much higher stage pressure ratio than an axial one.
In addition, centrifugal compressors show very reasonable
performance at low flow gas compression.
The development of computer technologies and
advancements in turbomachinery technology have made
optimizing the centrifugal compressor design possible and
easier than ever before. Turbomachinery design normally
starts with a mean line program at each individual operating
point on a map and then through-flow calculation is
performed; finally, the impeller, diﬀuser, and volute are
designed. It is also important to optimize oﬀ-design
performance.
Recently, multidiscipline optimizations have drawn more
attention. Due to the complications of the engineering system and of multidisciplines, it is still challenging. He and
Wang [9] developed a process for an adjoined approach
to concurrent blading aerodynamic and aero-elastic design
optimizations at earlier stages of the design process. A nonlinear harmonic phase solution method is adopted to
solve the unsteady Reynolds-averaged Navier-Stokes (RANS)
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(a) Overview of the 360 degree mesh

(b) Single sector mesh

Figure 1: Calculation meshes.

equations to enhanced interactions between the blades
and the surrounding working fluid. Thus, a blade flutter
stability and forced response are possible to obtain. Ghisu
et al. [10] recently developed a system for the integrated
design optimization of gas turbine engines; postponing the
setting of the interface constraints to a point facilitates
better exploration of the available design space and better
exploitation of the tradeoﬀs between diﬀerent disciplines and
modules. Verstraete et al. [11] developed a multidisciplinary
optimization system and used it to design a small radial
compressor impeller. The method only discussed the aerodynamic performance and stress interactions. However, the
impeller reliability not only relied on the stress but also on
the vibrations, that is, low-cycle fatigue (LCF) and high-cycle
fatigue (HCF).
In this study, a recently developed turbomachinery
viscous aerodynamic and structure optimal method [4, 12–
18] was used to fully optimize a centrifugal compressor
design. The main focus of this study lies in emphasizing the
importance of the meridional shape related to a centrifugal
compressor aerodynamic performance. The designs reported
here all met the structure requirements for diﬀerent meridional shapes. The results showed that the meridional shape is
very important for obtaining an optimized impeller design.
To demonstrate the meridional impacts on the compressor performance, a compressor with an inlet flow of
34 Nm3 /min was used in analyses. The design point is with
the conditions of the polytropic head and the flow coefficients of ϕ = 0.68, and φ = 0.195, respectively. The
design total pressure ratio is about 4.45. The impeller inducer
average Mach number is about 0.85 and the average exit
Mach number is about 1.08. Therefore, the compressor
has a significant supersonic range. The design considered a
transonic range and eﬀorts to reduce the shock loss. The
diﬀuser vane was designed by few patent features and was
not changed during the impeller optimization [19].

The compressor design employs the present design process that includes a viscous aerodynamic design and structure
optimization for achieving eﬃciency and stability targets.
The compressor developed in this study consists of three
major parts: an impeller, a low solidity diﬀuser, and a volute.
In this study, particular attention was paid to the impeller
meridional design to illustrate the importance.

2. CFD Calculations and Validations
The commercial computational fluid dynamics (CFD) code
ANSYS CFX-11.0 [20] was used for the calculations. The
mesh independent studies found out that the mesh sizes as
shown in Figures 1 and 2 were suﬃcient to keep the identical
performance even as the mesh continued to refine. The calculation nodes for the 360 degree wheel are about 2 million
and the diﬀuser nodes are about 6 million. The single
sector wheel nodes are about 250 k and the diﬀuser is about
400 k. The mesh near wall has been set as the y+ value
smaller than 2.5. The fluid models use ideal gas and heat
transfer calculations with total energy to include the viscous
work term in the heat transfer calculation, along with the
k-ε turbulence model. An existing compressor stage was
calculated and compared with the test results to validate the
CFD process and the mesh independent status [21]. The
mesh structures are shown in Figures 1 and 2. Three diﬀerent
calculations were performed, that is, 360 degree mixing plane
vane and rotor interface, 360 degree frozen rotor vane and
rotor interface, and single sector frozen rotor vane and rotor
interface. The test runs for the frozen rotor interface showed
that the vane and wheel blade relative location aﬀects the
calculated performance results. Several diﬀerent rotor and
vane locations were run for a single slide of the rotor and
the vane. We found that the relative location between the
vane and the wheel blade, as shown in Figure 1(b), provided
the performance results most close to the experiments. It
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(a) Meridional view

(b) Blade to blade view

Figure 2: Mesh in meridional view and blade to blade view.
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Figure 3: Computational results compared with experiments.

is implied that the frozen rotor calculation from this wheel
and vane location is close to the unsteady time average
results. During the calculations, we found that the calculated
performance results were almost identical for the 360 degree
frozen rotor compared with the single sector frozen rotor
vane, as shown in Figure 1(b). The CFD results with volute
loss corrections are shown in Figure 3, where it is clearly

shown that both the frozen rotor and the mixing plane
calculations provided a good indication of experiments. The
frozen rotor with a single sector of the blade and vane
provided the results very close to the experiments. All the
analyses in the study of meridional shape impacting the
performance were performed with the single sector with a
frozen rotor interface.
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Figure 5: Calculated performance curve.

3. Results and Discussion
In this study, the focus is to study the meridional shape
impact on the centrifugal compressor performance. During
the study, the impeller blade angle changes with the percentage of the meridional distance being maintained the
same, while the meridional shape was changed, as shown in
Figure 4. The vane design was kept the same for both Design
1 and Design 2 to demonstrate the impeller impact on
the overall stage performance. Figure 4(a) highlighted the
diﬀerence between the two meridional shapes. Design 1 is a
newly proposed meridional shape with a vertical inlet and
an exit with a clipped, smooth-curved shape. Design 2 is
the traditional meridional design with an inlet tip cut back
and a flat discharge. Figure 4(b) shows the blade angle β
distribution along the nondimensional meridional length.
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Figure 6: Calculated pressure ratio.

Both designs have the identical β distributions. During the
calculations, a similar mesh size was used for all the studies
as presented in the previous section to ensure that the results
were mesh-independent.
Calculations indicated that Design 1 had a relative higher
eﬃciency and wider operating range, as shown in Figure 5.
This is because the shroud section has a more general
distribution of the blade loading. Also, both the shroud side
and the hub side have a similar pressure raise along the
meridional direction, which reduced the flow mixing loss
between the shroud and the hub at the impeller exist. The
design intention was to make a uniform distribution of the
impeller exit static pressure. The analysis also indicates that,
Design 1 has a higher pressure ratio compared with Design
2, as shown in Figure 6. Design 1 shows about a 15% higher
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Figure 7: Blade loading at diﬀerent blade height locations.

pressure ratio compared with Design 2. This is because in
Design 1 the exit shroud has a larger diameter. The increase
of the exit diameter raises the pressure ratio. The increase of
the shroud impeller exit diameter also increases the overall
flow capacity, as shown in both Figures 5 and 6. However,
the calculations show that the surge flow does not change too
much. This is because Design 1 has a better flow control that
delayed the flow separation and surge.
Figure 7 shows the blade loading (p/p2) distributions
along diﬀerent spanwise locations. For all the blade spanwise
locations, Design 1 shows a higher loading than Design 2 at
the impeller exit. The loading profiles indicate that the two
designs have a similar loading below 80% meridional direction. For Design 1, the shroud loaded more than for Design
2. Figure 7 also shows that the shroud static pressure is close

to the hub static pressure for Design 1. However, the loading
plots of Design 2 show that the shroud static pressure is lower
than that for the hub side. The results indicate that the flow
at the exit has a higher mixing loss.
Figure 8 shows the Mach number distributions for the
impeller and the vane at diﬀerent spanwise locations for
both Design 1 and Design 2 near the peak eﬃciency flow
condition. It can be seen also that the Mach number at the
inlet of Design 1 is slightly higher than that for Design 2. This
is because Design 1 has a higher mass flow rate at the design
point. The larger inlet mass flow also increases the vaned
diﬀuser inlet Mach number for Design 1. It can be seen that
for the tip and midsections, separation zones (very low Mach
number zone) are smaller for Design 1 than for Design 2. The
small separation zones reduce loss and improve eﬃciency.

6

International Journal of Rotating Machinery
Mach number

Mach number

1.200e + 000
1.114e + 000
1.029e + 000
9.429e − 001
8.571e − 001
7.714e − 001
6.857e − 001
6.000e − 001
5.143e − 001
4.286e − 001
3.429e − 001
2.571e − 001
1.714e − 001
8.571e − 002
0.000e + 000

1.200e + 000
1.114e + 000
1.029e + 000
9.429e − 001
8.571e − 001
7.714e − 001
6.857e − 001
6.000e − 001
5.143e − 001
4.286e − 001
3.429e − 001
2.571e − 001
1.714e − 001
8.571e − 002
0.000e + 000

90% span section

90% span section

Mach number

Mach number

1.200e + 000
1.114e + 000
1.029e + 000
9.429e − 001
8.571e − 001
7.714e − 001
6.857e − 001
6.000e − 001
5.143e − 001
4.286e − 001
3.429e − 001
2.571e − 001
1.714e − 001
8.571e − 002
0.000e + 000

1.200e + 000
1.114e + 000
1.029e + 000
9.429e − 001
8.571e − 001
7.714e − 001
6.857e − 001
6.000e − 001
5.143e − 001
4.286e − 001
3.429e − 001
2.571e − 001
1.714e − 001
8.571e − 002
0.000e + 000

50% span section

50% span section

Mach number

Mach number

1.200e + 000
1.114e + 000
1.029e + 000
9.429e − 001
8.571e − 001
7.714e − 001
6.857e − 001
6.000e − 001
5.143e − 001
4.286e − 001
3.429e − 001
2.571e − 001
1.714e − 001
8.571e − 002
0.000e + 000

1.200e + 000
1.114e + 000
1.029e + 000
9.429e − 001
8.571e − 001
7.714e − 001
6.857e − 001
6.000e − 001
5.143e − 001
4.286e − 001
3.429e − 001
2.571e − 001
1.714e − 001
8.571e − 002
0.000e + 000

10% span section
(a) Design 1

10% span section
(b) Design 2

Figure 8: Mach number distributions near peak eﬃciency in blade to blade sections.

It is also shown that the incidents at diﬀerent spanwise
locations for Design 1 are smaller than those for Design 2.
Figure 9 shows the entropy contour plots for both
Design 1 and Design 2 near the peak eﬃciency points at
diﬀerent spanwise locations. The high entropy area at the
tip section for Design 1 is smaller than that in Design 2.
However, the high entropy zone for the midspan and the
hub section is similar for both designs. It can be seen that
the meridional shape for Design 1 has improved the tip
range of the flow. This is probably the main reason for the
meridional design for Design 1 to improve the overall stage
performance. Figure 10 shows the entropy generation inside
the tip clearance for both Design 1 and Design 2. It can
be seen that the entropy generation patterns are similar at
the tip sections for both designs. Design 1 indicates a lower

entropy generation at the tip area than for Design 2. Design
1 can improve the tip clearance flow and has less secondary
flow loss. Figure 11 shows the entropy generation along the
meridional mid-plane. It can be seen that the shroud turning
location has the highest entropy generations for both designs.
Design 1 has lower entropy generation near the shroud tip
area compared with Design 2. It can be seen that Design 1
has some advantages compared with Design 2.
Figures 12(a) and 12(b) show the Mach number distributions at a design point along the meridional plane for both
designs. It can be seen that the Mach number distributions
are very similar for both designs. It is shown that the flow
field distributions for both designs are in a similar pattern.
This is because the flow field was basically determined by
the blade β angle distribution. However, a similar level of
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Figure 9: Entropy generation along the blade to blade sections.
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Figure 10: Entropy generation inside of the tip clearance (99% span).
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Figure 11: Entropy generation along the meridional plane.
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Figure 12: Mach number distributions at design point along the meridional plane.

Mach numbers for both designs have diﬀerent level of static
pressure, as shown in Figure 7 and also in Figures 13(a) and
13(b) due to the diﬀerence of the mass flow rate. Figures
13(a) and 13(b) also indicate that the static pressure has
similar patterns but Design 1 has a little higher impeller exit
pressure compared with Design 2. Figures 12 and 13 show
that the meridional mid-plane flow structures are mainly
determined by blade β angle distributions and the hub and
shroud contour shape.

Figure 14 shows the analyses for the clearance sensitivities for both Design 1 and Design 2. Both the nondimensional compressor eﬃciency and the pressure ratio used the
design clearance (about 5.3% B2) as a denominator. It can
be seen that for both the pressure ratio and the compressor
eﬃciency, Design 1 is less sensitive than Design 2. The
analyses also indicated that the pressure ratios are more
sensitive than the stage eﬃciency. This is because Design 1
has smaller losses near the shroud, as shown in Figure 9.
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Figure 13: Static pressure distributions at design point along the meridional plane.
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Figure 14: Clearance sensitivity.

4. Conclusions
This research provides an important study of the meridional features of the centrifugal impeller design. Very little
information has been available that provides insights into
the importance of the compressor meridional plane at the
inlet and the exit of the impeller in the open literature.
This study shows that a proper design for the inlet and the
exit of the meridional plane can improve the compressor’s
overall eﬃciency and also can reduce the sensitivity of the tip
clearance. This study further shows that the meridional plane
of the inlet and the exit similar to Design 1 can improve

the flow field near the shroud and improve the overall
impeller eﬃciency. This study also indicates that without
changing the other components of the compressor stage,
optimization of the impeller meridional shape can improve
the compressor stage eﬃciency and the pressure ratio. This
study also provides the upgrading possibilities for compressor manufacturers to make a slight change of the impeller
inlet and the exit shape from the old design to improve the
compressor’s performance. Finally, this study suggests that
the impeller design not only needs to optimize the blade
angle distributions, but also needs to optimize the meridional plane.
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Computational Fluid Dynamics (CFD) has been extensively used in centrifugal compressor design. CFD provides further optimisation opportunities for the compressor design rather than designing the centrifugal compressor. The experience-based design process still plays an important role for new compressor developments. The wide variety of design subjects represents a very complex
design world for centrifugal compressor designers. Therefore, some basic information for centrifugal design is still very important.
The impeller is the key part of the centrifugal stage. Designing a highly eﬃciency impeller with a wide operation range can ensure
overall stage design success. This paper provides some empirical information for designing industrial centrifugal compressors with
a focus on the impeller. A ported shroud compressor basic design guideline is also discussed for improving the compressor range.

1. Introduction
New compressor designs always must meet the customers’
needs with the shortest time to market, low cost, and
improved performance. To push the design to state of the art
aerodynamic performance, the structure design also needs
to meet a suitable performance life of the compressors.
Mechanical integrity is one of the important parts of the centrifugal compressor design. Mechanical constraints are usually negative factors for aerodynamic design, for example,
mechanical constraints require thick blade for reliability but
hurt impeller eﬃciency. The purposes of the mechanical
analyses are to provide all compressor components within
a reasonable time duration to sustain the aerodynamic and
centrifugal force, and eigen frequencies do not match critical
excitation frequencies [1]. The safety factors of the mechanical design had been reduced dramatically compared with
“old fashioned” design. Due to the nature of the Finite Element Analysis (FEA) tools and material property improvements, the safety factor of a modern industrial compressor
design normally is set to 7 to 12%. The mechanical requirements need structure designers to have better practice to
allow more freedom to aerodynamic designers and to keep
all the components at the lowest weight and the lowest cost.

Design of a long lifetime single component of compressors is not a goal for designers. Emphasis on improving
eﬃciency has been a primary issue, but this also is not as
important as in the past. The development cost and development time is also a key factor that needs to be considered for
a modern compressor design. Industrial compressor design
expects a state-of-the-art performance compressor without
making a second build for less cost and short development
time. For achieving this goal, compressor design engineers
need to have multidiscipline knowledge of centrifugal compressor design. Detailed design considerations can reduce the
time to perform the advance design studies and laboratory
investigations. The wide variety of design subjects represents
a very complex design world for compressor designers. One
purpose of this paper is to provide information in an aerodynamic point of view to understand the overall design
before starting the detailed design process of a centrifugal
compressor. The paper also summarizes important aspects of
the centrifugal compressor design for industrial compressor
designers and scientists.
The compressor market and business model has changed
in the last few decades. Industrial compressor design now
requires designing for success in the marketplace, not just
for scientific experiments. In the past, compressor designers
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developed a new compressor in the development group and
passed the design to manufacturing. The manufacturing
group would evaluate how to make it at the lowest cost, and
some designs were rejected because they could not meet the
market requirements. The new development model requires
the compressor designer to design for market, manufacturing, and end users. New business concepts have been proposed [2, 3] in which the design also considers an integrated
system of manufacturers and end users. The new compressor
developments become a complex system task. Minimizing
manufacturing cost of the compressor design is not enough.
The compressor design must consider all aspects of the
manufacturing and end users. If surplus is defined as the
total profit of manufacturing, end users, and aftermarket,
the compressor’s new development will focus on the design
for maximum surplus. Therefore, in the compressor design
stage, many choices of design options need to be considered
before the final design, and discussions must consider the
surplus value. It is essential that design engineers begin to
perform a compressor design with full understanding of all
aspects of the design considerations [4–8].
To reduce manufacturing cost, many high volume compressor manufacturers, for example turbocharger, often use
the flow cut for diﬀerent applications. The flow cut uses the
same defined blade geometry for multiple flows and a similar
or lower pressure ratio. This is diﬀerent from scaling, in that
the impeller blade and any diﬀuser vane geometry maintain
the same definition. A brief introduction of the flow cut is
also discussed in this paper.
With the development of computational science and
computer hardware, design engineers rely on quality models
to establish the physical relationships among diverse thermodynamic, geometric, and fluid dynamic parameters that
govern turbomachinery performance [9–26]. Although CFD
has helped to design many successful industrial compressors
and has become an important tool in industrial compressor
design, multidomain optimisation is still very time consuming. Most CFD optimisations still focus on the component
[22]. When the compressor inlet flow is reduced, the compressor experiences an unsteady flow phenomena surge and
rotating stall. These instabilities can cause noise nuisance and
critical operating conditions with strong dynamical loading
on the blades. Therefore, they cannot be tolerated during
compressor operation. With the reduction of the compressor
inlet flow, a rotating stall occurs in the impeller, or diﬀuser
or scroll. If the compressor inlet flow continues to reduce,
the rotating stall eventually will drive the compressor into
a surge [27–32]. A rotating stall is an unsteady and threedimensional flow phenomenon. CFD simulation is still a big
challenge. The flow range of a centrifugal compressor can
be extended by allowing gas to bleed from a ring of holes
or a circular groove port around the compressor casing at
a point slightly downstream of the compressor inlet. This
type of the compressor called ported shroud compressor.
Ported shroud forces a simulation of impeller stall to occur
continuously, allowing some air to escape at port location
inhibits the onset of surge and widens the operating range.
The flow inside port is unsteady and complicated when compressor stalls. CFD guides ported shroud design is still very
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time consuming and less reliable. Some design practices
for a ported shroud impeller casing [33] are discussed for
improving the compressor operational range.

2. Industrial Centrifugal Compressor
Centrifugal compressors are widely used in automotive,
marine turbocharging, oil and gas, aerospace, and distributed power applications because of their compact design and
high stage pressure ratio. With diﬀerent types of applications,
the structural characteristics of the compressors have two
basic types, that is, horizontal split and vertical split, as
shown in Figure 1. Horizontal split type compressors are
applied for low-to-medium pressure service, as shown in Figure 1(a). This type of casing is split along the rotor shaft and
bolted at the split line. The bearing and seal sections allow
easy disassembly and assembly via the inspection cover, without having to remove the upper casing. A vertical split compressor is easy to access the gears, bearings, seals, and be
repaired on site. However, due to the large crossing area in the
splitting surface, it is diﬃcult to prevent gas and lubricant oil
leakage. A vertical split compressor is applied for mediumand high-pressure service, as shown in Figure 1(b). This type
of compressor consists of an inner casing and an outer
casing. The inner casing forms a single unit with the head,
bearing, and seal and is fixed to the outer casing by shearing.
The nozzle can be attached to the top, bottom, or side in
accordance with client specifications. Both bearings and seals
can be inspected without removing the inner casing. However, the manufacturing cost and installation cost may be
higher than for a vertical split compressor. It is also not easy
to access the gear, bearings, and seal. For combining the
advantages of both split types, a hybrid split has become
popular. For some applications, the gearbox can be a vertical
split, and the compressor stage can use a horizontal split, as
shown in Figure 1(c).

3. Impeller Design Methodologies
The impeller is a key component to influence overall performance of a centrifugal compressor [5]. The eﬃciency of centrifugal compressors has increased dramatically, especially
low-pressure ratio centrifugal compressors. A major challenge for a centrifugal compressor design is to keep a high
eﬃciency level at a state of the art and to increase the compressor operating range [27–33]. Increasing the compressor
operating range without sacrificing compressor peak eﬃciency is diﬃcult to achieve. Aerodynamic engineers not
only need to understand the surge physics but also need to
apply design experience to the design. Another important
objective for impeller design is to reduce the manufacturing
cost. Manufacturing cost could be reduced when designs for
manufacturability are eﬀectively considered. The impeller
should meet requirements to be easily withdrawn from a
casting mold without destruction and disassembly of the
mold for a casting impeller. This requires the lean angle of
the blade to change linearly with the impeller radius and
axial direction, as shown in Figure 2. All these considerations
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(a) Horizontal split compressor

(b) Vertical split compressor

(c) Hybrid split compressor

Figure 1: Compressor split types.

±0.5%, respectively, based on uncertainty analysis [14]. Test
results showed that the compressor performance was encouraging at both the design and the oﬀ-design point. The design
met the low-cost target and allows large manufacturing tolerances. The insensitivity of the impeller surface finish and
large tip clearance makes it easy to assemble.

4. Impeller Geometry

Figure 2: Impeller for manufacturing.

for design will help the final design to meet the compressor
design target with fewer design iterations.
Diﬀerent designers may have diﬀerent methodologies for
impeller developments. What kind of area distributions, curvatures, velocity, or pressure profile will lead to a good design
is strongly dependent on the designers’ practice and experience. Two totally diﬀerent design philosophies could produce
similar performance. For example, two impellers designed by
Garret and Pratt Whitney [7], as shown in Figure 3, had different shapes with similar performance at the design point.
The impeller designed by the author also presented diﬀerent
features, which also provide a good performance. It is shown
that, if design follows basic design guideline, a wide range of
solutions to the design can be used.
The authors’ design, as shown in Figure 3, is an example
of a recently developed single-stage centrifugal compressor.
At the design point, the total to static stage pressure ratio
was about 3.7, and the flow coeﬃcient was about 0.12. The
running clearance at the impeller tip was 4.5% of the impeller
exit blade width. Six builds were assembled and tested based
on the ASME PTC-10 test procedure [34]. The compressor
performance obtained from an average of six build tests is
shown in Figure 4. The diﬀerences of test results for different builds for adiabatic eﬃciency and head coeﬃcient
were within ±0.5% and ±0.75%, respectively. The test uncertainties for total pressure (in psi), static pressure (in psi),
and temperature (in Fahrenheit) were ±0.25%, ±0.2% and

The initial design of a centrifugal compressor always begins
with requirements from customers or marketing analysis.
Designers select basic configurations and provide basic performance to customers or marketing by using their experience data. Aerodynamic designers also need to provide an
estimation for the compressor’s basic geometry to engineers
in other disciplines. For example, rotor-dynamic engineers
and bearing designers rely on the impeller geometry information to perform their work. Although the basic geometry
design is not intended to yield optimization of the impeller,
it can accelerate the overall design process and reduce the
development cost.
Before aerodynamic designers determine the basic impeller geometry, the rotational speed of the impeller needs to be
selected. If there are no special requirements for rotational
speed, we normally optimize rotational speed based on
the Balje’s charts [35, 36] by using optimal specific speed.
Although Balje’s charts are not very accurate tools, they are
suﬃcient enough to provide the initial estimate for impeller
geometries.
During the initial design, the important information
needed for bearing designers and rotor-dynamic engineers is
impeller weight. Aerodynamic designers can estimate impeller sizes based on the required gas flow, pressure ratio, and
impeller rotational speed. Our design practices showed that
the weight of the impeller is the function of the impeller
diameter. Figure 5 summarizes the relationship between the
impeller diameter and the weight for sixteen ASTM A564
stainless-steel unshrouded impellers. The impeller weight
mainly is determined by the impeller disk; the blades only
contribute a very small portion of the weight. Therefore, we
plotted impeller weight and diameter relation in one figure
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Figure 3: Diﬀerent impeller designs.
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Figure 4: Single stage compressor eﬃciency and head coeﬃcient
versus flow coeﬃcient (upper curve is the adiabatic eﬃciency, and
lower curve is head coeﬃciency).

for all designed unshrouded impellers with diﬀerent blade
counts and with or without splitters.
In an initial stage of compressor design, selections of the
impeller inlet, the outlet velocity vectors, and the choice of
blade numbers are the key initial design decisions. Velocity
vectors may be obtained through a mean-line program. The
experience data show that both the inlet blade numbers and
the exit blade numbers are a function of stage pressure
ratio. Relationships between the numbers of blades and the
stage pressure ratio are shown in Figures 6 and 7 for with and
without splitter impellers, respectively. In general, high-stage
pressure causes a blade-loading increase, and the impeller
needs more blades to distribute loading. Variations of the
numbers of blades at a similar pressure ratio were due to the
size of the impellers. For a smaller-sized impeller, manufacturing capabilities may limit the number of blades. Impeller
sizes plotted in Figures 6 and 7 are in the range from 2 inches
to 45 inches. The machine performance requirements and
manufacturing feasibilities are factors to determine whether
to use splitters or not.
The inlet blade height is determined by the design inlet
flow rate and the impeller hub radius. The inlet hub radius is

0
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250 300 350
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400

450

500

Figure 5: Impeller weight with diameter.

determined by the attachment of the impeller. For overhung
impellers, the inlet hub radius normally is selected in a range
between 10% and 20% of the impeller tip radius. For the
shaft and bolt through the impeller, selections of the inlet
hub radius are based on stress requirements.
The blade thickness at the inlet and the discharge was
determined mainly by tensile and bending root stresses at
the leading edge and the blade exit. FEA calculations and
stress tests showed that blade root stresses are mainly caused
by the centrifugal force. The blade high was a key factor to
impact the blade root stresses. The mean-line thickness at the
inlet and the exit was determined by the blade heights at the
inlet and the exit, as shown in Figures 8 and 9. Experience
showed that the blade thickness changed linearly with the
blade height.
The three-dimensional features of the impeller blade are
dependent on the engineers’ experience and on stress limitations. The modern impeller is normally a three-dimensional
design. The wrap angle, lean angle, and back sweep angle use
a larger value than those in the past. The large wrap angle
can reduce the camber of the blade but increase the frictions
of the fluid. A large lean angle permits blade design at all
blade sections with the desired shape. Leaning the blades
creates a back-sweep and retains purely radial fibers, which
are beneficial for bending moments. Experience showed that
impellers with a back sweep generally have high eﬃciency.

International Journal of Rotating Machinery

5

30

9

28

8

26

7
Blade RMS thickness (mm)

Number of blade

24
22
20
18
16
14
12
10

6
5
4
3
2
1

1

2
3
4
Stage total-to-total pressure ratio

5
0
0

Figure 6: The number of blades at the inlet versus stage pressure
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Figure 7: The number of blades at the exit versus stage pressure
ratio for split impellers.

5. Reynolds Number and Surface Finish
The Reynolds number or the Ross by number has significant
impacts on the impeller maximum surplus value. Fundamental fluid dynamics theory [37, 38] shows that the flow
inside a pipe for a diﬀerent Reynolds number represents different flow patterns. This is also true for flow inside impeller
blades. Experience showed that if there is a flat velocity profile at the inlet between two impeller blades or diﬀuser vanes,
the flow development along the flow channel presents different profiles with diﬀerent Reynolds numbers. For low
Reynolds number flows, the exit velocity profile is almost
parabolic and only with a small portion of a flat profile. For
high Reynolds number flows, the exit velocity profiles have
large flat profiles.
The peak meridional velocities for high Reynolds number flows are normally located at the hub pressure sides of
the blade due to potential flow eﬀects. Low Reynolds number
flow regions are located near the suction side of the blades.
The viscous jet and wake interaction causes flow separations.

0
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80

100

Figure 9: Relationship of impeller exit RMS thickness and tip
width.

The Reynolds number also strongly influences secondary
flow patterns. Increasing the Reynolds number increases the
strength of the clockwise secondary passage flow circulation.
Reducing pressure on the suction velocity gradient increases
the flow circulation of the counter clockwise secondary flow.
The optimum design should try to oﬀset each other to minimize the secondary flow losses.
The machining and casting of centrifugal compressor
impellers and other components result in an inherent surface
roughness. The sizes and forms of roughness depend on
the manufacturing process. The levels of the surface finish
represent the manufacturing cost. It is very important to
balance manufacturing cost and performance. Surface finish
requirements for diﬀerent designs have diﬀerent requirements. A detailed discussion on surface finish and Reynolds
number can be found in reference [39, 40]. Loss due to the
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surface finish can be represented as wall friction. Wall friction
is the function of Reynolds number and can be written as
⎛

1



f

⎞
k
18.7 ⎠
⎝
= 1.74 − 2log10
+  .

B2

Re f

(1)

This equation can be solved by using a simple computer program or spreadsheet.

6. Impeller Aerodynamic Design
One important guideline for impeller aerodynamic design is
to set a reasonable diﬀusion ratio. The diﬀusion of the impeller can be represented by velocity ratio, diﬀusion factor, and
relative Mach number ratio. The ratio of the relative Mach

number was used in this discussion because it can avoid the
one-dimensional assumption at the inlet. MR2 is defined as
the ratio of the relative Mach number at the impeller inlet
to the average Mach number at the impeller exit. Figure 10
shows the upper and lower boundaries for maximum deceleration likely to be achieved for two-dimensional and threedimensional impellers [8]. The experience data fell inside
the theory boundaries, and the Mach number ratio MR2 fell
between 1.15 and 1.4, giving a good overall performance. The
upper boundary of MR2 of 1.4 for an industrial compressor
and 1.7 for jet engine impellers are reasonable expectations.
Our experience also indicated that a large diﬀusion might
cause a large loss. The ratio of the Mach number can be
selected within a large range. An important factor to impact
the selection of diﬀusion level is the inlet Mach number.
Figure 11 is a relationship between the relative velocity ratio,
the incidence, and the inlet relative Mach number for a
typical industrial impeller. It can be seen that diﬀusion is not
an absolute parameter, which influences the stall of the compressor. It is worthwhile to point out that this test impeller
was stalled first at the inducer. The inducer shroud velocity
represented the rotational speed.
Traditionally, the impeller inlet incidence is set to zero at
the design condition. Modern impeller designs need not only
to consider maximum eﬃciency at the design point, but
also to consider the manufacturing cost and the oﬀ-design
performance for the whole operating range [8]. Inlet blade
angles are not necessary the same as the inlet relative flow
angles. Experience data in Figure 11 shows that changes of
the inlet flow incidence impact both the eﬃciency and the
operating range of the impeller. Figure 12 shows that little
negative incidences could raise the impeller operating range.
However, when the negative incidence increased to a certain
level, the operating range did not enlarge and eﬃciency
dropped significantly. The impeller design should avoid this
situation.
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Estimations of the impeller exit width are critical for both
the primary performance estimation and the basic dimension setup. The major impacts of the impeller blade exit
width are the flow capacity and the pressure ratio of the stage.
It is diﬃcult to calculate the impeller exit width accurately
in a simple way. The Rodgers diﬀusion factor equation [41]
provided a good estimated value for the impeller exit width
(B2 ). If the mean meridional blade length can be estimated
as
L=

1
0.99
0.98
0.97
η/η0

0.96
0.95
0.94
0.93
0.92

2π(r2 − r1 )
,
4

(2)

0.91
0.9

then the impeller exit width can be estimated as


10(D2 − Ds1 )
W2 πD2 Cτ2
DF − 1 +
−
1 + (W2/W1 )
W1
2LzW1
−

(Ds1 − Dh1 )
.
2

ΔHl = N

∂u
μ⎣2
∂x

2

Constant clearance
Variable clearance
Experiments

Figure 13: Compressor eﬃciency change versus clearance.

Secondary flows inside the impeller are caused by an
imbalance of the static pressure and the kinetic energy. One
of the typical secondary flows, the horseshoe vortex, has
been well documented. It is shown that the strength of the
secondary flows is governed by the vortex starting conditions. The further development of the vortex is determined
by the conservation of angular momentum. The impeller
meridional blade profiles influence the secondary flow loss
level and the laminar viscous dissipation function can estimate the secondary flow loss due to the blade profiles [8]. We
have
⎡

0.01 0.02 0.03 0.04 0.05 0.06 0.07 0.08 0.09 0.1
BC /B2

(3)



∂v
+2
∂y

2



∂u ∂v
+
+
∂y ∂x

2 ⎤
⎦dV.

1
0.98
0.96
ψ/ψ0

B2 =

0



0.94
0.92
0.9
0.88
0

(4)
Tip clearance cannot be avoided for unshrouded impellers.
Bearing clearances and manufacturing tolerances of the
impeller and the intake ring control the minimum impeller
tip clearance. The minimum tip clearance is normally defined at the maximum rotational speed with hot weather conditions for most motor-driven compressors. For compressors
installed in the same shaft with a gas turbine, the minimum
compressor tip clearance was estimated when the compressor
was operating at maximum rotational speed with hot
weather and with the machine overall net axial thrust load
towards the compressor. The tip clearance increases quadratically with the impeller rotational speed if other operating
conditions do not change. The tip clearance impacts the
overall compressor performance because it increases the
magnitude of the secondary flow inside the impeller blades
and produces strong tip vortices. The tip clearance flow
transports a low momentum fluid from the suction side to
the pressure side of blades. The circumferential center of
the secondary flow is dependent on the size of the tip clearance. Secondary vortices are located near the shroud side
for small clearance, whereas secondary vortices may spread
to the center and even the hub of the flow channel for a
large tip clearance impeller. The clearance distribution aﬀects
the wake formation and the location at the impeller exit.

0.01
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0.03

0.04 0.05
BC /B2

0.06

0.07

0.08

Figure 14: Head coeﬃcient change with tip clearance.

A large clearance at the leading edge results in a low-energy
center close to the suction side of the blade. Reducing the
clearance at the leading edge, the wake moves towards the
pressure side of the blade. The tip clearance setting depends
on the compressor’s maximum surplus value. There are
several methods to reduce the tip clearance losses. Figure 13
shows that variable clearance could significantly improve the
stage eﬃciency of compressors. The tip clearance changes
the compressor stage head and capacity. Test data indicated
that the head coeﬃcient almost changed linearly with the tip
clearance, as shown in Figure 14, and the flow coeﬃcient
followed a secondary order curve with clearance, as shown
in Figure 15.
With the manufacturing technology improvement and
design system improvement [42, 43], modern impellers
always are designed in a three-dimensional shape. It is very
important to understand the impact of the three-dimensional feature on performance and structure. Lean is one
of the critical three-dimensional features. In general, both
negative and positive lean improves the peak eﬃciency. One
of the design examples for lean eﬀects is shown in Figure 16.
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Figure 16: Compressor performance for a lean blade.

Negative lean has the best peak eﬃciency, while positive lean
has a wide operating range. It can be seen from Von Mises
stress contour plots in Figures 17 and 18 that the Von Mises
stress is the highest for a negative four-degree lean on a suction surface, and the stress is the lowest for a four-degree
lean. However, the pressure side stress contours show the
lowest leading edge stress area for a negative four-degree lean
design compared with other cases. The negative lean has
maximum stress for both the leading edge and the trailing
edge while the positive lean has the lowest maximum stress in
all locations. The highest stress areas for the positive lean are
less than the negative lean and no lean cases. The bore stress
and back face stresses are similar because the blade thickness
distribution is similar. It can be seen that a small positive lean
can reduce the peak stress.

7. Impeller Flow Cut
For large volume low-cost compressors, for example, automobile turbochargers, the impeller flow cut is always used
for meeting diﬀerent flow and pressure ratio requirements
with minimum manufacturing cost. A flow cut is defined as
a change to the impeller blade height or a change to the
shroud contour while following the same hub contour and
blade angle definition as the original impeller design. This
allows a single manufacturing method to be used for the base
impeller, plus a machining operation to adjust the blade
height and the flow capacity of the impeller. Achieving the
objectives for high eﬃciency and end users’ cost of a compressor installation are always in conflict with each other. The
flow cut of a compressor stage is one of the important activities of centrifugal compressor manufacturers to achieve a
certain performance level with minimum cost. A theoretical
equation provides the basic information, but the empirical performance eﬀects on the compressor stage are very
important to the compressor manufacturers. Figure 19 shows
the original impeller (Figure 19(a)), the shroud contour cut
(Figure 19(b)), and a diameter cut (Figure 19(c)). Modern
impeller design normally has a bigger back sweep angle, as

shown in Figures 2 and 3. The diameter cut, as shown in
Figure 19(c), aﬀects the impeller performance at a significant
level. Therefore, the diameter cut is less popular than the
shroud contour cut.
Here we present some test experience for both the shroud
and the diameter contour cut. The shroud contour cut
(or extend) is defined as the percentage of the local blade
height. Most of time, manufacturers extend or trim the
shroud contour the same percentage of the impeller inlet and
exit blade heights. For large industrial compressors (choke
flow larger than 1000 ICFM (0.472 m3 /s)), the flow changes
normally near linear to the contour change. The major
impacts of the flow cuts on the compressor performance
are the compressor stage eﬃciency and the surge flow or
the operating range (RG). Figure 20 is the head coeﬃcient
at surge point changes with the impeller contours, where
the surge point defined here is the operation point at
which the compressor stage adiabatic eﬃciency is 55%. It is
shown that the head coeﬃcient at the surge increased as the
contour increased. This may be because when the contour
increases, the cold tip clearance remains the same during
the tests for all the contours. For a larger contour, the tip
clearance percentage relative to the impeller exit blade height
is smaller, and the surge margin improves. This may be for
the same reason. When the contour increases a little, the stage
eﬃciency increases until the design penalty away from the
design point is larger than the clearance loss reduction, the
compressor eﬃciency starts to drop, as shown in Figure 21.
Test results also suggest at an increased contour, a broader
range of high eﬃciency exists. Testing also indicates that the
point of peak eﬃciency is not proportional to the change in
the area of the impeller inducer and the exit geometry. It is
interesting to see that the flow corresponding to the peak
eﬃciency increases as the impeller contour increased, as
shown in Figure 22. It is important to make the flow cut to
ensure the peak eﬃciency at the operating flow.
Although the diameter cut is less popular than the shroud
contour cut, understanding fundamental information and
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Figure 19: Flow cut of the impeller.
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basic compressor characteristics for the diameter cut is also
very helpful. Figure 23 is the medium back-curvature impeller compressor (about 25 degree back-curvature) characteristics of a diameter cut. It can be seen that the diameter cut
not only aﬀect the peak eﬃciency but also aﬀect the peak
eﬃciency location. The impeller peak eﬃciency of a small
diameter impeller is located in the lower pressure ratio
operating point. It also can be seen that the compressor operating range is reduced after the diameter cut. It is interesting
to notice that the surge boundary slope increases with the
diameter decrease.

8. Ported Shroud Impeller Casing
A compressor surge is a system-unstable phenomenon that is
influenced by all components of the compressor. The physics
of surge and stall are still not fully understood. We still cannot find any tool that can capture all features of the surge and
stall, as shown in Figure 24. Many theoretical studies [27, 30,
31, 44] have focused on a better understanding of the surge
and stall, but none can be used as a design tool yet. More
theoretical work and experimental studies need to be done in
order to incorporate stall in the design system. Designs for a
wide operating range were mainly dependent on engineers’

1
0

Air flow

Figure 23: Performance characteristics of an impeller diameter cut.

and manufacturers’ experience and their understanding of
the stall and surge. Rotating stall and surge are violent limit
cycle-type oscillations in compressors, which result when
perturbations (in flow velocity, pressure, etc.) become unstable. Originally treated separately, these two phenomena are
now recognized to be coupled oscillation modes of the
compression system—surge that is the zeroth order or planar
oscillation mode, while a rotating stall is the limit cycle
resulting from higher-order, rotating-wave disturbances, as
shown in Figure 24. The compressor normally starts with
a stall and then eventually become a surge, as shown in
Figure 25. During the surge, the compressor can experience
a reversing flow. System resistance releases after the flow
reversal, and the flow starts flowing into the system. This
surge cycle continues, as shown in Figure 25. The pressure
variation rate with the mass flow rate variation is much larger
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Figure 24: Stall and surge pressure variation with time.
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Figure 25: Surge of the centrifugal compressor.

than the near choke, as shown in Figure 26. To extend the
surge margin, it is important to optimize the impeller, the
vaned diﬀuser, the vaneless diﬀuser, and the volute design.
The surge control can extend the surge margin further. The
simplest the way is to have a bypass surge relief valve. When
the centrifugal compressor pressure rises beyond a certain
level, the valve bypasses the flow from the discharge to the
inlet to prevent surge. A wise valve choice can help engineers
pay for the rest of an advanced surge-control system without
exceeding the budget. The valve needs to have a fast stroking
speed when open, high capacity, low noise, and a very stable
throttling control. For example, the oil and gas industry often
chooses high-performance rotary valves.
Casing treatments are other popular methods to extend
the centrifugal compressor range. One of the key casing treatments is a ported shroud casing, as shown in Figure 27. The
ported shroud design is entirely passive, having no moving
parts, control valves, and so forth, The ported slot can be

vertical to the inlet flow or angled, as shown in Figures 27(a)
and 27(b). There are vanes or ribs to support the stationary
shroud in the leading edge inducer region. The vanes or ribs
are not only a support structure but also an aerodynamic
device to the flow inside the port, bleeding out with minimum losses. The ported shroud passage provides the bleed
path when the compressor is near the surge, as shown in Figure 28(a) and also a secondary air inlet to the impeller when
the compressor needs more air, as shown in Figure 28(b). The
vanes or ribs in the passage are tangentially slanted in the
direction of the impeller rotation, to preferentially augment
the airflow into the impeller at high speed, while in partspeed discouraging the airflow out of the impeller through
the secondary inlet. The advantage of the ported shroud can
increase in the part-load surge margin and increase the choke
flow at full load, as shown in Figure 29. It can be seen that
for a ported shroud compressor, at a lower mass flow the
pressure ratio increases. This is because the separation and
reverse flow were reduced near the inducer compared with
an unported case. When the compressor is near choke, the
impeller can bypass the impeller throat and draw an extra
flow from the port, as shown in Figure 28(b). Figure 30 shows
that the flow passed the port at diﬀerent impeller mass flow
conditions when the port width and location were optimized
to have the best surge margin for a gas width equal to bg.

12

International Journal of Rotating Machinery

Vaned
diﬀuser

Ported shroud

Impeller

Vaned
diﬀuser

Ported shroud

Impeller

Volute

Volute

(a) Straight ported shroud

(b) Angle ported shroud

Figure 27: Ported shroud compressor.
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Figure 28: Ported shroud flows.

It can be seen that the port recirculation flow increases when
the compressor mass flow reduces. The port can pass as much
as 40% of the impeller design flow. It can be seen from
Figure 30 that the port recirculation flow reduces when the
port width reduces. Figure 31 is the port width aﬀecting the
compressor performance for a ported compressor with the
port location at 16% of the shroud meridional length from
the impeller inducer. It can be seen that when the port
location is fixed, the port width increases from 0 to 0.6b2 , and
both the surge margin and choke margin increase. The
com-pressor adiabatic eﬃciency remains almost unchanged
until the port width is larger than 0.1b2 . The eﬃciency
drops almost negligibly up to a port width larger than
0.2b2 . Figure 31 also shows that the angle port (70 degree

with axial direction) has an advantage compared with a
straight port. The port design goal is to improve the surge
and choke margin without greatly aﬀecting the compressor
performance. In some applications, for example, the automobile and aviation industry, the surge margin, and choke
margins are both defined by certain eﬃciency levels. If the
eﬃciency is too low, the system cannot perform properly.
For those applications, the ported shroud applications are
very popular. The ported shroud not only can extend the
operational margin but also can improve the eﬃciency
near the choke and surge. For those applications, the
compressor map for a ported shroud demonstrated more
advantages than an unported compressor, as shown in
Figure 32.
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This paper provides several empirical consideration points in
designing centrifugal compressors, focusing on the impeller
design.
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(3) Leaning the blades creates a back sweep and retains
purely radial fibers, which are beneficial for bending
moments. Experience showed that impellers with a
back sweep generally have high eﬃciency. But lean
blade design needs to consider the impacts of the
impeller structure.

Figure 30: Flow inside bleed out from the port.
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(4) The velocity profile through the impeller blades
largely depends on the flow Reynolds number. For
low Reynolds number flows, the exit velocity profiles
are almost parabolic and only with a small portion of
the flat profile. For high Reynolds number flows, the
exit velocity profiles have large flat profiles.
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(2) In an initial stage of compressor design, selections
of the impeller inlet and the outlet velocity vectors
and choice of blade numbers are the key initial design
decisions.
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Figure 31: The compressor performance versus port width.

(5) The tip clearance aﬀects the overall compressor performance because it increases the magnitude of the
secondary flow inside the impeller blades and produces strong tip vortices.
(6) The tip clearance setting depends on the compressor’s
maximum surplus value. There are several methods
to reduce the tip clearance losses. A variable tip clearance is one of the potential designs.
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(7) Compressor impeller flow cuts are widely used
by compressor manufacturers. Some performance
impacts need to be considered for doing the flow cut.
(8) The ported shroud compressor has advantages for the
compressor performance. Many new ported shroud
structures have been proposed by many compressor
manufactures [24]. But some fundamentals discussed
in this paper can help designers to make the right
decisions.

Nomenclature
B2 , b2 :
C1 :
CP :
CM:
DF:
Ds :
dm:
dp:
F:
f:
H:
ICFM:
K:
L:
m:
N:
r:
Re:
ICFM:
M:
MR:
Mu:
Q:
RG:
RMS:
u, v:
V:
W:
x, y:

Impeller tip width (m)
Inlet axial velocity (m/s)
Pressure coeﬃcient = p/(0.5ρd2 U2 2 )
Choke margin
Diﬀusion factor
Specific diameter
Flow fluctuations (kg/s)
Pressure fluctuations (pa)
Function
Friction factor
Head (m)
Cubic foot per minute at inlet
Sand grain roughness (μm)
Blade meridional length (m)
Mass flow rate (kg/s)
Rotational speed (RPS)
RMS radius (m)
Reynolds number
Compressor inlet flow in ft/min.
Mach number
Mach number ratio
Head coeﬃcient = H/(D2 N)2
Volume metric flow rate (m3 /s)
Operating range = (Qc − Qs )/Qc
Root mean square
Velocities (m/s)
Velocity vector
RMS-relative velocity (m/s)
Cartesian coordinates.

Greek Symbols
μ: Viscosity (pa·s)
ϕ: Flow coeﬃcient = Q/(ND3 )
η: Adiabatic eﬃciency (total to static) =
(π (γ−1/γ) − 1)/(T2 /T01 − 1)
Ψ: Head coeﬃcient = h/u2 2
π: Pressure ratio
γ: Specific heat ratio.
Subscripts
1, 2: Impeller inlet and exit
C: Chock or clearance

l:
0:
ref:
S:

Loss
Zero clearance
Reference
Surge.
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The present experimental investigation deals with performance improvement of a low-speed centrifugal compressor by inexpensive
passive means such as turbulence generator placed at diﬀerent positions and partial shroud near the rotor blade tip. The
experiments are carried out at three values of tip clearance, namely 2.2%, 5.1%, and 7.9% of rotor blade height at the exit.
Performance tests are carried out for a total of 13 configurations. From these measurements, partial shroud is found to give
the best performance. The improvement in the compressor performance may be due to the reduction of tip leakage flows by the
small extension of partial shroud (2 mm on the pressure surface side). Although there is nominal change in performance due to
turbulence generator (TG), TG has beneficial eﬀect of increased operating range.

1. Introduction
The centrifugal compressors have a wide range of applications especially for power plants for small aircraft and helicopters, in process industries, compression of gases and
vapours, and refrigeration, because they can provide highpressure ratios and large operating ranges with relatively high
eﬃciencies. Centrifugal compressors are used primarily for
their suitability for handling small volume flows, but other
advantages include a shorter length than an equivalent axial
flow compressor, less susceptibility to loss of performance by
buildup of deposits on the blade surfaces, and their suitability
to operate over a wide range of mass flow. The eﬃciency
of a centrifugal compressor is lower than that of an axial
flow compressor. Eﬃciency is probably the most important
performance parameter for turbomachines. The conditions
of flow in the tip region of rotor blades are very complex
due to strong interaction of the leakage flow with the
boundary layers and secondary flows. The tip leakage flow
thus would have dominant eﬀect on the performance of a
compressor. A comprehensive review of tip clearance eﬀects
in centrifugal compressors is given by Pampreen [1]. Senoo

and Ishida [2] gave analytical expression to quantify the
tip clearance eﬀects in centrifugal blowers. Senoo [3] gave
a comprehensive review of mechanics of tip leakage flows
in axial and centrifugal compressors. Ishida et al. [4] had
tested centrifugal blowers with diﬀerent shapes (square,
round, and E-type, i.e., with an extension on the pressure
surface side) and found that E-type tip provided improved
performance. The concept of partial shrouded rotor in a
small high-speed high-pressure ratio centrifugal compressor
was computationally investigated by Tang et al. [5]. They
found that the leakage flow was reduced in the partially
shrouded rotor. Recently, Akturk and Camci [6] measured
three-dimensional mean flow near the tip of a ducted axial
fan rotor using a stereoscopic particle image velocimeter. A
number of novel tip treatments based on custom-designed
pressure side extensions were tested to mitigate tip leakage
flow. The chordwise location and the width of the extension
in the circumferential direction are systematically varied. Tip
platform extensions near the rotor blade trailing edge were
found to show the best tip treatment performance. They
[7, 8] further carried out computational and experimental
investigations on additional tip treatments. Kameier and
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Table 1: Design details of the rotor.

Total pressure rise, Δp
300 mm WG
Volume flow rate, V
1.12 m3 /s
Speed of rotation, N
2000 rpm
0.092
Shape number, Nsh
No. of rotor blades, Z
16
160 mm
Inducer hub diameter, d1h
300 mm
Inducer tip diameter, d1t
500 mm
Rotor tip diameter, d2
32.5 mm
Blade height at the exit, h2
Blade thickness
3 mm
35◦
Blade angle at inducer tip, β1t
Blade angle at inducer hub, β1h
53◦
Blade angle at exit, β2
(a) At hub: 75◦
(b) At mean section: 90◦
(c) At tip: 105◦
All the angles are measured w. r. t. tangential direction

Neise [9] had used Velcro tape in the radial clearance of an
axial compressor to improve its aerodynamic and acoustic
performance. Sitaram and Thakar [10] had applied this
technique in a low aspect ratio axial fan and found that its
performance was improved, even though the Velcro tape was
placed upstream of the rotor. Any simple passive means to
improve the eﬃciency and operating range of centrifugal
compressors is very useful. The present investigation is
undertaken with the objective of testing the eﬃcacy of inexpensive passive means, such as turbulence generator (TG)
and partial shrouds (PSs) to achieve increased operating
range and eﬃciency of a centrifugal compressor. These
passive devices are tested individually and in combination to
arrive at the best combination.

2. Experimental Facility, Passive Means,
and Instrumentation
2.1. Experimental Facility. The present experimental investigations are carried out on a low-speed centrifugal compressor setup available in Thermal Turbomachines Laboratory,
Department of Mechanical Engineering, Indian Institute of
Technology Madras. A schematic layout of the experimental
setup is shown in Figure 1. The experimental set up consists
of essentially a centrifugal rotor driven by a 5 kW D.C. motor
with a rated speed of 2000 rpm. The D.C. motor is directly
coupled to the shaft carrying the rotor.
The main components of the compressor are suction
duct, rotor, vaneless diﬀuser formed by the front and rear
walls of the casing and volute casing of circular cross-section,
and a delivery duct with a throttle at its outlet and nozzle
at the inlet. The major design details of the compressor are
given in Table 1.
2.2. Passive Means. Two inexpensive passive means, namely,
turbulence generator and partial shrouds, are used in the

Table 2: Configurations tested.
τ (%)
Basic configuration
(without passive device)
With TG only
With PS only
With TG + PS
With TG∗ only
With TG∗∗ + TG
With TG∗∗∗ only

2.2%

5.1%

7.9%

Config. 1

Config. 9

Config. 12

Config. 3
Config. 6
Config. 5
Config. 2
Config. 4
—

Config. 10
Config. 7
Config. 8
—
—
—

Config. 11
Config. 14
Config. 15
—
—
Config. 13

TG: turbulence generator on the casing at 15 mm upstream of inducer tip
leading edge.
TG∗ : turbulence generator on the casing at 30 mm upstream of inducer tip
leading edge.
TG∗∗ : turbulence generator on the hub at 30 mm upstream of inducer hub
leading edge.
TG∗∗∗ : turbulence generator on the casing at 400 mm dia.
PS: partial shrouds on the tip of the blade.

present investigation. The details of the passive means are
given below.
Turbulence Generator. Turbulence generator is used in the
experiment as a tripping device for the generation of turbulent boundary layers. A turbulence generator (TG) is
attached to the inside of the suction duct upstream of the
rotor. The turbulence generator (TG) is made of Velcro tape.
The Velcro tape is attached to the inside of the suction duct.
The axial width of Vecro tape is 10 mm, the length is
942.5 mm, and the thickness is 2 mm. A mild steel ring of
16 mm axial width, 3 mm thickness, and 930 mm length was
used to fix the Velcro tape to the suction duct. A layer of
Araldite of very small thickness was used between the tape
and the casing wall to attach the tape. The ring exerted uniform circumferential pressure all around the tape. The extra
Araldite came out of the gap between the suction duct wall
and the Velcro tape and removed. It was observed that the
time taken for the Araldite to harden was minimized and
the thickness of hardened Araldite was more or less uniform.
Also, there was no sag of Velcro tape, and there was no gap
between Velcro tape and suction duct.
Partial Shrouds. The partial shrouds were made of stainless
steel shims of 0.1 mm thickness. The stainless steel shim was
cut to the shape of rectangle pieces of 50 mm × 5 mm size.
These rectangle pieces were pasted on the tip of the blades
using an extremely thin layer of Araldite.
Various configurations were obtained by combining
TG and PS. Performance of the configurations with these
configurations was measured and compared at three values
of tip clearance, namely, 2.2%, 5.1%, and 7.9% of rotor blade
height at the exit. The details of the configurations tested are
given in Table 2 and shown in Figure 2. The blade-to-blade
view showing the partial shroud on the rotor blade tip is also
shown in Figure 2.
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(15) D. C. motor

(8) Position of probe at exit 1

(16) Throttle

Figure 1: Schematic diagram of centrifugal compressor setup.

2.3. Instrumentation. The performance of the compressor
was determined by the change in the static pressure across
the compressor. The static pressures on the suction duct and
delivery duct were measured using a scanning box (Model
FC091-3) and micromanometer (Model FCO12) manufactured by M/s Furness Control Ltd., Bexhill, UK The
scanning box contained 20 valves, which are numbered
sequentially. The pressures to be measured were connected to
the numbered inputs. Pressure inputs were read in sequence
by using the micromanometer. The micromanometer is a
sensitive diﬀerential pressure measuring unit, capable of
reading air pressures from 0.01 mm to 2000 mm WG. It

would respond to pressure inputs up to 50 Hz. But the time
constant potentiometer can be used to average the pressure
fluctuations.
The speed of the centrifugal compressor was measured
using a noncontact type digital tachometer. Four interconnected static pressure tappings on the inlet bell mouth casing
wall at the throat section were used to determine the inlet
velocity. Knowing the bellmouth area, the volume flow was
calculated using a suitable value of coeﬃcient of discharge
for the bellmouth. A D.C. motor with a separate exciter
is used to drive the rotor of the centrifugal compressor.
The input power was measured by means of voltmeters
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Figure 2: Details of configurations tested.

and ammeters connected separately for field and armature
supplies. A suitable value of motor eﬃciency was used to get
the rotor input power.

3. Results and Discussion
The results of the present investigation are presented and discussed in this section. The performance of the compressor in
terms of ψ versus φ and η versus φ is presented. The nondimensional parameters are defined as follows.
Flow coeﬃcient:
V
c2r
=
,
φ=
(1)
πd2 b2 U2
U2
where V is the volume flow (m3 /s) = πd2 b2 c2r , d2 the rotor
tip diameter (m), b2 the rotor blade width at exit (m), c2r the
radial velocity at rotor exit (m/s), and U2 the rotor tip speed
(m/s).
Energy coeﬃcient:
ψ=

2W
,
U22

(2)

where W is the specific work (m2 /s2 ) = (pd − ps )/ρ + (cd2 −
cs2 )/2 + gΔz.

Power coeﬃcient:
γ=

2ηm EI
2N c
=
,
ρAU23
ρAU23

(3)

where Nc is the coupling power (Watts) = ηm EI, E the motor
voltage (Volts), I the motor current (Amps), ηm the motor
eﬃciency, and A the suction duct area (m2 ).
Compressor eﬃciency,
η=

ρV W
.
Nc

(4)

3.1. Eﬀect of Configuration. Figure 3 shows the performance
characteristic in terms of energy coeﬃcient, ψ, versus flow
coeﬃcient, φ, for the three values of tip clearance. For τ =
2.2%, although the eﬀect of TG and TG∗ is to reduce ψ, stable operating range is slightly increased. The flow coeﬃcient
where maximum energy coeﬃcient, ψmax , occurs is reduced.
When TG∗∗ is placed on the rotating hub, along with TG
on the stationary casing, the energy coeﬃcient is reduced
substantially.
The eﬀect of TG on the performance curves is nominal
at lower values of clearance. However, at the higher value
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Figure 3: Performance characteristics of the centrifugal compressor (ψ versus φ): eﬀect of configuration.

of clearance of 7.9%, appreciable increase in ψ is achieved,
with a small increase in stable operating range. The eﬀect
of TG∗∗∗ placed in the clearance at a diameter of 400 mm
is negligible. TG had shown beneficial eﬀects on the performance of axial rotors [9, 10]. The low momentum fluid
in the casing wall boundary layer is energized by the TG.
In centrifugal rotors, although the low momentum fluid is
energized by TG, the boundary layer travels through a highly
curved channel. So TG may not have substantial impact on
the performance. However, at the higher value of tip clearance, some beneficial eﬀects are observed.
The eﬀect of the partial shroud is to improve the compressor performance, in terms of increased ψ and η, at the
three values of tip clearance tested. The value of φ where
ψmax occurs is reduced, thereby increasing stable operating
range. Although performance is measured up to the maximum volume flow, for the sake of clarity of presentation,
performance curves for all ψ versus φ curves are limited to
φ = 0.30. However, for η versus φ curves (Figure 4), complete range of performance is presented, that is, up to the
maximum value of φ of 0.40. The values of ψmax and φ where
ψmax occurs for all configurations are given in Table 3. The
trends of performance curves η versus φ are similar to
those of ψ versus φ curves. Configurations with PS clearly
show higher eﬃciencies as much as 5%. Because of the
extension of the partial shroud, the tip leakage flow has to
travel a longer distance before interacting with the main

flow. The contraction coeﬃcient across the tip clearance
reduces, reducing the tip leakage flow and losses. Hence, both
performance and eﬃciency of the rotor with partial shroud
are improved compared to those for the rotor without partial
shroud. The tip leakage flow is stronger near the exit of
the rotor, due to higher loading. Hence, partial shroud on
the rotor in this region has substantial eﬀects. The present
experiments are carried out with one configuration of partial
shroud. There is further scope to experiment with length
and width of the partial shroud to arrive at the best partial
shroud.
The most important performance parameters showing
the eﬀect of configuration are presented in Table 3. It can
be concluded that partial shroud has beneficial eﬀects on
the performance of the compressor, whereas the eﬀect of TG
is nominal, except at higher value of tip clearance. In the
present experiments, partial shroud with a very small extension of 2 mm on the pressure surface side of the rotor blade
is provided. The possible reason for the improvement in the
compressor performance due to this small extension may
be the reduction of tip leakage flows, due to reduction of
contraction coeﬃcient.
It must be emphasized here that the performance presented above includes not only losses in the rotor but also
losses in the diﬀuser, volute, and downstream duct with 90◦
bends.
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Figure 4: Performance characteristics of the centrifugal compressor (η versus φ): eﬀect of configuration.
Table 3: Eﬀect of configuration on performance.
τ (%)
2.2
2.2
2.2
2.2
2.2
2.2
5.1
5.1
5.1
5.1
7.9
7.9
7.9
7.9
7.9

Details of configuration
Without passive means
TG∗ only
TG only
TG + TG∗∗
TG + PS
PS only
Without passive means
TG only
PS only
TG + PS
Without passive means
TG only
PS only
TG + PS
TG∗∗∗

ψmax
1.188
1.173
1.191
1.156
1.205
1.204
1.173
1.172
1.186
1.192
1.153
1.167
1.185
1.170
1.157

3.2. Eﬀect of Tip Clearance. In order to determine the eﬀect
of tip clearance on the performance of the compressor with
and without passive means, the performance curves in terms
of ψ versus φ and η versus φ are replotted for the four configurations, namely, without passive means, with TG only,
with PS only, and with TG + PS for the three values of tip
clearances tested, that is, τ = 2.2%, 5.1%, and 7.9%.

φ at ψmax
0.169
0.124
0.132
0.143
0.135
0.139
0.156
0.121
0.109
0.146
0.121
0.113
0.101
0.128
0.124

η at ψmax
44.5
39.0
38.8
37.8
40.0
44.8
39.9
34.7
34.6
40.9
31.9
35.2
33.5
33.9
38.5

ηmax
47.1
48.2
47.6
45.7
50.0
49.7
45.4
48.0
49.4
49.3
45.5
44.9
48.6
46.8
45.2

φ at ηmax
0.217
0.262
0.250
0.217
0.207
0.237
0.237
0.250
0.241
0.237
0.230
0.241
0.222
0.248
0.225

The ψ versus φ curve (Figure 5) shows that the operating
range of the compressor is increased, for the basic configuration, as the tip clearance is increased. Similar results are
observed in a low-speed radial tipped centrifugal compressor
[11] and a high-speed centrifugal compressor [12]. The eﬀect
of passive means (i.e., TG, PS, and TG + PS) is to reduce this
trend. For both configurations, TG and TG + PS, ψmax occurs
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Figure 5: Performance characteristics of the centrifugal compressor (ψ versus φ): eﬀect of tip clearance.
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Figure 6: Performance characteristics of the centrifugal compressor (η versus φ): eﬀect of tip clearance.

at nearly the same flow coeﬃcient for the three clearances
tested. However, for configuration with PS, this benefit is
not much pronounced. Thus, it can be concluded that TG
has a beneficial eﬀect of increased operating range, at lower
value of tested clearance, although there is nominal change
in ψ and η. The trends of η versus φ curves (Figure 6) are
similar to those of ψ versus φ curves. Eﬃciency decreases
with increase in tip clearance. The decrease in eﬃciency is
as much as 5% for basic configuration, whereas it is smaller
for other configurations with passive means.
The eﬀect of tip clearance on the most important performance parameters is presented in Table 4 and Figure 7.
From the figure, it is evident that both PS and TG + PS
configurations give higher energy coeﬃcient compared to
basic and TG configurations. Although TG configuration

gives nearly the same value of energy coeﬃcient (except at
τ = 7.9%) compared to the basic configuration, sensitivity
of energy coeﬃcient with tip clearance is reduced from τ =
5.1% onwards. Similar observation is made for TG + PS
configuration compared with PS configuration. The value
of φ at maximum eﬃciency remains nearly constant with
tip clearance. However, the value of φ at maximum energy
coeﬃcient deceases with tip clearance. The value of φ at
maximum energy coeﬃcient is maximum for basic configuration followed by TG + PS, TG, and PS configurations.
The eﬃciency at the maximum value of ψ is the lowest
for basic configuration followed by TG, TG + PS, and PS configurations. However, the maximum eﬃciency is the highest for basic configuration followed by TG + PS, PS, and TG
configurations.
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Table 4: Eﬀect of tip clearance on ψmax and ηmax .
Details of configuration
Without passive means

TG only

PS only

TG + PS

τ (%)
2.2
5.1
7.9
2.2
5.1
7.9
2.2
5.1
7.9
2.2
5.1
7.9

ψmax
1.188
1.173
1.153
1.191
1.172
1.167
1.204
1.186
1.185
1.205
1.192
1.170

4. Conclusions
The following major conclusions are drawn from the present
investigation.
(1) Configurations with partial shroud (PS) show higher
energy coeﬃcient and eﬃciency compared to other
configurations. Partial shrouds have beneficial eﬀects
on increasing energy coeﬃcient and eﬃciency of
compressor.

φ at ψmax
0.169
0.156
0.121
0.132
0.121
0.113
0.139
0.109
0.101
0.135
0.146
0.128

η at ψmax
44.5
39.9
31.9
38.8
34.7
35.2
44.8
36.6
33.5
40.0
40.9
33.9

ηmax
47.1
45.4
45.5
47.6
48.0
44.9
49.7
49.4
48.6
50.0
49.3
46.8

φ at ηmax
0.217
0.237
0.230
0.250
0.250
0.241
0.237
0.241
0.222
0.207
0.237
0.248

(2) Other configurations, namely, TG and TG + PS,
also have beneficial eﬀects on the performance of
the compressor. However, configurations TG∗ , TG +
TG∗∗ , and TG∗∗∗ have detrimental eﬀects on the
performance of the compressor.
(3) Configuration 12 (basic configuration at τ = 7.9%)
gives poor performance, that is, reduced operating
range, reduced energy coeﬃcient and eﬃciency over
the entire operating range.
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(4) Turbulence generator (TG) has nominal eﬀects on
the energy coeﬃcient and eﬃciency of the compressor. However, the operating range of the compressor
is substantially increased.
(5) The sensitivity of energy coeﬃcient from τ = 5.1%
onwards is reduced for TG configurations.

Nomenclature
b:

Distance between the shroud and hub at the
rotor exit (m)
Velocity in delivery duct (m/s)
Cd :
Velocity in suction duct (m/s)
Cs :
d:
Rotor diameter (m)
N:
Rotational speed of rotor (rpm)
Coupling power (Watt)
Nc :
√
Shape number = N V/W 3/4
Nsh :
Pd :
Delivery pressure (Pa)
Suction pressure (Pa)
Ps :
TG:
Turbulence generator placed on the casing at
15 mm upstream the inducer leading edge
TG∗ : Turbulence generator placed on the casing at
30 mm upstream the inducer leading edge
TG∗∗ : Turbulence generator placed on the hub at
30 mm upstream of the inducer leading edge
TG∗∗∗ : Turbulence generator placed on the casing at
400 mm diameter
t:
Rotor blade clearance (m)
U:
Rotor tip speed = (πdn/60) (m/s)
V:
Volume flow rate (m3 /s)
W:
Specific work (m2 /s2 )
φ:
Flow coeﬃcient (defined in the text)
γ:
Power coeﬃcient (defined in the text)
η:
Eﬃciency (defined in the text)
ψ:
Energy coeﬃcient (defined in the text)
ρ:
Density of air (kg/m3 )
τ:
Tip clearance as a percentage of rotor blade
height at exit = (t/b2 ) × 100.
Subscript
2: Tip.
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Passive control devices based on casing treatments have already shown their capability to improve the flow stability in axial
compressors. However, their optimization remains complex due to a partial understanding of the related physical mechanisms.
In order to quantitatively assess the interaction between slots and the blade tip flow, the present paper develops a novel analysis
methodology based on a control-volume approach located in the rotor tip region. This methodology may be used for analyzing the
casing treatment based on both axi- and non-axisymmetric slots design. The second issue of the paper focuses on the application
of the current approach to better understand the eﬀects of axi- and non-axisymmetric grooves in three diﬀerent axial compressors
which diﬀer by the flow regime (subsonic/transonic) and the smooth casing shape (cylindrical/concave). Numerical simulations
are performed, and results of the current approach with and without casing treatments are compared.

1. Introduction
Today, it is mandatory for compressor designers to improve
performance in terms of eﬃciency and operating range
characterized by the stall margin at low mass flow rate. One
of the main diﬃculties encountered in this process is that
compressor stall is not always controlled through normal
aerodynamic design. Thus stall prevention techniques must
be used, and one promising technology known to bring
substantial stability for tip critical compressor rotor is
casing treatment (CT) [1]. This passive control device
consists of slots within the rotor casing and presents various
types of geometries: circumferential grooves [2–9], nonaxisymmetric slot-type CT [10–14] and self-recirculating
flow channels [15–17], and honeycomb [18]. Hathaway [19]
provides an extensive overview of the research studies over
the last 50 years that attempt to uncover the physics behind
the improvement in stall margin.
However, this understanding is still not complete since
experimental measurements in the near casing region are
elaborate. Moreover, postprocessing numerical results using

2D or 3D views hardly allow a quantification and can cause
in some cases a misunderstanding of the flow mechanisms.
Therefore, CT design requires analysis methods that need to
be as easy as possible to handle for aeroengine designers.
In this context, Shabbir and Adamczyk [3] proposed an
approach based on a budget analysis of the steady axial
momentum equation close to the rotor casing. This methodology provides further insight into the flow mechanisms
relevant to compressor stability systems. In fact, their paper
shows the approach is innovative to quantitatively ascertain
the influence of a design on the near casing flow and provides
guidance on groove design along the axial direction. However, the Shabbir and Adamczyk methodology is restrained
to the knowledge of changes in the balance of the steady axial
momentum equation while CT interaction with the main
flow is strongly complex (tridimensional and unsteady), thus
requiring information coming from each of the Navier Stokes
equations.
The current paper aims at further understanding and
quantitatively diagnosing complex flow mechanisms such as
those induced by CT. First, the paper described an extended
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Shabbir and Adamczyk model (ESA model) that calculates
the budget analysis of the Navier-Stokes set of (un)steady
equations. Then, the model is used to investigate the flow
mechanisms induced by CT in three diﬀerent axial compressors. The idea is here to have a large test range in order
to study the correlation between CT and the flow regime
(subsonic and transonic), CT and the original smooth wall
(SW) geometry (cylindrical or conical), and finally the
main diﬀerence between axi- and non-axisymmetric CT.
Results are based on numerical 3D calculations. In order to
apprehend this novel approach, the control-volume analysis
is hereafter limited to the axial momentum equation.

⎡
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⎢
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ρWz
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(2)

2. Flow Analysis Methodology
2.1. Equations. A control volume fixed in time and located
in the near casing flow is retained. This will provide a
quantitative understanding of the relevant fluid mechanisms
associated with SW and CT configurations. Thus, the balance
between the various terms which appear in the Navier-Stokes
equations is analyzed based on its finite volume formulation.
For simplicity reasons, the equations are considered in the
relative rotor frame and in cylindrical coordinates. Using the
divergence theorem, the Navier-Stokes equations in integral
form can be written as follows:




V

∂t

∂Q
=−
∂t

∂Ω

(1)

[BdAr + CdAθ + DdAz ] + V T,

where Ar , Aθ , and Az are the projection areas of the control
volume, V the constant volume of the control domain, Q the
conservative variables, B, C, and D vectors resulting from
the development of the advective and diﬀusive fluxes, and
T the forces per unit volume (usually named source terms).
These vectors are recalled in (2). The stresses in (2) include
both viscous and Reynolds stresses. In the same manner, the
heat flux takes into account the heat flux and the enthalpy
turbulent diﬀusion flux. This last term and the Reynolds
stresses are both approximated by an eddy viscosity model:
⎡

⎤

ρ
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ρWr Wθ − τrθ
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ρEr + Ps − τθθ Wθ − Wr τθr + Wz τθz + qθ

2.2. Numerical Resolution. Since the objective is to understand the balance of the various terms using numerical CFD
results, the semidiscretised in space for uncoupled time/space
integration formulation of (1) is considered. This procedure
corresponds to the finite volume method. For an individual
basic hexahedral cell, this formulation is written as follows:
⎡

6

⎥
⎥
⎥
⎥,
⎥
⎥
⎦
⎤
⎥
⎥
⎥
⎥,
⎥
⎥
⎦

(3)

where l designates the lth face bounding the cell, F the
numerical approximation of the exact flux (including the
below tensors B, C, and D), NΣl the external (nonunit)
normal to the face Σl = [Ar l , Aθ l , Azl ]T , and R the numerical
modelling residual of variable Q.
In order to access the information of all individual terms,
a computation postprocessing tool has been developed. Since
the volume does not depend on time, the source terms T
can be directly determined using (2). Concerning the time
derivative terms, the choice is done to determine those terms
at instant n by computing the opposite of the numerical
modelling residual at the same instant:

V

⎤

⎤

1 
1
∂Q
= − ⎣ F · NΣl − V T⎦ = − R(Q),
∂t
V l=1
V

∂Qn
= −R(Qn ).
∂t

(4)

Therefore, only the convective fluxes have to be computed
(here with a 2nd-order centered Jameson scheme [21].
Since most CFD codes solve the Navier-Stokes equations
in the cartesian reference frame, a specific treatment was
done to recover terms of (2) in cylindrical coordinates. To do
so, the fluxes constitutive of terms in (2) are build up through
projections of the cartesian fluxes into the cylindrical reference frame. This strategy, instead of applying a cylindrical
spatial scheme, permits to ensure the same numerical modelling residual than that in the cartesian equations. Equation
(5) presents the transformation matrix P for rotation by an
angle of θ over the longitudinal direction (i.e., z). Equation
(6) recalls the expressions for projections from cartesian
to cylindrical coordinates of the face areas A, the relative
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velocity vector W, the stress tensor τ, and the heat flux vector
q:
⎡

⎤

cos θ − sin θ 0
⎢
⎥
P = ⎣ sin θ cos θ 0⎦
0
0
1
Arθz = P −T · Axyz ,

(5)

Wrθz = P −T · Wxyz ,

τrθz = P −T · τxyz · P,

(6)

qrθz = P −T · qxyz .

For sake of clarity, the nomenclature used by Shabbir and

Adamczyk [3] is chosen. The operator Δ() = 6l=1 () is introduced and characterizes the balance of flux on an individual
basic cell. For example, the term Δ(ρWz Wr Ar ) appearing in
the axial momentum equation corresponds to the transport
of the axial momentum across the radial faces of a basic grid
cell.
The objective is to understand the balance of the various
terms by using data on a mesh grid. Thus, it is obvious that
the control volume retained is based on this mesh. In consequence, the current approach is extended to a control
  volume

composed
of
multiple
grid
cells.
The
operator
r
θ
z () =

()
is
introduced
and
realizes
the
cumulative
sum
on
r,θ,z
each individual grid cell. For example, the unsteady axial
momentum equation can be written as follows:
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where Fλ2 and Fλ4 correspond, respectively, to the 2nd and
4th numerical scalar artificial dissipation fluxes. These have
been added to the equation due to the use of the 2nd-order
centered Jameson scheme [21] in the numerical simulations.
Therefore, the novel method allows the quantification of
artificial dissipation fluxes on the balance of the axial momentum equation. Moreover, it is possible to localize regions
and flow structures where these fluxes are active. Finally,
notice that each term of (7) is homogeneous to a force per
unit volume ([kg·m−2 ·s−1 ]).
2.3. Application of the ESA Model
2.3.1. On Steady Flows. In the case of steady flow problems,
time derivative terms are null leading to a balance of the
advective and viscous fluxes and forces per volume unit. In
practice, the precision of this equilibrium depends on the
value of the numerical residual R. For numerical data, it
tends to reach zero at convergence according to the machines’
precision. Equation (3) can be simplified as follows:
R(Q) ≈ 0 ⇐⇒

6

i=1

F · NΣi − V TΩ ≈ 0.

(8)

2.3.2. On Unsteady Flows. Concerning unsteady flow problems, time derivative terms need to be determined since they
can strongly impact the equilibrium of the equations. Those
are taken equal to −R(Q), which is consistent only if the
result analyzed is a time-consistent solution (usually a periodic solution).
The current approach can be applied both on unsteady
and time-averaged solution allowing access of specific information of the numerical modelling residual. In fact, assuming that any flow variable Q can be decomposed into its mean
term Q plus its deterministic component Q (stochastic
component Q is neglected), that is, Q = Q + Q , and by
replacing each variable in (3), the residual operator can be
written as
R(Q) = R Q + R(Q ) = 0,

(9)

where R(Q) denotes the time-averaged balance of equation
and tends to zero since the unsteady problem is periodic
in time. R(Q) designates the residual applied to the timeaveraged flow field. R(Q ) indicates the time-averaged eﬀect
of the unsteadiness (also called lumped deterministic source
terms by Ratzlaﬀ et al. [23]).

3. Description of the Investigated
Axial Compressors
In order to understand the CT eﬀects on axial compressors
features, three axial compressors are numerically investigated
with and without CT: NASA Rotor 37 [24, 25], CREATE
[26], and CBUAA [22, 27]. They diﬀer by the geometry
of the smooth casing (cylindrical versus noncylindrical),
the flow regime (subsonic versus transonic), and the CT
geometry incorporated (circumferential grooves or slot-type
CT). These diﬀerences are resumed in Table 1. The following
paragraphs further describe the design features of these three
compressors.
3.1. NASA Rotor 37. The well-known transonic experimental
compressor NASA Rotor 37 (Figure 1) was designed and
tested at the NASA Lewis Research Center [24, 25]. The main
characteristics are recalled in Table 2. More details about
the compressor design, extensive results, and comparisons
of numerical and experimental data may be found in the
following references: Suder and Celestina [28], Chima [29],
Denton [30], and Dunham [20]. The NASA Rotor 37 has
been chosen since it is known for the occurrence of the
blade tip located rotating stall phenomena at operating
close to surge [31]. Note that the original configuration
experimentally tested does not include any CT (i.e., experimental data are only available for the SW configuration).
The implementation of casing grooves is only investigated
through numerical simulations.
The CT geometry is taken from Legras et al. [8] and
consists of 6 circumferential slots (Figure 5(a)). Each groove
is 3 mm wide (10.9% of rotor tip axial chord) with a gap
of 1.5 mm between each cavity. The height-to-width ratio is
0.7 : 1. The first groove starts at around x/C = 5% of the tip
chord upstream of the rotor tip leading edge. Concerning the
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Table 1: Diﬀerences between the axial compressors investigated.

Cylindrical
Noncylindrical
Circumferential
Slot type
Subsonic
Transonic

Geometry of the casing
Geometry of CT
Type of regime

Aero performance
data
Stn 1

NASA Rotor 37
—
X
X
—
—
X

Laser anemometer spanwise survey stations
Stn 1a 2

Stn 3

Aero performance
data

Investigated compressors
CREATE S1-R2
X
—
X
—
X
—

25A

270

26A

CBUAA
X
—
—
X
—
X

280

27A

290

28A

Stn 4a Stn 4

Shroud
Radial direction, R

Laser anemometer
Blade-to-blade
survey planes
95% span
90% span
70% span

R1

S1

R2

R3

S2

S3

IGV

50% span
30% span

Hub

Figure 2: Cross-section of the CREATE high-pressure compressor
and measurement planes.

NASA Rotor 37

Axial direction, Z

Table 3: Design features of CREATE.

Figure 1: Cross-section of the NASA Rotor 37 [28].
Table 2: Design features of the NASA Rotor 37 [20].
Number of blades
Tip radius at leading edge
Aspect ratio
Hub-tip radius ratio
Tip solidity
Tip clearance height
Rotation speed
Tip speed
Total pressure ratio
Adiabatic eﬃciency
Design mass flow
Choked mass flow

36
252 mm
1.19
0.70
1.288
0.356 mm
17188.7 rpm
457 m/s
2.106
0.877
20.188 kg·s−1
20.93 ± 0.14 kg·s−1

design, the objective was not to optimize the CT geometry
but to reach a comprehensive description of the change in
flow properties generated by the grooves. Therefore, it was
found interesting to investigate the impact of a slot that
surmounts the blade tip leading edge, even if its usefullness
is not obvious.
3.2. Multistage Compressor CREATE. CREATE (Compresseur de Recherche pour l’Etude des Eﬀets Aérodynamiques
et Technologiques, Figure 2) is a research 3.5-stage axial
compressor designed by SNECMA and tested at the Ecole
Centrale de Lyon in LMFA research laboratory. This subsonic
compressor is dedicated to aerothermal and aerodynamic

Cylindrical outer casing diameter
Rotation speed
Tip rotor speed

0.52 m
11543 rpm
313 m·s−1

Table 4: Number of blades of CREATE rows.
Row
IGV R1 S1 R2 S2 R3 S3
Number of blades per row (for 2π) 32 64 96 80 112 80 128
Number of blades for 2π/16
2 4 6 5 7 5 8

studies. Its geometry and rotation speed are representative
of high-pressure compressor median-rear blocks of modern
turbojet engine. Its design features are recalled in Tables 3
and 4. More details about the compressor design can be
found in Touyeras and Villain [26]. Thanks to the large
amount of measurements, this experimental compressor has
been the subject of diﬀerent research works focused on
rotor/stator interactions [32, 33] and CFD methods calibration and improvement [34–36].
It was numerically seen at nominal speed that the stability
of the untreated casing compressor is limited by the tip
clearance eﬀects on stages 2 and 3 [36]. As a result, it was
chosen to implement on both stages a CT in the form of five
axisymmetric grooves of equal width and equally distributed
in the axial direction. Details of the design study can be found
in Perrot et al. [4]. Note that, for confidentiality reasons, slots
dimensions are not mentioned, and the following results
are normalized. However, for the purpose of the current
study, the CT flow analysis is only focused on the grooves
implemented in the R2 rotor row. Furthermore, notice
that the numerical results are based on Legras et al. [37].
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3

14

7.3
5.9

35.6

S.S.

Blade

45 ◦
P.S.

R178.55

2

18.45
9

1

5

Figure 3: Cross-section view of the test section [22].
Table 5: Design features of the CBUAA [22].
Blade number
17
Tip diameter
355.8 mm
Design speed
22000 rpm
Hub-to-tip ratio
0.565
Aspect ratio
0.956
Mass flow at design point
13.4 kg·s−1
Total pressure ratio at design speed
1.6 (stage)
Adiabatic eﬃciency at design speed
0.88 (stage)
Relative Mach number of tip rotor speed
1.404

Performances are obtained on the overall configuration R1S3, whereas the CTs implemented in R2 are investigated using
modelisation of the S1-R2 configuration.
3.3. CBUAA Compressor Test Case. The Compressor of the
Beijing University of Aeronautics & Astronautics (CBUAA)
is a single-stage transonic axial compressor (Figure 3). A
brief description of the test rotor can be seen in Table 5. In
the experiment, the stator is placed far downstream of test
rotor; thus the isolated rotor environment can be established.
Experimental and numerical studies of the test case can be
found in Lin et al. [22] and Ning and Xu [27].
The slot-type CT is illustrated in Figure 4 [22, 27]. The
total slot number is 153 (9 times the blade number). The slots
are skewed to have a 45 degrees angle so that their openings
face the pressure side of the blades. The axial length of the
slots is 79% of the blade tip axial chord (with 39% exposed
to the blade tip). The ratio of the open area of the slots to
the casing annulus area is 0.8. The radial depth of the slots is
9 mm. Moreover, the CT has a recess chamber and its radial
depth is 9 mm.

4. Compressors Modelisation
4.1. Description of the Numerical Methods. All numerical
simulations are carried out using the elsA software developed by ONERA and CERFACS [38]. The code solves the
Favre-Reynolds-averaged Navier-Stokes equations on multiblock structured meshes using a cell-centered finite-volume
approach. It also allows the use of the Chimera method dedicated to modelize complex geometries typically generated by
technological eﬀects [39]. Thus, the Chimera method is here
used to model the CT.

Figure 4: Sketch of the CBUAA slot-type casing treatment [22].

Computations were run with a 2nd-order centered
Jameson scheme [21] for the estimation of convective fluxes.
The time marching is performed by an eﬃcient implicit time
integration scheme based on the backward Euler scheme and
a scalar lower-upper (lu) symmetric successive overrelaxation (SSOR) method. Concerning the numerical approach,
it diﬀers depending on the investigated compressor case (see
Table 6).
For the NASA Rotor 37 configuration, circumferential
grooves are axisymmetric. They can be considered as a continuing circumferential modification of the casing and then
be computed similarly to SW configuration in a conventional
steady-state approach.
Concerning the CREATE S1-R2 configuration, the use of
an unsteady approach with phase-lagged boundary conditions at the rows’ interfaces and on the periodic boundaries
enables to consider only one single-blade passage for each
row [40, 41].
For CBUAA case with slot-type CT, simulations used an
unsteady overset grids’ method coupled with a phase-lagged
condition at the interface between rotor and CT slot Chimera
blocks [42]. This procedure reduces the computational
domain to one single-blade passage and one CT slot.
The turbulence is modelized by the two-equation model
k − ω proposed by Wilcox [43] for both the NASA Rotor
37 and the CBUAA, and the two-equation model of k − ε
low-Reynolds of Launder-Sharma for the CREATE case. The
flow is assumed to be fully turbulent since the mean Reynolds
number based on the blade chord is approximately 5.106 .
Numerical validation and other modelling details are
given, respectively, for
(i) the NASA Rotor 37 in Legras et al. [8, 9],
(ii) the CREATE case in Legras et al. [37],
(iii) the CBUAA in Legras et al. [44], Castillon and Legras
[42].
4.2. Meshing Strategies. For all compressors, the flow domain
is discretized with a low-Reynolds multiblock structured
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Table 6: Numerical approaches performed according to the compressor investigated.
Investigated compressors
CREATE S1-R2 axi.
CT
—
X

Numerical approaches
NASA Rotor 37 axi. CT
Steady
Unsteady (phase-lagged)

X
—

Circumferential groove

Rotation
Inflow
Detail of the Chimera mesh

Hub
Tip clearance

Casing treatment block

Blade passage blocks
(a) NASA Rotor 37

Rotor bloc
Stator bloc
Chimera bloc

ow
Infl

(b) CREATE

Figure 5: Chimera meshes used for modelling circumferential CT.

CBUAA non axi. CT
—
X

International Journal of Rotating Machinery

7
2.3

Channel grid
Casing treatment grid

2.25
Pressure ratio (Rpi)

R
X

2.2
2.15
2.1
2.05
2

Rotor

1.95
1.9
0.91 0.92 0.93 0.94 0.95 0.96 0.97 0.98 0.99

1

1.01

1

1.01

Mass flow (m/mblockage )
(a) Pressure rise

Figure 6: Chimera mesh used for modelling the slot-type CT of the
CBUAA case.

0.91

approach. Each SW configuration counts approximately a
total of 1.2–1.5 million grid points. The meshes are clustered
towards the solid boundaries in order to reach the resolution
requirement of y + ≈ 1 (the size of the first layer is
approximatively 1 μm). They are characterized by 89 grid
points in the spanwise direction. The tip leakage region is
discretized using a “O-H” grid topology with 25 points in
the radial direction.
Concerning the CT configurations, they are based on the
SW meshes at which “H” Chimera blocks modelling the
casing grooves have been added (Figures 5 and 6).

5. Overall Performances
Figures 7, 8, and 9 present the measured and calculated performances at design speed, respectively, for the NASA Rotor
37, CREATE R1-S3 configuration, and CBUAA.
5.1. Results of the NASA Rotor 37. In Figure 7, the mass flow
rates are normalized by the experimental choked mass flow
(20.93 kg·s−1 ). The pressure ratio-mass flow curves show a
fairly good agreement between numerical and experimental
results for the SW configuration. However, the eﬃciency
curve resulting from the simulation is clearly shifted which
leads to underestimate the eﬃciency whatever the mass flow.
The numerical results of the CT configuration show only
slight diﬀerences with the SW case in terms of performance
(Figure 7). As observed by Legras et al. [8, 9], those small
diﬀerences are all the more surprising that important radial
flow exchanges occur between the 2nd and the 4th slots
and the main flow. It is interesting to note that nearly all
numerical studies that investigate CT for the NASA Rotor 37
present a relative insensitivity of the slots on the performance
(circumferential grooves [45–47]; semicircular slots [31]).
The application of the current methodology applied on the
near casing flow region can be useful to ascertain the flow
mechanisms, to quantify the fluxes and finally to understand

Isentropic eﬃciency (ηis )

0.9
0.89
0.88
0.87
0.86
0.85
0.84
0.83
0.82
0.91 0.92 0.93 0.94 0.95 0.96 0.97 0.98 0.99
Mass flow (m/mblockage )
Experimental: smooth wall
Simulation: smooth wall
Simulation: casing treatment
(b) Isentropic eﬃciency

Figure 7: Predicted NASA Rotor 37 characteristics at design speed.

why the implementation of CT is noneﬃcient in the NASA
Rotor 37.
5.2. Results of the CREATE R1-S3 Configuration. Overall
performances presented in Figure 8 are normalized by the
SW values at nominal operating conditions. Experimental
uncertainties are 0.46%, 0.17%, and 0.32%, respectively, for
the mass flow rate, the pressure ratio, and the isentropic
eﬃciency. Concerning the steady numerical results, the
limit of stability is estimated considering the last converged
calculation.
Results in Figure 8 show that the shapes of the pressure
rise and isentropic eﬃciency curves are correctly represented
by the simulations. The main information of Figure 8 is that
the numerical simulation is able to predict the trend observed
in the measurement that CT improves performances compared to the SW case. The relative shifts in performance
between both cases at design operating condition speed are
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Experimental: smooth wall
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(b) Isentropic eﬃciency

(b) Isentropic eﬃciency

Figure 8: CREATE characteristics relative to nominal operating
point (experimental versus numerical simulations).

Figure 9: CBUAA characteristics at design speed (experimental versus numerical simulations).

approximately Δηis,max = +1%, ΔRpimax = +2%. For the
steady simulations of the whole compressor being validated,
let us analyze the unsteady calculations of the S1-R2 configuration.
Moreover, Legras et al. [37] present local flow comparisons between CFD results and LDA measurements done in
the rotor tip clearance and inside the CT of CREATE compressor. They proved that the CFD model correctly predicts
the main characteristics of the flow in this region and
particularly the rotor tip vortex, the flow inside the CT, and
the flow interactions between the CT and the throughflow
(i.e., radial flow exchanges).

compared in Figure 9. The numerical curves shapes are in
fairly good agreement with the measurements. However,
numerical characteristics are shifted due to a larger mass flow
rate at chocked conditions than the measured value (as predicted by Lin et al. [22] and Ning and Xu [27]). Simulations
overestimate total pressure as well as eﬃciency magnitudes.
The stable operating range of the SW configuration is
correctly predicted. Concerning CT case, simulations clearly
underestimate the operating range due to the onset of stall
point at higher mass flow rate than the experiment. Finally,
the calculated eﬃciency curves of the CT configuration show
lower magnitude than the SW case one in the SW operating
range, whereas the magnitude of the total pressure CT curve
is similar. These diﬀerences have also been observed by other
authors who numerically investigated the present test case
[22, 27].

5.3. Results of the CBUAA. Rotor characteristics of both
SW and CT configurations obtained at 98% speed by the
experiment [22] and predicted by unsteady simulations are
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Figure 10: Views of the control volume located the NASA Rotor 37 tip clearance.

5.4. Discussion of the Eﬀect of CT Design on Overall Performances. The comparison of the three compressors performances indicates that the implementation of axisymmetric
CT induces a low stall margin improvement and no penalty
in compressor eﬃciency. On the contrary, non-axisymmetric
CT greatly improves the stall margin but reduces the
compressor eﬃciency. This observation suggests that the
more the CT is eﬃcient to enhance stall margin, the more
the compressor is subject to a decrease of its eﬃciency. This
observation is in agreement with results observed in the
literature by Hathaway [19].
Finally, based on the comparisons between experimental
and numerical results, it was considered that the numerical
models are able to reveal the overall flow mechanisms occurring near the outer casing. This is essential for the objective of
the present work aiming at understanding the local influence
of CT slots.

6. CT Flow Mechanisms Analysis according to
the ESA Model
This section is dedicated to the analysis of the flow interaction between rotor and CT at the last SW stable operating
point. To do so, the ESA model is used to get further insight
into the understanding of the phenomenon. In practical
terms, a control volume analysis is here performed on the
blade tip flow and comparisons between SW and CT configurations are done.
6.1. Equation Analyzed. As it has been observed in previous
studies, the CT interaction with the blade tip flow is mainly
tridimensional and unsteady. In order to handle the results
interpretation, the scope of the CT flow mechanisms’ study
is restrained to the analysis of the balance of the axial
momentum (7). Thus, results in terms of axial forces acting
on the blade tip flow are expected. This equation is chosen
since it describes the global flow across the rotor channel,
specially its pressure rise.
Here, we notice that the CFD computations presented before has been performed with steady as well as
unsteady approaches. Thus, for the NASA Rotor 37, steady

axial momentum balance have been computed. On the contrary, for the CREATE and CBUAA cases, instantaneous axial
momentum balances have been obtained for instants equally
spread over a respective known temporal period:
(i) for CREATE, 25 instants equally spread over one upstream stator blade S1 passing temporal period (TS1 );
(ii) for CBUAA, 17 instants spread over one CT slot
passing temporal period (TCT ).
For these two last compressors, the contribution of the
time derivative term ∂ρWz /∂t can be computed, which
cannot be done for NASA Rotor 37. In order to permit
comparisons between the three compressors, CREATE and
CBUAA instantaneous axial momentum balances are timeaveraged on their respective temporal periods. In other
words, NASA steady axial momentum balance is here compared to CREATE and CBUAA time-averaged axial momentum balances.
6.2. Definition of the Control Volume. For all configurations,
the control volume surrounds the rotor blade tip flow field
as shown in Figure 10. It is circumferentially delimited by
the rotor blade pitch, axially extended just upstream and
downstream of the rotor blade tip, and radially bounded by
the 5th/25 to the 20th/25 grid layers modelling the rotor tip
clearance. Therefore, due to the Chimera technique in the
grooved configurations, the control volume is not attached
to the shroud. In fact, the two last radial layers normal to
the casing are used for interpolation between grooves and
the blade passage blocks. These are not taken into account in
the control volume since they can mislead the Navier-Stokes
equations equilibrium.
6.3. Global Flow Mechanisms Acting on the Near Casing Flow.
Results of the axial momentum balance for the SW and CT
configurations are presented, respectively, for NASA Rotor 37
in Figure 11, CREATE in Figure 12, and CBUAA in Figure 13.
This kind of representation, as histograms, provides a macroscopic view of the diﬀerent axial forces acting on the control
volumes (i.e., the near casing flow). As a consequence, one
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Figure 13: CBUAA with and without CT: balance of the axial
momentum equation.
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converges to zero. This observation lends support that the
unsteady calculations correctly reach a time-periodic state.
Moreover, it can be observed that scalar artificial viscosity
fluxes (Fλ2 and Fλ4 ) are insignificant in spite of the presence
of a strong shock wave located in the blade tip region of the
NASA Rotor 37 and the CBUAA.

0

(Fλ4 )

ΔR(ρWz )
∑

∑

(Fλ2 )

∑

Δ(τzθ Aθ )
−

∑

Δ(τzr Ar )
∑
−

−

∑

Δ(τzz Az )

Δ(τzr Ar )

Δ(Ps Az )

Δ(ρWz Wθ Aθ )

−

∑

∑

Δ(ρWz Wr Ar )
∑

Forces directed
along z >0

Δ(ρWz Wr Ar )

Δ(ρW 2z Az )

∑

−3

∑
∑

Δ(ρW 2z Az )

−2

∑

−1

SW
CT

Figure 12: CREATE-R2 with and without CT: balance of the axial
momentum equation.

has to take care of the results interpretation since histograms
do not describe the local influence of CT. This will be further
done in the next section titled “Longitudinal evolutions of
the axial forces and CT contribution”.
Before discussing the physical analysis, it is instructive
to comment on the magnitude of the numerical terms of
the balance. Results show that the numerical modelling
residuals R(ρWz ) tend to zero leading to a good precision of
the balance of the equation. For the CREATE and CBUAA
cases, it signifies that the time-averaged temporal derivative
term (i.e., = −R(ρWz )) obtained from unsteady simulations

6.3.1. SW Results
General Overview. For all SW configurations, results highlight the presence of four main axial forces being applied on
the control volume:


(i) the axial pressure force Δ(Ps Az ) that corresponds
to the axial flow pressure rise across the rotor.
(ii) The axial force due to the transport of the
axial momentum across the longitudinal faces

Δ(ρWz 2 Az ). This term is similar to a dynamic
pressure force that acts on the same surfaces than
the pressure force. Its value relates to the flow
axial acceleration or deceleration. In fact, by simply
diﬀerentiating the terms between the axial outlet and
inlet of the control volume (i.e., [(ρWz 2 Az )outlet −
(ρWz 2 Az )inlet ]) and assuming that Wz is mainly
positive in the volume (which is not locally true due
to the presence of the tip leakage, casing boundary
layer,. . .), a negative (resp. positive) force corresponds
to a deceleration (resp. acceleration) of the flow. The
same reasonment can be done with Wz < 0 that leads
to the inverse conclusion. Results in Figures 11, 12,
and 13 indicate that the incoming flow decelerates
along the axial direction. This observation is coherent
with the general aerodynamic of compressor since
the casing boundary layer and the tip leakage flow
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greatlyinfluence the incoming flow. Furthermore, the
term Δ(ρWz 2 Az ) gives information on the axial
flow blockage occurring in the control volume.
(iii) The axial shear force
 acting on the radial faces of the
control volumes − Δ(τrz Ar ) induced by casing and
blade tip boundary layers as well as the tip leakage
flow.
(iv) The axial force due to the transport
of the axial mo
mentum across the radial faces Δ(ρWz Wr Ar ). This
term expresses the influence of the radial flow on the
balance of axial forces. This forceacts on the same
faces than the axial shear force − Δ(τrz Ar ). Thus,
it is believed that a change of one of these forces can
strongly influence the other.
All other terms are zero due to periodicity (forces acting
on Aθ faces) or to the radial thickness of the control volume.
It is worth noticing that the forces applied on the near casing
flow correspond to those observed in similar works done by
Shabbir and Adamczyk [3].
These axial forces can be distinguished depending on
whether they are acting in the same direction of the flow
(z > 0) or in opposite direction of the flow (z < 0). This
information is given by the sign of the terms. A sketch
describing the nomenclature of the axial forces acting on the
control volume is presented in Figure 22. The results show
for all compressors some coherent trends:


(i) the axial force due to Δ(Ps Az ) always acts in the
opposite direction of the flow advance since the term
is positive;

Δ(ρWz 2 Az ) and
(ii) the axial forces due to
− Δ(τrz Ar ) always act in the same direction
as the flow advance since the terms are negative.
This observation is consistent with the general aerodynamic of axial 
compressor. The casing boundary layer (represented by −  Δ(τrz Ar )) and the upstream flow advance
(describedby Δ(ρWz 2 Az )) balance the adverse pressure
gradient ( Δ(Ps Az )) created by the axial compressor. If the
boundary layer separates from the casing and/or if the flow
advance is too low (like when the mass flow rate is too low),
the pressure rise cannot be held, thus leading to an unstable
operating flow condition.
The diﬀerent compressors diﬀer by 
the magnitude of
these axial forces and the direction of the Δ(ρWz Wr Ar ).
Influence of the Casing Geometry. Figures 11, 12, and 13
clearly highlight the impact of the annulus shape (cylindrical
versus conical). In fact, both CREATE and CBUAA compressors, which have a cylindrical casing, show similar results
characterized by


Δ(Ps Az ) and
(i) same relative balance between

Δ(ρWz 2 Az ) and
the opposite axial forces
− Δ(τrz Ar ),

(ii) insignificant influence of Δ(ρWz Wr Ar ).
On the contrary, the NASA Rotor 37 that has a noncylindrical
casing shows the occurrence of another axial force that is
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due to Δ(ρWz Wr Ar ). This
 force comes to contribute with
the adverse pressure force Δ(Ps Az ) to counteract the flow
advance (i.e., z < 0). This result is clearly obvious since
the conical casing forces the flow to have a radial velocity
component Wr < 0. The near casing flow deflection is large
enough to aﬀect the balance of axialmomentum, and it
manifests itself through the axial force Δ(ρWz Wr Ar ).
Influence of the Flow Regime. The comparison between CREATE and CBUAA (Figures 12 and 13), which, respectively,
works in subsonic and transonic flow regime, indicates no
major diﬀerence in the axial momentum balance. Furthermore, the comparison between NASA Rotor 37 and CBUAA
(Figures 11 and 13) proves that the shape of the rotor casing
has a greater influence than the flow regime.
6.3.2. CT Results
General Overview. The results of the CT configurations in
Figures 11, 12, and 13 show the same type of forces acting on
the blade tip flow than SW cases. However, the influence of
CT is here revealed by changes of the axial forces contribution.
For all compressors,
the magnitude of pressure rise across

the rotor Δ(Ps Az ) follows the predicted overall performances (see Figures 7, 8, and 9).
Due to the radial flow exchanges between the grooves
and the throughflow (see [9, 37, 44] for images of the flow
exchanges), CT is expected to contribute to balance the axial
momentum equation with additional terms. As previously
assumed in the SW analysis, the radial flow exchanges
mightinfluence the axial momentum equation through the
force Δ(ρWz Wr Ar ). In fact, results are in agreement with
this hypothesis. They clearly show that the main impact
of the CT, whetherit is axisymmetric or not, is revealed
bythe changes of Δ(ρWz Wr Ar ) and the viscous force
− Δ(τrz Ar ) due to the casing boundary layer. As previously
announced, these two forces might influence each other since
they both act on the same faces of the
control volume. In fact,
Δ(ρWz Wr Ar ) changes
results reveal that the
axial
force

proportionnaly to − Δ(τrz Ar ). These observations can be
interpreted as follows: the radial fluid exchanges between the
CT slots and the rotor channel tend to replace the casing
boundary layer in its role to balance the adverse pressure
gradient. This suggests that the Wr magnitude is a key point
to the CT flow mechanisms. If the reasonment is pushed
further, one explanation of the CT eﬃciency to improve
the stall margin might come from its capability to perform
an axial force 
due to the radial flow exchanges (through
the axial force Δ(ρWz Wr Ar )) more robust to the adverse
pressure gradientthan the casing boundary layer (through
the axial force − Δ(τrz Ar )). Moreover, since the shear axial
force can induce a loss of eﬃciency, the use of radial flow
exchanges as an alternative to casing boundary layer eﬀect is
very interesting in order to increase the global eﬃciency of
the compressor rotor. As a consequence, the main diﬀerence
between axisymmetric and non-axisymmetric CT can be
evaluated depending on the Wr evolution.
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Figure 14: CREATE-R2 with and without CT: temporal evolution
of the main terms of the unsteady axial momentum equation.

Figure 15: CBUAA with and without CT: temporal evolution of the
main terms of the unsteady axial momentum equation.

The results of the NASA Rotor 37 (Figure 11) and CREATE (Figure 12) indicate thatcircumferential CT contribute
with additional axial force Δ(ρWz Wr Ar ) < 0 acting on
the flow advance. As expected, it is the eﬀect of the radial
flow exchanges and this observation is in agreement with
results of Shabbir and Adamczyk [3]. This adding term

Δ(ρWz Wr Ar ) < 0 is accompaniedwith a proportional
decrease of the viscous axial force − Δ(τrz Ar ). It can be
relied to the slight gain in eﬃciency observed in CREATE
performances (Figure 8). As a matter of fact, the main
role of axisymmetric CT is to turn or drive the force

Δ(ρWz Wr Ar ) more along the main flow direction, that is,
z > 0. This is consistent with the general conclusions that
previous studies have found that the reverse tip leakage flow
through the tip gap got pushed into the grooves by the reinjecting flow (in main flow direction) from the grooves.
On the contrary,the CBUUA slot-type CT contributes
by additional force Δ(ρWz Wr Ar ) > 0 acting in opposite
direction to the flow as well as  Δ(Ps Az ) (Figure 13).
Moreover, the viscous axial force − Δ(τrz Ar ) has increased
proportionally, thus explaining the slight decrease in eﬃciency observed in CBUAA performances (Figure 9). This
first result reveals that slot-type CT behaves in a diﬀerent
manner than circumferential CT. However, as mentioned
below histograms present a global and not a local influence
of the CT. For this particular CT geometry, a local analysis
has to be done to further understand the flow mechanisms as
it will be seen in the next paragraphs.
For both axi- and non-axisymmetric grooves, the balance
change is made possible through the modification of the
radial velocity Wr induced by flow exchanges between
grooves and the throughflow. It further supports that Wr is
quite important for the flow stabilization in the tip region.
This observation has to be confirmed by the local analysis of
the CT flow mechanisms.

6.3.3. Unsteady Flow Mechanisms. Figures 14 and 15 present,
respectively, for CREATE and CBUAA the temporal evolution of the unsteady axial momentum balance. This analysis
allows us to gain a quantitative and qualitative knowledge of
the contribution of the time derivative term ∂ρWz /∂t.
Results of the CREATE-R2. For the CREATE case, unsteady
results are presented over the upstream stator S1 passing
temporal period. Plots in Figure 14 show a sinusoidal timedependent evolution of the time-derivative term influenced
by the stator S1 blade passage frequency TS1 . Its timeaveraged value tends to zero, in agreement with results
shown in Figure 12. Concerning its temporal fluctuations,
amplitudes are particularly pronounced for the CT case
with higher values of a factor 2 compared to the SW.
Moreover, results show
 that ∂ρWz /∂t amplitudes are mainly
Δ(Ps Az ) in the SW case and those of
driven
by
those
of

Δ(ρWz Wr Ar ) in
the
CT case. In fact, CT deadens the

magnitude of the Δ(Ps Az ) fluctuations by a factor 2 which
is believed to greatly enhance the flow stability (because
the pressure gradient opposes the flow). The increase
Δ(ρWz Wr Ar ) fluctuation, which drives the timein
dependent term, proves that groove mechanisms strongly respond to upstream flow unsteadiness.
Results of the CBUAA. Concerning the CBUAA case, unsteady results are presented over the CT slot passing temporal
period TCT . Plots in Figure 15 indicate that all terms present
a “quasi-steady” behaviour, supporting that unsteadiness of
the CT interaction with the throughflow is insignificant. This
observation is especially confirmed by the zero magnitude
over TCT of the time-derivative term ∂ρWz /∂t. This “quasisteady” behaviour has already been observed by Lin et al.
[22], and Ning and Xu [27]. Indeed, the unsteady time
scale of the discrete treatment slots is therefore considerably
small compared to that of the blade passage [27]; thus the

International Journal of Rotating Machinery
60
50
40
30

Zone A

Zone B

20
10
0
−10
−20
−30

−20 −10

0
∑

10 20 30 40 50 60 70 80 90 100 110
Axial chord (%)

SW: ∑ Δ(ρW 2z dAz )
SW: Δ(ρWz Wr dAr )
∑
SW: Δ(τzr dAr )

∑

CT: Δ(ρW 2z dAz )
∑
CT: Δ(ρWz Wr dAr )
∑
CT: Δ(τzr dAr )

Figure 16: NASA Rotor 37 with and without CT: cumulative sum
in the axial direction of the principal terms involved in the axial
momentum equation.

unsteadiness of blade passage is weak. One reason to this
phenomena might come from the ratio between the slot
area and the area between the individual slots (which is
very small here). Despite the high temporal resolution of
the CT slot passing temporal period (TCT = 170 iterations),
this particular test case fails to meet expectations in terms
of analysis of unsteady flow interaction between the CT slots
and the rotor channel. However, the eﬀort is now focused on
the analysis of local changes of the axial momentum balance
in order to get more qualitative and quantitative information
on the contribution of the CT slots.
6.4. Longitudinal Evolutions of the Axial Forces
 and CT
− Δ(τrz Ar ),
Contribution.
Since
axial
forces
due
to


Δ(ρWz Wr Ar ), and
Δ(ρWz 2 Az ) highlight the change
between SW and CT cases, it is interesting to investigate
their respective axial evolution to further understand the
flow interaction between CT and the throughflow. Figures
16 and 18 present the cumulative sum along the axial
direction of these terms, respectively, for the NASA Rotor
37 and CBUAA. Figure 17 recalled from Legras et al. [37]
the cumulative sum for the CREATE compressor of both
steady and unsteady axial momentum balances. In the
current study, only the unsteady curves are analyzed. Further
comments on the diﬀerence between the steady and unsteady
results are discussed in Legras et al. [37]. These diagrams
provide information on the region where flow is highly
constrained and on individual grooves contribution. The
shaded bands denote the axial location of the casing grooves.
6.4.1. SW Results. Results of all SW configurations show that
the eﬀorts evolve in amplitude in a nonlinear manner along
the axial direction.
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The curve of viscous term −Δ(τrz Ar ) begins to grow near
the leading edge. To relate these trends to the flow physics,
Figure 19(a) presents at the mid-height of the CBUAA rotor
tip gap, the flow field of −Δ(τrz Ar ). It can be observed that
the growth of −Δ(τrz Ar ) can be relied firstly to the tip leakage
vortex (referred as region A in Figure 19(a)) and secondly
to the interaction of the detached shock with the shroud
boundary layers (in a less pronounced manner).
Concerning the curve of the term Δ(ρWz 2 Az ), it begins
to grow in negative value before the blade leading edge
for the NASA Rotor 37 and CBUAA cases. Contour plots
of Δ(ρWz 2 Az ) in the CBUAA rotor tip gap presented.
Figure 20(a) reveals that this growing trend is linked to
the flow acceleration before the blade detached shock.
Next, the curve slightly increases in positive values. This
observation relates to the incoming flow deceleration due to
its interaction with the tip leakage flow. Further downstream
in the blade channel, the curve increases in negative values
due to the presence of the tip leakage flow.
The curve of term Δ(ρWz Wr Ar ) axially evolves in
“quasi-” opposite magnitude of Δ(ρWz 2 Az ) curve. In fact,
Wr acts here as a “coeﬃcient of amplification.” This observation is confirmed by Figure 21(a), where contour plots are
very similar to those of Δ(ρWz 2 Az ) in Figure 20(a).
To resume, the SW results highlight strong axial force
magnitude due to the tip leakage flow and, when a detached
blade shock exists, due to the interaction between leakage
flow and blade passage shock. However, the detached blade
shock has a lower influence in term of force magnitude than
the tip leakage flow. It explains why the axial momentum
balances of CREATE (subsonic regime) and CBUAA (transonic regime) are very similar. Concerning the diﬀerence of
Δ(ρWz Wr Ar ) and Δ(ρWz2 Az ) between NASA Rotor 37 and
CBUAA, it can clearly be explained by the casing shape. In
fact, the rapid growth of Δ(ρWz Wr Ar ) and Δ(ρWz2 Az ) curves
in NASA Rotor 37 corresponds to the location of the greatest
slope of the casing form.
6.4.2. CT Results. Results of the CT configurations clearly
highlight the local contribution of the slots.
For both axi- and non-axisymmetric CT, the curve
shapes of the viscous term −Δ(τrz Ar ) are very similar to those
of the SW cases, except that CT delays further downstream
the beginning of the growth rate. Since this term can
be relied to the tip leakage flow, this observation can be
explained by an attenuation of the spread of the leakage
flow perpendicular to the blade. This is confirmed when
comparing Figures 19(a) and 19(b). Moreover, referring
to the CBUAA histograms in Figure 13, CT configuration
shows higher magnitude of viscous term −Δ(τrz Ar ). In fact,
contour plots in Figure 19(b) indicate the presence of a
second region of high viscous axial force denoted B and
located along the rear part of the CT slots. As seen by Legras
et al. [44], this part of the slot is responsible for flow bleeding,
whereas at the front part the recirculated flow is reinjected
into the throughflow. This observation suggests that the
flow bleeding mechanism induces strong shear layer that can
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increase viscous losses, thus explaining the eﬃciency losses
observed with the use of the slot-type CT.
The CT eﬀects are even more highlighted by the curve
of Δ(ρWz Wr Ar ). In fact, one can notice that axisymmetric
CTs in NASA Rotor 37 and CREATE cases create an axial
force Δ(ρWz Wr Ar ) < 0 in opposite direction to the flow
advance. This explains the change observed in the previous
histograms (Figures 11 and 12). This creation of axial force
Δ(ρWz Wr Ar ) < 0 can be relied to the bleeding eﬀect of
the grooves since Wr > 0 has been observed in previous
studies [9, 37]. Moreover, this kind of analysis permits to
identify the groove eﬀectiveness depending on its capability
to create this previous axial force, thus a bleeding eﬀect. For
the NASA Rotor 37, results show that the 2nd, 3rd, and 4th
grooves are useful at the last stable point numerically seen
for SW configuration. For the CREATE, Legras et al. [37]
conclude that the 3rd groove is eﬃcient at the last stable point
numerically seen for SW configuration.
Concerning the CBUAA slot-type CT, the bleeding eﬀect
along
the rear part of the CT slots creates an axial force

Δ(ρWz Wr Ar ) < 0 directed along the flow advance. This
observation is confirmed by Figure 21(a) and is refered as
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zone D. As a matter of fact, the bleeding mechanisms of
slot-type CT have a relatively similar eﬀect than observed
with circumferential CT. This is consistent with the general
conclusions that previous studies have found that the reverse
tip leakage flow through the tip gap got pushed into the
grooves by the reinjecting flow (in main flow direction) from
the grooves. On the contrary, the flow blowing mechanism
along the front part of the CT induces axial force of

Δ(ρWz Wr Ar ) > 0 acting in opposite direction to the
flow advance (refered as zone C in Figure 21(a)). In fact, the
reinjected flow tends to radially deviate the incoming flow.

Concerning the term of Δ(ρWz 2 Az ),curves mainly
evolve in opposite magnitude to the term Δ(ρWz Wr Ar ).
Moreover, results of CBUAA with slot-type CT indicate that
the blowing mechanism at the CT front part creates an axial
force Δ(ρWz 2 Az ) < 0 in the direction to the flow advance
(see Figure 20(b), zone C). This observation suggests that the
near casing flow is further accelerated. This is consistent with
previous studies that the reinjected flow energizes the near
casing flow. On the contrary, the flow bleeding mechanism
creates an axial force Δ(ρWz 2 Az ) > 0 in the opposite
direction to the flow advance. This is consistent since the near
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casing flow bled lost its axial velocity in order to be radially
deflected into the CT slots.
6.5. Recommendation on the Useful Interpretation of the
CT Flow Mechanisms Using the ESA Model. The analysis
of the slot-type CT of the CBUAA compressor shows
the limitation of the use of the histograms as a tool to
investigate CT flow mechanisms. In fact, the histograms
present a global overview of the forces being applied on
a rotor tip control volume. They tend to “smooth” the
local eﬀect of CT flow mecha nisms (mainly both bleeding
and blowing mechanisms). For an analysis of axisymmetric
CT, histograms can be useful, whereas for slot-type CT
the histograms prove to be not suﬃcient. Thus, one has
to take care of the interpretation of the histograms. The
main interest of the model comes from the analysis of the
longitudinal evolutions of the axial forces since it permits
to reveal the local CT flow mechanisms as well as the CT
individual grooves’ contribution. So, it is recommended to
perform both global and local analysis using the ESA model
in order to further understand the flow mechanisms induced
by CT.

7. Conclusion
This paper has presented a generalized method of the
Shabbir and Adamczyk approach for uncovering the flow
mechanisms induced by casing treatment (CT) using CFD
numerical simulations. Compared to Shabbir’s approach,
this method permits to analyze any CT geometry, thanks to
a budget analysis of each of the Navier-Stokes (un)steady
momentum equations. In the current paper, only the equilibrium of the axial momentum equations is analyzed since it
describes the global flow across the rotor channel, specially its

pressure rise. The novel method has been used to investigate
the flow interaction between axi and non-axisymmetric CT
and the throughflow for three diﬀerent axial compressors.
They diﬀer by the flow regime (subsonic/transonic), the
untreated casing shape (cylindrical/conical), and the CT
implemented (axi-/non axisymmetric CT).
The comparison of the three compressors indicates
that axisymmetric CT is characterized by its flow bleeding
eﬀect that creates an axial force Δ(ρWz Wr Ar ) < 0. It is
shown that the benefit of this force on the flow stability
is more dependant on the casing shape than the flow
regime. Concerning slot-type CT, it is characterized by both
a bleeding eﬀect at the rear part, which creates an axial
force Δ(ρWz Wr Ar ) < 0, and a blowing eﬀect at the front
part that energizes the near casing flow by creating axial
force Δ(ρWz2 Az ) < 0. However, its strong bleeding eﬀect
is responsible of additional viscous losses explaining the
eﬃciency losses observed with the use of slot-type CT. These
conclusions are rather diﬃcult to be stated from the only
histograms. Thus, it is strongly recommended to focus on the
axial distribution of the axial forces to further understand the
interaction between the CT and the flow. Furthermore, since
both axi- and non-axisymmetric CT create an axial force
Δ(ρWz Wr Ar ) < 0, it lends support that the radial velocity
component Wr is of a main interest for the stability of the tip
flow.
The current analysis methodology proved its potential to
help in the designing of CT. However, there are still many
questions on the understanding of the CT mechanisms that
the model can answer. The main perspectives concern
(i) the analysis of tangential momentum: since the tangential force is the main force of compressors, it could
be interesting to investigate the influence of CT,
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(ii) the analysis of the balance at part speed,
(iii) the resolution of the momentum equation in the
streamline reference frame rather than cylindrical.
Finally, it can also be easily used to uncover the flow
mechanisms in order to design a large panel of flow passive
control devices: film cooling, and boundary layer aspiration
in the turbomachinery field as well as for aircraft or helicopter applications.

Nomenclature
Symbols
Surface area of a grid cell = [Ar , Aθ , Az ]T
Relative energy
Centrifugal force
Coriolis force
2nd- and 4th-order numerical scalar
artificial dissipation fluxes
ṁ:
Mass flow rate
Static pressure
Ps :
q:
Heat flux vector = [qr , qθ , qz ]T
Q:
Conservative variable
R:
Numerical modelling residual
R:
Number of rotor row
Rpi: Total-to-total pressure ratio
r, θ, z: Cylindrical coordinates
S:
Number of stator row
t:
Time

A:
Er :
Fcen :
Fcor :
Fλ2,4 :

V : Volume of the control domain
V: Absolute velocity = [Vr , Vθ , Vz ]T
W: Relative velocity = [Wr , Wθ , Wz ]T .
Greek Letters
ηis :
γ:
μ:
ω:
ρ:
τ:

Isentropic eﬃciency
Specific heat ratio
Molecular dynamic viscosity
Rotation speed
Density
Sum of the viscous and turbulence stress
tensor.

Abbreviation
CBUAA: Compressor of the Beijing University of
Aeronautics & Astronautics
CT:
Casing treatment
ESA:
Extended Shabbir and Adamczyk model
SW:
Smooth wall.
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di Meccanica ed Energetica (DiME), Università Degli Studi di Napoli Federico II, 80125 Napoli, Italy
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The authors here extend a 0D-1D thermofluid dynamic simulation approach to describe the phenomena internal to the volumetric
machines, reproducing pressure waves’ propagation in the ducts. This paper reports the first analysis of these phenomena in
a reciprocating compressor. The first part presents a detailed experimental analysis of an open-type reciprocating compressor
equipped with internal sensors. The second part describes a 0D-1D thermofluid dynamic simulation of the compressor.
Comparison of computed and measured values of discharge mass flow rate shows a good agreement between results for
compression ratio β < 5. Then, to improve the model fitting at higher pressures, a new scheme has been developed to predict the
blow-by through the ring pack volumes. This model is based on a series of volumes and links which simulate the rings’ motions
inside the grooves, while the ring dynamics are imposed using data from the literature about blow-by in internal combustion
engines. The validation is obtained comparing experimental and computing data of the two cylinder engine blowby. After the
validation, a new comparison of mass flow rate on the compressor shows a better fitting of the curves at higher compression ratio.

1. Introduction
1.1. Background. Volumetric compressors, alternative and
rotary, represent an element of large utilities in the domestic
field as in industrial applications, in particular, the refrigeration cycle [1, 2]. In today’s world, energy optimization
is of the utmost importance, therefore, it is crucial to find
tools which can support the planning phase to increase the
eﬃciency of these machines. Imagine, that approximately
11% of the produced electrical energy today is destined to
power domestic refrigeration [3]. Reported in this paper
is a method for the simulation of 0D-1D fluid-dynamic
phenomena which occurs in the volumetric machines,
noting the results from a study of problems linked to
volumetric reciprocating engine, that in the future will be
extended also to rotary. For years, the most widely used
and reliable approach was the empirical one [4], because of
the complexity of physical phenomena that takes place in
the thermal machines. This occurs because the functioning
at full performance of a volumetric compressor is not
stationary but periodic; equations that govern the mass

transport in the pipelines are not linear, so they cannot
be resolved through an analytic method. However, the
development of computing potential and of theoreticalnumeric methods suggest a new approach, based on the
use of fluid-dynamic models. These models are divided into
a diﬀerent kind of sophistication. Depending on the user’s
needs, there are semiempirical models, whose equations are
studied on the results of a focused experimentation [3],
simplified analytics models, quite common in the industrial
field [2] as they describe the compressor overall. Finally, there
are more thorough models [4–6], governed by diﬀerential
not stationary equations linked to the individual volumes
in which the machine is divided. The thorough models are
very important in the research field as they allow us to study
many phenomena which take place inside the machine. For
example, it was proved that the pressure waves that travel
through the discharge pipes, governed also by the dynamics
of automatic or controlled valves [7, 8], are a major source
of noise radiation from reciprocating compressors. The
detection of these parameters which govern these pulsations
can lead to the development of instruments which could
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Figure 1: Test bed layout.

(b)

Figure 2: (a) Reed valve deflection, (b) outlet valve.

reduce this noise radiation. Thanks to this kind of approach,
a substantial reduction of cost and development time can be
obtained, allowing in just a short time a sensitivity analysis to
the many functional and structural parameters showing the
best solutions to be tested experimentally.
1.2. Targets of the Thermofluid Dynamic Simulation. In this
perspective, during the last two decades [6, 9–25], a 0D1D fluid-dynamic simulation software was developed at
DiME for the alternative internal combustion engine. Based
on the resolution of flow equations in the pipes out of
the cylinders, adopting a one-dimensional schematization,
while the capacity in variable volume condition (the cylinder) is resolved through a zero-dimensional approach, it
was considered that variables do not change on a spatial
coordinate, but they are only a function of time. Through
the use of this tool, in the first part of this work, a new
scheme for the simulation of a V-twin compressor was
proposed, starting from the knowledge of the construction
features of the machine. In particular, the layout of a test
bed was reproduced, on which the stationary tests were
carried out, having provided the average values of pressure,
temperature, and airflow at the outlet. The comparison
between the experimental and simulated values has allowed a
first check of the results to be obtained. Then, the “blow-by”
has been studied, which is the phenomenon of gas leakage

p

A
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B

C

F

A

XD

B

D

Figure 3: Deflection of a simply supported beam under uniformly
distributed and concentrated load.
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The compressor which is the object of this theoretical and
experimental analysis is a FIAC V254, a twin reciprocating
v-unit with its total displacement being 165 cm3 . Figure 1
represents the layout of the equipment with which the
tests were made. The compressor (2) is moved by a threephase asynchronous electric motor (1) of 2.2 kW lead to the
nominal speed of 1500 rpm through an inverter (15). Motor
and compressor are connected by a flexible coupling. The
compressor feeds a 50 liter tank (4).
A cooling coil (3) is placed between the compressor and
the tank to cool down the air mass flow before it reaches
the tank. Downstream of the heat exchanger is placed in
a manual lamination valve (5) which is necessary both to
perform constant pressure tests and to empty the tank at the
end of the session. After which the lamination valve is placed
in a volumetric flowmeter (10). In Table 1, data are collected
in 10 stationary tests, with each test featuring a constant
pressure in the tank [27].

3. Numerical Models: The Code
TF

SR

TNK
External environment volume
Zero-dimensional element with variable volume
Mono-dimensional element
Valve link
Constant cross section link

Figure 4: Geometric layout of the compressor.

that takes place between the compression chamber and the
crankcase as a result of the clearance between piston, cylinder
liner, and rings. To this end, starting from [8] and from
the current knowledge about the rings dynamic inside the
internal combustion engine [26], a model for the simulation
of “blow-by” inside the compressors has been implemented.
The targets to achieve here were as follows:
(i) to improve the predictability of the 0D-1D model
introducing a scheme which considers the leakage in
cylinders in the volumetric compressors,
(ii) to provide an indicative framework of the fluid
dynamic phenomena which take place inside the
piston sealing system, also in relation to the segments
dynamic,
(iii) to suggest a new approach to volumetric machine
simulation taking into account the leakage phenomena that is not negligible, especially in the rotary
machines.

A computer code recently developed by DiME researchers
has been employed, for the evaluation of component
matching and estimation of the in-cylinder and in-pipe
processes [6, 9–25]. The code, being of a modular type, can
easily handle diﬀerent engine configurations (i.e., single or
multicylinder compression-ignition engines [13–15], twostroke spark-ignition engines [6, 10, 11, 19, 24], such as four
strokes, either aspirated or supercharged [18, 20, 22, 23],
etc.). Moreover, three-dimensional models in the cylinder
have been integrated such as the KIVA [15–17, 22, 24], to
evaluate the 3D phenomena in a transient state.
0D Model. A filling and emptying technique is adopted
for calculating the time-varying conditions inside variable
volume devices (i.e., cylinders, displacement compressors,
etc.) The general formulation of the governing equations
for mass and energy balance within a control volume is
shown below. Particular care was paid to the determination
of gas properties: The mass equation has been split into three
equations (1), (2), and (3), which, respectively, take into
account the total mass balance and those of residual and fuel
mass fractions:
inj

ṁ = ṁ f +



ṁvlv
i ,

ṁ = ṁa + ṁr + ṁ f ,

i

ṁr =





ṁvlv
r,i

+ ṁcmb
f

i

1
ẋr = (ṁr − xr ṁ),
m
inj

ṁ f = ṁ f +



(1)



1 + fst
,
fst

m
xr = r ,
m

(2)

cmb
ṁvlv
f ,i − ṁ f ,

i


1
ẋ f =
ṁ f − x f ṁ ,
m

xf =

mf
.
m

(3)
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Table 1: Experimental data.

Test number
9
8
7
6
5
4
3
2
1
0

pamb (bar)
1.017
1.017
1.017
1.017
1.017
1.017
1.017
1.017
1.017
1.017

Tamb (K)
299
299
299
299
299
299
299
299
299
299

n (rpm)
1487
1498
1495
1493
1494
1504
1497
1495
1506
1506

Ptnk (bar)
9.998
9.019
8.010
7.024
6.019
5.045
3.994
2.998
2.017
1.199

Toil (K)
340
331
340
337
335
331
328
324
321
318

The energy equation was properly rearranged with a correct
gas mixture property calculation:


Ṫ =

inj

(1/m) − pV̇ − Q̇w + ṁ f h(o)
f +



vlv
i ṁi hi

− eṁ − m(∂e/∂xr )ẋr −



cv + p/T

AT /A p



p/A p



∂e/∂p



ṁ/m − V̇ /V +((1/R)(∂R/∂xr ))ẋr

∂e/∂p

,
(4)





being A p = 1 −

p ∂R
T ∂R
,
; AT = 1 +
R ∂p
R ∂T

p=

mRT
.
V
(5)

The system of equations (1)–(5), written for each control
volume, is solved at each time step by a fourth-order
Runge-Kutta scheme. The same technique is employed for
a preliminary evaluation of conditions inside intake and
exhaust systems.
The system of equations, written for each control volume, is solved at each time step by a fourth-order RungeKutta scheme.
1D Flow Model. As widely described in the quoted papers,
this model is based on a one-dimensional unsteady compressible flow through external ducts, therefore, being able to
characterize the wave propagation which controls the filling
of each cylinder. The mass, momentum, and energy balance
equations in conservative form (6) are solved with the TVD
method [9, 28]. The terms ρ, u, p, E = cv T + u2 /2, H = c p T +
u2 /2 in the equation system (6) are, respectively, density,
velocity, pressure, energy, and total enthalpy per mass unit.
Further balance equations for the chemical species and
xr and x f , which indicate the mass fractions of exhaust
gas and fuel, are written to evaluate the gas mixture when
the aspiration valve closes. The system is solved by using a
“thermodynamic state” table for the simulated gas, this table
is included in the software.
The vector of source terms, S, takes into account
the eﬀects of the variable section Ω of the duct (α =
(1/Ω)(dΩ/dt)), the influence of friction ( f ), and the heat

exchange (q) as described in [6]:
Ut + [F(U)]x = S,
⎫
⎧
ρ ⎪
⎪
⎪
⎪
⎪
⎪
⎪
⎪
⎪
⎬
⎨ ρu ⎪

U = ⎪ ρE ⎪,
⎪
⎪
⎪
ρxr ⎪
⎪
⎪
⎪
⎪
⎭
⎩
ρx f

(6)
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⎧
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⎪
⎪
⎭

Dynamic Reed Valve Model. In order to predict the behavior
of the machine also under diﬀerent operating conditions,
the code has to be able to perform a complete simulation
of the system based only on geometric parameters. Interalia,
a flow model through the reed valves, has been developed,
whereby the scheme is quite simple. The valves are placed
on the inlet and outlet pipes, where the pressure diﬀerence
generates a deflection, as a simply supported beam loaded
with uniformly distributed load (Figure 2(a)).
Their deflection allows the gas to flow in or out.
For instance, let us consider the outlet valve (Figures
2(a) and 2(b)): the crankcase pressure pushes on one side
of the valve, while the discharge pipe pressure acts in the
opposite direction. As long as the discharge pipe pressure
exceeds the pressure in the crankcase, the reed valve provides
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Figure 5: Comparison between numeric and experimental characteristic curves.

the sealing between the two volumes. When the crankcase
pressure exceeds that in the discharge pipe, the valve deflects
giving a certain cross-sectional flow area.
As mentioned above, the reed valve is seen as simply
a supported beam loaded with uniformly distributed load,
proportional to the total pressure diﬀerence between the
crankcase and the pipe and to the width “d” of the reed valve:
(8)

Therefore, the dynamic behavior of the reed valve can be simulated as a mass-spring-damper system, whose diﬀerential
equation is
m

dx
d2 x
+σ
+ kx = F,
dt 2
dt

0
ϑ (deg)

90

180

Cylinders pressures
Cylinder I
Cylinder II

Experimental data
Code output

q = p01 − p02 · d.

−90

(9)

where m is the reed petal mass; x is the instantaneous
displacement; σ is the damping coeﬃcient; k is the equivalent
stiﬀness; F is the concentrate load which gives the same
deflection of the distributed load.
By solving (9) and at the same time the thermodynamic
equations of 1D flow, the deflection is calculated and so the
instantaneous cross-section area to estimate the mass flow in
the machine.
It is important to specify that, in the case of the
considered compressor, the petal deflection is limited by two
steel brackets which allow a maximum lift of 2 mm. The
equivalent stiﬀness k can be estimated by imposing the same
deflection between the two schemes in (Figure 3), being XD
the deflection caused by a concentrated load F = kx.
At last, the result is k = 48(EI/l3 ). In the absence
of experimental data, a constant flow coeﬃcient has been

Figure 6: Pressure in the cylinders at β = 5.

used in all load conditions. The flux is considered isentropic
until the restricted section, then isobaric downstream of
the valve. The pressure in the throat is obtained by the
mass flow balance between the cylinder and the adjacent
pipe. A thorough validation of such a submodel is diﬃcult
to perform due to experimental complications, however,
an indirect validation has been made by confronting the
actual mass flow rate displaced by the compressor and the
one determined by the code. The satisfying correspondence
reached justifies the use of this submodel.
Boundary Conditions. The numerical simulation of the flow
in a reciprocating engine duct is characterized by timevarying boundary conditions, in terms of both valve flow
areas and thermodynamic properties inside the neighboring
devices. In addition, a proper flow calculation at the end
stations ensures a correct evaluation of the in-cylinder
conditions during the gas exchange phases. The solution
of end boundaries is performed by solving the typical
compatibility equations along mach and path lines for a flow
entering or exiting the duct.
A classical quasisteady approximation was assumed as to
ensure the consistency with the flow through the intake and
exhaust valves, which take place under either subsonic or
sonic flow conditions.
Input of the Code and Solutions. To perform a simulation, the
code requires in input a series of volumes, which represent
the machine setup, their geometries, and initial conditions:
each element is connected to other elements or to the
external environment through links which can be constant

6
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cross section, ports, or valves (automatic or controlled).
The boundary volumes are linked to sets which are at fixed
thermodynamic conditions (e.g., ambient conditions). As
results, the code provides, in arrays, both instantaneous and
medium values of the thermodynamic parameters in each
volume.
3.1. 0D-1D Compressor Scheme and Comparison with Experimental Data. Once the test-bed layout and the ducts
geometries are known, it is possible to create a 0D-1D scheme
(Figure 4) in input to the code: the inlet pipes are connected
to the external environment set AA, while the duct SS is
connected to a set in the same conditions of the holding
tank TNK. On the discharge line, R1 and E2 converge in R2
bringing together the flows coming from the two cylinders.
A thermofluid-dynamic simulation of the 10 stationary
tests in Table 1 was performed by the code, and in Figure 5 it
is shown as a comparison between the numeric characteristic
curve (blue line) and the experimental one (red line). The xaxis is associated to the mass flow rate (both measured and
predicted) in the SR volume, the y-axis to the compression
ratio (β = pTNK / pAA ).
The characteristic is predicted pretty well, the curves
(Figure 5) seem to overlap with a slight divergence for β > 5,
this problem is possibly due to the leaks of the valves and the
piston rings in the real case.
In Figure 6, displayed are the predicted pressure diagrams
in the two cylinders, and it shows that in the discharge phase
of the cycle, pressure is highly variable because of the pressure
waves that propagate along the discharge line as observed
from the pressure curves of the discharge pipes (dashed lines,
Figure 7).

As already mentioned, the compressor is a twin V-unit,
and this means that the discharges of the cylinders take place
with an interval of 90◦ (Figure 6).
It is clear that this phenomenon forces the compressor to
reach pressures way higher (about 7 bar cycle II, about 7.2 bar
cycle I) of the medium discharge pressure (about 5.3 bar in S1
and S2 ducts).
The liaison between the two cycles is clear, observing in
Figure 7 how the discharge phase of cylinder II generates
a pressure wave (peak at about 80◦ of light blue-dashed
line) that aﬀects the pressure during the discharge phase in
cylinder I. This occurs due to the discharge happening in
a volume at highly variable pressure. The same eﬀects are
more attenuated for cylinder II as there is more time since
the closure of cylinder I discharge, which allows the pressure
waves to dump.
This analysis shows how, by this modeling approach,
it is possible to properly design the pipes upstream and
downstream the compressor in order to reduce the pressure
waves that, beside requiring more power from the electric
engine, decrease the mass flow rate, and cause an increase
in the noise during operation.

4. Blow-By
In order to improve the accuracy of the modeling approach,
it was considered to weigh the gas leakage due to an imperfect
sealing which took place between the piston and cylinder, this
phenomenon in literature is termed “blow-by” [26].
The piston sealing system consists essentially of segments, also known as piston rings; these are open metal
flattened rings, and they have two main functions: to provide
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Figure 14: Final 0D-1D scheme for the compressor with blow-by volumes.

a certain tightness in the compression chamber, minimizing
energy losses to regulate and level the lubricant distribution
on the cylinder liner, minimizing both consumption and
friction losses. The Piston-Ring-Liner system (PRL) can
be split into diﬀerent volumes identified by their relative
position beside the sealing segments: the first zone, near the
head of the piston; the second and third zones, located under
the two rings; the crankcase zone, placed between the OCR
and the crankcase; the first, second grooves and the OCR
groove, which are the volumes placed behind the segments
(Figure 8).
To report this subdivision within a scheme that can
be interpreted by the code used, equivalent volumes and
capacities are identified and they have been implemented
within the machine framework. As already mentioned, two
kinds of volume can be identified in the PRL system:
(i) the “zones” that are the annular pipes identified by
the clearance between the piston diameter and the
cylinder shell,
(ii) the “grooves” that are the volumes identified by the
distance between the inner surface of a ring and the
bottom of the piston groove.
Please note that in this work secondary movements of the
piston are not taken into account for the identification of
the flow sections, which cause a section variance moment
by moment during a cycle. Due to the “zones” having an
annular section, it was identified in having an equivalent

diameter and a corrective coeﬃcient of the friction factor f ,
so it was possible to match the pressure drops in the pipe with
the real pressure drop [29].
If the section is not circular, the equivalent hydraulic
diameter has to be used; this new diameter is obtained by
the equation:
Deq =

4·A
.
P

(10)

So, for annular section pipes [29]:
Deq = De − Di .

(11)

For annular section pipes, the correction coeﬃcient of the
friction factor may be considered [29],
cf =

fannular
= 1.05.
fcircular

(12)

Regarding the “ring gap,” there are very complex phenomena
taking place, as flows from two zones and from the inside of
the groove cross themselves, as well as the relative shift of the
segment that can cause an accumulation of lubricant in the
hole.
Since the purpose of this work is not the particular
analysis of the flow through the gap, a simplified model
was chosen: in Figure 9, illustrated is the gap geometry
and the gas flow between one zone to another through the
interspaces.
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9
gap sets the pressure diﬀerence which is established between
diﬀerent zones, and therefore, also aﬀects the ring dynamic.

10

4.1. Ring Dynamics inside the Grooves. The gas flow is closely
related to the rings dynamic, it works like a port that opens
only when it is separated from both walls of the groove. It
is a prohibitive work predicting the opening without any
experimental feedback, just thinking that three components
of a segment with relative displacement can be identified:
axial, radial, and angular. Each one is caused by a system of
forces which vary moment by moment. This paper, with the
limits of a one-dimensional model, has been concentrated
on the axial displacement. Axial forces acting on a segment
during a cycle are identified as follows (Figure 10):

8

6
β
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2

(i) F p : gas and oil pressure above and below the segment;
10

12
Mass flow rate (kg/h)

(ii) F f : friction between cylinder liner and piston;

14

(iii) Fi : inertia due to the piston alternative motion;
(iv) Fc : contact force between segment side and groove.

Experimental data
Code output
Code output_blow-by

These forces resultant cause the relative axial displacement of
the segment inside the groove [31].
Starting from the wider literature about “blow-by” in
internal combustion engines, to find an analogy in the rings
dynamic, it is possible to hypothesize the two displacement
models for the rings:

Figure 15: Characteristic curves comparison.

8

(i) Stable Model: all segments displacement follows the
oscillating masses inertia force trend;

p (bar)

6

(ii) Flutter Model: forces resultant during compression
final phase change sign several times, causing irregular oscillations of the segment inside the groove.

4

These two models are used to hypothesize and impose the
shift law of the “valve ports” described in the subsequent
paragraph.

2

4.2. PRL System Summery and 0D-1D Schemes. At this point,
a synthesis of the PRL system was reached, consisting of
an ensemble of zero and one-dimensional volumes. Zones,
according to the assumptions made previously, are annular
section pipes, to represent as good as possible the grooves it
was chosen, instead, a zero-dimensional capacity, linked to
the adjacent volumes through two diﬀerent kinds of section:

0
−180

−90

PRL volumes
I zone
II zone

0
ϑ (deg)

90

180

III zone
Cylinder

Figure 16: Pressure analysis in PRL volumes, β = 5, stable model.

The pressure inside the gap is assumed equal to the
pressure inside the groove, while the gas flow that passes
through the gap can be expressed by the isentropic flow
equations through an orifice, and so it was decided to include
this element in the geometric scheme as a port between
the groove and the linked zones [30]. The flow through the

(i) a variable section due to the segment axial displacement, which as said before, can be represented by
some “controlled valve” port type that has to be set
with the more appropriated shift law;
(ii) a constant section port which represents not only
the flow through the ring gap, but also the poor
seal between shell and segments, due to an uneven
surface.
In addition, to take into account dissipative phenomena that
happens in the flow through the gap, a fixed flow factor is
imposed to the constant section link.
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Figure 18: Pressure in PRL volumes, β = 8, flutter model.

Figure 17: blow-by flow rate in PRL volumes, β = 5, stable model.
Table 2: Features of the analyzed engine.
Engine type
Cylinder number
Displacement
Stroke/Bore/Conn. Rod length
Compression ratio

Twin 4T
2
908 cm3
(86/82/133.55) mm
11

4.3. PRL Scheme Validation. To validate the PRL scheme
system of the “blow-by” just described, several schemes have
been tested for a 4-stroke two-cylinder engine (Table 2) on
which experimental data was reported in relation to the
“blow-by” flow rate. First of all, the PRL circuit of “blowby” was schemed by a single 1D pipe with a circular section,
its diameter was considered to be the average of the quadratic
diameters to receive the experimental flow rate of “blow-by.”
The comparison between the experimental flow rate and the
data taken thanks to the simplified scheme characterized by
a single 1D pipe and constant diameter equal to the medium
quadratic is shown in Figure 12.
From the diagram in Figure 12, it is possible to notice
how the model gives, obviously, an average value of the
“blow-by” flow rate coherent enough with experimental
data, but not so indicative for each single loading rate.
This is proof that the rings dynamic role is essential to
predict the “blow-by” flow rate. So, it was realized a detailed
PRL system scheme according to the logic described for
the compressor in the previous paragraph and illustrated in
Figure 11. This scheme has been realized by having data of
the geometry of the piston, cylinder, piston rings, and the
hot coupling between cylinder and piston.

The rings motion in their own grooves was imposed,
according to the stable model, by two symmetric shift laws
interpolated on 720 degrees of the crank angle, based on
the above-mentioned stable model: the piston rings motion
have been imposed according to experimental measurement
reported in [26].
The blow-by mass flow rate obtained thanks to the PRL
scheme in relation of rpm is shown in Figure 13 (red line);
although it seems that the detailed scheme does not oﬀer
better results than the simplified one, note that the input
of the first is only the PRL geometry, while the simplified
scheme needs experimental data.
By comparing (in Figure 13) the (red line) with the
experimental data (blue line), it can be noted that the
flow rate is well predicted till 4500 rpm; over this rpm
probably the flutter phenomenon intervenes [26], which
should influence seriously the “blow-by” flow rate. It is in the
authors intention to realize in the next work a piston rings
dynamic model, so it can be verified if the flow rate rise over
4500 rpm is due to flutter phenomenon.

5. Blow-By Model for a Compressor
After the analysis conducted on the alternative internal
combustion engine, the detailed PRL scheme (Figure 11)
with imposed piston rings dynamic, adherent to the stable
model, was considered suﬃciently predictive to conduct
some analysis on the “blow-by” phenomenon eﬀects on the
compressor characteristic curve. Here, in Figure 14 is shown
the complete 0D-1D scheme used by the code to simulate
the normal compressor displacement (to the TNK set) and
the leakage through the ring pack system (to lateral AA sets).
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Figure 19: Mass flow rate in PRL volumes, β = 8, flutter model.

In Figure 15, the obtained characteristic considering the
eﬀect of the “blow-by” in the compressor (light green line)
is compared with the characteristic previously obtained
without introducing the “blow-by” scheme. The results show
that the curves are practically coincident till β = 5, which
means that the phenomenon is practically irrelevant when
the compressor works with low compression ratios. For
higher values, instead, the characteristic obtained simulating
the “blow-by” phenomenon in the compressor maintains a
slope nearly coincidental with the experimental curve, better
explaining the real machine behavior.
In Figure 16, the pressure trends in the cylinder and in the
zones of the PRL system, called “grooves” that is in the piston
rings accommodation, are reported. In Figure 11, the instant
pressure in these zones follows the inside cylinder pressure
trend, reaching, however, peaks necessarily smaller.
As mentioned previously, this is due to a strongly
influenced flow rates as a result of the ring gap, which in
spite of the strong losses, realizes a continuous link between
the compression chamber and the zones between piston and
cylinder. As we move from the cylinder to the crankcase, the
pressure curves tend to assume the value of ambient pressure,
which is the condition (assumed uniform) in the crankcase.
In coincidence of the segments displacement (approx. 112
degree, in Figure 16), there is a pressure drop due to the
opening of superior and inferior channels of each groove,
generating a flow rate peak (Figure 17). Compression occurs
during the opening of the passage through the piston rings,
with a displacement toward the segment upper edge.
In Figure 17, it is also observed that there are some cycle
phases where there is a reverse “blow-by” (about 135 degree).

In particular, at the end of the expansion phase, when the first
zone is at a pressure higher than the compression chamber,
part of the gas reflows till the pressure diﬀerence vanishes.
A similar argument is also valid for the intermediate zones,
which along whole the intake phase are aﬀected by a reversal
of the “blow-by” flow even if it is minimum.
From Figure 16, it also observed that there are large
intervals where, between the cylinder and the various zones
and between themselves, wide Δp are generated, which could
generate forces opposite to inertia force on the segment,
leading to the flutter phenomenon.
Now, it is possible to perform an interesting analysis of
the parameters in PRL volumes in case of ring flutter. A series
of fluctuations has been hypothesized for the first ring during
the pressure raise in the case of β = 8. In Figure 18, where
the fluctuations take place, a pressure drop can be observed,
especially in the first two zones.
As can be seen in Figure 19, the blow-by mass flow rate
has no more this peak in one single point, but there are
several peaks which take place in the exact same time that
the ring flutters. This phenomenon shows that the blow-by
is highly influenced by the ring dynamics, and in particular
way if the ring is not stable during the cicle.

6. Conclusions
This work has been developed to improve the accuracy of
the simulation of the CFD phenomenon in the volumetric
machines. A 1D procedure is proposed and validated with
the experimental data taken from a volumetric alternative
compressor. In addition, a PRL system scheme was implemented for the “blow-by” simulation. This scheme, based on
the “stable” dynamic imposed to the segments, has enabled
an improvement in the characteristic reproduction of the
compressor, besides; it was possible to carry out a first CFD
analysis inside the cavity between the cylinder and piston.
In light of the encouraging results obtained, it is considered
appropriate that a development of a predictive dynamic
model of the segment displacement to be implemented on
the 0D-1D simulation software, so it will improve the model
prediction in all operation conditions.

Acronyms
0D:
1D:
TVD:
PRL:
OCR:

Zero-dimensional
One-dimensional
Total variation diminishing
Volumes between piston ring and liner
Oil control ring.

Nomenclature
Latin
pamb :
Tamb :
ptnk :
Toil :
p01 :

Ambient pressure
Ambient temperature
Tank pressure
Oil temperature
In-cylinder pressure on reed valve
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p02 :
pTNK :
pAA :
V3 :
V:
Deq :
fannular :
fcircular :
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Outlet pressure on reed valve
Tank pressure
Ambient pressure
Cylinder top clearance
Displacement volume
Equivalent hydraulic diameter
Annular cross-section friction factor
Circular cross-section fiction factor.

Greek
β:
Compression ratio
βMAX : Theoretical maximum compression ratio.
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