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Turbomachinery has wide applications in petrochemical
industry, power engineering, ventilation, and many other
fields.Thenew application and demand for high performance
turbomachinery are always the motivations for the devel-
opment in analyzing and understanding of the complicated
internal flows, pressure distributions, and so on. Rapid
progress has beenmade in recent years in efficient and reliable
numerical simulation methods and new transducers and
experimental methods, and new types of turbomachinery are
manufactured and applied.

This special issue focuses on the advances in fluid
dynamics of turbomachinery. The themes include numerical
simulation, theoretical model, experimental measurement,
optimal design, and blade crack detection, as well as various
turbomachinery applications. From 10 submissions, 7 papers
are published in this special issue. Each paper was reviewed
by at least two reviewers and revised according to review
comments. The papers cover the following aspects: pressure
measurement, steady and unsteady numerical simulations,
thermal model of internally cool, optimization design, crack
detection, and rotor-bearing system.

High-pressure-ratio centrifugal compressors have been
widely used in turbochargers and turboshaft engines because
of their compact size, high efficiency, and wide operating
range. Compared to the impeller flow with subsonic inlet
conditions, the flow in transonic impeller is more complex
due to the presence of shock wave. F. Lou et al. investigated
the aerodynamics of a transonic impeller by using static
pressure measurements and found that shock waves emerg-
ing upstream of the impeller leading edge were observed

from 90% to 100% corrected speed. The shock waves moved
towards the impeller trailing edge as the inlet tip relative
Mach number increases.

There have been already experimental investigations on
thewall pressure distributions, but the pressuremeasurement
on the blade in the rotating system is rare. S. Münsterjohann
and S. Becker integrated the miniature pressure sensors into
the impeller to ensure flush mounted membranes of the
sensors and avoid an impact on the flow field. The results
show the unsteady pressure distribution as well as its phase-
locked ensemble average and provide a deeper understanding
of the flow phenomena inside channel blowers and the theory
of pressure generation.

Computational fluid dynamics (CFD) is a powerful tool
for the global performance prediction of turbomachinery,
and steady and unsteady numerical simulations are both
widely used at different time costs and with different cal-
culation accuracies. A. Ortolan et al. compared the steady
and unsteady numerical simulations for a conventional fan
operating at load-controlled windmill. Numerical analysis
demonstrates that the global performances obtained with the
time-averaged solution of the unsteady simulation are not far
different from the steady case.

The internal cooling manner for high-pressure turbine
blade is crucial for the gas turbine engine service life, and
the creation of blade with effective cooling system is a
complicated process. I. Shevchenko et al. proposed a method
of calorimetric measurement in a molten metal thermostat
for the verification of a thermal model of cooled blade. This
method allows obtaining local value of heat flux in each
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point of blade surface in a single experiment, and the error
of determination of local heat transfer coefficients does not
exceed 8% for blades with radial channels.

Performance optimization has been a long-standing chal-
lenge for the design of turbomachinery. J.-W. Kim et al. opti-
mized the pump and turbine mode efficiencies simultane-
ously by using a radial basis neural network surrogate model
based on the objective function values of the generated twelve
design points. They successfully increased the efficiencies
of both the pump and turbine modes at overall range of
flow rate, except for the turbine mode at the low flow rate,
compared to the reference design.

Crack failures often occur in fan blades, which result
in the interruption of operation and increase maintenances,
decrease product quality, and affect the safety of operators.
M. Yu et al. developed a method to detect damage based on a
discrete mathematical model for fan blades by using changes
in natural frequencies. This study provides an assist in
investigating the effect of a crack from a different perspective.

Turboexpander is an indispensable component in energy
conversion system with high speed, and its smooth operation
depends on the stability of the rotor-bearing system. T. Lai et
al. developed a foil bearing supporting technology by using
both protuberant foil journal and thrust bearings for the
turboexpander. Due to compliance of the foils in the bearing,
the rotor supported by protuberant foil journal bearings
could operate under over-nominal bearing clearances.

These papers represent an exciting, insightful observation
into the state of the art, as well as emerging future topics,
in this important interdisciplinary field. We hope that this
special issue would attract a major attention of the peers.

Jingyin Li
Philipp Epple

Heuy-Dong Kim
Lei Tan
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In side channel blowers, the pressure field is the result of complex, inner flow mechanisms. While there are already experimental
investigations on the wall pressure distributions, little is known about the pressure in the rotating system, i.e., on the blade surface.
In this work, we present an experimental setup for measuring the unsteady blade surface pressure in several positions.The acquired
data will be complemented by and compared to the additionally measured wall pressure on the side channel housing. Miniature
pressure sensors are integrated into the impeller. It is modified to ensure flush mounted membranes of the sensors and to avoid
impacting on the flow field. A telemetric system is used for a wireless transfer of the data from the rotating system to the data
recorder. As a result, we show the time-resolved pressure distribution as well as its phase-locked ensemble average. The variations
of the pressure field are related to the integral pressure difference across the turbomachine and to its rotational speed. Due to
the high temporal resolution of the measurement data, an exact spatial localization of crucial flow phenomena is achieved. Low
integral pressure differences show a nearly linear increase of the pressure in circumferential direction, while greater integral pressure
differences evolve exponentially over the azimuth.The results confirm the circulatory flow theory. Different rotational speeds elicit
a comparable behavior. The stripper is a dominant source for pressure fluctuations. Its individual geometric discontinuities are
correlated to the flow field. Our results provide a deeper understanding of the flow phenomena in side channel blowers and the
theory of pressure generation. Although the measurementswere performed for only one type of side channel blower with a double-
flow configuration and open blades, the energy transfer mechanism is the same for other modifications like single flow or closed
blade versions.

1. Introduction

Side channel blowers close the gap between the classical
turbomachines, like axial and radial fans, and the displace-
ment pumps [1]. To characterize the operating point of
turbomachines, two basic parameters are commonly used:
the flow coefficient

𝜑∗ = 𝑐𝐶𝑢 (1)

is based on the rotational velocity at the blade tip 𝑢 and the
average velocity of the fluid in circumferential direction 𝑐𝐶
and the pressure coefficient

𝜓∗ = 2𝑌𝑝𝑢2 (2)

is based on the specific polytropic work 𝑌𝑝. With tip speed
ratios

𝜎∗ = 𝜑∗1/2𝜓∗−3/4 (3)

of 5 × 10−3 ⋅ ⋅ ⋅ 1 × 10−1 and diameter numbers

𝛿∗ = 𝜓∗1/4𝜑∗−1/2 (4)

of 5 ⋅ ⋅ ⋅ 5 × 101, side channel blowers are able to deliver com-
parably high heads while maintaining moderate flow rates.
The cause is a complex 3-dimensional inner flow field. The
highly turbulent flow field dissipates a rather large portion
of the transferred energy [2]. Hence, the fluid temperature
difference between suction port and outlet port can rise above
values of 100K [3]. Consequently, the polytropic efficiency
does not reach values higher than 𝜂 = 0.5 [2, 3].
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Figure 1: A double-flow side channel blower with radial, open
blades.

The flow field is driven by the momentum transfer from
the impeller to the fluid. Due to its simple design, the
fluid particles can pass the impeller section multiple times
and, hence, increase the momentum transfer as well as the
resulting pressure. The suction port and the outlet port are
separated by a stripper. It forms a geometric constriction with
minimal gaps between the housing and the rotating impeller
to ensure contact-free operation. A schematic drawing of a
double-flow side channel blower is given in Figure 1.

The circumferential flow speed in the side channel is
lower than the flow speed of the fluid between the blades.
Hence, a fluid element located in the rotating region is
accelerated in positive radial direction by the centrifugal
acceleration.When it leaves the impeller, energy andmomen-
tum are transferred from this faster fluid element to the
slower fluid in the side channel. Accordingly, new fluid from
the side channel is sucked into the impeller near the hub.This
flow theory is called circulatory flow theory and is widely
discussed in literature [4, 5]. Depending on the number of
blade passages, pressure is gained while the fluid moves in
circumferential direction. A lower flow speed in the side
channel results in a stronger deceleration of the circulating
fluid and, hence, allows for more blade passages resulting in
a higher pressure difference.

Based on this basic behavior, many analytical-empirical
models have evolved. They account for the momentum trans-
fer and the losses and allow estimating the pressure rise. Early
models already included pressure losses of the circulatory
flow [5–7]. Sixsmith and Altmann [8] investigated a side
channel blower with aerodynamic blades in a theoretical and
experimental manner. In [9] the influence of the stripper
gap was analytically modeled and verified by experimental
data revealing that the gap distance has an inverse effect
on the efficiency. In [10] further analytical investigations
related to the losses in regenerative turbomachines showed
that the friction losses are the cause of the typically low
efficiency. Grabow and Suong [11] used their analytical model
to show the dependency of the head in correlation to the
inlet and outlet blade angle. Further analytical approaches
were derived in [12–15]. An innovation in the adoption of
analytical models was introduced in [16] by taking into
account the compressibility of the fluid.

Another flow theory, the mixing or turbulence theory,
states that the momentum transfer is induced by the shearing
or turbulent mixing of the fluid in the side channel and

the fluid between the blades [17–19]. The impeller is seen
as a rough, moving wall, boosting the fluid in its imme-
diate neighborhood to circumferential speed. However, this
approach cannot explain the high heads side channel blowers
are capable of delivering.

A comparison of both theories has been performed in
[20]. The results show that the circulatory flow theory is
superior to the mixing or turbulence theory in the explana-
tion of the pressure generation in side channel blowers. The
authors used computational fluid dynamics (cfd) simulations
of a simplified and straightened side channel with an artificial
momentum term to evaluate the effectiveness of both flow
theories.

Numerical simulations of the flow field in side channel
blowers show that a circulatory flow is established [21–
23]. Even though numerical simulations allow for detailed
insights into the flow field, few sources give a description of
the spatial and temporal pressure field.

A detailed review of different aspects, i.e., operation,
losses, and possible geometry and design optimizations is
given in [24].

In [2, 3], Surek performed an analysis of the wall pressure
field at eight different measurement positions. He showed
that for a pressure side throttling configuration an increase of
the volume flow results in a lower pressure and a lower tem-
perature in the inlet region. Furthermore, his measurements
revealed a nonlinear rise of the pressure in circumferential
direction. Time-resolved measurements characterized the
amplitude and frequency of the pressure oscillations in the
side channel.

There are no international publications that experimen-
tally examine the pressure field on the blade surface of a side
channel blower under operation. Only Surek measured the
blade surface pressure in [25, 26]. In his first setup, Surek used
three miniature pressure sensors that were mounted onto the
blades. The second setup consisted of four pressure sensors
allowing for a higher spatial resolution. Describing the
telemetry system in detail, he did not show how the integra-
tion of sensors was realized. From the information provided,
the sensors seem to be mounted on the blade, creating an
obstacle and disturbing the flow field. Nonetheless, the results
give an insight into the dynamic behavior of the pressure field,
especially during the stripper passage. Compression shocks
during the blade segment closing and opening in the stripper
region were identified. As the geometry of the stripper is not
described, a reliable linkage to the observed flow effects is not
available.

Analytical methods as well as cfd simulations allow
calculating the pressure field in the side channel. In order to
achieve a holistic representation of the fluid dynamic effects
and to validate the preceding subjects, experimental data of
the pressure field is essential.

This paper addresses the description of the pressure field
in side channel blowers on the housing and the blade surface.
It links the dominant pressure fluctuations to the geometric
discontinuities caused by the stripper which is described in
detail.



International Journal of Rotating Machinery 3

46
00

5020 Anechoic chamber

250 1801401400180 700

40
70

A B C D

E
1400

R270

F

G
p1, T1

p2, T2

A: nozzle
B: ball valve
C: inlet measurement position
D: flexible hose

E: outlet measurement position
F: incremental rotational decoder
G: side channel blower

Figure 2: Basic experimental setup.

2. Materials and Methods

This section is divided into three parts: the basic setup for
characterizing the hydraulic properties, i.e., volume flow
rate, integral pressure difference, and rotational speed and
the setups for wall pressure measurements on the blade
surface and on the side channel wall. The measurements
were performed with a side channel blower that has an outer
diameter of 356mm. The impeller has 55 blades and an
outer diameter of 340mm. The blade width is 45.9mm and
the blade height is 40.6mm. The side channel blower has
a double-flow configuration, forward-skewed radial blades,
and a constant side channel cross section.

2.1. Basic Experimental Setup. As the setup is also used for
acoustic measurements, which are not part of this work,
the side channel blower (G) is located in an anechoic
chamber as illustrated in Figure 2. The volume flow rate
is computed from the pressure loss over a nozzle with an
inner diameter of 80mm (A) according to DIN EN ISO
5801. Further downstream, a ball valve (B) is used for suction
side throttling. The pipe diameter is 65mm. In a distance of
2.2m in front of (C) and behind (E) the side channel blower,
temperature and static pressure relative to ambient pressure
are measured. The vibrational transmission between the pipe
system and the side channel blower is decoupled by flexible
hoses (D). An incremental rotational decoder (F) with a
maximum resolution of 0.09∘ is mounted on the shaft of the

electric drive. It gauges the rotational speed and the azimuthal
location of the impeller. Its signal was acquired with 250 kHz
at 50Hz rotational speed.The hot exhaust gas was discharged
out of the chamber to ensure a constant inlet temperature.
Temperature was measured using thermocouples of type K.
The pressure in the inlet nozzle was measured with two
differential pressure sensors from Setra type D239, one with
a range of ±125Pa and the other with a range of ±1245Pa.
We used sensors with different ranges to ensure a proper
acquisition of the pressure loss for all working points. One
connection of each sensor was attached to the nozzle; the
other one was exposed to environmental pressure.

In order to minimize the environmental influence on
the characteristic curves, the reduced pressure difference was
calculated as follows [27]:

Δ𝑝12,red = 𝑝sc
[[
[

1

− ( 𝑇1𝑇sc
[
[(𝑝2 + �̇�21 𝑝21𝑇2/2𝐴2P𝑝2𝑅𝑠𝑇21𝑝1 + 𝑝1�̇�21 /2𝑅𝑠𝑇1𝐴2P )(𝑛−1)/𝑛 − 1]]

+ 1)
(𝑛/(1−𝑛))]]

]

(5)
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Telemetry system shaft Motor shaft

Bearing mounting Telemetry system

Sensor positions

Figure 3: Setup for pressure measurements on the blade surface (support frame, motor, and balancing bodies not shown) with sensor cables
in red.

with the atmospheric pressure for standard condition being𝑝sc, the inlet temperature 𝑇1, the outlet temperature 𝑇2,
the corresponding absolute static pressures 𝑝1 and 𝑝2, the
temperature for standard condition 𝑇sc, the specific gas
constant for air 𝑅𝑠, the polytropic exponent 𝑛, the inlet pipe
cross section 𝐴P, and the volume flow rate at the inlet �̇�1.

For the measurement of a working point, the rotational
speed of 50Hz or 60Hz and the desired pressure difference
is set. Due to the dissipative effects, the fluid temperature
rises and the pressure difference drops slightly. Therefore, the
throttle is adjusted to meet the desired operating point. This
iterative process is repeated until the outlet temperature and
the operating point have converged.

2.2. Blade Surface Pressure. The greatest challenge in per-
forming measurements on a rotating object is the power sup-
ply to and data transfer from the sensors. We used a telemetry
system that allows for contactless operation. Figure 3 shows
the described setup. A stator antenna surrounds the rotating
antenna that directly performs theA/D-conversion.The latter
ismounted on a shaft that is connected to themotor shaftwith
a claw coupling. Ensuring proper alignment of both shafts,
the telemetry system shaft is driven by the motor. The side
channel housing was modified by cutting a centric hole for
the claw coupling to allow for this type of setup.

As the pressure sensors had to be flush mounted onto
the blade surface, little cavities were eroded into blades, to
house the sensors. After the installation, the cavities, except
for the sensor membranes, were covered with a ultrathin,
high-tensile steel sheet; see Figure 4. This way, we ensured
that the flow field is not disturbed by any modifications. The
locations of the sensormembranes are shown in Figure 5. Two
impellers were used to be able to examine more positions.

miniature pressure transducers:

IA1-SS-1

IA1-SS-2

IA1-SS-3

Figure 4: Flush mounted pressure transducers in blade (labels
according to Figure 5).

Impeller arrangement 1 (IA1) has three sensors on each side of
the blade on the streamline path according to the circulatory
flow theory. The second impeller arrangement (IA2) covers
the remaining area of the blade. Both impellers include a
sensor on a reference position (R) for comparison. This
results in a total number of 13 different sensor positions. The
sensors are high temperature thin line pressure transducers
Kulite LE-080 with a maximum calibrated temperature of
235∘Cand a size of 9.6×4.1×1.5mm3.Their natural frequency
of 240 kHz is 24 times higher than the maximum frequency
of interest. The sensors work in sealed gauge mode, which
means that they hold an encapsulated reference pressure
which is approximately the environmental pressure. The
wires went through a hole to the neighboring blade segments,
from where they were installed in a milled channel along the
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Figure 5: Positions of the pressure sensors (membrane position denoted by a black thick framed circle) in both impeller arrangements.
Section B-B: view on suction side of the blade (SS); Section A-A: view on pressure side of the blade (PS). Sensor name in bold: example:
impeller arrangement 1 (a) suction side of blade (left figure); Position 2 (sensor in the upper left corner of the blade): IA1-SS-2.

impeller hub. Amodification of the shaft allowed a mounting
of cables underneath the bearing. The cables then emerged
through the claw coupling and contacted the rotor antenna,
as shown in Figure 3.

The signals of the pressure sensors are acquired syn-
chronously with a sampling rate of 100 kHz. This obviously
high sampling rate was necessary to properly resolve the
time trends of pressure changes in the region of the stripper.
These effects occur at the blade passing frequency and are
consequently resolved with 36 samples for a rotational speed
of 50Hz.We use a bridge module fromNational Instruments
type PXIe-4431 with a maximum sampling frequency of
102.4 kHz for the acquisition. Transformations to the fre-
quency domain were performed using the power spectral
density (PSD) with a Hanning window and 50% overlap. By
triggering both systems, the telemetry system and the data
acquisition system for all other sensors, a common time base
is ensured. When performing a measurement, the side chan-
nel blower operation is stopped after reaching temperature
convergence. Then, the offset pressure of the sensors due to
temperature andmechanical stresses ismeasured. Afterwards
the side channel blower is set back to operation. This allows

for later correction of the measured pressure values during
operation. The centrifugal acceleration induces a maximum
worst case offset of approx. 1000 Pa into the measurement
signals.

2.3. Wall Pressure. The unsteady wall pressure is measured
using high temperature, cylindrical miniature pressure sen-
sors with diameter of 2mm, type Kulite XCE-080, working
in differential mode. These sensors have also been flush
mounted using a double sealing setup as shown in Figure 6.
The natural frequency is typically 400 kHz, which is 40 times
higher than the maximum frequency of interest.

The ten sensors were gradually located at four circum-
ferential position (Pos. 1–4), each one resembling a cross
formation; see Figure 7 depicted as “Unsteady measurem.
pos”. The positions of the sensors were changed while the
operating point was fixed and the side channel blower was
operating.The remainingmeasurement positionswere sealed
from the outside using flush-mount plugs to avoid any change
in the flow field.

The steady wall pressure was, additionally, acquired using
a 64-channel measurement system (Pressure Systems DTC
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Figure 6: Wall pressure sensor mount.
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Figure 7: Measurement positions for wall pressure measurements: unwrapped side channel (a), axial cut (b). 𝜑 = 0∘ is located in the middle
of the stripper. First column ofmeasurement positions (Pos. 1) is located at an absolute angle of 45.1∘. Axial sensor positions marked with bold
numbers depict steady measurements positions of the Pressure Systems DTC Initium. Axial sensor positions marked with normal numbers
depict unsteady measurements positions of the Kulite pressure transducers.

Initium). The 64 measurement positions were equally dis-
tributed in circumferential and axial direction as shown in
Figure 7 depicted as “Steady measurem. pos”. The sampling
rate of the system is approx. 330Hz. Hence, it only allows for
steady analysis of the measurement data.

2.4. Limitations. The sensors in the rotating system are
exposed to temperature variations and mechanical stresses.
Both effects can lead to an offset of the measured, average
pressure. These issues have been addressed by reducing
the impact on the measured signal as much as possible
by correcting the temperature-converged zero shift of the
sensors as described above. Differences of the correction
value to the operational mode are possible as the side channel
blower had to be stopped for the zero-shift measurements.

Additionally, a pressure sensor integrated into the
impellers is influenced by the centrifugal acceleration, but
this offset does not change given a constant rotational speed.
Also, the sensors are mounted in an almost circumferential
direction; by that, the direction of themembrane that exhibits
the smallest sensitivity is exposed to the resulting centrifugal
force.

Furthermore, the results only show the pressure at dis-
crete points and represent a surface or wall-bound view of the
pressure field. Hence, the locally measured pressure includes,
for example, stagnation effects and does not resemble a 3-
dimensional representation of the pressure field distant from
the side channel surface.

Three different measurement systems were used that were
synchronized offline by a trigger signal. Accordingly, the



International Journal of Rotating Machinery 7

×104

50（Ｔ

60（Ｔ

100 200 300 4000
0

1

2

3

4

Δ
p
12

,Ｌ
？＞

in
 P

a

̇V1 in m3 Ｂ−1

(a) Characteristic curves


∗

100

10−1

10−2

50（Ｔ

60（Ｔ

101100 100.6 100.8100.2 100.4

∗

(b) Dimensionless, characteristic curves

Figure 8: Aerodynamic characteristics of the side channel blower under investigation.

systems’ temporal offset is in the range of the lowest sampling
frequency, that is approx. 1 × 10−6 s.
3. Results and Discussion

This section is divided into three parts. In the first part,
we present some general characteristics of the side channel
blower.The second part includes analyses of the blade surface
pressure and the third gives detailed information on the wall
pressure inside the side channel.

3.1. Characteristic Curve. Side channel blowers feature a
nearly linear aerodynamic characteristic curve; see Fig-
ure 8(a). For themeasured operating points, the flow rate is in
a range of 50m3 h−1 up to 350m3 h−1 with an inverse pressure
range of 35,000Pa down to 1000 Pa. Higher heads exceed the
stall line for the given rotational speeds. The dimensionless
characteristic behavior is given in the style of the Cordier-
Chart [1] in Figure 8(b) and demonstrates that side channel
machines cover the operating range between the classical
turbomachines and the displacement pumps.

The pressure measurements on the blade surface and side
channel wall were made for the given characteristic curves.
A detailed representation of the stripper geometry, which is
crucial for a meaningful interpretation of the pressure trends
in the following sections, is presented in Figures 9 and 10.The
latter represents a radial view of the stripper and contains the
important angle 𝜃PS,radS at which the radial closure of a blade
segment starts. The former holds two different axial views of
the stripper highlighting the start of the axial blade segment
closure due to the stripper in the cover 𝜃PS,C,axS and in the
housing 𝜃PS,H,axS. Additionally, the cover holds a relaxation
groove at the suction side of the stripper to smooth the fluid
relaxation that is inherent to the system and caused by the
inevitable fluid transport from the pressure to the suction
side. The groove begins at 𝜃ES. These four basic geometric

angles are referred to in the pressure trends of the blade
surface.

3.2. Blade Surface Pressure. The blade surface pressure con-
tains information on the pressure rise in the side channel,
pressure drop across the stripper, and the change in state of
the fluid.These three fundamental processes that describe the
typical behavior of side channel blowers. This paper focuses
on the first two processes.

The time domain pressure signals on the blade surfaces
are given in Figure 11 that is subdivided into suction and
pressure side of the blades. The operating point is Δ𝑝12,red =
14,000 Pa at 50Hz rotational speed. As the other operating
points show a similar behavior, only the time trends for this
one are plotted. The charts resemble the typical pressure rise
found in side channel machines. At the beginning of the side
channel, where the fluid enters through the suction port at
around 𝜑 = 30∘, the pressure generation is initialized. As
the helical flow is not yet existent, only shear stress between
impeller and fluid cause an energy transfer and lead to a slight
increase of the pressure. Within the first third of the side
channel (𝜑 = 90∘), the helical flow has almost completely
developed, resulting in a steeper rise of the pressure. The
fluid experiences multiple contacts with the impeller until it
reaches the end of the side channel.The beginning of the axial
stripper in the cover at 𝜃PS,C,axS coincides with the outlet port.
The stripper starts at the inner radius of the impeller close to
sensor IA2-PS-3 and causes a pressure jump as the fluid is
pushed by the decreasing side channel section. As the axial
entrance to the blade section decreases, less fluid particles
enter the impeller. At the same time the fluid particles in the
blade segment are forced to leave in radial direction. This
slows down the pressure generation. With the beginning of
the radial closure of the blade segment at 𝜃PS,radS and its
finalization approx. 7∘ later, the fluid is abruptly enclosed
in-between two blades and the stripper causes a pressure
shock, i.e., the sudden rise of the local pressure due to abrupt
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Figure 9: Stripper geometry, 0∘-position of blade segment and CADmodel of the opened side channel blower.
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geometric changes. After the radial movement of the fluid
has stopped, the pressure shock diminishes. From a technical
point of view, the clearance between the moving blades and
the stationary stripper has to be finite. In case of the side chan-
nel blower under investigation, it is between 0.4 ⋅ ⋅ ⋅ 0.5mm.
The fluid between the blades starts relaxing to the suction
side due to this clearance. For small pressure differences, the
relaxation allows for a complete equalization with the suction
side pressure. For higher pressure differences, an additional
relaxation groove has been implemented into the stripper in
the cover. This groove starts at 𝜃ES, increases the flow cross
section, and results in a faster pressure adjustment. On the
suction side, the inertia of the relaxing fluid causes a negative
pressure shock. Then, the pressure generation restarts.

A part of the fluid is always transported along the
stripper from the pressure side to the suction side because
of the mechanical construction. While this volume flow is

constant, defined by the volume of the blade segments and
the rotational speed, the transported mass depends on the
working point and, consequently, on the fluid density.

The difference between the pressure side of the blade
(Figure 11(a)) and the suction side (Figure 11(b)) can mainly
be found in slightly higher pressure values during the blade
segment passage through the side channel. Additionally,
while passing the stripper, the pressure shocks double their
amplitude from the suction side of the blade to its pressure
side. For the actual working point of Δ𝑝12,red = 14 kPa, the
pressure shocks on the pressure side of the blades are in a
range of 3000 Pa compared to the suction side with 1500 Pa.

The pressure distribution is shown in a sensor-averaged
and phase-locked ensemble-averaged type for different work-
ing points and rotational speeds in Figure 12. At a rotational
speed of 50Hz, 1500 periods, and at a rotational speed of
60Hz, 1800 periods were averaged since the measurement
time was 30 s. The operating point logically influences the
pressure gradient, but as the different trends show, the
gradient itself changes along the side channel. While low
integral pressure differences of up to around 0.3 ⋅ Δ𝑝12,red,max ,
i.e. 9000Pa at 50Hz rotational speed, hold a nearly constant
pressure gradient, an increasing integral pressure difference
leads to an additional rise. All measurements inhibit a
pressure drop at around 180∘ that is caused by a small rib
on the inner wall of the side channel. Different rotational
speeds mainly have an impact on pressure relaxation, i.e., the
decrease of the pressure due to expansion of the enclosed
(blade segment) volume, in the area of the stripper.Thehigher
the rotational speed, the less the time available to the fluid to
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Figure 11: Time trend of pressure signal on the blade surface at a rotational speed of 𝑓 = 50Hz and a pressure difference Δ𝑝12,red = 14,000Pa.
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Figure 12: Sensor-averaged and phase-locked ensemble-averaged pressure on the blade surface for different operating points Δ𝑝12,red and
rotational speeds.

relax to the suction side while being transported along the
stripper. Hence, the pressure decrease up to the beginning of
the relaxation groove slows down and the relaxation process
through the relaxation groove intensifies. This results in
higher flow speeds and accordingly in stronger oscillations
at the suction side of the stripper beginning from 𝜑 = 0∘.
In summary, faster geometric changes as seen by the rotating
blade segment increase the pressure fluctuations and induce
a stronger turbulence in the flow field.

The fluctuations of the pressure signal were evaluated
as the standard deviation for each rotational position. Fig-
ure 13 holds the corresponding trends for both rotational
speeds. The fluctuations rise in circumferential direction.
An increase of the integral pressure difference results in
higher fluctuations. This increase covers the fluctuations at
200∘ induced by the rib and explains why the phenomenon
cannot be identified at higher integral pressure differences
(see Figure 12).The trends also show that the fluctuations are
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Figure 14: PSD of blade surface pressure at a rotational speed of 𝑓 = 50Hz and operating point Δ𝑝12,red = 28,000 Pa.

located at fixed positions as periodic oscillations occur along
the side channel, especially in the range of 𝜑 = 200 ⋅ ⋅ ⋅ 300∘.
For varying circumferential positions, the spatial averaging
process suppresses such oscillations. When entering the
stripper, the fluctuations abruptly increase as the flow field
is disturbed. During the carry-over, the fluid is enclosed
in the blade segment and, accordingly, the fluctuations
decrease. The strongest variations in the pressure field are
induced by the relaxation process on the suction side of the
stripper starting from 𝜃ES. At low pressure differences, the
pressure side fluctuations predominate slightly, the suction
side fluctuations are stronger for pressure differences higher

than 0.3 ⋅ Δ𝑝12,red,max . As the trends proof, the stripper is the
main source for pressure fluctuations in side channel blowers.

The power spectral density (PSD) in Figure 14 for Δ𝑝12,red
= 28,000 Pa identifies the rotational speed of 50Hz and
its harmonics as dominant frequency components in the
pressure signal. The spectra are only shown for impeller
arrangement 1 as the other sensor positions represent a
similarly behavior. The highest peaks are the mean offset
at 0Hz followed by the peak at the rotational speed. The
harmonics decrease until approx. 3 kHz and vanish in the
noise floor that starts at 120 dB and drops constantly to 90 dB
at 10 kHz. The effects at the rotational speed in the rotating
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Figure 15: Wall pressure distribution at a rotational speed of 50Hz for different operating points. (a, c, e) Static pressure relative to ambient
pressure 𝑝𝑥,𝜑. (b, d, f) Local mean value-adjusted static pressure relative to ambient pressure �̌�𝑥,𝜑 according to equation (6).

system, i.e., on the blade surface, occur at the blade passing
frequency in the stationary system, i.e., on the side channel
housing. Other temporal effects than the blade segment
passage through the circumferentially increasing pressure
field cannot be identified.

3.3. Wall Pressure. While the pressure on the blade surfaces
changes along the path of the fluid particles in the side
channel according to the pressure difference between inlet
and outlet, the pressure sensors on the wall are exposed to
a nearly constant pressure field that is influenced by minor
fluctuations. The time-averaged contour plots of the pressure
on the side channel wall are depicted in Figures 15(a), 15(c),
and 15(e) with the measurement positions marked as white
dots. The color scale is just for illustration and changes for
each subfigure; hence absolute values are provided by the
contour lines. As the scale over the whole pressure range

suppresses the visualization of local variations in the pressure
field, the local circumferential mean value-adjusted static
pressure is plotted in the right column of the same figure. It
is calculated as follows:

�̌�𝑥,𝜑 = 𝑝𝑥,𝜑 − 𝑝𝜑. (6)

According to this equation, the local circumferential mean
value𝑝𝜑 holds all sensors at the same circumferential position𝜑 and is subtracted from each pressure trend at the same 𝜑.

The mean wall pressure distribution for three exemplary
working points, shown in Figure 15, confirms the findings
from the previous pressure measurements on the blade
surface: the pressure gradient in circumferential direction
increases in correlation with the pressure difference Δ𝑝12,red.
The double-flow setup of the side channel induces an almost
plane-symmetric pressure field with the axial plane between
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Figure 16: Pressure at a rotational speed of 50Hz and Δ𝑝12,red = 28,000 Pa measured at the unsteady measurement positions. The term 𝑡 ⋅ 𝜔
was chosen instead of 𝜑 to describe the rotation of the impeller.

axial positions 4 and 5, i.e., the middle of the impeller.
Slight asymmetries occur near the inlet and outlet for outer
axial positions caused by the asymmetric geometry. Axial
position 8 at the inlet holds the lowest pressure values for
all working points because it is closest to the inlet port. At
the same circumferential position at axial positions 6 to 8,
the pressure is generally increased as the fluid carried over
expands in these directions. This issue is depicted in the
local mean value-adjusted �̌�𝑥,𝜑 contour plots. Along the side
channel, both flows behave similarly. The pressure at the
radial side channel wall, axial positions 3 to 6, is affected by
the circulatory flow and its deflection from a radial to the
axial direction. This effect forms a local stagnation area and
rise in pressure. Near the outlet, the fluid from the flow in the
cover is forced to change its direction to leave the side channel
through the outlet port. This geometric restriction induces
a local stagnation pressure at the end of the side channel
(𝜑 > 300∘) near axial position 1. It is additionally intensified
by the abrupt occurrence of the stripper. In contrast to this,
axial positions 6 to 8 are exposed to a local pressure drop
as fluid of both flows passes these positions and induces a

local rise of the flow velocity. Different working points and
rotational speeds create similar pressure fields.

The time trends for one flow (axial positions 1–4) of
the double-flow configuration are presented in a temporally
resolved form in Figure 16 for a pressure difference of Δ𝑝12,red
= 28,000 Pa at four different circumferential positions. The
trends represent three blade passages, i.e., an impeller rota-
tion of 19.4∘. The rotation of the impeller induces a periodical
fluctuation of the measured pressure, especially close to the
inlet port at 𝜑 = 45∘, where the circular flow is not yet
established, the blade passage has a clear impact. For the
other three circumferential positions, the stochastic pressure
fluctuations increase, as the flow field becomes more and
more turbulent with the initialization of the circular flow.The
pressure sensor in the radial side channel wall (axial position
4) is subject to the highest fluctuations as it is exposed to the
radial jet of the circular flow. From the inlet port to the outlet
port, the fluctuations increase approx. by a factor of four.

Despite the increasing turbulence, the wall pressure field
is still dominated by the periodical passage of the blades as
shown by the phase-locked ensemble-averaged wall pressure
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Figure 17: Phase-locked ensemble-averaged wall pressure for four different axial and circumferential positions at a rotational speed of 50Hz
and Δ𝑝12,red = 28,217 Pa measured at the unsteady measurement positions. Each subfigure holds the plots for four different axial positions at
the same circumferential position according to Figure 7. The term 𝑡 ⋅ 𝜔 was chosen instead of 𝜑 to clarify the rotation of the impeller.

in Figure 17. The periodic fluctuations on the radial side
channel wall increase in circumferential direction while the
axial side channel (axial positions 1 to 3) remains nearly
unaffected. At the inlet port, the fluctuations have amplitudes
of 200 Pa and rise up to 2500 Pa at the outlet port for the
axial position 4. The rise of periodic fluctuations on the
radial wall can be explained by the development of the
circulatory flow in circumferential (𝜑) direction as already
proven by the nonconstant pressure gradient. An increase of
the energy transfer from the impeller to the fluid is induced
by a greater circulatory flow speed as more blade passages
occur.This circulatory flow is perpendicular to the main flow
in circumferential direction. Hence, the stagnation pressure
due to the flow deflection on the radial wall increases.
Additionally, the pulse duty factor of the oscillations elevates
in circumferential direction. This indicates that more fluid is
circulating through the blade segment by means of a better
usage of the blade segment cross section by an even velocity
distribution. As the circulating mass flow increases, more
energy can be transferred from the impeller to the fluid.

The spatially resolved wall pressure fluctuations are
shown as the standard deviation in Figure 18. These contour
plots confirm four facts found from the previous evaluations:
firstly, the pressure fluctuations with the highest amplitudes
are located on the radial side channel wall. Secondly, the
fluctuations increase in circumferential direction.Thirdly, the
amplitudes of the fluctuations correlate with the pressure
difference Δ𝑝12,red. Fourthly, the double-flow configuration
induces a nearly symmetric flow field except for the area close
to inlet and outlet port.

A PSD of the wall pressure signal in Figure 19 identifies
the blade passage at the blade passing frequency (𝑓bpf =55 ⋅ 50Hz = 2750Hz) and its harmonics as dominant peaks
in the spectra. The given spectra for three different axial
positions, namely, 1, 4, and 6, are plotted for four different
circumferential positions. They affirm that the fluctuations
as well as the stochastic noise floor in the pressure field
rise in circumferential direction. In addition to the peaks
at 𝑓bpf and multiples of it, an increased broadband noise
in the frequency range up to approx. 400Hz is detected,



14 International Journal of Rotating Machinery

100 150 200 250 30050
1

7
A

xi
al

 p
os

iti
on

 in ∘

(a) Δ𝑝12,red = 1000 Pa

100 150 200 250 30050
1

7

A
xi

al
 p

os
iti

on

 in ∘

(b) Δ𝑝12,red = 14,000Pa

1

7

A
xi

al
 p

os
iti

on

100 150 200 250 30050
 in ∘

(c) Δ𝑝12,red = 20,000Pa

100 150 200 250 30050
1

7

A
xi

al
 p

os
iti

on

 in ∘

(d) Δ𝑝12,red = 28,000Pa

Figure 18: Standard deviation of wall pressure �̌�𝑥,𝜑 at a rotational speed of 𝑓 = 50Hz for four different operating points.

especially at the rotational speed of 50Hz. At the rotational
speed, rigid body motions occur due to the imbalance of the
impeller. This induces pressure oscillations on the surface
of the rigid body, i.e., the side channel housing. The axial
unsteady measurement positions that are located closest to
the impeller in upstream and downstream direction of the
circulatory flow are axial positions 1 and 4. They are exposed
to a higher noise floor and higher peaks than those positions
that are located further away in streamwise direction of the
circulatory flow, such as axial position 6.

4. Conclusions

In this work, the pressure field of a side channel blower was
analyzed by unsteady measurements on the blade surface
and on the side channel wall. Both setups yielded detailed
information on the spatial and temporal behavior of the flow
field. The main findings can be summarized as follows:

(i) The pressure field in a blade segment and on the
side channel wall features similar effects.These effects
concur in the temporal as well as the spatial domain.

(ii) The pressure gradient in circumferential direction is
not constant. Especially at high pressure differences,
the gradient increases in circumferential direction.

(iii) In combination with the former finding, it was shown
that the circulatory flow field initializes within in the
first approx. 90∘ of the side channel. Additionally, the

efficiency of the circulatory flow, bymeans ofmomen-
tum transfer from the impeller to fluid, improves in
circumferential direction. Hence, an optimized inlet
port improves the initialization of the circulatory flow
and, accordingly, the pressure rise.

(iv) The pressure field on the side channel wall is domi-
nated by fluctuations at the blade passing frequency
and on the blade surface by the rotational speed. The
latter is caused by the passage of the blade segment
over the stripper, whereas the former is induced by
the radial jet of the circulatory flow being deflected
by the radial side channel wall.

(v) The amplitude of the pressure fluctuations correlates
with the integral pressure difference Δ𝑝12,red.

(vi) The asymmetric setup of inlet and outlet port with
reference to the double-flow configuration forces the
fluid in the flow away from the ports to abrupt
changes in the flow direction.That in turn causes high
pressure fluctuations near the stripper. Correspond-
ingly, a symmetric setup for both ports leads to a
smooth deflection of the fluid in case of a double-flow
configuration.

(vii) The closing of the blade segment by the stripper
induces pressure shocks and the opening on the
suction side results in additional oscillations due to
the mass inertia of the expanding fluid.

(viii) The pressure relaxation starts directly after the closure
of the blade segment is completed. A higher rotational
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(b) Axial position 1 up to 1 kHz
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(c) Axial position 4 up to 10 kHz
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(d) Axial position 4 up to 1 kHz
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(e) Axial position 6 up to 10 kHz
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Figure 19: PSD of wall pressure at a rotational speed of 50Hz and Δ𝑝12,red = 28,000 Pa. Each plot contains the same axial position for different
circumferential positions.

speed leads to less relaxation through the small gap
between blade and stripper and, hence, causes a
stronger relaxation at beginning of the relaxation
groove.

The pressure field in side channel blowers is complex and
influenced bymany factors. A geometric adaption for a faster

initialization of the circulatory flow improves the pressure
generation and the characteristic curve of the turbomachine.

Nomenclature

𝛿∗: Diameter number𝜂: Efficiency
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𝜔: Angular velocity𝜓∗: Pressure coefficient𝜑∗: Flow coefficient𝑥: Axial position𝜑: Azimuth; circumferential position𝜎∗: Tip speed ratios𝐴P: Pipe cross-sectional area𝑐𝐶: Average velocity of the fluid in
circumferential direction𝑛: Polytropic exponent𝑝1: Static inlet pressure𝑝2: Static outlet pressure𝑝𝜑: Averaged static pressure relative to
ambient pressure for all axial
measurement positions at 𝜑
(= (1/𝑁) ∑𝑁𝑥=1 𝑝𝑥,𝜑)𝑝𝑥,𝜑: Mean static pressure relative to ambient
pressure at location (𝑥, 𝜑)�̌�𝑥,𝜑: Local mean value-adjusted static pressure
relative to ambient pressure𝑝sc: Atmospheric pressure for standard
conditions𝑅𝑠: Specific gas constant for air𝑇1: Inlet temperature𝑇2: Outlet temperature𝑇sc: Atmospheric temperature for standard
conditions𝑢: Rotational velocity�̇�1: Inlet volume flow𝑌𝑝: Specific polytropic work.
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[23] A. Fleder and M. Böhle, “A systematical study of the influence
of blade length, blade width, and side channel height on
the performance of a side channel pump,” Journal of Fluids
Engineering, vol. 137, no. 12, Article ID 121102, 2015.

http://pic.sagepub.com/cgi/content/abstract/217/11/1241


International Journal of Rotating Machinery 17

[24] N. D. Karlsen-Davies and G. A. Aggidis, “Regenerative liquid
ring pumps review and advances on design and performance,”
Applied Energy, vol. 164, pp. 815–825, 2016.
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tungsstöße in Seitenkanalverdichtern,” Forschung im Ingenieur-
wesen, vol. 74, no. 2, pp. 63–76, 2010.

[26] D. Surek, “Druckverlauf und Gasdruckschwingung im
Schaufelkanal von Seitenkanalverdichtern,” Forschung im
Ingenieurwesen, vol. 75, no. 3, pp. 139–152, 2011.

[27] T. Grohmann, Lokalisierung und Klassifizierung tonaler Schal-
lquellen in Seitenkanalgebläsen, 9, Shaker Verlag, 2010.
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Received 24 November 2017; Accepted 1 March 2018; Published 17 May 2018

Academic Editor: Jingyin Li

Copyright © 2018 Aurélie Ortolan et al.This is an open access article distributed under the Creative Commons Attribution License,
which permits unrestricted use, distribution, and reproduction in any medium, provided the original work is properly cited.

A steady mixing plane approach is compared with the time-averaged solution of an unsteady full annulus calculation for a
conventional fan operating at load-controlledwindmill.The objective is to assess the added value of a complete unsteady calculation
compared with a more classical approach, especially concerning the effect of the spatial and temporal periodicity release in such
an unusual operation as windmill. Experiment with global steady measurements and rotor radial characterizations was conducted.
Numerical analysis demonstrates that windmilling global performances obtained with the time-averaged solution of the unsteady
simulation are not far different from the steady case, especially in the rotor. Somedifferences arise in the stator, particularly regarding
the velocity field. Temporal periodicity release in this row has clearly a significant effect on the flow unsteady response. A detailed
analysis highlights that generic patterns of windmilling flows recorded on a steady approach are also reported on the unsteady case.

1. Introduction

In a near future, the need for onboard electrical energy will
become a subject of great interest for aircraft manufacturers.
From this perspective, several studies are currently carried
out to investigate any potential energy sources among exist-
ing onboard equipment. This is the context of the present
study which is focused on the analysis of a low-speed low-
dimension fan.

This fan aims at cooling heat exchangers when the aircraft
is on the ground. It is located downstream of an air intake.
In flight, the mass flow created through the ram air ensures
this function; the fan is of no use and windmills freely. In this
context, the windmilling operation is no longer considered
as a marginal functioning mode only occurring in accidental
situations (engine flame-out) but is regarded as a potential
energy recovery solution. The windmilling configuration
studied in this paper is called “load-controlled windmill” and
is located between the freewheeling condition, well docu-
mented in the literature, and the locked rotor configuration.

In the literature, several studies on turbofans demon-
strated that windmilling operation is characterized by highly
negative incidences on both rotor and stator rows which
leads to massive separation [1–4]. This phenomenon is more
important at load-controlled windmill than at freewindmill.
For a better understanding, an illustration of the velocity
diagrams obtained for a conventional fan in compressor
mode, at freewindmill and at load-controlled windmill, is
given in Figure 1.

Windmilling flows complex topology is problematic
regarding the numerical convergence and predictivity. Dif-
ferent methods and turbulence models were tested in unpub-
lished previous works either to assess the windmilling perfor-
mance or to better understand the unsteadiness of the flow in
this regime.

Regarding the predictivity, on turbofans at freewindmill,
it is generally reported that numerical radial distributions
at rotor outlet are in good agreement with experimental
data, which is not the case at stator outlet (steady mixing
plane simulation [5] and unsteady simulation on 1/12 and
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Figure 1: Velocity diagrams from compressor to load-controlled
windmill.

1/10 sector of the full annulus [6, 7]). This comes from
the fact that losses mechanisms are not well captured. The
overall performance is therefore not well predicted. At loaded
windmill on small axial fans, numerical radial distributions
at rotor outlet are no longer in accordance with the exper-
imental ones, which worsen the discrepancy regarding the
global performance (steady mixing plane simulation [8]).
This comes from the fact that, in loaded cases, the flow on
the rotor is more separated than at freewindmill. In this
paper, a steady mixing plane calculation is compared with
a time-averaged full annulus calculation at load-controlled
windmill, using experimental data as a reference. The impact
on performances of the mixing plane approach as well as the
periodicity release is investigated. It is important to point out
that the windmilling operating point selected for this study is
the one for which many convergence difficulties were present
in the steady state mixing plane simulation. This is typical of
an operating range located between freewindmill and highly
loaded windmill. In these cases, the difficult convergence is
suspected to come from intrinsic aerodynamic unsteadiness.
To check this assumption, the unsteady calculation presented
here was carried out.

Regarding the unsteadiness of windmilling flows, a 2D
NLH approach [9] from Dufour et al. [5, 10] and an unsteady
calculation on 1/12 sector of full annulus from Goto et al. [6]
underline the existence of a vortex-shedding phenomenon
occurring in the stator. According to Dufour, the rotor wakes
that periodically impact the stator blades are responsible for
a continuous modification of the stator angle of attack which
leads to a more or less intense separation. Goto et al. [6] try
to analyze this vortex-shedding on a 3D point of view but
because of the complexity of the pattern more investigation
is needed. One of the objectives in this paper is to analyze the
temporal evolution of the 3D stator separation, in particular
by taking into account its radial unsteady behaviour. The
unsteady computation presented in this paper is therefore
used to analyze the unsteadiness of the flow in order to
improve the understanding of windmilling flow topologies
and draw generic patterns. A last objective is also to check the
trends concerning the rotor topology that were underlined
on a steady calculation presented in a previous paper of the
present authors [11], by the use of an unsteady simulation.

Table 1: Basic properties of the conventional compressor.

Diameter (mm) ≈200
Rotor blades number 17
Stator blades number 23
Design rotational speed (rpm) ≈12000
Design reduced flow coefficient 𝜙∗ = 0.66
Design loading coefficient �̂� = 0.43
Inlet Reynolds number based on diameter ≈150000

Consequently, the scope of the present paper is to bring
light on aerodynamic properties of conventional fans oper-
ating in unusual situations, namely, windmilling conditions.
The following topics are discussed here:

(i) Global and local predictivity of a steady mixing
plane simulation and a time-averaged full annulus
calculation compared with experimental data

(ii) Comparison of secondary flow topologies between
the full annulus calculation and the steady mixing
plane approach

(iii) Analysis of the 3D structure of windmilling separated
zones on both rotor and stator on the full annulus
calculation

2. Machine and Methodology

Themachine studied is a conventional axial fan of rotor-stator
type. As the geometry of the fan is confidential, only some
basic properties are presented in Table 1.

A specific representation is used in this paper to account
for the global performance of the conventional compressor:
the (�̂�, 𝜙) formalism.These parameters, suitable to off-design
configurations according to Binder et al. [12] and Turner and
Sparkes [13], are defined at the mean quadratic radius:

�̂� = Δℎ𝑖23�̂�2
𝜙 = 𝑉𝑥2�̂�
𝑟 = √ 𝑟2shroud + 𝑟2hub2
�̂� = 𝜔𝑟.

(1)

3. Experimental Setup

In the Department of Aerodynamics, Energetics and Propul-
sion (DAEP) of ISAE-SUPAERO, a test facility, called WIL-
LOW for WIndmilL LOW-Reynolds, has been implemented
to analyze the flow behaviour on low-dimension fans (diam-
eter ≤ 200mm) in windmilling conditions [14]. The test rig
is composed of an air vacuum system and an asynchronous
electrical engine, the combination of which enables us to
reach every possible operating point from compressor surge
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Figure 2: Illustration of the deep windmilling test facility (willow) and the numerical domains.

to locked rotor configuration. This facility allows us to
control independently the flow generation by suction and
shaft loading. The rotational speed and torque are measured
and controlled by a differential transformer torque meter
(Magtrol TM 306) coupled with the electrical engine. The
test facility is visible in Figure 2. As illustrated, the engine
was deported far from the test section to protect the mea-
surements from electromagnetic disturbance. If required, the
instrumented section is reversible to invert the flowdirection.
Fan geometries consist of fixed removable rotors and stators.

Measurements between inlet (Plane 1) and outlet (Plane
5) were carried out to assess the global performance. It
consists of 3 thermocouples (Type K, basic accuracy 1∘) and
a 6-hole Kent chamber connected to a differential sensor
(Rosemount, 0/100 mbars, basic accuracy 0.15% Full Scale
(FS)). This enables us to measure the mean total temperature
and the mean static pressure. In addition, the outlet (plane 5)
is equipped with a fixed five-hole probe used to get the total
pressure (Keller, −150/ + 100 mbars, basic accuracy 0.047%
FS). In addition, three wall static pressure ports are localized
at fixed azimuthal position at rotor inlet, rotor outlet, and
stator outlet.

Local radial distributions were recorded to analyze the
rotor flow topology. Two directional five-hole probes are,
respectively, located around 7mm upstream the leading edge
(Plane 2) and 5mm downstream the trailing edge (Plane
3) of the rotor (Keller, −150/ + 100mbars, basic accu-
racy 0.047%FS, Rosemount −50/50mbars, basic accuracy0.15%FS). Radial probing of velocity and pressure fields

as well as flow angles is conducted from hub to shroud
through around 35 positions. A third directional five-hole
probe is used around 27.5mm downstream the trailing
edge of the stator (Plane 4) (Keller, −150/ + 100mbars,
basic accuracy 0.047%FS, Rosemount −50/50mbars, basic
accuracy 0.15%FS). In this case, both azimuthal and radial
probings are enabled over 45∘ in the pitch-wise direction
with a discretization of 1∘. This leads to around 14 measured
distributions within a stator blade passage for about 15
different radii. The azimuthal movement of the five-hole
probe ismotorized and ensured by a ring gearmounted on the
casing. A Newport high performance rotation stages device
ensures the rotation of this gear over an angular sector of
45∘, corresponding to about 3 blade passages, depending on
the considered rotor. The angular resolution of the engine
is 0.0025∘ with a mechanical clearance of about 0.01∘. Data
acquisition is achieved by a composite National Instruments
(NI) cDAQ-9172 device connected to 3 kinds of NI modules
that are used for current (NI 9215), voltage (NI 9203), and
temperature (NI 9211) recordings. The measurements are
acquired on 5000 samples with a sampling frequency of
20 kHz. Rotation and translation for the five-hole probes are
carried out by a 2-axis NI motion device (NI PCI-7344).

The uncertainties were assessed on both global and local
performance based on that of the sensors. In addition, a
repeatability study was performed for three operating points
in compressor, freewindmill, and load-controlled windmill
by using Student’s 𝑡-distribution applied over a sequence
of several tests for a 95% confidence interval. The result is
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Table 2: 95% confidence intervals for global measurements in
compressor mode, free windmill, and load-controlled windmill.

𝜙∗ �̂� Π 𝜂
0.656 ± 0.005 0.367 ± 0.008 1.016 ± 0.003 0.80 ± 0.011.001 ± 0.005 −0.020 ± 0.013 0.982 ± 0.005 -2.000 ± 0.006 −1.396 ± 0.036 0.961 ± 0.003 0.16 ± 0.01
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Figure 3: 95% confidence intervals for local measurements at
rotor outlet in compressor mode, freewindmill, and load-controlled
windmill.

presented for the global measurements in Table 2 and for
the local measurements of the five-hole probe at rotor outlet
in Figure 3. On the whole, the repeatability error was found
greater than the uncertainties. The latter are not indicated in
the figures of this paper for clarity reasons.

Within the scope of this study, one particular operating
point in load-controlled windmilling operation was investi-
gated. It corresponds to a situation where the flow is not fully
separated spanwise on both rotor and stator rows. This point
is characterized by a flow coefficient of about 𝜙 = 1.66, a
rotational speed of 1500 rpm, and a mass flow of 0.455 kg⋅s−1.
The presented results were corrected in terms of atmospheric
temperature and pressure.

4. Numerical Setup

Numerical resultswere carried outwith the EURANUS solver
of FINE�/Turbo V9.0.2 developed by NUMECA. All com-
putations were performed on an in-house supercomputer,
composed of 24 nodes of 16 processors and 8 nodes of 24
processors. The numerical domain for steady mixing plane
and full annulus simulations are illustrated in Figure 2. In
both cases, the shaft, bell mouth, and rear support were not
numerically represented.

Regarding the steadymixing plane approach, ameshwith
an overall size of 3.3Mptswas used.Thenumber of flowpaths
is 109 in the rotor including 29 points in the tip gap and 89 in

Table 3: Mesh quality parameters.

Min Max Max 𝑦+meanskew. asp. ratio exp. ratio
Rotor 32 430 2.33 0.28
Stator 36 216 1.79 0.31

the stator.The number of cells in the pitch-wise direction is 51
in the rotor and 43 in the stator. Each blade surface (suction
and pressure) is discretized with 105 grid points in the rotor
and 85 in the stator.Themesh quality parameters are given in
Table 3.

The unsteady computation is characterized by a mesh
of 60Mpts (rotor: 32M, stator: 24M), which corresponds
to the repetition of the steady case. According to the afore-
mentioned in-house calculations means, for such a big mesh
size the numerical domain had to be reduced (Figure 2).
Despite this measure, 240000CPU hours were still necessary
to reach the convergence. A more refined full mesh was not
possible for the same reasons. One revolution of the rotor
was discretized in 1564 angular positions corresponding to
92 time steps per rotor period and 68 per stator period. The
convergence was reached for 10 rotations.

Thenumerical parameterswere set for both computations
as follows. The domains are discretized with a multiblock
structured mesh generated with AutoGrid 5�. The mesh
consists of O-grid blocks located around the blades and H-
grid blocks in the passage (O4H mesh). The first cell at wall
was set to 5𝜇m.The mean value of the 𝑦+ parameter at walls
is about 0.3 (𝑦+max ≈ 1.5). Global tests data were used to
set the total uniform inlet boundary conditions (pressure,
temperature) and to impose the mass flow at outlet. The two-
equation SST model was used for turbulence closure. The
turbulence intensity was calculated based on the Reynolds
number (about 3%). The advance in pseudo-time is ensured
by a four-stage Runge-Kutta scheme for the steady simu-
lation. Regarding the full annulus case, time discretization
is achieved through a dual-time stepping method proposed
by Jameson. Iterations in the inner loop are set to 10. The
discretization in space is based on a cell-centered finite-
volume approach. Convective fluxes are determined by a
Jameson second-order centered scheme with added artificial
dissipation.

5. Comparative Analysis

In this section, the predictivity of steadymixing plane and full
annulus unsteady RANS simulations are compared in terms
of global performances, radial distributions, and local flow
topology. Global performances are extracted from the same
axial planes as the experiments andmass-averaged. All radial
numerical profiles are extracted on experimental axial planes
and obtained after an area-weighted azimuthal average. It
can be assumed that numerical pitch-wise averaging in
the relative frame is equivalent to experimental temporal
averaging at a fixed azimuthal position since the computed
flow in the rotor is steady [5]. In the stator, several radial
distributions in the pitch-wise direction are experimentally
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Table 4: Synthesis of experimental and numerical global perfor-
mance.

𝜙 �̂� 𝑃𝑖1/𝑃𝑖9 𝜂 Δ𝑃
23Shrd (Pa) Δ𝑃34Shrd (Pa)

Exp. 1.66 −1.34 1.012 0.16 −671 −938
Stdy 1.64 −1.42 1.011 0.17 −913 −1007
Uns. 1.64 −1.43 1.011 0.17 −936 −459
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Figure 4: Experimental and numerical rotor and stator axial
velocities.

measured and averaged over a blade passage. The unsteady
calculation has been time-averaged over 6 rotor periods, 𝑇

𝑅
.

This last parameter is defined as a function of the number of
stator blades𝑁

𝑠
as indicated below:

𝑇
𝑅
= 2𝜋𝜔𝑁𝑠 . (2)

5.1. Global Performance. The global flow coefficient 𝜙 is
well estimated by both numerical approaches as shown in
Table 4. This good agreement comes from the fact that both
rotational speed and mass flow are numerically imposed.
On the contrary, a worse prediction is observed on the
loading coefficient (6% error) for both simulations. This can
come from the estimation of the experimental aerodynamic
power by considering the mechanical losses and the use of
a mass flow-weighted average for numerical results. The two
predicted total-to-total isentropic efficiency is also similar to
the measured one. The only difference between the calcula-
tions is reported on the stator static pressure drop. Indeed,
stator separations for the unsteady case are less extended and
more intense than for the mixing plane simulation. With the
effective flow area being more important, the axial velocity
at stator outlet is smaller and the static pressure is greater
than the one recorded on the steady case. In addition, both
simulations show the same discrepancy from the experiment
in terms of rotor static pressure drop.

5.2. Radial Distributions. On Figure 4, the evolution of the
reduced axial velocity is investigated. At rotor inlet, both
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Figure 5: Experimental and numerical rotor work and losses.

simulations are equivalent, as expected, and well match the
tests data from midspan to shroud. However, a significant
discrepancy is recorded in the blade lower half. The lack of
predictivity near the hub can be explained by the insufficient
development of the numerical boundary layer. At rotor
outlet, no differences are reported between the mixing plane
approach and the time-averaged unsteady case.On thewhole,
the axial velocity is rather well predicted along the span.
This means that the vein blockage (the ineffective flow
area out of the geometric area [15]) is well estimated by
the simulations. At stator outlet, greater discrepancies are
recorded between both methods.The time-averaged solution
of the full annulus case is reported to be in better agreement
with the experimental data.This result is not surprising since
this method takes into account the rotor wakes effect on
the stator topology and is therefore expected to be more
representative of the actual flow reality in this row.

The radial distributions of the rotor loading coefficient
and pressure ratio are considered in Figure 5. The work
exchange does not evolve monotonously from hub to shroud
at load-controlled windmill contrary to classical fan oper-
ation. The general shape is caught by both simulations, in
particular the slope inversion. However, a similar overesti-
mation is recorded from hub to 30% of the span as well as
an underestimation from this height to shroud. The latter
indicates a bad behaviour of the methods in the stalled areas.
The bad prediction of the tangential velocity is believed to
be responsible for the bad agreement of the work exchange
with the tests data. Regarding the losses, the numerical
prediction is good from hub to shroud. Surprisingly, the
steady simulation seems slightly in better agreement with the
tests data. More accurate results would have been expected
from the full annulus case since more flow physics is taken
into account.

The predictivity of the numericalmethods is now checked
in the stator. Radial distributions of incidence and pressure
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Figure 6: Experimental and numerical stator incidence and losses.

ratio are given in Figure 6. At inlet, the flow is well predicted
by both methods from hub to 30% of the blade span.
From this height, great discrepancies are recorded. The
mixing plane approach appears to give better results than the
unsteady case. This can be explained by the location of the
axial plane from which the radial distributions are extracted:
the rotor/stator axial distance is too small to put more than
one five-hole probe. The extraction plane for stator inlet is
the same as that of rotor outlet and is numerically located
before the mixing plane. Regarding the stator losses, both
simulations far underestimate the pressure ratio.

On Figure 7, an illustration of the vein blockage, pro-
voked by the stator massive separation, is given for all
methods. Significant differences arise between the numerical
approaches when the azimuthal variation is considered.
This result clearly discredits the mixing plane approach and
underlines the relevance of the unsteady case to predict the
flow physics in the stator, despite a slight overestimation of
the maximum velocities at the hub.

Finally, in the rotor, the flow topology was rather well
captured by bothmethods, except thework distribution in the
stalled regions and near the hub. This point leads to suspect
the turbulence closure. In-house studies were carried out to
investigate the influence of a large number of turbulence
models. However, no significant improvement waswitnessed,
although the SST and Spalart-Allmarasmodels were reported
to be the best ones. On the whole, the permeability was
relatively well predicted throughout the stage for both meth-
ods. In the stator where most of the differences arise, the
unsteady approach seemed more relevant than the steady
one, in particular when the azimuthal direction is considered.
However, in both cases, total pressure losses in the stator
are badly assessed, underlining the potential irrelevance of
RANS methods to capture the physics of separated flows at
windmill. A first enhancement of the simulations would be
to use a laminar-turbulent transition model to account for
Reynolds number effects. This solution was tested by using

themodel proposed by Langtry et al. [16, 17] on amore refined
mesh (14Mpts) in order to respect themethod requirements.
No differences were witnessed in the rotor. In the stator, no
improvement was reached: a slight difference in pressure loss
is the only point worth being reported. The next step would
be to try LES calculations to capture more flow physics.

5.3. Local Flow Topology. Theobjective of this part is to check
if the generic trends, typical of windmilling flows, that were
recordedwith amixing plane approach on a previous paper of
the present authors ([11]) are observed on the time-averaged
unsteady computation as well.

Figure 8 shows static pressure contours with streamlines
near the rotor hub. Both numerical results are quite similar.
Curvature effects inside the hub boundary layer generate
a crosstream directed inversely compared with the rotor
rotation.

Likewise, the radial velocity contours given at rotor outlet
on Figure 9 emphasizes that the same results are obtained on
both simulations. In addition, each passage shows exactly the
same pattern.

The aforementioned results lead finally to the same 3D
structure for the rotor separation, as visible on Figure 10.The
flow is separated on the entire leading edge but propagates
towards the shroud due to positives values of radial veloc-
ities and decrease in solidity. On the whole, all the results
regarding the rotor topology are confirmed by the unsteady
calculation.

Figure 11 presents the contour of axial velocity at stator
outlet for both calculations. Extreme values are more impor-
tant for the steadymixing plane simulation than for the time-
averaged solution. The flow topology is smoothed in this
latter case due to a homogenization enabled by temporal and
spatial constraints release.

What emerges from the previous numerical results is the
fact that generally speaking no significant differences exist
between the steady mixing plane calculation and the time-
averaged unsteady case in the rotor. This result comes from
the fact that stators only affect the system permeability and
do not modify the rotor topology [8]. On the stator, discrep-
ancies are reported on extreme values and flow topologies.
This last point will be investigated in the next section.

6. Analysis of Stator Separation at Windmill

In this section, the objective is to analyze the unsteady 3D
structure of the stator separation, which is presented on
Figure 12 at a given time step and for 8 successive passages.
Conveniently, for a better understanding, the numbering of
these passages is indicated on all the figures presented in
this section. The flow separation is visualized thanks to a
zero axial velocity isosurface. The main differences are found
at the trailing edge from one passage to another, where the
separation structure highly evolves in the three directions.
In the tip region, the separation expands axially and radially
from passages 1 to 4. In this last passage, the separation
is truncated which means that the azimuthal width of the
separation is spread on at least two passages. Radially, a vortex



International Journal of Rotating Machinery 7

Experiment Full annulusMixing plane

1.80.3 1.20.90.60 2.11.5

Vx4/Vx4

Figure 7: Experimental and numerical reduced axial velocity at stator outlet.

Static pressure (Pa)

97400

99200

97600

97800

98000

98200

98400

98600

98800

99000

Steady Case

Rotation

Time-averaged solution of Full annulus case

Figure 8: Numerical rotor static pressure contours and streamlines near the hub.

Radial velocity (m/s)
17.5

15
12.5

10
7.5

5
2.5

0
−5

−2.5

Steady Case

RotationRotation

Time-averaged solution of Full annulus case

Figure 9: Numerical rotor outlet radial velocity contours.



8 International Journal of Rotating Machinery

Steady Case Time-averaged solution of Full annulus case

30% h/H

30% h/H

Figure 10: Numerical rotor zero axial velocity isosurface.

Axal velocity (m/s)
Steady Case

50

40

30

20

10

0

−10

−20

RotationRotation

Time-averaged solution of Full annulus case

Figure 11: Numerical stator outlet axial velocity contours.

3 4

8765

1 2

Figure 12: Numerical zero axial velocity isosurfaces on stator blades at a given time step for 8 successive passages.



International Journal of Rotating Machinery 9

seems to emerge from the shroud and then migrates towards
the hub while advected to the outlet.

Figure 13 describes the evolution in time of entropy
contours on blade-to-blade views taken at different time steps
during one rotor period. One rotor and one stator blades are
filled to follow the rotor rotation. The corresponding theta-
averaged radial distributions of the stator angle of attack at
the given times are presented with black thick lines (other
time steps are in grey). The red line corresponds to the
time-averaged profile during the rotor period. This figure
confirms the phase locking of the stator separation on the
rotor passage which was first reported by Dufour et al. [5, 10].
A structure, identified at stator outlet, seems to evolve in the
opposite direction of the rotation. The figure illustrates that
the vein blockage is typically more important in the stator
than in the rotor. In windmilling operation, secondary flows
are responsible for a tipward motion of the rotor separation
which widens the wakes impacting the stator [11] near the
shroud.This may explain whymost of the absolute flow angle
variations are located in the tip region.

For a complete understanding of the 3D structure of the
stator separation, its radial evolution is now investigated.
Entropy contours and zero axial velocity isolines are given at
stator outlet in Figure 14 over a rotor period. In addition, the
radial velocity distributions are presented for the same time
steps and were extracted for a fixed azimuthal angle (black
thick lines). The red line corresponds to the time-averaged
profile during the rotor period. As can be seen, there is a
great heterogeneity of entropy although the highest values
are located near the shroud where separation is the most
massive. The sign of the radial velocity seen by the passage
number 3 changes several times during a rotor period.
This underlines that the fluid in this passage is alternatively
moving towards the hub and towards the shroud, attesting of
a radial unsteadiness of the stator separation. This behaviour
is a consequence of the periodic confinement induced by the
displacement of the equally spaced high entropy areas (spatial
mode 3 turning in the opposite direction of the rotation). To
the authors’ knowledge, so far this unsteady radial behaviour
of the separation has never been reported in the literature
concerning windmilling operation.

Numerical results revealed a highly unsteady 3D sepa-
ration occurring in the stator. Thorough understanding of
this topology remains to be achieved but separated zones are
clearly locked on the phase of the rotor. This phenomenon is
particularly important in the shroud region where the rotor
wake is the widest due to the effects of secondary flows. The
URANS calculation revealed an interesting topology as far as
the windmilling flow understanding is concerned. However,
such a costly approach has no added value concerning global
performance estimation or understanding of rotor local
topology. Experimental preliminary results also show some
indication of complex unsteady behaviour but the complete
experimental campaign is still ongoing.

7. Conclusion

The first objective of the present paper is to compare
global and local performance between a mixing plane steady

calculation and the time-averaged solution of a full annulus
unsteady calculation, for an axial fan operating at a selected
operating point at load-controlled windmill. The second
objective is to analyze the stator separation during one rotor
period to better understand its 3D structure. The following
findings emerged from the previous discussions:

(i) Little discrepancies are visible in the rotor in terms
of global and radial performance between the mixing
plane calculation and the time-averaged solution of
the unsteady case.

(ii) Significant discrepancies are reported between the
two approaches in the stator where the full annulus
approach seems to be more representative of the flow,
especially in the pitch-wise direction.

(iii) Regarding the rotor topology, little discrepancies are
recorded betweennumerical and experimental results
from 30% of the blade span regarding the work
prediction.This is imputed to the 3D triangular shape
of the rotor separation which barely affects the region
near the hub. The bad predictions of the intensity
of the stalled region as well as the position of the
reattachment line are suspected to be involved. In
addition, in the stator, the numerical prediction of
the losses is far from the experimental data. All in all,
the relevance of RANS methods for fans operating at
load-controlledwindmill can certainly be questioned.

(iv) At windmill, the structure of the stator separation is
highly tridimensional and locked to the phase of the
rotor.

8. Perspectives

Future work will focus on
(i) a modal analysis on the unsteady calculation;
(ii) unsteady measurements at rotor outlet to analyze the

spectral content of windmilling flows (Kulite probes);
(iii) hot wire measurements at rotor and stator outlet to

investigate the separation structure.

Nomenclature

Superscript

.̂: Assessed at the rotor outlet mean quadratic radius.

Subscript

.
1
: Inlet.
2
: Rotor inlet.
3
: Rotor outlet/stator inlet.
4
: Stator outlet.
5
: Outlet.

Abbreviations

Skew: Skewness
Asp.ratio: Aspect ratio
Exp.ratio: Expansion ratio.
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Roman Symbols

ℎ
𝑖
: Absolute total enthalpy (J⋅kg−1)𝑖: Incidence (∘)𝑃: Absolute static pressure (Pa)𝑃
𝑖
: Absolute total pressure (Pa)𝑟: Radius (m)𝑈: Blade speed (m⋅s−1)𝑉: Absolute velocity (m⋅s−1)𝑉
𝑟
: Absolute radial velocity (m⋅s−1)𝑉
𝑡
: Absolute tangential velocity (m⋅s−1)𝑉
𝑥
: Absolute axial velocity (m⋅s−1)𝑊: Relative velocity (m⋅s−1).

Greek Letters

𝛽: Relative flow angle (∘)𝛿: Rotor outlet deviation (∘) (=𝛽 − 𝛽Metal)Π: Pressure ratio𝜂: Global efficiency𝜙: Flow coefficient𝜓: Loading coefficient𝜔: Angular blade speed (rad⋅s−1).
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Numerical simulation of temperature field of cooled turbine blades is a required element of gas turbine engine design process. The
verification is usually performed on the basis of results of test of full-size blade prototype on a gas-dynamic test bench. A method
of calorimetric measurement in a molten metal thermostat for verification of a thermal model of cooled blade is proposed in this
paper. The method allows obtaining local values of heat flux in each point of blade surface within a single experiment. The error of
determination of local heat transfer coefficients using thismethod does not exceed 8% for blades with radial channels. An important
feature of themethod is that the heat load remains unchanged during the experiment and the blade outer surface temperature equals
zinc melting point.The verification of thermal-hydraulic model of high-pressure turbine blade with cooling allowing asymmetrical
heat removal from pressure and suction sides was carried out using the developed method. An analysis of heat transfer coefficients
confirmed the high level of heat transfer in the leading edge, whose value is comparable with jet impingement heat transfer. The
maximum of the heat transfer coefficients is shifted from the critical point of the leading edge to the pressure side.

1. Introduction

A gas turbine engine service life is mainly determined by
lifespan of high-pressure turbine blades [1]. Creation of blade
with effective cooling system is a complicated and labour-
intensive process. It includes selection and design of cooling
loop as well as its optimisation; gas-dynamic, thermal, and
strength calculations; experimental study; development of
production technology; and evaluation of reliability [2–4].

Hydraulic and thermal models of cooling passages pro-
viding the determination of boundary conditions from the
side of gas and cooling air are used for the purpose of
calculation of thermal state of a blade during operation. The
adequacy of both hydraulic and thermal models of cooling
passage, which are based on the values of hydraulic resistance
of paths with turbulators and on criterion dependencies for
calculation of heat transfer from the passage walls to cooling
air, has an influence on the accuracy of obtained results.
Possible inadequacy of thermal and hydraulic models of
manufactured full-size blade prototype is related to the fact

that the values of hydraulic resistance and criterion equations
used for the design are usually obtained from models with
constant cross section of a greater size than passages of a
real blade while the modelling conditions significantly differ
from the full-scale ones [5–8]. There is almost no data of
calculation of heat transfer in transitional parts of passage
junctions, turns, and bifurcations. All of the above decrease
the accuracy of calculation of temperature fields of a blade
and hence the safety factor.

The modelling of blade temperature field as a result of
a simultaneous solution of a single package of problems of
gas and coolant flows and heat transfer with conjugation of
heat exchange conditions on the walls is an up-to-date design
method. However, the accuracy of obtained results (and their
matching to the experimental data) depend largely on a
chosen turbulence model, an approach to three-dimensional
modelling and a density of grid [9–11].

Figure 1 demonstrates an example of comparison results
of calculated and measured temperature values in the mid-
dle section of a studied blade, which were obtained while
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Figure 1: Temperature at the blade profile outline. (1) Experiment
by Baranov Central Aircraft Engine Institute; (2) RKE model
conjugated approach; (3) RKE model semiconjugated approach.

selecting the most accurate calculating model. In particular
areas, the discrepancy is up to 40∘Cwhile the gas temperature
upstream the blade cascade is 614∘C [12].

Verification of thermal and hydraulicmodels shall be per-
formed by testing the full-size blade prototype manufactured
according to a batch process by using the lost-wax casting
[13–15]. Essential discrepancies of thermal and hydraulic
parameters to calculated values determined during the test
require correction of design and technological documenta-
tion, modification of a mould, or even production of a new
one for pressing ceramic cores that hollow the blade during
the casting [16, 17]. This results in significant additional costs
and increases the time required for development of cooled
blade as well as an engine as a whole.

During the process of reengineering of gas turbine hot
section, a problem of recreation of thermal and hydraulic
model of cooled blade for the purpose of calculation of its
thermal state arises [18–20].

As for blades cooled by convection, a method of calori-
metric measurement in a molten metal thermostat can help
solve the problem of verification of thermal and hydraulic
models of turbine blade cooling system [21].

This paper is dedicated to the development of verification
method of thermal models of internally cooled gas turbine
blades.

2. Method of Calorimetric Measurement in the
Molten Metal Thermostat

Method of calorimetric measurement in the molten metal
thermostat allows obtaining local values of heat flux in each
point of blade surface experimentally [22]. An effect of phase
transition of chemically pure metals is a physical basis of
calorimetric method. The method proceeds as follows. A
blade equipped with manifolds for supply and extraction of
cooling air shall be submerged into the melt of pure zinc
heated over its melting point. The blade shall be heated to
the temperature of melt and then cooled along with it down
to the equilibrium state at zinc melting point and below by

Air

Zinc coat

Air extraction 
manifold

Blade

Zinc melt at the 
melting point

Figure 2:Method of calorimetric measurement in themoltenmetal
thermostat.

the cooling air within a particular period of time. After that
the blade shall be taken out of the melt (Figure 2). A metal
coat formed during the process of heat transfer to the coolant
passing through internal paths of the blade is crystallized on
its outer surface.

Experiments in the zinc melt are usually carried out in a
wide range of pressure drops 𝜋a = 𝑃𝑏/𝑃0, where the following
parameters aremeasured: air consumption through the blade;
incoming and outgoing air temperatures. After a series of
experiments, zinc coats removed from the studied blade shall
be weighted which is necessary for evaluation of the quality
of experiments with respect to convergence of heat balance.
The heat balance is defined as follows:

𝐺a ⋅ 𝐶𝑝 ⋅ (𝑇∗a − 𝑇∗a out) = 𝑚𝑐𝜏 ⋅ 𝐿cr, (1)

where 𝐺a represents air consumption through the blade; 𝐶𝑝
represents heat capacity of air; 𝑇∗a represents temperature
of air incoming to the blade; 𝑇∗a out represents temperature
of air outgoing from the blade; 𝑚𝑐 represents coat mass; 𝜏
represents blowing time; 𝐿cr represents zinc crystallization
heat.

If the quality of experiment is high, then the difference
in values of heat removed from the blade which were
obtained bymeasuring of zinc coatmasses and thermocouple
indications should not exceed 5%.

After the convergence of heat balance is checked, coats
shall be marked and cut with respect to sections accepted
for the study. Usually these sections match constructive cross
sections of the blade. Zinc coat images enlarged by 8 to 10
times shall be obtained by scanning. The use of enlarged
images allows for essential improvement of accuracy of coat
thickness measurement.

The heat flux for each calculation point 𝑞𝑖 is defined as
follows:

𝑞𝑖 = 𝜌𝑐 ⋅ 𝐿cr𝜏 ⋅ [(𝛿𝑖 − 𝛿𝑑) ± (𝛿𝑖 − 𝛿𝑑)22 ⋅ 𝑅𝑖 ] , (2)
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where 𝑅𝑖 represents radius of outer surface of blade; 𝛿𝑖 rep-
resents coat thickness; 𝛿𝑑 = 0.1mm represents the thickness
of dragged metal layer forming while the blade is taken out
of the melt; 𝜌𝑐 represents density of zinc coat; the “–” sign is
used for points on the concave surface of blade.

In order to determine the values of local coefficients of
heat elimination to the air, one shall know the temperature
of cooling air 𝑇∗a𝑖. 𝑇∗a𝑖 values shall be calculated with respect
to distribution of coolant 𝐺a𝑖 over internal passages for test
conditions in thermostat and in order to solve the heat
balance equations composed for particular areas of blade
surface at which the values of heat flow are determined.

The local heat transfer coefficient ℎa𝑖 is defined as follows:
ℎa𝑖 = 𝑞𝑖𝐾sh𝑖

⋅ (𝑇m − 𝑇∗a𝑖)−1 , (3)

where 𝐾sh𝑖 represents shape coefficient which considers the
geometric difference between the blade wall and a flat thin
wall; 𝑇m represents zinc melting point.

The Nua𝑖 and Rea𝑖 criteria shall be calculated for each
point of blade surface; then they shall be approximated by the
following dependencies using the least squares method:

Nua𝑖 = 𝐴 𝑖 ⋅ Re𝑚𝑖a𝑖 . (4)

The error of determination of local heat transfer coeffi-
cients 𝛿ℎ𝑖 consists of the error of determination of heat flux
and local temperature of cooling air. The relative error of
determination of heat flux 𝛿𝑞𝑖 is defined as follows:

𝛿𝑞𝑖 = √(𝛿𝛿𝑖)2 + (𝛿𝑅𝑖)2 + (𝛿𝜏𝑖)2 + (𝛿𝜌𝑖)2 + (𝛿𝐿 𝑖)2, (5)

where 𝛿𝛿𝑖 represents the relative error of determination of
crust thickness; 𝛿𝑅𝑖 represents the relative error of determi-
nation of curvature radius of the blade surface; 𝛿𝜏i represents
the relative error of blowing time determination; 𝛿𝐿 𝑖 repre-
sents the relative error of specifying the latent value of zinc
crystallization; 𝛿𝜌𝑖 represents the relative error of setting the
heat flux.

If we assume that the values of 𝐿 𝑖 and 𝜌𝑖 are specified with
high accuracy, the relative error 𝛿qi does not exceed ±5%.

The error of determination of local heat transfer coef-
ficient depends mainly on the error of determination of
distribution of the air flow through the cooling channels 𝛿𝐺𝑖
and, accordingly, on air heating and local temperature 𝑇∗a𝑖.
The value of 𝛿𝐺𝑖 is determined by the complexity of the blade
cooling path.

The error of determination of local heat transfer coef-
ficients usually does not exceed ±8% for blades with radial
channels. An important feature ofmethod is that all tests shall
be carried out under the same external heat load and blade
outer surface temperature 𝑇𝑏 equals zinc melting point 𝑇m =
692.4 K.

3. Facility for Implementation of
Method of Calorimetric Measurement
in the Molten Metal Thermostat

Despite constructive and layout solutions, a facility for testing
the cooled blades in molten metal thermostat shall include

the following elements (Figure 3): a system of air purification
and supply; a working area for connection of object to
be studied; heat measuring system consisting of a crucible
with zinc melt and an oven for its heating and melting;
rotary lifting mechanism ejecting the crucible from the oven,
moving it to the blade, allowing putting the blade into the
melt and taking it out; a system of air consumption control
and measurement and recording the experimental data.

It is possible to use facilities with various layouts which
basically differ from one another by degree of mechanisation
of test process.These constructive differences are determined
by the amount of studies, the design of tested blade, its
dimensions, allocation of holes for air ejection from the blade,
and experimentalmodes, pressure of cooling air, and the need
of creation of counterpressure at the blade output.

The thermostat is the crucible with zinc melt whose
cross section is oval. The crucible shall be made of high-
carbon steel; its internal surface shall be coated with a thin
ceramic coat that prevents the contact of the crucible surface
with the melt. Dimensions of crucible and the mass of zinc
shall be determined by the mass and dimensions of blade
equipped withmanifolds for supply and extraction of cooling
air. The control panel allows manipulating the rotary lifting
mechanism and cooling air supply system, in both manual
and automatic modes according to a signal of timer, and
recording the experimental data.

The working area connects the blade to air supply mains
and is a constructive unit, which also includes the blade
prototype to be studied. The working area design shall be
specially developed for each series of blades and is deter-
mined by test tasks. As the working area shall not influence
the thermal state of blade during the test and shall provide
the given parameters of incoming cooling air, it shall comply
with the following requirements. The working area shall
provide the following: ability of blowing of blade with coolant
while it is dipped into the zinc melt, with coolant ejection
to the atmosphere and with counterpressure; the minimum
heat removal from the blade by working area; absence of
massive elements of connections for the purpose of decrease
of thermal accumulative ability of unit.

Figure 4 demonstrates the experimental test bench. The
description of themainmeasurement equipment is presented
in Table 1.

4. Blade Thermal Model
Verification Technique

Method of calorimetric measurement in the molten metal
thermostat can be effectively used for experimental verifica-
tion of thermal models of internally cooled blades.

The thermal model shall be verified by comparison of
distribution of heat flux 𝑞𝑐 over the outer surface, which
is calculated according to verified thermal model for test
conditions, and distribution of heat flux 𝑞𝑧, which is deter-
mined from the results of experiments in the molten metal
thermostat. Comparison of heat flows shall consider all
parameters of thermalmodel that determine the thermal state
of blade under the operating conditions: air consumption and
temperature at the branches of equivalent hydraulic network,
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Table 1: Accuracy of the measurement equipment.

Measurement equipment Measurement error
Air flow meter EE741-A6D2DN20 + HAO79020 1.32%
Pressure transducer MBS 4500 0.5%
LED indicator-measuring microprocessor 2TRM0-N.U. 0.5%
Pressure transducer PD200-DI0, 1-315-0, 1-2-N 0.1%
High-precision industrial pressure sensor DMP 331i 111-2001-1-1-100-800-1-11R 0.1%
Thermoelectric converter DTPK454-05.200/2C.1 0,015 T

coefficients of heat transfer to the coolant, and blade wall
shape coefficients.

While calculating the heat flow 𝑞𝑐 under the modelling
conditions of molten metal thermostat, the following bound-
ary condition of the first kind shall be set: the surface
temperature equals zinc melting point 692.4 K; the following
boundary conditions of the third kind shall be set for the
surface of cooling passages: temperature of cooling air𝑇∗a𝑖 and
coefficients of heat transfer from the blade wall to cooling airℎa𝑖 obtained by using the verified hydraulicmodel of blade for
conditions of blade test in the molten metal thermostat. The
result of calculation is a two-dimensional temperature field of

blade cross section and a value of heat flux in given points of
outer surface.

In order to make a decision regarding the adequacy
of thermal model, dependence allowing evaluation of the
influence of detected differences between 𝑞𝑧 and 𝑞𝑐 on the
thermal state of blade is required. For this purpose, the use
of dimensionless relative temperature (the intensity of blade
cooling) is advisable:

𝜃 = 𝑇∗𝑔 − 𝑇𝑏𝑇∗𝑔 − 𝑇∗a , (6)

where 𝑇∗𝑔 represents hot gas temperature.
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The following ratio is valid for each point of blade surface:

1/𝜃𝑏𝑧 − 11/𝜃𝑏𝑐 − 1 = 𝐾sh ⋅ ℎa𝑐𝐾sh ⋅ ℎa𝑧 =
𝑞𝑧𝑞𝑐 , (7)

where 𝜃𝑏𝑐 represents a dimensionless temperature of blade
surface obtained from the results of calculation using the
thermal model being verified; 𝜃𝑏𝑧 represents a dimensionless
temperature of blade surface obtained from the results of
experiments in molten metal thermostat; ℎa𝑐 represents a
coefficient of heat transfer to cooling air applied in the
thermal model being verified; ℎa𝑧 represents a coefficient of
heat transfer to cooling air calculated on the basis of results
of experiment.

As values of experimental and calculated air consumption
coincide, the ratio is valid:

ℎa𝑐ℎa𝑧 =
𝜆a𝑧𝜆a𝑐

⋅ (𝜇a𝑧𝜇a𝑐 )
−𝑚 , (8)

where 𝜆a𝑧 represents thermal conductivity of air applied in
the thermal model being verified; 𝜆a𝑐 represents thermal
conductivity of air calculated on the basis of results of
experiment; 𝜇a𝑧 represents viscosity of air applied in the
thermal model being verified; 𝜇a𝑐 represents viscosity of air
calculated on the basis of results of experiment; m represents
an exponent in the criterion equation for calculation of ℎa𝑐.

The exponential dependencies are used for calculation of
variations of thermal conductivity 𝜆a and viscosity of air 𝜇a:

𝜆a = 𝑓1 (𝑇a)0.64 ;
𝜇a = 𝑓2 (𝑇a)0.76 .

(9)

With regard to specific values of exponent at the Reynolds
numberm = 0.6–0.8, proceeding from (9), we shall obtain

ℎa𝑧ℎa𝑐 = (
𝑇∗a𝑧𝑇∗a𝑐 )
0.64−0.76⋅𝑚 . (10)

If𝑚 = 0.8, then the difference by 1.5 times in temperatures
results in the difference 𝑞𝑧/𝑞𝑐 = 1.013. Using (7) and assuming𝜃𝑏𝑐 for particular area of blade as a permissible variation Δ𝜃,
a permissive variation of 𝑞𝑐 and 𝑞𝑧 is defined as follows:

(𝑞𝑧𝑞𝑐 )𝑝 =
1/ (𝜃𝑏𝑐 − Δ𝜃) − 11/𝜃𝑏𝑐 − 1 . (11)

If the obtained parameter value is 𝑞𝑧/𝑞𝑐 ≤ (𝑞𝑧/𝑞𝑐)𝑝, then
the thermal model describes the processes of internal heat
exchange appropriately for this part of blade.

Comparison of 𝑞𝑧 and 𝑞𝑐 is advisable under several
test modes, that is, for various pressure drops. The 𝑞𝑧/𝑞𝑐
value should not practically change depending on the 𝑃𝑏/𝑃0
pressure drop. In this case the major error in criterion depen-
dencies of thermal model will relate to the value of coefficient
at the Re number. If the comparison of experimental and
calculated heat flows 𝑞𝑧/𝑞𝑐, obtained for various pressure
drops, gives the same value of variation in considered areas,
one can conclude that the 𝑚 exponent in the used criterion
dependence of Nu𝑖 = 𝐴 𝑖Re𝑖𝑚 kind corresponds to the nature
of cooling air flow.

In this case, criterion dependencies of thermal model
for the calculation of heat transfer to the cooling air can be
defined more precisely by using the Δ𝐾𝑖 correction factor:

Δ𝐾𝑖 = 𝑞𝑐𝑖𝑞𝑧𝑖 . (12)

Then the revised value of 𝐴𝑐𝑖 in the criterion equation is
equal to

𝐴𝑐𝑖 = Δ𝐾𝑖 ⋅ 𝐴 𝑖. (13)

As various modes of cooling system operation with
respect to pressure drops demonstrate essential difference of𝑞𝑧/𝑞𝑐, one can assume that the value of 𝑚 exponent in the
criterion equation 𝑚 at this section of passage differs from
that accepted in the thermal model. Usually turns of flow,
stagnant zones in flow confluence points, areas of jet, and
cyclone cooling can be these sections of passage [23–26].

In this case, the results of blade test in the molten metal
thermostat are used for calculation of local heat transfer
coefficients and derivation of criterion equation for the
purpose of elaboration of thermal model.

5. Verification Technique Approbation

The developed technique was applied for verification of
thermalmodel of blade of high-pressure turbine of a fixed gas
turbine unit. The blade had an air distribution duct cooling
system with ejection of air into the flow range of turbine
through the slit in the exit edge and through the hole in
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Figure 5: Blade.

the end wall of blade. Figure 5 demonstrates a longitudinal
section of internal space of the blade and cross section 3 in
the middle throughout the blade length. A centrifugal flow of
cooling air is realised in ducts D1–D6.

Figure 6 demonstrates that the internal channels of blade
were modelled as an equivalent hydraulic network.The input
node has number 20 and the output node 89. The pressure
difference in the cooling path is modelled by setting pressure
in these nodes. The calculation was carried out using the
program “Gidra,” developed by Baranov Central Aircraft
Engine Institute.

The calculations were carried out for pressure differences
corresponding to the experimental conditions. The wall
temperature of the model was set equal to the crystallization
temperature of zinc. The air heating in the channels was
determined from the heat balance equation for each channel
of the cooling path:

Δ𝑇∗a𝑖 = ∑𝑞𝑖𝐶𝑝 ⋅ 𝐺a𝑖
. (14)

The cooling air flow through the internal passages of the
blade was measured under isothermal conditions: the wall
temperature was equal to the air temperature. The difference
between experimental and calculated consumption charac-
teristics does not exceed 3%.Thus, the hydraulic model of the
blade is adequate.

The blades were refined for tests: to reduce the thermal
inertia the lock was abraded. The collectors for air extraction
were made of a tube with a diameter of 20mm and soldered
with high-temperature solder in a vacuum furnace.Thephoto
of the prepared blade is shown at Figure 7. To measure the
temperature of the air at the inlet and outlet in section 3, the
thermocouples were installed.

The values of the cooling air temperature, the blade inlet
pressure, and the cooling air flow were recorded on the
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Figure 6: An equivalent hydraulic network of the blade cooling
channels.

hard disk of the National Instruments industrial computer.
Recording resolution was equal to 0.1 s. The accuracy of the
temperature measurement was ±1∘. The accuracy of the air
flow measurement was ±0.1 g/s.
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Figure 7: The blade model prepared for test.

Figure 8: Photograph of zinc coat obtained under the pressure drop𝑃𝑏/𝑃0 = 1.68.

A comparison between experimental and calculated val-
ues of the air outlet temperatures from the trailing edge
showed that the difference does not exceed 9%. This allows
us to conclude that the thermal model accurately calculates
the total heating of air in the channels. Thus, the thermal
model of the blade allows calculating the total air heating in
the channels accurately.

The blade was blown in the zinc melt under pressure
drops 𝑃𝑏/𝑃0= 1.48, 1.68, 1.78, 1.97, and 2.37. 𝑃𝑏 represents
the cooling system inlet pressure, and 𝑃0 represents the
atmospheric one. For each working mode three experiments
were carried out. Each thermogram (zinc crust) obtained
during the tests was checked by the heat balance (see (1)).

Figure 8 demonstrates a photograph of zinc coat (from
the back side) obtained under the pressure drop 𝑃𝑏/𝑃0 = 1.68.
The thickness of coat unambiguously characterises the heat
exchange intensity.

The qualitative analysis of coat demonstrates zones of
duct flow along the blade. At the blade periphery, behind the
barrier forming the flow turn into the duct of exit edge, an
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Figure 9: Heat flux in sections of blade obtained by averaging over
three prototypes, 𝑃𝑏/𝑃0 = 1.68.

abrupt decrease of coat thickness was observed. It allows for
assumption that there is a stagnant zone behind the barrier
which causes the decrease of intensity of heat exchange.

Coats have been cut in calculated sections using the elec-
tric erosive method. Images of sections have been enlarged
by 20 times and marked with the 1mm step along the outer
surface. Then the thickness of zinc coat was measured. An
absolute error of coat thickness measurement did not exceed
0.01mm.Thenmeasured values of coat thickness 𝛿𝑖 have been
averaged over the experiments. The obtained average value
of 𝛿𝑖av was used for calculation of heat flux along the outer
surface of blade.

Graphs of distribution of heat fluxes along the outer
surface in five sections depending on the pressure drop were
drawn; a graph for the pressure drop 𝑃𝑏/𝑃0 = 1.68 is shown in
Figure 9.

Heat flows from the back side are greater by 1.8–2.0 times.
At the exit edge from the back side, q is greater by 10–20%.
In sections 1, 2, and 3 the decrease of heat flows from the
root sections to peripheral ones is observed in radial ducts.
It is related to the heating of air along the duct length and
the increase of its temperature. In sections 4 and 5 an abrupt
decrease of heat flows after section length 𝐿 = 15mm from the
pressure side and L = –26mm from the back side is observed.

The local minima of heat flows (q = 90–100 kW/m2) are
located from the back side in the point 𝐿 = –36mm and
from the pressure side in L = 26mm. The heat flow in the
local minima points decreases by 2.5–4 times compared to
analogous points of sections 1, 2, and 3. Two air flows moving
in the opposite directions meet in this area of internal space
and form a stagnant zone. The stagnant zone can shrink
during the rotation due to the action of centrifugal forces [27–
31].

In order to verify the thermal model of blade, the distri-
bution of heat flux in five sections along the blade length for
two pressure drop values of 1.48 and 1.97 was calculated using
special software developed for this purpose. The program
allows calculating 𝑞𝑧𝑖 at specified points on the blade outer
surface and providing the rapid formulation and solution
of medium-sized computational grids (about 1000–1500 grid
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nodes). It solves two-dimensional steady and unsteady state
thermal conduction equations. The following mathematical
formulation of the thermal conductivity process is used in
program:

(i) plane-parallel steady flow:

𝑑𝑑𝑥 (𝜆 ⋅ 𝑑𝑇𝑑𝑥) + 𝑑𝑑𝑦 (𝜆 ⋅ 𝑑𝑇𝑑𝑦 ) = 𝑄; (15)

(ii) plane-parallel unsteady flow:

𝑑𝑑𝑥 (𝜆 ⋅ 𝑑𝑇𝑑𝑥) + 𝑑𝑑𝑦 (𝜆 ⋅ 𝑑𝑇𝑑𝑦 ) + 𝑅𝐶 ⋅ 𝑑𝑇𝑑𝜏 = 𝑄, (16)

where 𝜆 represents thermal conductivity; 𝑇 represents tem-
perature; Q represents power of the heat source/sink.

As an example, the computational grid for the section 3 is
represented at Figure 10(a). The number of nodes was equal
to 1400. The calculated temperature field in section 3 for the
test conditions in zinc melt under the pressure drop of 1.97 is
demonstrated at Figure 10(b). The obtained calculated values
of heat flow 𝑞𝑐𝑖 have been compared to results of experiments
in the molten metal thermostat 𝑞𝑧𝑖.

Figure 11 demonstrates the distribution of heat flux 𝑞𝑧 and
heat flux 𝑞𝑐 in middle section 3 of the model for two values of
pressure drop equal to 1.48 and 1.97.

For each point of 𝑖 on the surface, the permissive variation(𝑞𝑧/𝑞𝑐)𝑝 was determined based on the assumed permissive
variation of blade surface temperature during the operation
equal to±10 K.Theuse of (𝑞𝑧/𝑞𝑐)𝑝 allowed determining zones
of discrepancy of thermal model and experimental results.
These zones are the leading edge and ducts D5–D8 (the
pressure side and the back side).

Comparison of 𝑞𝑧/𝑞𝑐 parameter obtained under two
pressure drops (Figure 11) has revealed that the difference
in all sections does not exceed 5%. It allows concluding that
exponents in criterion equations of thermal model accepted
as equal to m = 0.8 describe the specificity of heat exchange
in ducts correctly.
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Figure 11: Distribution of heat flux along the surface of section 3: (1,
3) 𝑃𝑏/𝑃0 = 1.48; (2, 4) 𝑃𝑏/𝑃0 = 1.97; (1, 2) 𝑞𝑧; (3, 4) 𝑞𝑐.

As 𝑞𝑧/𝑞𝑐 > (𝑞𝑧/𝑞𝑐)𝑝 at particular areas of blade, the
elaboration of thermal model using the dependency (11) and
(12) was performed according to developed technique.

6. Conclusions

(1) An experimental method for thermal model verification
of the blade with convective internal cooling based on the
comparison of heat fluxes obtained by numerical modelling
and experimental investigation in the molten metal thermo-
stat was developed. The error of determination of local heat
transfer coefficients using this method does not exceed 8%
for blades with radial channels. An important feature of the
method is that the heat load remains unchanged during the
experiment and the blade outer surface temperature equals
zinc melting point – 692.4 K. This experimental approach
allows eliminating an influence of heat transfer on the results
accuracy.(2) The dependencies for estimation of calculation and
experimental values of the heat flux influence on relative
depth of the blade cooling under operation conditions were
obtained.
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(3)The verification of thermal-hydraulic model of high-
pressure turbine blade with cooling allowing asymmetrical
heat removal from pressure and suction sides was carried out
using the developed method. The areas of blade requiring
more accurate thermal model were identified.(4) An analysis of heat flux distribution on the outer
blade surface allows identifying more intensive cooling on
the pressure side due to used heat transfer turbulators. The
qualitative analysis of coat allows identifying the location of
the area with low heat transfer. It is located in the peripheral
blade sections behind the turning rib (sections 4 and 5) and
associated with the formation of stagnation zone.(5) An analysis of heat transfer coefficients confirmed
the high level of heat transfer in the leading edge, whose
value is comparable with jet impingement heat transfer. The
maximum of the heat transfer coefficients is shifted from
the critical point of the leading edge to the pressure side. A
high intensification of heat transfer in the radial channels was
detected and it was 1.5–2 times higher on the pressure side.
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This paper investigates the aerodynamics of a transonic impeller using static pressure measurements. The impeller is a high-
speed, high-pressure-ratio wheel used in small gas turbine engines. The experiment was conducted on the single stage centrifugal
compressor facility in the compressor research laboratory at PurdueUniversity. Data were acquired from choke to near-surge at four
different corrected speeds (Nc) from 80% to 100%design speed, which covers both subsonic and supersonic inlet conditions. Details
of the impeller flow field are discussed using data acquired from both steady and time-resolved static pressure measurements along
the impeller shroud. The flow field is compared at different loading conditions, from subsonic to supersonic inlet conditions. The
impeller performance was strongly dependent on the inducer, where the majority of relative diffusion occurs. The inducer diffuses
flow more efficiently for inlet tip relative Mach numbers close to unity, and the performance diminishes at other Mach numbers.
Shock waves emerging upstream of the impeller leading edge were observed from 90% to 100% corrected speed, and they move
towards the impeller trailing edge as the inlet tip relative Mach number increases. There is no shock wave present in the inducer at
80% corrected speed. However, a high-loss region near the inducer throat was observed at 80% corrected speed resulting in a lower
impeller efficiency at subsonic inlet conditions.

1. Introduction

High-pressure-ratio centrifugal compressors have been
widely used in turbochargers and turboshaft engines because
of their compact size, high efficiency, and wide operating
range. Modern turbochargers and turboshaft engines
are continuously pushing the boundary of pressure ratio
and flow capacity. Size limitations on the outer diameter
lead to larger rotational speeds and result in transonic
flow conditions at the compressor inlet. Compared to the
impeller flow with subsonic inlet conditions, the flow in
transonic impellers is more complex due to the presence of
shock waves. It is believed that, in a transonic centrifugal
compressor, additional losses could be generated due to
the interaction between the shock waves and blade surface
boundary layer/tip clearance flow. Investigations by Rodgers
and Sapiro [1] showed a drop in impeller peak efficiency
(PE) with the increase of impeller inlet shroud relative Mach
number, and this has prompted several investigations on
transonic impellers.

The flow inside a centrifugal impeller with transonic
inlet conditions was studied by Senoo et al. [2] with static
pressure measurements along the impeller shroud and later
by Hayami et al. [3] with velocity measurements inside
the inducer using a laser-2-focus velocimeter (L2FV). At
subsonic flow conditions, the impeller stalled at low flow
rates, and flow separation was observed. However, the flow
separation was limited to the semi-open area between the
inducer leading edge (LE) and the throat. Thus, it allowed
for a stable operation range without deterioration of impeller
efficiency. At supersonic inlet conditions, the results revealed
two shock waves inside the inducer: one detached shock
wave in front of the main blade LE and the other on
the pressure surface in the flow passage. Additionally, the
highest polytropic efficiency was observed at conditions near
impeller stall, indicating that shock waves do not severely
deteriorate impeller performance.

Krain et al. [4, 5] conducted detailed measurements of
the flow field inside a transonic backswept impeller first using
L2FV and later using 3-component laserDoppler velocimetry
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(LDV).The relative inducer tipMach number was 1.3. Results
showed that the first flow instability occurred near the shroud
in the inducer due to the interference of shock waves with the
tip leakage vortex.The tip leakage flow extended over the full
passage as the flow moved towards the impeller exit, and the
flow pattern at the impeller exit seemed to be dominated by
the wake formed by the tip leakage flow.

Ibaraki et al. [6–8] and Marconcini et al. [9, 10] studied
the flow field inside a transonic turbocharger impeller at
both design and off-design conditions. The impeller features
a double-splitter design. The relative Mach number at the
impeller leading edge tip was about 1.3, the same as the case
studied by Krain et al. [4, 5], and the results showed similar
flow patterns as well. The low-velocity regions were first
observed near the shroud/suction-side area in the inducer
due to the interaction between the shock wave and the tip
leakage flow.This interaction enhances the total pressure loss
in the inducer. At the exit of impeller, the low-velocity regions
formed by the tip leakage vortex dominated the flow field.

Higashimori et al. [11] carried out detailed flow measure-
ments on an impeller with a relative tip Mach number of 1.6
at the inducer, and a CFD simulation was also conducted
for comparison. The research was mainly focused on the
inducer flow, and measurements at four traverse planes were
acquired. Results showed that an oblique shock was formed
at the leading edge of the inducer as the flow entered the
impeller, and a passage shock appeared at the inducer throat.
Reversed flow near the shroud in the inducer was present
because of the interaction between the shock wave and the tip
leakage flow. Buffaz and Trébinjac [12] investigated the flow
in the inducer of a transonic centrifugal compressor from
both velocity measurements using LDV and time-resolved
static pressure measurements along the impeller shroud at
the inducer section. It was concluded that the change in flow
pattern from choke to surge is mainly due to the change in
the tip leakage flow.

In summary, flow in transonic impellers is more complex
due to the presence of shock waves; reversed flow near the
shroud in the inducer may occur due to the presence of
shock waves; the tip leakage flow plays a more important
role both within the impeller and at the exit of impeller;
flow instabilities may start further upstream at the throat of
inducer due to the interaction of shock waves and tip leakage
flow.

2. Scope of the Paper

There are conflicting results on transonic impellers due to the
limited impeller geometries on which the previous research
was performed. For example, results from Senoo et al. [2]
showed that the effect of the interaction between the shock
wave and tip leakage flow is confined within the semi-open
area of the impeller near the LE. However, results from Krain
et al. [4, 5] and Ibaraki et al. [6–8] showed an extended effect
of the interaction between shock wave and tip leakage flow at
the impeller exit.

This paper presents detailed analysis of transonic
impeller aerodynamics using data acquired from both steady
and time-resolved static pressure measurements along

the impeller shroud. The impeller is a high-speed, high-
pressure-ratio wheel used in aerogas turbine engines. The
results help in understanding the aerodynamics in transonic
impellers and also enrich the database of research in impeller
aerodynamics in the open literature.

3. Facility and Instrumentation

The present study was performed on the single stage cen-
trifugal compressor (SSCC) facility with an APU-style inlet
in the compressor research laboratory at Purdue University.
The facility includes a 1400 horsepower AC electric motor, a
30.46 : 1 ratio gearbox, an exhaust plenum, and a Honeywell
experimental compressor. Details of the SSCC facility were
documented by Lou et al. [13]. Figure 1 shows the cross-
section of the compressor and the location of performance
instrumentation. The entire stage includes an inlet housing,
an unshrouded impeller, a vaned diffuser, a bend, and deswirl.
The impeller features 17 main blades and 17 splitter blades.
The compressor performance is calculated based on the total
pressure and total temperature measurements at compressor
inlet and deswirl exit, as indicated in Figure 1. The design
operating speed for the compressor is about 45,000 rpm, and
the total pressure ratio for the entire stage is on the order of
6.5.

Figure 2 shows the pressure instrumentation along the
impeller shroud. Static pressure taps were equally spaced
along the impeller shroud from the LE to trailing edge (TE)
at 10 meridional locations. Additionally, 10 fast-response
pressure transducers were installed along the impeller chord
from impeller LE to 40% meridional position.

The static pressures were measured using Scanivalve
pressure modules of high accuracy, and a high-speed data
acquisition systemwas used for acquiring the signals from the
fast-response transducers. The analog millivolt signals from
the fast-response pressure transducers are amplified using
Precision Filter Cards 28118. The amplified signals are then
digitized using National Instruments cards of model 6358.
Since the blade passing frequency is on the order of 25KHz at
design speed, a sampling rate of 1MHzwas used for digitizing
the unsteady pressure measurements. This gives more than
1300 data points per rotor revolution, and, thus, it provides
very good spatial resolution in the time domain that enables
detailed flow features in the impeller to be captured.

Experimental data were acquired from choke to near-
surge at four different corrected speeds (Nc) from 80% to
100% design speed. A constant 5.1% exducer clearance in
the axial direction relative to impeller tip blade height was
maintained throughout the test. The impeller-diffuser match
bleed flow was closed, and a constant 1% back face bleed
flow relative to the compressor inlet flow rate was maintained
throughout the test.

4. Results and Discussions

Compressor steady performance results and a detailed analy-
sis of impeller performance using steady and time-resolved
static pressure measurements are presented. The steady
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Figure 2: Pressure instrumentation along impeller shroud.

performance is characterized by the total pressure ratio, total
temperature ratio, and efficiency. The performance of the
entire compressor stage is calculated from the area-averaged
inlet and exit conditions measured at stations 0 and 4. The
impeller performance is evaluated using the area-averaged
inlet condition measured at station 0 and the impeller exit
condition at station 2,where static pressuremeasurements are
available.The total temperature at the impeller exit is assumed
to be the same as that measured at the deswirl exit (station
4) based on the adiabatic assumption. The impeller exit total
pressure is derived from the measured total temperature
at the deswirl exit, the inlet mass flow rate, and the area-
averaged static pressure measured at the impeller trailing

edge using the continuity and the turbomachinery Euler
equation [14]. The compressor corrected conditions (speed
and mass flow rate) [15] and efficiency [16] are calculated
using properties for humid air retrieved from REPROP [17].
Results presented in this section are normalized using the
operating condition at design point. The compressor inlet
pressure is measured using highly accurate 2.5 psid modules
with an uncertainty less than 0.12%. Compressor exit pressure
is measured using the 100 psid modules with uncertainty less
than 0.05% of full scale. This renders an uncertainty in the
total pressure ratio less than 0.2% from80% to 100%corrected
speed. The mass flow rate is measured using a calibrated bell
mouth with an uncertainty less than 0.5%.

Figure 3 shows the normalized total pressure versus the
normalized corrected mass flow rate. Results for both the
impeller and the entire stage from 80% to 100% corrected
speed are presented. The peak efficiency (PE) conditions are
represented by the solid green symbols. The low loading
(LL) conditions are represented by the solid blue symbols.
The choke conditions are shown as solid red symbols. Those
color schemes are consistent in Figures 4–8. Regardless of the
variation in the total pressure ratio for the entire compressor
stage relative to the changes in the loading conditions, the
total pressure ratio for the impeller stays very constant along
the choke line due to the choked flow in the diffuser.

Figure 4 shows the performance of the impeller and entire
compressor stage in terms of isentropic efficiency. Compared
to the entire stage, the impeller operates more efficiently over
the entire operating range from choke to near-surge. There
is no obvious deterioration in impeller efficiency along the
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choke line as loading decreases. In fact, at subsonic inlet
conditions from 80% to 95% corrected speed, the impeller
efficiency increases as loading decreases. At design speedwith
supersonic inlet conditions, the trend in impeller efficiency
lines up with the trend for the entire compressor stage in that
they both increase from choke to LL condition.

Figure 5 shows the impeller efficiency versus the inlet tip
relative Mach number. The inlet tip relative Mach number is
mainly determined by the inlet mass flow rate and prewhirl
angle. At supersonic inlet conditions, the impeller efficiency
drops with the increase of inlet tip relative Mach number,
and there is about a 0.9-point drop in the efficiency from
95% to 100% corrected speed. This trend agrees with the
observation from Rodgers [18]. However, at subsonic inlet
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Figure 6: Relationship between impeller inlet incidence angle and
impeller inlet tip relative Mach number.

conditions, the impeller peak efficiency increases as the inlet
tip relative Mach number increases, and there is a 3.5-point
improvement in the impeller efficiency from 80% to 90%
corrected speed.

Figure 6 shows the relationship between inlet tip relative
Mach number and impeller inlet incidence angle. The results
show a fairly linear correlation between the tip relative Mach
number and incidence at the impeller inlet from 80% to
100% corrected speed.The incidence angle increases with the
increased tip relative Mach number, and there is about a 7.5-
degree change in the impeller incidence angle from 80% to
100% corrected speed.

Furthermore, the detailed distribution of relative Mach
number was evaluated from both the steady and time-
resolved static pressure measurements along the impeller
shroud at each operating condition. Figure 7 shows the
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distribution of static pressure and isentropic relative Mach
number along the impeller shroud from LE to TE at 100%
corrected speed.The static pressure is normalized by the area-
averaged total pressure measured at station 0. The isentropic
relative Mach number along the impeller shroud is derived
from the equation for conservation of rothalpy and the
isentropic flow assumption [3, 8]. It is calculated as follows:

𝑀rel =
√2 (𝐼
1
− ℎ
𝑠
+ 𝑈2/2)
𝑎 , (1)

where 𝐼
1
represents rothalpy at impeller inlet, ℎ

𝑠
is static

enthalpy, 𝑈 is tangential velocity, and 𝑎 is speed of sound.
Results at three different loading conditions from choke to
peak efficiency (as indicated in Figures 3 and 4) are presented.
The inlet tip relative Mach number is about 1.15. The inlet
tip relative Mach number is obtained from static pressure at
the impeller LE and the total pressure and total temperature
measured at station 0, assuming isentropic flow through the
inlet housing.

At 100% corrected speed, the majority of static pressure
rise (nearly 81%) is achieved in the knee and exducer because
of the centrifugal effect, with only about 19% of the static
pressure rise achieved in the inducer. In contrast, over 86%
of relative diffusion occurs in the inducer. Since all the losses
occur in the relative diffusion process, the inducer strongly
influences impeller efficiency. Additionally, the variation in
the shape of the static pressure distribution from choke
to peak efficiency is small. In contrast, the distributions
of isentropic relative Mach number deviate starting at the
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Figure 8: Distribution of static pressure and isentropic relative
Mach number along impeller shroud at 80% Nc.

impeller leading edge.The relativeMach number distribution
at LL and PE conditions matches those at the knee and
exducer, but they are different at the inducer, which leads to
the differences in impeller efficiency.

Distributions of static pressure and isentropic relative
Mach number along the impeller shroud at subsonic inlet
conditions are shown in Figure 8 using the data at 80%
corrected speed.The inlet tip relativeMach number is around
0.82, and results at three different loading conditions from
choke to PE are presented. The normalized static pressure
distributions are similar from choke to peak efficiency. At
80% corrected speed, about 12% of the static pressure rise is
achieved in the inducer, which is 7 points lower compared
to that at 100% corrected speed. This indicates more loss in
the impeller inducer at 80% corrected speed. Approximately
65% of the relative diffusion occurs in the inducer, which is
21 points less than the value at 100% corrected speed. At both
80% and 100% corrected speeds, the majority of diffusion
is achieved in the inducer while the majority of the static
pressure rise occurs in the knee and exducer. This once again
highlights the merit of the relative diffusion effectiveness
as an indicator of design quality since it removes the bias
of using static pressure rise, which is mostly achieved via
centrifugal effects.

Figure 9 shows the distribution of static pressure and
isentropic relative Mach number at PE conditions from 80%
corrected speed to 100% corrected speed.The inlet tip relative
Mach number covers both subsonic and supersonic flow
conditions. The relative Mach numbers are normalized by
the values at the leading edge.The normalized static pressure
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Figure 9: Distribution of static pressure and isentropic relative
Mach number along impeller shroud at PE conditions.

distributions from 90% to 100% corrected speed agree well
in the inducer, but they deviate starting at the beginning
of the radial turn. However, differences in static pressure
distributions start at the LE for 80% corrected speed, with
69% less static pressure rise in the inducer. Thus, there is
more loss generated in the inducer at 80% corrected speed
and, therefore, lower impeller efficiency (by 3.6 points as
shown in Figure 5). The same conclusion is drawn from the
isentropic relative Mach number distributions from 80% to
100% corrected speed. Additionally, the majority of the loss
occurs in regions near the inducer throat.

Furthermore, time-resolved static pressure along the
blade chord is processed to reveal more flow features in the
inducer. The static pressure is ensemble-averaged using data
from 500 rotor revolutions. Figure 10 shows the contours
of static pressure and relative Mach number on the shroud
surface at the peak efficiency condition. The static pressure
is normalized by the inlet total pressure measured at com-
pressor inlet, and the relative Mach number is derived from
static pressure and compressor inlet conditions assuming
isentropic flow.

The presence of the main blade is indicated by the large
gradient between the pressure surface (PS) and the suction
surface (SS). In contrast, the presence of the splitter blade is
noticeable but less obvious, as indicated by the discontinuity
in static pressure contour at mid-passage. A deficit in static
pressure corresponds to increased isentropic relative Mach
number and vice versa. In addition, both contours show very
repeatable flow features in each blade passage with negligible
variability due to blade-to-blade differences. Therefore, con-
tours for a single blade passage are used in Figures 11–14. The
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Figure 10: Contour of static pressure and isentropic relative Mach
number at peak efficiency condition.

contours of a single blade passage were obtained by passage-
averaging the ensemble-averaged properties across the entire
annulus.

Contours of isentropic relative Mach number derived
from time-resolved static pressure measurements at 100%
corrected speed from choke to peak efficiency conditions are
shown in Figure 11. The isentropic relative Mach number is
calculated using (1). The inlet conditions at 100% corrected
speed are supersonic. There is a significant gradient in Mach
number in the pitchwise direction, with high Mach numbers
near the SS and low Mach numbers near the PS. Compared
to flow on the SS, the flow on the PS gets diffused better,
with lower Mach number near the PS, and this applies to
both the main and splitter blades. Shock waves near the
inducer throat are observed at all three loading conditions,
and their positions are shown in the sketch. The position
of shock wave is represented by the isolines with isentropic
relative Mach number equal to unit. The shock wave forms
on the pressure surface near the impeller LE, which further
extends into the blade passage. The position of the shock
wave changes with loading condition: it moves towards the
impeller leading edge from choke to peak efficiency as the
inlet tip relative Mach number decreases. Additionally, the
corresponding contours of normalized static pressure at 100%
corrected speed are shown in Figure 12. At all three loading
conditions, there exists a low-pressure zone in the semi-
open region near the suction surface. This is because of the
high velocity flow upstream of the shock wave, as shown in
the sketch. Both contours get skewed near the entrance of
the inducer because of the presence of the shock wave and
its associated interactions, with contour lines parallel to the
trajectory of the shock waves.

Figure 13 shows contours of isentropic relative Mach
number from choke to peak efficiency at 80% corrected speed
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Figure 13: Contour of isentropic relative Mach number along the impeller shroud at 80% Nc.

PS SSSplitter
90% Nc

PS SSSplitter
95% Nc

PS SSSplitter
100% Nc

PS SSSplitter
Shock wave positions

Mach
1.5
1.4
1.3
1.2
1.1
1
0.9
0.8
0.7
0.6

m



90% Nc
95% Nc
100% Nc

Rotation

Figure 14: Contour of isentropic relative Mach number along the impeller shroud at PE conditions.



8 International Journal of Rotating Machinery

for subsonic inlet conditions. The relative Mach number
gradient in the pitchwise direction is much smaller compared
to that at 100% corrected speed. The contour lines are not
skewed but are parallel to the impeller leading edge. However,
there is a high Mach number zone observed near the inducer
throat area at all three loading conditions. The high Mach
number represents a deficit in static pressure and additional
loss generation. The high-loss region stems from the suction
surface and stretches towards the pressure surface. The area
of this high-loss region, as shown in the sketch, grows as
the loading increases from choke to peak efficiency. It covers
60% pitch at choke and reaches the pressure surface at
peak efficiency. The existence of this high-loss region near
the throat in the inducer explains the low efficiency of the
impeller at 80% corrected speed. Additionally, the increased
area for the high-loss region from choke to peak efficiency
explains the decrease in impeller efficiency as the loading of
the entire compressor stage increases. Despite the growth of
this high-loss region with increased loading, it is limited to
the rear portions of the impeller throat, which agrees with
observations from Senoo et al. [2].

Figure 14 shows the contours of isentropic relative Mach
number at peak efficiency conditions from 90% to 100%
corrected speed. The inlet conditions are supersonic at all
three loading conditions, and there are shock waves observed
in the inducer, as illustrated in the sketch. The subsonic
inlet conditions at 90% corrected speed calculated from the
steady measurements were underpredicted. This is caused by
the steady measurements, which do not include the pressure
gradient between the SS and PS. There is strong pressure
gradient from PS to SS with lower static pressure near
impeller SS. This potential field redistributes the flow and
enters into impeller eye with flow of higher relative velocity
near the SS and lower relative velocity near the PS, which
renders a transonic inlet condition at 90% corrected speed.
However, the relative velocity derived from the time-averaged
pressure from the steady measurements represents the mean
relative velocity, the value of which is between the lower
relative velocity on PS and higher relative velocity on the SS.
In the present study, it calculates a subsonic inlet condition at
90% corrected speed. Additionally, the shock wave position
in the inducer is closely related to the inlet tip relative Mach
number. As the inlet tip Mach number increases, the shock
wave moves downstream.

5. Conclusions

This paper presents a detailed analysis of transonic impeller
aerodynamics using data acquired from both steady
and time-resolved static pressure measurements along the
impeller shroud.The impeller is a high-speed, high-pressure-
ratio wheel used in aerogas turbine engines. The experiment
was conducted on the single stage centrifugal compressor
(SSCC) facility in compressor research laboratory at
Purdue University. Data were acquired from choke to
near-surge at four different corrected speeds (Nc), from
80% to 100% design speed, which covers both subsonic
and supersonic inlet conditions. By using the parameter
isentropic relative Mach number derived from shroud static

pressure measurements, the relative diffusion together with
shock wave position could be characterized.The information
provides a measure of the flow inside the impeller.

Inside the impeller, the isentropic relative Mach numbers
along the impeller shroud show that the majority of diffusion
is achieved in the inducer at both subsonic and supersonic
inlet conditions.The inducer diffuses the flowmore efficiently
when the inlet tip relative Mach numbers are close to unity at
90% and 95% corrected speed, and it becomes less efficient
as the inlet tip relative Mach number departs from unity at
80% and 100% corrected speed, particularly in the subsonic
region.

Shock waves emerging near the LE of the pressure surface
were observed from 90% to 100% corrected speed with fast-
response pressure measurements. The position of the shock
wave changes relative to the inlet tip Mach number. It moves
towards the impeller exit as the inlet tip relativeMachnumber
increases.The shock wave at 100% corrected speed is near the
inducer throat, and it moves slightly upstream towards the
impeller LE with the increase in loading from choke to peak
efficiency.While there is no shock for the subsonic conditions
at 80% corrected speed, there is a high-loss region around the
inducer throat. It stems from the suction surface and expands
towards the pressure surface as the loading increases from
choke to PE.

Static pressuremeasurements acquired along the impeller
shroud are critical in evaluating the impeller performance.
However, the relative Mach number calculated from steady
static pressure measurements is underestimated because of
the pressure gradient from pressure side to suction side in
the blade passage. A subsonic value of inlet tip relative Mach
number obtained from steady static pressure measurements
does not guarantee shock-free flow in the inducer. Compared
to the steady static pressure measurements, time-resolved
pressure providesmore insight for characterizing the impeller
flow. They can be used to identify the high-loss regions and
shock wave positions.

Nomenclature

𝑎: Speed of sound
ℎ: Enthalpy
𝐼: Rothalpy
𝑀: Mach number
𝑃: Pressure
𝑈: Blade speed.

Subscripts

isen: Properties derived from isentropic assumption
rel: Properties in relative frame coordinate
𝑠: Static properties
𝑡: Stagnation properties.
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In this study, a counter-rotating-type pump-turbine unit was optimized to improve the pump and turbine mode efficiencies
simultaneously.Numerical analysiswas carried out by solving three-dimensional Reynolds-averagedNavier–Stokes equations using
the shear stress turbulence model.The hub and tip blade angles of the rear impeller (in the pumpmode) were selected as the design
variables by conducting a sensitivity test. An optimization process based on steady flow analysis was conducted using a radial basis
neural network surrogate model with Latin hypercube sampling.The pump and turbine mode efficiencies of the unit were selected
as the objective functions and they combined into a single specific objective function with the weighting factors. Consequently, the
pump and turbine mode efficiencies of the optimum design increased simultaneously at overall range of flow rate, except for low
flow rate of turbine mode, compared to the reference design.

1. Introduction

Currently, the demand for renewable energy development is
drastically increasing worldwide because of global climate
change and depletion of fossil fuels. Renewable energy is
a reliable source of energy including hydropower, wind
energy, solar power, geothermal energy, solar heat, and tidal
energy. Pumped-storage hydroelectricity (PSH), which is
one form of the hydropower, has high energy density and
generating efficiency compared with other renewable energy
development. The PSH stores energy in the form of water
by pumping the water to an upper reservoir. When electric
power is demanded from the facilities, the power is generated
by releasing thewater, whichwas stored in an upper reservoir,
with turbine. When the power is low demanded (night or
on weekends), the upper reservoir is recharged by using
excess electric power with pump. As a type of pump-turbine
technology used for the PSH, a counter-rotating-type pump-
turbine unit has many advantages; however the disadvantage

of the unit is that the efficiencies are very low, especially in the
pumpmode. Hence, the high design technology of a counter-
rotating-type pump-turbine unit, which can act as both the
pumps and turbines, is required to solve the above problem
[1].

Several studies have been conducted on the counter-
rotating-type pump-turbine unit to increase the performance
and understand the internal flow mechanism of the unit
by experimental and simulation methods [1–5]. In addition,
Murakami andKanemoto [6] studied the tandem impellers of
the counter-rotating type pump unit operated in the turbine
mode. Additionally, they studied the hydraulic efficiency and
the internal flow conditions of the unit through experimental
and numerical methods. As a result, the maximum hydraulic
efficiency in the turbine mode is similar to one of the
unit designed exclusively for the turbine mode. Kanemoto
and Oba [7] invented unique double-rotational armatures
coupled with the counter-rotating-type impellers/runners to
suppress the unstable performance and cavitation throughout
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Figure 1: Counter-rotating-type pump-turbine unit [2].

the operating region. Cao et al. [8] studied the application of
contra-rotating type rotors to reduce the rotational speed and
pump size under the same specification of conventional axial-
flow pump through experimental and numerical methods.
Similarly, several studies have been conducted on the mech-
anisms, internal flow characteristics, and hydrodynamic per-
formance characteristics of the counter-rotating-type pump-
turbine unit. However, none of the authors considered simul-
taneously increasing the pump and turbine mode efficiencies
of the unit with respect to the variation in the blade angles.

In this study, a multiobjective optimization is proposed
using the weighted-sum method to increase the pump
and turbine mode efficiencies simultaneously using three-
dimensional incompressible steady-state Reynolds-averaged
Navier–Stokes (RANS) simulations. As the main objectives
of this study, the pump and turbine mode efficiencies of a
counter-rotating-type pump-turbine unit are simultaneously
increased using a multiobjective optimization method and
a reasonable guideline is provided for appropriate design
depending on the required performance. Finally, the effects
of the variation in the blade angle on the pump and turbine
mode efficiencies and internal flow field are analyzed in this
paper.

2. Counter-Rotating-Type Pump-Turbine Unit

The reference design of the counter-rotating-type pump-
turbine unit was obtained from another study [1]. The mass
flow rate and rotational speed of each impeller/runner were
selected to meet the fixed total head in the pump and
turbine modes, respectively, as the design condition. The
unit comprises front and rear impellers having five and four
blades, respectively, based on the pump mode, as shown in
Figure 1. Two sets of pump-turbine blades that are installed
around the inner and outer axis, respectively, are driven by
a counter-rotating motor-generator, as shown in Figure 1.
The counter-rotating motor-generator is composed of an
inner and outer armature with different poles and is capable

of driving two axes with only one axial power by relying
on the action and reaction mechanism during the driving.
The tip clearance of the impellers/runners is established as
0.5mm. The counter-rotating-type rotors were installed on
the counter-driving single shaft, comprising inner and outer
armatures. Additionally, the unit can operate in the pump
and turbine modes depending on the operating purpose.
The hydrodynamic efficiencies for the reference design were
evaluated as 77.03% and 81.26% in the pump and turbine
modes, respectively, by the experimental study. Table 1 gives
the detailed specifications of the reference design.

3. Numerical Analysis Method

Figure 2 shows the computational domain and methods for
the numerical analysis. The mesh for the front and rear
impeller/runner domains was constructed using approxi-
mately 510,000 and 420,000 nodes, respectively, based on the
result of the mesh-dependency test, which was performed
in the previous study [9]. The computational domain was
constructed as a hexahedral mesh and the distance between
the wall and the nearest node point was defined as a value of
𝑦+ ≤ 2.

The numerical analysis was conducted by solving the
three-dimensional steady-state incompressible RANS equa-
tions using the commercial code ANSYS CFX 14.5 [10]. A
𝑘-𝜔-based SST turbulence model discretized through finite
volume method (FVM) and solved on hexahedral grids was
used to analyze the flow characteristics of the turbulent
flow. This model is known to predict the flow separation
appropriately for adverse pressure gradients. The working
fluid selected was standard water at 25∘C.

The boundary conditions of the computational domain
were set as atmospheric pressure and mass flow rate at
the inlet and outlet, respectively, as shown in Figure 2.
The computational domain for the two impellers/runners
consists of each single passage andwas established to periodic
boundary conditions. The stage average method was used as
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Table 1: Design specifications of the reference design.

Diameter of blade (mm) 150 Tip clearance (mm) 0.5
Pump mode efficiency (%) 77.03 Turbine mode efficiency (%) 81.26
Designed mass flow rate at pump mode (m3/h) 93.51 Designed mass flow rate at turbine mode (m3/h) 85.98
Total rotational speed at pump mode (r/min) 2,463 Total rotational speed at turbine mode (r/min) 1,675
Number of blades (front impeller/rear runner) 5 Number of blades (rear impeller/front runner) 4

the interface condition to transmit information between the
front and rear impellers/runners.

The validation assessment was conducted to check the
accuracy of the numerical analysis by comparing the exper-
imental results with the numerical analysis results of the
reference design obtained from another study [11]. Figure 3
shows the validation assessment results for the power and
efficiency with respect to the rotational speeds in the pump
and turbine modes.The coefficients 𝑃11 and𝑁11 were used to
represent the power and rotational speed simultaneously in
the pump and turbine modes, which are defined as follows:

𝑃11 =
𝑃

𝐷2 × 𝐻3/2

𝑁11 =
𝑁𝑡 × 𝐷

√𝐻
,

(1)

where 𝑁𝑡, 𝐷, 𝐻, and 𝑃 represent the total rotational speed,
diameter, total head, and power, respectively. As shown in
Figure 3 [11], the numerical-simulation results for the power
and efficiency are in good agreement with the experimen-
tal results throughout the range, except for low rotational
speeds, where the flow in the turbine mode is especially
unstable. Generally, the numerical results for the torque are in
reasonable agreement with the experimental data, although
the steady RANS analysis with the single passage domain is
conducted with no consideration of the mechanical losses.
In conclusion, the numerical results of this study are proven
valid and reliable.

4. Optimization Technique

The objective of the optimization in this study is to maximize
the pump and turbine mode efficiencies simultaneously
(𝜂𝑝 and 𝜂𝑡, respectively), which are defined as follows:

𝜂𝑝 =
𝜌𝑔𝐻𝑄𝑝

𝑇𝑝𝜔𝑝

𝜂𝑡 =
𝑇𝑡𝜔𝑡
𝜌𝑔𝐻𝑄𝑡
,

(2)

where 𝜌, 𝑔, 𝑄, 𝑇, and 𝜔 represent the density, acceleration
due to gravity, volumetric flow rate, blade torque, and angular
velocity, respectively.

These objective functions, which are related to the per-
formance of the counter-rotating-type pump-turbine unit,
were integrated into a single specific objective function𝐹eff by
applying the weighted-sum method [12] in the optimization.
The pump and turbinemode efficiencies were combined with

Table 2: Design variables and range.

Design variables Lower bound (∘) Upper bound (∘)
4B hub 0 4
4B tip 0 4

weighting factors 𝜔1 and 𝜔2, which were selected as 1.0, to
increase the pump and turbine mode efficiencies simultane-
ously.The specific objective function𝐹eff is defined as follows:

𝐹eff = 𝜂𝑝 × 𝜔1 + 𝜂𝑡 × 𝜔2. (3)

In a previous study [11], the sensitivity analysis of the
blade angles at the hub and tip profiles of the front and rear
impellers/runners, which served as the design variable, was
conducted using the two-level factorial design in the design-
of-experiment (DOE) [13].Thehub and tip blade angles of the
rear impeller/front runner (4B hub and 4B tip, respectively)
were selected as design variables, and their ranges were
selected based on the result of the sensitivity analysis, as given
in Figure 4 and Table 2.

For the optimization, reasonable design points within
the range of the design variables need to be defined. Hence,
twelve design points were selected using Latin hypercube
sampling (LHS) [14], which is one of the DOE. The objective
functions at these design points were evaluated using the
three-dimensional steady-state RANS simulations.

The optimum design was obtained using a radial basis
neural network (RBNN) surrogate model based on the
objective function values of the generated twelve design
points. In general, the basic concept of the RBNN is sim-
ulating the human functions of learning from experience
and making predictions of optimal states using existing data.
The main advantage of the RBNN is significant reduction in
computational cost and time owing to the linear nature of the
radial basis functions. This RBNN surrogate model is proven
as a useful tool particularly for designing high-performance
turbomachinery [15–17]. In addition, the effectiveness of
these numerical optimization techniques has been already
demonstrated as a practical tool to solve multiple problems
for various hydraulic machineries in the previous works
[18–22]. A sequential quadratic programming (SQP) [23]
algorithm, which is one of the most successful methods
for the numerical solution, was applied to determine the
optimum design of the RBNNmodel.

5. Results and Discussion

Table 3 gives the results of the multiobjective optimization.
Both the design variables were modified significantly with
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: 1 flow passage (Periodic condition)
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: 1 flow passage (Periodic condition) 

Boundary condition:
Atmospheric pressure

Boundary condition:
Mass flow rate

CFD code ANSYS CFX-14.5
Grid structure Structured grid

Governing Equation Reynolds-averaged Navier-Stokes’ 
(RANS) equations

Discretization Finite Volume Method
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Figure 2: Computational domain and methods.
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respect to the reference design, as shown in Figure 5. Figure 5
shows a three-dimensional mesh plot of the constructed
RBNN surrogate model.

The optimum point, located at (2.64, 1.75) on the surface,
is clearly seen in this figure. In Table 3, the value of the

specific objective function of the reference design calculated
using the RANS analysis is 2.0.The specific objective function
value of the optimum design is analyzed as 2.018 using the
RBNN surrogate model and calculated as 2.017 using RANS
analysis. Therefore, the relative error between the predicted
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Table 3: Results of the multiobjective optimization.

Designs
Design variables (deg.) Specific objective

function (𝐹eff )
Error (%) Relative

improvement Efficiency (%) Relative improvement
(%)

4B hub 4B tip Surrogate RANS - - 𝜂𝑝 𝜂𝑡 𝜂𝑝 𝜂𝑡
Reference
design 0 0 - 2.0 - - 78.78 85.65 - -

Optimum
design 2.64 1.75 2.018 2.017 0.05 0.017 79.79 86.17 1.01 0.52

values using theRBNNsurrogatemodel andRANS analysis is
only 0.05%.The relative improvement of the specific objective
function value using theRANSanalysis between the reference
design and optimum design was analyzed as 0.017.

Figure 6 shows the sensitivity of the specific objective
function to the variation in each design variable.𝐹eff indicates
the value of the specific objective function at the optimum
point, and the result shows that the specific objective function
is sensitive to both the design variables in a similar manner.
Consequently, both the design variables are quite important
for the specific objective function.

Figure 7 shows the results of the multiobjective optimiza-
tion using the RBNN surrogate model. The results show the
pumpand turbinemode efficiencies of the objective functions
for the reference design, the twelve design points obtained
through LHS, and the optimum design.The result shows that
both the pump and turbine mode efficiencies were increased
considerably by 1.01% and 0.52%, respectively, compared to
those of the reference design, as given in Table 3.

The analysis of the flowfieldwas conducted to understand
themain reason behind the improvement in efficiency for the

optimum designs. The analysis was conducted at each design
flow rate by dividing the pump and turbine modes, as shown
in Figures 8–10 (for the pump mode) and Figures 11–14 (for
the turbine mode). Figure 8 shows the efficiency distribution
for each impeller and entire unit of the reference and opti-
mum designs in the pump mode. As shown in Figure 8, the
efficiencies of the front impeller having five blades are similar,
whereas the efficiencies of the rear impeller having four
blades increased considerably to 1.57%. Hence, the efficiency
of the entire unit for the optimum design increased to 1.01%
compared to the reference design, as discussed previously in
Table 3. The results show that the variations in the design
variables significantly affect the efficiency in the pumpmode.

Figure 9 shows the static-pressure distributions in the
streamwise location at 5, mid, and 95% spans on the suction
and pressure surfaces of the rear impellers having four blades
for the reference and optimum designs in the pump mode.
The static pressures around the leading edge on the pressure
sides for the optimum design slightly improved for all spans
compared to the reference design. Furthermore, the static
pressures on the entire range of the suction surfaces for the
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optimumdesign increased sufficiently for all spans compared
to the reference design. Hence, the static pressures of the
optimized rear impeller at most spans improved because of
the optimization.

Figure 10 shows the static-pressure distributions in the
blade-to-blade passages at the same spans, as those seen in
Figure 9, for the reference and optimum designs. The static-
pressure distributions for all the spans of the front impellers
for the reference and optimum designs are almost similar.
However, the low static-pressure zones on the suction side at
all spans of the rear impellers for the optimumdesign reduced
significantly compared to the reference design through the
optimization, as previously shown in Figure 9. These results
show that the pump mode efficiency improved because the
incidence angles of the optimized impeller were properly
aligned with the fluid inlet angle by varying the hub and tip
blade angles.
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Figure 7: Results of multiobjective optimization.
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Figure 8: Efficiency distribution for each impeller and entire unit
on the pump mode.

Figure 11 shows the efficiency distribution for each
impeller and the entire unit for the reference and optimum
designs on the turbinemode. Unlike the pumpmode, the effi-
ciencies of the front runner, which is an optimized runner
having four blades, reduced to 1.45% compared to the
reference design through the optimization. However, the
efficiencies of the rear runner having five blades improved
significantly to 1.97%. The turbine mode efficiency of the
entire unit for the optimum design increased to 0.52%
compared to the reference design, as discussed previously in
Table 3. In summary, the efficiencies for the optimum design
increased not only in the pump mode but also in the turbine
mode through the optimization.

Figure 12 shows the static-pressure distributions in the
streamwise location at spans of 5, mid, and 95% on the
suction and pressure sides of the front runners having four
blades for the reference and optimum designs in the turbine
mode. In general, the closed area filled with the static-
pressure distributions is proportional to the output power
of the turbine [24], and the closed area for the optimum
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Figure 9: Static-pressure distributions on the blade surfaces of the rear impellers.

design reduced slightly as shown in Figure 12. Hence, this
result explains the reduced efficiency of the front runner
in the turbine mode compared to the reference design as
shown in Figure 11. Furthermore, the static pressures near
the trailing edge on the pressure side for the optimum design
improved slightly at all spans. Additionally, the negative-
pressure components on the suction side of the optimum
design reduced slightly because the incidence angles changed
because of the optimization.

Figure 13 shows the static-pressure distributions in the
streamwise location at spans of 5,mid, and 95%on the suction
and pressure sides of the rear runners having five blades for
the reference and optimum designs. The flow angle of the
upstream region beyond the front runner for the optimum
design changed because of the optimization when compared
with the reference design. Hence, the closed area in the rear
runners of the optimum design generally increased except in
the suction side of the 5% span, particularly on the pressure
side. These results contributed to the improvement in the
turbine efficiency.

Figure 14 shows the velocity distributions around the
trailing edge of the front and rear runners for the reference
and optimum designs. Figure 14(a) shows the viewing points.
As shown in Figure 14(b), the velocity distributions from the
hub to tip in the front runner for the optimumdesign changed
uniformly in comparison with the reference design. Based on
the flow stabilization of the front runner region, the velocity

distributions in the rear runner were largely uniform, and the
locally high-velocity region near the tip decreased as shown
in Figure 14(c). These results prove the enhancement in the
turbine efficiency owing to the optimization.

Figure 15 shows the overall efficiency curves in the pump
and turbine modes for the reference and optimum designs
of a counter-rotating-type pump-turbine unit. As shown in
Figure 15(a), which is analyzed for the pumpmode, the entire
efficiency distribution of the optimum design was improved
remarkably compared to the reference design, especially at
high flow rate. In the case of the turbine mode, the turbine
mode efficiencies of the optimum design were increased
generally in region of the high flow rate including design
flow rate, in comparison with the reference design. On the
contrary, the efficiencies at low flow rate show opposite
results, as shown in Figure 15(b). As a result, the pump
and turbine mode efficiencies of the optimum design were
improved simultaneously at overall range of flow rate, except
for low flow rate of turbine mode. Hence, it can be seen that
the design technique suggested in this work is very useful for
improving both pump and turbine efficiencies of the counter-
rotating-type pump-turbine unit.

6. Conclusion

In this study, a counter-rotating-type pump-turbine unit
was optimized to maximize the pump and turbine mode



8 International Journal of Rotating Machinery

Reference Optimum

Rear 
impeller

Front 
impeller

Rear 
impeller

Front 
impeller

Flow direction

Static pressure (kPa) Static pressure (kPa)

21101 85 24 2612 15 17 193−4 −1−6 21101 85 24 2612 15 17 193−4 −1−6

(a) At 5% span

Flow direction

OptimumReference

Rear 
impeller

Front 
impeller

Rear 
impeller

Front 
impeller

(kPa)

Static pressure

−6
−4
−1
1
3
5
8
10
12
15
17
19
21
24
26

(b) At mid-span

Reference Optimum

Rear 
impeller

Front 
impeller

Rear 
impeller

Front 
impeller

Flow direction

(kPa)

Static pressure

−6
−4
−1
1
3
5
8
10
12
15
17
19
21
24
26

(c) At 95% span

Figure 10: Static-pressure distribution on the blade-to-blade passage.
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efficiencies simultaneously using the RBNN surrogate model
through three-dimensional steady-state RANS simulation.
The multiobjective optimization using the weighted-sum
method was conducted with two design variables based on
the blade angles of the impeller/runner having four blades.
The pump and turbine mode efficiencies of the optimized

design were improved by 1.01% and 0.52%, respectively, at
design flow rate, compared to the efficiencies of the reference
design. Additionally, the efficiencies in the pump and turbine
modes of the optimum design were considerably enhanced
throughout the entire flow rate, except for low flow rate of tur-
bine mode. Consequentially, the improvement in the pump
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Figure 12: Static-pressure distributions on the blade surfaces of the front runners.
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Figure 13: Static-pressure distributions on the blade surfaces of the rear runners.
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Figure 15: Variation of the pump and turbine mode efficiencies with flow rate.

mode efficiency was approximately twice the turbine mode
efficiency. As the general design of a pump-turbine unit
focuses on pump performance, the results of this study are
very useful for the design of pump-turbine systems. Finally,
the results of this work can be suggested as a guideline for
the design of high-efficiency counter-rotating-type pump-
turbine units.

Nomenclature

CFD: Computational fluid dynamics
𝐷: Diameter of blade [mm]
𝐹eff: Specific objective function value
𝑔: Acceleration of gravity [m/s2]
𝐻: Total head [m]
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LHS: Latin hypercube sampling
𝑁𝑡: Total rotational speed [rpm]
𝑁11: Coefficient related to the rotational speed
PS: Pressure side
𝑃: Power [N]
𝑃11: Coefficient related to the power
𝑄: Volumetric flow rate [m3/s]
RBNN: Radial basis neural network
Reference: Reference design
SST: Shear stress transport
SS: Suction surface
SQP: Sequential quadratic programming
𝑇: Blade torque [Nm]
TE: Trailing edge
𝑥, 𝑦, and 𝑧: Orthogonal coordinate system
𝑥1: 4B hub variable [∘]
𝑥2: 4B tip variable [∘]
𝜂: Dimensionless efficiency
𝜂𝑝: Pump efficiency [%]
𝜂𝑡: Turbine efficiency [%]
4B: Impeller/runner with four blades
5B: Impeller/runner with five blades
4B hub: Hub profile blade angle of four-blade

impeller/runner
4B tip: Tip profile blade angle of four-blade

impeller/runner
𝜌: Density [kg/m3]
𝜔1: Weighting factors for the pump mode
𝜔2: Weighting factors for the turbine mode.
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A simple method was developed to detect damage based on a discrete mathematical model for fan blades using changes in natural
frequencies combined with a fluid-structure analysis. In addition, a numerical approach was developed for the fluid-structure
analysis. The results of numerical simulation provided the natural frequency data for each mode under different locations and
sizes of a single crack in a blade. A fault database was built using Matlab. The damage of a blade was detected using the changes
in natural frequencies. This study will assist in investigating the effect of a crack on a structure from different perspectives; the
simulation results show the effectiveness of this approach.

1. Introduction

Crack failures continually occur in fan blades, which cause
interruption of operation and increase costs, decrease prod-
uct quality, and affect the safety of operators [1–3]. Fault
detection for blades of rotating machinery at earlier stage
can prevent it from breaking down and reduce maintenance
time. Therefore, efficient and reliable fault diagnosis method
is essential to predict the existence and state of the damage
before the occurrence of crack failure.

Significant efforts have been invested for developing
different fault detection and diagnosis techniques for crack
identification in rotating machinery. Existing fault diagnosis
methods are roughly divided into two categories: methods
based on expert system and variation of vibration character-
istics.

Artificial intelligence (AI) techniques, such as fuzzy
logic, genetic algorithms (GA) and artificial neural network
(ANN), are utilized to detect fault as well. Several authors
used AI techniques based on vibration characteristics for
fault detection and diagnosis of various structures [4–6].
Oberholster and Heyns [4] used ANN for monitoring the
online condition of axial-flow fan blades; the fault features
extracted from 24 kinds of different damage levels of the
crack blade are used to train the neural network. They

showed that the vibration signals obtained from two sensors
can effectively diagnose the extent of the crack develop-
ment. Genetic algorithms appear as a desirable approach
to optimize an objective function that depends on crack
position and size [7–10]. Mehrjoo et al. [11] used the GAs
to search the solution of an inverse problem where the
cracks’ location and size are calculated. It is shown that this
method is able to identify various crack configurations in
a cracked beam. Combination of two or more intelligent
techniques [12, 13] allows one to overcome the limitations
of individual techniques and achieve better performance by
utilizing capabilities of each individual classifier. The authors
in [14] proposed a genetic fuzzy system for online damage
detection using changes in vibration measurements between
damaged and intact conditions. It has been shown that
the combination of genetic algorithms with fuzzy inference
systems possesses enormous advantages. Another integration
of multi-intelligent techniques has also been carried out in
recent years [15].

Intelligent identificationmethod requires a lot of training
samples for accuracy, but the crack damage of large axial fan
blades is not easy to be fabricated, which brings about the
problem of insufficient fault samples. Besides, the selection
criteria of the best training algorithm of the fastest rate
of convergence for some of the “black box” techniques
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have not been addressed appropriately, which resulted in an
uncertainty on the training speed optimization related to the
type and quantity of the training sample.

Another category of existing methods includes those
based on examination of changes in natural frequencies,
mode shapes, or mode shape curvatures [16–18]. Wang et al.
[18] usedmode shape difference curvature to detect the crack
location based on FEM and aerodynamic loads’ calculation.
Their method has been proved efficiently through the experi-
ment on a wind turbine blade and simulation on a multilayer
composite material blade. But the curvature of mode shape
of the damaged blade is too tiny (10−4) to be detected. These
methods are generally based on the inspection ofmode shape
changes and need measurements with high accuracies. They
require expensive data acquisition and monitoring systems
with the properties such as multiple sensors, high sensitivity,
large hard disc capacity, and fast processing. Changes in the
natural frequencies are used more often than deviation of
mode shapes, since frequencies can be measured more easily
than mode shapes, and they are less seriously affected by
experimental error.

During the last few decades, intense research on the de-
tection of crack using the changes in frequency has been car-
ried out by researchers [19–22].They noted that any localized
damage would affect each mode differently as the existence
of the crack in a structure causes a change in its stiffness.
Consequently, there would also be a change in the dynamic
response of the structure, and then the change in frequencies
related to crack location and size has been used to evaluate the
state of crack through an inverse processing. The authors in
[22] used soft spring to simulate the boundary conditions of
a cantilever beamwith a single crack. Yang et al. [23] detected
the crack of a beam based on an energy numerical model
which had been regarded as a continuousmodel with varying
moment of inertia. Most of the current approaches take the
cracked structure as a continuous model which makes it
hard to achieve the exact solution with complex boundary
conditions.

The aim of this study is to investigate the influence of
natural frequency of cracked fan blades based on different
theoretical analysis taking the structure as a discrete model
for monitoring blade conditions and predicting the existence
and severity of the crack in the blade. Besides, fan blades
are subjected to centrifugal, air bending, and vibratory loads
[24, 25]. This repeated loading and unloading influences the
dynamic response of the blades due to the high-speed rota-
tion. Therefore, the cracked blade in this study will be simu-
lated in a rotate state and subjected to the pressure caused
by the air flow in order to make the simulation results more
reliable.

In the present paper, a novel damage detection method
based on a discrete mathematical model for fan blades is
proposed. This technique uses the FEM based dynamics
analysis to detect the single crack and identify its location and
size, which can readily obtain the fault sample database. In
this study, a finite element model of 621mm length fan blade
has been built using shell elements with structural steel, aero-
dynamic loads are calculated to make the simulation results
more reliable, and then dynamics analysis is performed. By
using the changes in natural frequencies, the damage in
blades can be detected efficiently and precisely.

2. Methodology

This approach makes use of synthetic data and consists of
three steps: data generation, establishment of the fault sample
database, and fault detection. At the first stage, vibration
characteristics of the intact and damaged fan blades are ana-
lyzed by combining fan blade model with fluid flowmodel to
generate the data sets of natural frequency. In the second step,
Matlab is applied to build the fault sample database. In the
final step, the changes in natural frequencies of damaged
blade are used to identify location and size of a single crack in
a blade.

2.1. Data Generation. The vibration data can be generated
from numerical analysis of the whole mine fan in this pro-
cedure. A series of numerical simulations have been carried
out to obtain the data sets of natural frequency, which can be
used to identify various damage states in the fan blades. For
each run of the simulation, different locations and sizes of a
single crack are considered.

2.1.1. Structural Modelling. To investigate the influence of
cracks on the dynamic behavior in fan blades, dynamic anal-
ysis is concerned in terms of modelling the cracked blades,
researching the vibration characteristics, establishing the
effective fault features for condition monitoring of the rotor
system, and detecting cracks state in an early stage. Several
crack modelling approaches are analyzed including the stress
energy release rate (SERR) method and the finite element
method (FEM). In this paper, a 3D model of the axial-
flow fan AGF606-2.82-1.58-2 has been designed in ANSYS
Workbench using FEMmethod according to the dimensions
of the fan at Datong coal mine (see Figure 1(a)). To simplify
the structure of the axial-flow fan, only several principal parts
of the mine fan have been considered in the 3D model. A
complete 3D model of the mine fan is shown in Figure 1(b);
the fan model consists of 109,121 tetrahedral elements and
168,310 nodes.

The axial-flow fan consists of the impeller, the collector,
the diffuser, and the air duct (see Figures 1(c)–1(g)). The two
impellers are connectedwith bearing and shaft.The sameway
of connection is used between the impeller and the air duct.

The boundary conditions of the fan model are shown in
Figure 2.The impeller is rigidly connected to themain shaft of
the rotor and zero displacement is assumed at the baseplate.
The pressure distributions obtained from CFD simulations
are used on the remaining surfaces.

2.1.2. Fluid Flow Modelling. The CFD simulation of all flow
channels of the fan rotor has been performed to obtain pres-
sure distributions on the plate blade.The entire fluid passage-
way between the inlet from the collector side and the outlet
from the diffuser side of the mine fan is considered as shown
in Figure 3.The extension of the inlet and outlet was added to
avoid any effect it would have had on the flow near the blades.
The CFD simulation is also performed in ANSYSWorkbench
which can readily achieve pressures of the remaining blade.
The whole computational mesh consists of 329,799 tetrahe-
dral elements and 63,509 nodes (Figure 3(a)).
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(a) Geometrical model of axial-flow fan (b) 3D unstructured grids of the computational domain

(c) Perspective view (d) The impeller (e) The air duct

(f) The collector (g) The diffuser

Figure 1
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Figure 2: (a) Boundary conditions for the structural modelling and (b) closer look of the pressure surface.

The computations assume steady state incompressible
uniform fluid flow in circumferential direction of the axial-
flow fan rotor. In order to make the simulation more reli-
able, the entire fluid passageway has been divided into two
domains (see Figure 3(b)): the static domain and the rotation
air domain. In the static domain, the airflow moves only
along the axial direction while the rotation air domain has

a rotational velocity. Constant outlet boundary conditions are
defined by an opening with an average relative pressure equal
to atmospheric pressure.

2.1.3. Fluid-Structure Coupled Analysis. The vibration char-
acteristics of the axial-flow mine fan are examined by cou-
pling fluid-structure models in order to obtain the natural
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Figure 3: (a) Finite element mesh of the fan and (b) boundary conditions for the fluid flow modelling.
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Figure 4: Plate blade with a single rectilinear crack.

frequencies of the intact and damaged blade with different
crack conditions. It is assumed that a single rectilinear crack
is located in one of the plate blades of the impeller. Each
plate blade is made of structural steel of cross-sectional
area 180mm × 23mm with a length of 621mm. Figure 4
demonstrates the settings of crack in the blade. Cracks were
initiated at eight different locations from blade root to blade
tip (along the length of the blade) ranging from 𝛽 = 1/9𝑙 to𝛽 = 8/9𝑙 (𝛽 is the crack location and 𝑙 is the blade length)
in steps of 1/9𝑙. For each location, three crack sizes, 𝛼 =1/3ℎ, 𝛼 = 1/2ℎ, and 𝛼 = 2/3ℎ (𝛼 is the crack size and ℎ is
the blade width), have been considered. Through the fluid-
structure couple analysis, the first three natural frequencies
of the blade can be readily achieved and the data will become
more reliable comparedwith themodal analysis without CFD
simulation.

2.2. Fault Database. The first three natural frequencies of
the cracked fan blade obtained from the simulations in
ANSYSWorkbench are a function of crack location and crack
size. In order to detect the crack state, Matlab is applied to
build the fault database. Specifically, 𝑥-axis represents the
crack location, 𝑦-axis represents the crack size, and 𝑧-axis
represents the natural frequency of the blade. Through using
the cubic interpolation to curve fitting at each point, a three-
dimensional plot of the first three natural frequencies of plate
blade can be readily achieved.

2.3. Dynamics Analysis. Defects existing in a structure cause
a change in its stiffness, and consequently this could also
affect its dynamic characteristic. In order to find out the
dynamic characteristic, modal analysis should be carried out
for the structure.

2.3.1. Basic Equation. Modal analysis can determine the
vibration characteristics (natural frequencies and mode

shapes) of the blade structure. Plate blade belongs to the
cantilever; the chief form of its distortion is the bending
deformationwhile the blade vibrating direction is perpendic-
ular to the axis direction. An infinitesimal segment 𝑑𝑥 which
was intercepted from the blade length 𝑙 has been analyzed
according to themotion equation and the basic theories of the
mechanics of materials. And the blade bending free vibration
equation is as follows:

𝜌𝐴𝜕2𝑦𝜕𝑡2 + 𝐸𝐼𝜕
4𝑦𝜕𝑥4 = 0, (1)

where 𝑦(𝑥, 𝑡) is the lateral displacement of the blade, where𝑥 represents the location of the section and 𝑡 represents the
time, 𝜌 is the density of the blade,𝐴 is the cross-sectional area
of the blade, and 𝐸𝐼 is the bending stiffness.

It is assumed that the solution of the vibration equation
of the blade is 𝑦(𝑥, 𝑡) = 𝑌(𝑥)𝜑(𝑡), 𝜑(𝑡) = 𝐴 sin𝜔𝑡 + 𝐵 cos𝜔𝑡,
where𝐴 and 𝐵 are constants determined by the initial condi-
tions.

According to the cantilever boundary conditions

𝑌 = 0,
𝑑𝑌𝑑𝑥 = 0,
𝑑2𝑌
𝑑𝑥2 = 0,
𝑑3𝑌𝑑𝑥3 = 0,

(2)

the 𝑛th natural frequency (𝜔𝑛) of the blade can be obtained
from equations as follows:

𝜔𝑛 = 𝛽2𝑛√ 𝐸𝐼𝜌𝐴, (3)

where 𝛽𝑛𝑙 is the characteristic root of the blade bending free
vibration equation and 𝛽1𝑙 = 1.875, 𝛽2𝑙 = 4.694, 𝛽3𝑙 =7.855.
2.3.2. Damage BladeModal Analysis. When there is a crack in
the blade, the boundary conditions of the blade become very
complex. It is difficult to work out exact solutions of natural
frequency while regarding the blade as a continuous model.
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Figure 6: Stress analysis figure of the 𝑖th massless beam segment.

In this paper, a discretization method has been proposed to
work out the natural frequency of the blade.

Specifically, the entire blade structure being regarded as
a cantilever was discretized by a number of quality units
as shown in Figure 5. Each unit includes a massless beam
segment and a centralized quality. Taking into account when
there is a crack in the blade, the angle of rotation around the
crack will change evidently. In order to study the influence of
crack on the whole blade, each unit has four state variables
which consists of 𝑍 = (𝑦 𝜃 𝑀 𝑄)𝑇, where 𝑦 is the deflec-
tion, 𝜃 is the angle of rotation, 𝑀 is the bending moment,
and 𝑄 is the shear force of the section of the centralized
quality.

It is assumed that the crack exists in the 𝑖th centralized
quality. Firstly, stress analysis of the 𝑖th massless beam
segment has been performed as shown in Figure 6.

It is supposed that𝑀𝑖(𝑥), 𝜃𝑖(𝑥), and 𝑦𝑖(𝑥) are the bend-
ing moment, angle of rotation, and deflection of the section,
respectively, being 𝑥mm away from the last centralized
quality ((𝑖 − 1)th) in the 𝑖th massless beam segment.

According to the basic theories of the mechanics of
materials,𝑀𝑖(𝑥), 𝜃𝑖(𝑥), and 𝑦𝑖(𝑥) are expressed as follows:

𝑀𝑖 (𝑥) = 𝑀𝑅𝑖−1 + 𝑄𝑅𝑖−1𝑥
𝜃𝑖 (𝑥) = 𝜃𝑅𝑖−1 + 1𝐸𝑖𝐼𝑖 ∫

𝑥

0

𝑀𝑖 (𝑥) 𝑑𝑥
𝑦𝑖 (𝑥) = 𝑦𝑅𝑖−1 + ∫𝑥

0

𝜃𝑖 (𝑥) 𝑑𝑥.
(4)

The equilibrium condition of the 𝑖th massless beam seg-
ment can be written as follows:

𝑄𝐿
𝑖
= 𝑄𝑅
𝑖−1

𝑀𝐿
𝑖
= 𝑀𝑅
𝑖−1
+ 𝑄𝑅
𝑖−1
𝑙𝑖. (5)

And then the transfer matrix between the left side of
the 𝑖th centralized quality and the right side of the (𝑖 − 1)th
centralized quality can be given by

[[[[[
[

𝑦
𝜃
𝑀
𝑄

]]]]]
]

𝐿

𝑖

=
[[[[[[[[[
[

1 𝑙𝑖 𝑙2
𝑖(2𝐸𝑖𝐼𝑖)

𝑙3
𝑖(6𝐸𝑖𝐼𝑖)

0 1 𝑙𝑖(𝐸𝑖𝐼𝑖)
𝑙2
𝑖(2𝐸𝑖𝐼𝑖)0 0 1 𝑙𝑖0 0 0 1

]]]]]]]]]
]

[[[[[
[

𝑦
𝜃
𝑀
𝑄

]]]]]
]

𝑅

𝑖−1

(6)

which also can be abbreviated as

𝑍𝐿
𝑖
= 𝐻𝐹
𝑖
𝑍𝑅
𝑖−1
, (7)

where𝐻𝐹
𝑖
represents the field transfer matrix.

When the crack is located at the section of the 𝑖th
centralized quality𝑚𝑖 (Figure 7), the angle of rotation around𝑚𝑖 is different, which can be written as

𝜃𝑅
𝑖
= 𝜃𝐿
𝑖
+ 𝑐𝑀, (8)

where 𝑐 is the additional flexibility [26] and𝑀 is the bending
moment of the crack section.

The equilibrium condition of the 𝑖th centralized quality𝑚𝑖 can be written as follows:

𝑦𝑅
𝑖
= 𝑦𝐿
𝑖

𝜃𝑅
𝑖
= 𝜃𝐿
𝑖
+ 𝑐𝑀𝐿
𝑖

𝑀𝑅
𝑖
= 𝑀𝐿
𝑖

𝑄𝑅
𝑖
= 𝑄𝐿
𝑖
+ 𝑚𝑖𝜔2𝑦𝑖,

(9)

where 𝜔 is the natural frequency of the blade.
Thus the transfer matrix between the right side of𝑚𝑖 and

the left side of𝑚𝑖 can be given by

[[[[[
[

𝑦
𝜃
𝑀
𝑄

]]]]]
]

𝑅

𝑖

= [[[[[
[

1 0 0 0
0 1 𝑐 0
0 0 1 0

𝑚𝑖𝜔2 0 0 1

]]]]]
]

[[[[[
[

𝑦
𝜃
𝑀
𝑄

]]]]]
]

𝐿

𝑖

, (10)

abbreviated as

𝑍𝑅
𝑖
= 𝐻𝑃
𝑖
𝑍𝐿
𝑖
, (11)

where𝐻𝑃
𝑖
represents the point transfer matrix.
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Figure 7: (a) Mathematical model of the crack blade and (b) stress analysis of the centralized quality𝑚
𝑖
.

Then the whole 𝑖th unit transfer matrix can be calculated
as follows:

𝐻𝑖 =
[[[[[[[[[[[[
[

1 𝑙𝑖 𝑙2
𝑖(2𝐸𝑖𝐼𝑖)

𝑙3
𝑖(6𝐸𝑖𝐼𝑖)

0 1 𝑐 + 𝑙𝑖(𝐸𝑖𝐼𝑖) 𝑐𝑙𝑖 + 𝑙2
𝑖(2𝐸𝑖𝐼𝑖)0 0 1 𝑙𝑖

𝑚𝑖𝜔2 𝑚𝑖𝜔2𝑙𝑖 𝑙𝑖(𝐸𝑖𝐼𝑖) 1 + 𝑚𝑖𝜔2𝑙3𝑖(6𝐸𝑖𝐼𝑖)

]]]]]]]]]]]]
]

. (12)

And the transfermatrix ofmathematicalmodel (Figure 8)
of the whole crack blade can be defined as

𝑍𝑅
𝑛
= 𝐻𝑍0, (13)

where𝐻 = 𝐻𝑛𝐻𝑛−1 ⋅ ⋅ ⋅ 𝐻𝑖 ⋅ ⋅ ⋅ 𝐻1.
Then the relation between the blade tip and the blade root

can be expressed as follows:

[[[[[
[

𝑦
𝜃
𝑀
𝑄

]]]]]
]

𝑅

𝑛

= [[[[[
[

ℎ11 ℎ12 ℎ13 ℎ14ℎ21 ℎ22 ℎ23 ℎ24ℎ31 ℎ32 ℎ33 ℎ34ℎ41 ℎ42 ℎ43 ℎ44

]]]]]
]

[[[[[
[

𝑦
𝜃
𝑀
𝑄

]]]]]
]0
. (14)

According to the blade boundary conditions, where 𝑦0 =𝜃0 = 0, 𝑀𝑅𝑛 = 𝑄𝑅𝑛 = 0, (14) can be readily simplified as

ℎ33𝑀0 + ℎ34𝑄0 = 𝑀𝑅𝑛
ℎ43𝑀0 + ℎ44𝑄0 = 𝑄𝑅𝑛 . (15)

Because 𝑀0, 𝑄0 could not be zero at the same time and
because of the condition of the homogeneous linear equations
having nonzero solutions, (15) can be calculated as


ℎ33 ℎ34ℎ43 ℎ44

 = 0 (16)

which can get the value of 𝜔.
Through the above analysis, it is obvious to find out that

when a single crack exists in a blade structure, the natural
frequency of the blade is bound to change. Consequently, the
natural frequency can be regarded as a fault feature to detect
the crack damage in fan blades.

Table 1: Natural frequencies of the plate blade in Hz.

Theoretical
value

Simulation
value Relative error

Mode 1 48.629 49.556 1.9%
Mode 2 304.756 308.240 1.1%
Mode 3 853.324 857.320 0.4%

3. Results and Discussions

3.1. Results. The first three natural frequencies of the theoret-
ical value and the simulation value are shown in Table 1.

There is a relative error between the simulation value and
the theoretical value, and the main reason of this issue is
the stress caused by high-speed rotation. Every infinitesimal
quality segment in the blade suffered a centrifugal forcewhich
could prompt the blade back to the equilibrium position
while the blade vibrates in the rotation or axial plane. The
working of this kind of centrifugal force corresponds to that
of the elastic restoring force of the blade, which leads to the
natural frequency of each order of blade being higher than
that while not working.

It is assumed that the natural frequency of each mode of
the intact blade is represented by 𝜔𝑛 (𝑛 = 1, 2, 3) and the
natural frequencies of all the damaged blade conditions are
represented by 𝜔𝑐. The simulation data were tabulated in the
form of frequency ratio (𝜔𝑐/𝜔) versus the crack size 𝛼 for
each crack location 𝛽. Tables 2–4 show the variation of the
frequency as a function of the crack size and crack location
for plate blade.

3.2. Changes in Natural Frequencies. Figure 9 shows the plots
curve-fitted from the simulation data of the variations of
the first three frequency ratios as a function of crack loca-
tion ratios (𝛽/𝑙) for three different crack size ratios (𝛼/ℎ)
considered for each set of boundary conditions. Figure 10
illustrates the variations of the first three natural frequencies
as a function of crack size ratios (𝛼/ℎ) for all of the crack
location ratios (𝛽/𝑙) considered for each set of boundary
conditions (eight locations were considered for each set of
boundary conditions).

From the simulation results and plots, the following
observations are made for all the cases considered:

(1) For all the cases considered, crack reduces the natural
frequency of the blade.
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Figure 8: Mathematical model of the whole crack blade.
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Figure 9: Normalized natural frequencies (of various modes) in terms of crack location ratios 𝛽/𝑙 for various crack size ratios 𝛼/ℎ: (a) mode
1; (b) mode 2; (c) mode 3.

(2) The fundamental natural frequency is generally
affected the least while the third natural frequency of
blade changes rapidly for all the cases.

(3) For eachmode, as the crack size increases, the natural
frequency of blade decreases distinctlywhile the crack
location is identical.

(4) For each mode, the natural frequency of blade
decreases significantly as the crack location moves
towards the blade root while the crack size is identical.

(5) For a few of the cases considered, such as when the
crack size ratio 𝛼/ℎ is 1/3 or the crack location ratio𝛽/𝑙 is 8/9, the frequencies remain nearly unchanged

(see Figures 9 and 10) until a certain value of crack size
ratio or crack location ratio is attained, after which the
frequencies decrease rapidly.

From the above observations, it could be stated that
the existence of crack will reduce the natural frequency of
the whole blade structure. The natural frequencies changed
monotonically for being a function of either the crack sizes or
the crack locations.The natural frequency is a function of not
only crack size or crack location, but also the mode number.
In general, the higher the number of modes being used, the
better the accuracy and dependability of predicted results will
be.
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Table 2: Fundamental natural frequency ratio (𝜔
𝑐
/𝜔
1
) as a function of crack location and size for the blade.

𝛼/ℎ 𝛽/𝑙 = 1/9 𝛽/𝑙 = 2/9 𝛽/𝑙 = 3/9 𝛽/𝑙 = 4/9 𝛽/𝑙 = 5/9 𝛽/𝑙 = 6/9 𝛽/𝑙 = 7/9 𝛽/𝑙 = 8/91/3 0.9271 0.9340 0.9366 0.9425 0.9435 0.9467 0.9476 0.95151/2 0.8712 0.9024 0.9121 0.9255 0.9359 0.9430 0.9474 0.95052/3 0.8002 0.8845 0.9045 0.9132 0.9338 0.9149 0.9472 0.9498

Table 3: Second natural frequency ratio (𝜔
𝑐
/𝜔
2
) as a function of crack location and crack size for the blade.

𝛼/ℎ 𝛽/𝑙 = 1/9 𝛽/𝑙 = 2/9 𝛽/𝑙 = 3/9 𝛽/𝑙 = 4/9 𝛽/𝑙 = 5/9 𝛽/𝑙 = 6/9 𝛽/𝑙 = 7/9 𝛽/𝑙 = 8/91/3 0.7305 0.7401 0.7621 0.7842 0.8039 0.8093 0.8138 0.81951/2 0.5801 0.6220 0.6671 0.7223 0.7627 0.7899 0.8124 0.81732/3 0.3918 0.4851 0.5662 0.6358 0.7214 0.7731 0.8088 0.8142

Table 4: Third natural frequency ratio (𝜔
𝑐
/𝜔
3
) as a function of crack location and crack size for the blade.

𝛼/ℎ 𝛽/𝑙 = 1/9 𝛽/𝑙 = 2/9 𝛽/𝑙 = 3/9 𝛽/𝑙 = 4/9 𝛽/𝑙 = 5/9 𝛽/𝑙 = 6/9 𝛽/𝑙 = 7/9 𝛽/𝑙 = 8/91/3 0.3408 0.3463 0.3426 0.3415 0.3450 0.3455 0.3458 0.34891/2 0.3123 0.3221 0.3254 0.3287 0.3310 0.3357 0.3391 0.34542/3 0.2947 0.3141 0.3164 0.3165 0.3209 0.3225 0.3365 0.3432
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Figure 10: Normalized natural frequencies (of various modes) in terms of crack size ratios 𝛼/ℎ for various crack locations 𝛽/𝑙: (a) mode 1;
(b) mode 2; (c) mode 3.
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Figure 11: Three-dimensional plots of frequency versus crack
location and crack size for the plate blade.

3.3. Crack Identification Technique Using Changes in Natural
Frequencies. Based on the simulated frequency changes, a
method of identifying a crack location and crack size is
presented in this section.

As stated earlier, both the crack location and the crack size
influence the change in the natural frequencies of a cracked
blade. It can be clearly concluded from the three-dimensional
plots of the first three natural frequencies (𝜔) of plate blade
(Figure 11) that a particular frequency could correspond to
different crack locations and crack sizes; that is, the natural
frequency is a function of crack size and crack location.

To identify the state of the crack in plate blade, an essential
step should be taken to achieve a sufficient number of natural
frequencies of the blade and then build the fault database.The
number of cracks determines the order of natural frequency
required for diagnosis. For a single crack, the first three
natural frequencies are sufficient to diagnose the location and
size.
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Figure 12: Three-dimensional plots of contour lines for the plate
blade.

For a blade with a single crack, the diagnostic process is
as follows:

(1) Measuring the first three natural frequencies of the
plate blade

(2) Using a horizontal plane at each one of the three
natural frequencies to cut the fault database and then
plotting the contour of the frequencies under different
modalities in the same axis system

(3) Through positioning the intersection of the different
contours of the natural frequencies, readily determin-
ing the location and size of the crack.

Because any crack frequency can be represented by a
governing equation which is dependent on crack size 𝛼,
crack location𝛽, andmode number, the intersection becomes
unique. Therefore a minimum of three curves is required to
identify the two unknown parameters of crack location and
crack size.

Diagnostic procedure, for example, is as follows.
From Tables 2–4, it is observed that, for a crack size

ratio (𝛼/ℎ) of 1/3 located at a distance of 4/9𝑙 away from the
blade root, the frequencies are 46.709Hz for the first mode,
241.71Hz for the second mode, and 292.81Hz for the third
mode. Using a horizontal plane to cut the fault database at
each one of the three frequencies, the contour lines with the
values of 46.709Hz, 241.71Hz, and 292.81Hz were retrieved
from the first three modes (see Figure 12) and plotted on the
same axes as shown in Figure 13. From the figure, it could be
observed that the three contour lines gave just one common
point of intersection, which indicates the crack location and
the crack size.

If the crack location coincides with a vibration node, the
contour line tends to disappear, and no intersections can be
obtained. In such a case, higher natural frequencies may have
to be obtained to predict the location and the size of the
crack. The experimental verification of this fault diagnostic
technique may be investigated in the future by the authors.
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Table 5: Experimental results of the blade.

Crack
location 𝛽 Crack

depth 𝛼 Experimental result 𝜔
𝑖
(Hz) Theoretical result 𝜔

𝑖
(Hz) Relative error (%)

𝑖 = 1 𝑖 = 2 𝑖 = 3 𝑖 = 1 𝑖 = 2 𝑖 = 3 𝑖 = 1 𝑖 = 2 𝑖 = 3
0 0 4.511 28.300 78.891 4.870 30.410 85.442 0.21 2.23 2.56
60 60 4.592 28.132 79.213 4.538 29.803 80.502 0.59 5.04 2.00
190 60 4.773 28.074 78.855 4.739 29.527 81.902 3.10 4.72 3.28
310 60 4.824 29.244 79.946 4.842 29.040 80.488 1.43 3.33 2.03
440 60 3.769 27.016 69.262 4.869 30.293 82.781 0.92 3.46 3.42
60 90 4.326 27.996 77.232 4.180 29.342 71.981 9.83 7.93 3.40
190 90 4.685 27.847 71.048 4.568 28.621 77.839 5.30 2.18 0.78
310 90 4.725 29.903 73.001 4.780 27.380 71.218 1.99 1.71 0.24
440 90 4.511 28.300 78.891 4.792 29.944 72.963 1.40 0.14 0.05
125 80 4.260 29.672 78.068 4.477 29.508 79.332 4.85 0.56 1.59
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Figure 13: Crack identification technique using frequency contours
of first three modes in a plate blade.

4. Experimental Validation

To verify the feasibility of the theoretical method, natural
frequencies of the blades were obtained through modal
experiment. This chapter takes straight blade as the research
object and the blade crack is a transverse opening crack.
The blades are 500mm long, 180mm wide, and 1.5mm thick
and their density and modulus of elasticity are 7930 kg/m2
and 190Gpa, respectively. The experimental system mainly
consists of a blade, a force hammer, acceleration sensors,
a data acquisition and analysis system INV3020C, and the
DASP software (see Figure 14). The mode shapes obtained by
DASP are shown in Figure 15.

The first three order natural frequencies of the blades
obtained by the modal test and theoretical results are shown
in Table 5; it shows small errors between the theoretical com-
putation results and the experimental results. It is proved that
the theoretical calculation model is accurate and effective.
According to the natural frequencies, the database of the
blade fault samples is constructed (see Figure 16).

The validity of the method proposed in the last chapter
is verified according to the database. The natural frequencies
of the blade with a crack at 𝛽 = 125mm and 𝛼 = 80mm

(1) (2) (3)
(4) (5)

(a) The schematic diagram of the experimental system: (1) blade; (2)
acceleration sensor; (3) force hammer; (4) INV3020C; (5) DASP

(b) Arrangement diagram of the experimental system

Figure 14

have three intersection curves with each order fault sample
database. The three contours are plotted in the same coordi-
nate system, as illustrated in Figure 17.The coordinates of the
points of intersection are the location and size of the crack.

Therefore, the mathematical model presented in this
paper can calculate the natural frequency of the cracked
blade accurately, and the method proposed in this paper can
determine the location and size of the crack accurately, so as
to diagnose the crack failure effectively.

5. Conclusions

Theoretical analysis of the effects on natural frequency of a
single crack in fan blade has been presented in this paper
in detail. The vibration characteristics of blade are shown to
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Figure 15: The first three order mode shapes obtained by DASP.
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Figure 16: Three-dimensional surfaces of frequency versus crack location and crack depth for a single crack blade.
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Figure 17: Crack identification technique by using frequency con-
tours: (1) mode 1; (2) mode 2; (3) mode 3.

be very sensitive to the crack location, crack size, and mode
number. An effective method of predicting location and size
of the crack based on changes in natural frequencies of plate
blade is also proposed and discussed. Numerical simulations
for damage detection of a single crack blade using CFD
and FEM method are investigated to evaluate the proposed
method.The fault diagnosis technique presented in this paper
proved to be effective and useful in the simulation condition.
As the frequency can be measured precisely using accelerator
sensors, the proposed method provides a useful tool for
damage detection and diagnosis of fan blade. Furthermore,
the feasibility of this method is verified through experimental
data.
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Foil bearing provides compliant support and moderate Coulomb friction for rotor-bearing system, which is conducive to stability
and reliability of high speed rotatingmachinery. In this paper, both hydrodynamic lubricated foil journal and foil thrust bearings are
applied in a 150m3⋅h−1 turboexpander for air separation. In the bearings, protuberant foil is chosen as the supporting subfoil due to
its merits of easy fabrication and assembly. Static loading and deflection of the bearings are tested, respectively, before integration
into the turboexpander. Afterwards, the loading and deflection curves of the journal and thrust bearings are polynomial fitted
using least-square method.Then, performance tests are carried out on the rotor-bearing system, including transient speed-up, high
speed, and speed-down processes. In the tests, the turboexpander supported by the hydrodynamic foil bearings operates smoothly
with repeatability. Maximal rotor speed of the turboexpander reaches 52000 rpm with hydrodynamic lubricated protuberant foil
bearings.

1. Introduction

Turboexpander is an indispensable component in energy
conversion system. Higher speed is anticipated for the tur-
boexpander in pursuit of high efficiency [1]. Its smooth
operation depends, to a large extent, on the stability of the
rotor-bearing system. In high speed or oil-free occasions,
conventional oil lubrication is constrained due to its high
viscosity and contamination issues [2]. Gas foil bearing,
as an alternative, is a kind of gas bearing using pieces of
metal foil as support. It is outperformed for high speed [3],
higher reliability [4], soft failure [5], and extreme temperature
adaptability [6, 7], as well as high levels of misalignment
tolerance [8]. Additionally, aerodynamic lubrication using
process gas in high speed operation is in favor of system
conciseness and compactness.

For the foil bearing, multikinds of underlying supporting
configurations have been developed since its first debut [9].
Among them, bump type foil bearing attracted considerable
attention [10]. Besides, metal mesh [11] and viscoelastic
[12, 13] configurations and so on have been presented. Foil

bearing reduces the peak vibration amplitude notably when
the rotor crosses the critical speed [14, 15]. Schiffmann
and Spakovszky optimized the selective shimming in foil
bearing and proposed a design guideline [4]. Pham and Ahn
combined foil bearing and magnetic bearing to support a
flexible rotor with vibration reduction of 26% [16].

In foil bearing, compliant surface and nonlinear friction
are introduced due to the configuration of stacking foils.With
the same load distribution, various foil deflections might
be present that is ascribed to the hysteretic behavior of the
friction force [17]. Subfoil stiffness of the elastic support
affects the bearing load capacity [18].The ultimate load of the
bearing could not exceed that of underlying elastic structure
[3].

For decades of development, foil bearing was applied
in many high speed rotating machineries [19]. Lee et al.
applied foil thrust bearing in automotive turbochargers with
24mm diameter shaft at speed of 123000 rpm (round per
minute) [20]. Dykas et al. adopted foil thrust bearing in
micro turbomachinery with inner diameter of 50.8mm and
outer diameter of 101.6mm with load capacity of 125N
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around 23000 rpm [21]. Kim et al. evaluated the foil bear-
ing performance in a 120 kW gas turbine generator with
rated speed of 15800 rpm and generator weight of 84.2N
and turbine weight of 175.0N [22]. Kim et al. applied foil
thrust bearing and journal bearing in a 66mm diameter
75 kW turbo blower with rotor speed of 30000 rpm, and
subsynchronous rotor lateral motions appeared [23]. Kim et
al. designed the mesoscale foil gas bearing for palm-sized
turbomachinery with inner diameter of 5mm and designed
speed of 60000 rpm [24].

Comparing to existing hydrostatic bearing technology in
cryogenic turboexpander, its configuration can be simplified
to a large extent using hydrodynamic lubricated foil bearing.
Two kinds of journal bearings, copper wire support and
viscoelastic support, were compared for small cryogenic
turboexpander of 12mm diameter around 220000 rpm [6].
Recently, bump foil journal bearings was applied in the
above turboexpander that could operate smoothly in a wide
speed range [25]. Numerical results indicated that the journal
bearing was stable in high speed range [26]. Subsynchronous
vibrations were suppressed quite well [27, 28]. Static structure
stiffness and load capacities of the thrust bearing were
tested in transient start-up and speed-down processes [29,
30]. Dedicated tests on protuberant foil journal bearing
or thrust bearing were conducted, respectively. However,
hydrodynamic lubrication using both protuberant foil jour-
nal and thrust bearings (integrated aerodynamic foil bearing
supporting technology) in the turboexpander has not been
tested yet. In this paper, both protuberant foil journal bearing
and foil thrust bearing are applied in a turboexpander with
shaft diameter of 25mm for air separation. In the bearings,
protuberant foil is chosen as the supporting subfoils due to
itsmerits of easy fabrication and assembly. Experimental tests
are carried out to analyze the transient performance of the
integrated aerodynamic foil bearing supporting technology.
In addition, static loading and unloading of the foil journal
bearing and thrust bearing are tested.

2. High Speed Turboexpander

The retrofitted turboexpander in this paper, as shown in
Figure 1, is an existing commercial module with liquid
nitrogen production of 30 L⋅h−1. The turbine type expansion
wheel converts high pressure gas into low pressure and low
temperature states. Braking wheel is used to dissipate the
power retrieved from the coaxial expansion wheel.

Rotor-bearing system of the turboexpander is shown
in Figure 2. The rotor is horizontal layout and its weight
is supported by two journal bearings. The net axial load
from expansion wheel and braking wheel is balanced by
two thrust bearings. Some geometrical parameters of the
turboexpander are listed in Table 1. The former bearing
supporting technology of the turboexpander is based on
aerostatic journal and thrust bearing. The rated operating
speed of the turboexpander is 100000 rpm.

3. Test Rig

In order to validate the applicability of integrated
aerodynamic foil bearing supporting technology in this

1 63 4 5 82
7

(1) Expansion volute
(2) Expansion wheel
(3) Journal bearing
(4) Thrust bearing

(5) Displacement transducer
(6) Shaft
(7) Braking wheel
(8) Braking volute

Figure 1: Assembly drawing of turboexpander for 150m3⋅h−1 air
separation system.

Table 1: Geometrical parameters of the turbo-expander.

Parameter Magnitude
Diameter of braking wheel (mm) 60
Diameter of expansion wheel (mm) 36.5
Outer diameter of thrust disc (mm) 44
Distance between journal bearings (mm) 127
Aspect ratio of journal bearing ≈1
Diameter of shaft (mm) 25
Length of rotor (mm) 250.5
Density of shaft (kg⋅m−3) 7830
Density of wheels (kg⋅m−3) 2730
Weight of rotor (g) 891

turboexpander, the test rig of high speed turboexpander is
retrofitted based on the rig in reference [31]. The flow chart
of gas driven test rig is shown in Figure 3. Compared to
the aerostatic bearing supported turboexpander, there is no
extra dedicated gas circuit for aerostatic bearings. Therefore,
the system is simplified for lighter weight and compactness.
High pressure air is supplied by a 75 kW screw compressor
with maximal pressure of 1.0MPa and maximal flow rate of
600Nm3⋅h−1. Gas reservoir is implemented to stabilize the
undulating pressurized gas from the compressor. Supply gas
pressure and flow rate at the expansion wheel are regulated
by proportional electric valve. The exhaust gas is vent to the
ambient after expansion. Three eddy current displacement
transducers (with linearity of <±2% and static resolution of
0.1 𝜇m) in 𝑋, 𝑌, and 𝑍 directions are installed to evaluate
the vibrations of the high speed rotor. Sampling frequency of
the displacement transducer is 100 kHz. The vibration data
are collected by data acquisition system. Supply pressure is
measured by pressure transducer (with resolution of 1000 Pa
and FS ±1%).

The real picture of the test rig is shown in Figure 4
(expansion volute was removed from the turboexpander).
The vibration transducers are installed as shown in the figure.
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Figure 2: Rotor-bearing system of the turboexpander.
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Figure 3: Flow chart of high pressure gas driven turboexpander test rig.
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Figure 4: Real picture of high pressure gas driven turboexpander test rig: (a) upper view; (b) side view (with expansion volute removed).

4. Bearing Configurations

In pursuit of stability and compactness of turboexpander,
aerodynamic foil bearing is a preferred choice. By virtue of
the transient performances of the protuberant foil journal and
thrust bearings [27–30], they are considered to be alternative
candidates for the rotor-bearing system. In this paper, both
the aerostatic journal and thrust bearings are replaced by
protuberant foil bearings based on the previous configuration
of the rotor-bearing system.

The schematic diagram and real picture of the protuber-
ant foil journal bearing are shown in Figures 5(a) and 5(b),
respectively. There are two protuberant foil layers and one
top flat foil that stacked one layer over another in the bearing
housing. The foils are fixed into the housing at one end by
fixing pin. The detailed geometrical parameters and stacking
layout of the foils could be found in Table 2.

Before application of the journal bearing and thrust
bearing, deflection of the journal bearing and thrust bearing
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Figure 5: Schematic diagram and real picture of foil journal bearing in the turboexpander.

Table 2: Geometrical parameters of the protuberant foil journal
bearing [31].

Parameter Magnitude
Nominal 𝐺m/g 830
Height of protuberant foil𝐻p/mm 0.2
Crown pitch in peripheral direction of upper layer
𝑆pu/mm 4

Crown pitch in peripheral direction of lower layer
𝑆au/mm 4

Protuberant foil thickness 𝑇p/mm 0.05
Top foil thickness 𝑇f /mm 0.07
Crown pitch in peripheral direction of upper layer
𝑆pb/mm 4

Crown pitch in peripheral direction of lower layer
𝑆ab/mm 4
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Figure 6: Deflection of protuberant foil journal bearing with static
load.

under static load are performed on respective dedicated
bearing test rigs.

Static load and deflection of the journal bearing is shown
in Figure 6. In mild load range from −25N to +25N, the

Table 3: Standard error of the polynomials for load and deflection
curves of journal bearing.

Coefficients of the polynomials Loading Unloading
Interception 0.233 0.1963
𝑥 0.0172 0.0146
𝑥2 0.00138 0.00117
𝑥3 2.61𝐸 − 05 2.42𝐸 − 05

𝑥4 1.53𝐸 − 06 1.32𝐸 − 06

load and displacement exhibits linear relationship. Nonlinear
characteristics appears in higher load range from +30N to
+25N and from −30N to −25N. The displacement is about
30 𝜇m at the maximal load of ±30N. Under the same load,
the absolute static deflection is higher in unloading process
than that in loading process. For example, the displacement
is about 10 𝜇m when the static load is 0N in the loading
process. With the same load in unloading process, the
displacement is about −20𝜇m, which is larger than that in
loading process.This can be attributed to the hysteresis effect
from Coulomb friction in loading and unloading processes.
The area enclosed in hysteresis loop can be used to calculate
the dissipated energy in one loading test cycle. Fourth-order
polynomial was used to fit the loading curves based on
weighted least-square method. The polynomial expressions
for the loading and unloading processes for beryllium bronze
bearing are shown in (1) and (2), respectively. The standard
errors of the polynomials are listed in Table 3.The coefficients
of displacement 𝑥 are 0.67N⋅𝜇m−1 in the loading process,
which is higher than that in the unloading process of
0.55N⋅𝜇m−1 from

𝑦loading = −10.2 + 0.67𝑥 + 0.0028𝑥
2 + 0.00029𝑥3

+ 0.000006𝑥4,
(1)

𝑦unloading = 12.2 + 0.55𝑥 + 0.0013𝑥
2 + 0.00026𝑥3

+ 0.000023𝑥4.
(2)
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Figure 7: (a) Schematic diagram and (b) real picture of foil thrust bearing in the turboexpander.

Table 4: Geometrical parameters of the protuberant foil thrust bearing [32].

Parameter Magnitude
Top foil thickness 𝑡tf /mm 0.07
Protuberant foil thickness 𝑡pf /mm 0.05
Number of supporting layers𝑁

𝑙
2

Height of protuberant convex ℎpf /mm 0.3
Spherical radius of projections 𝑅sp/mm 1.4

Radial location of inner protuberant projections 𝑅pi/mm Upper layer 10.4
Bottom layer 8.2

Radial location of outer protuberant projections 𝑅po/mm Upper layer 14.8
Bottom layer 12.6

According to the existing configuration of shaft and journal
bearing, two thrust bearings are implemented to balance the
axial forces from the wheels. In the foil thrust bearing, as is
shown in Figure 7, six-pad configuration is adopted due to
its preferable loading performance [32]. The configuration
of the foil stacking is similar to the journal bearing above;
detailed parameters of the thrust bearing can be found in
Table 4. Protuberant projections of diameter of 0.5mmon the
foils are punched from flat foil. The stacking layout of upper
protuberant foil and bottom protuberant foil is staggered in

circumferential direction according to the locations of the
supporting projections.The foils are fixed by screw bolt from
the back of thrust bearing.

The deflection of the thrust bearing with static load
is shown in Figure 8. Detailed testing method can refer
to [33]. Unlike the protuberant foil journal bearing, the
hysteresis loop of the deflection of the thrust bearing is
smaller. Structural stiffness of six-pad multilayer protuberant
foil thrust bearing is not constant and load dependent.
The polynomial expressions for the loading and unloading



6 International Journal of Rotating Machinery

0

10

20

30

40

St
at

ic
 lo

ad
 (N

)

Loading (N)

Loading (N)
Unloading (N)

Polynomial fit of loading
Polynomial fit of unloading

0 50 100 150
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Table 5: Standard error of the polynomials for load and deflection
curves of thrust bearing.

Coefficients of the polynomials Loading Unloading
Interception 0.259 0.178
𝑥 0.0114 0.00736
𝑥2 1.39𝐸 − 04 9.05𝐸 − 05

𝑥3 4.91𝐸 − 07 3.26𝐸 − 07

processes for beryllium bronze bearing are shown in (3) and
(4), respectively. The standard errors of the polynomials are
listed in Table 5.

𝑦loading = −4.76 + 0.104𝑥 − 3.85𝑥
2 + 0.00000587𝑥3, (3)

𝑦unloading = 3.70 + 0.113𝑥 + 0.000598𝑥
2

+ 0.00000695𝑥3.
(4)

5. Testing Procedures

The testing process is shown in Figure 9. After checking
the preparation for ready to start up, open up the electrical
valve of supply gas at the expansion wheel gradually. The gas
pressure increment should be small until the rotor started to
rotate. Maintain the supply pressure to be constant when the
rotor is in acceleration. Afterwards, increase the gas supply
pressure further until the rotor speed is around 50000 rpm.
After smooth operating for a period of time, close down the
supply gas gradually to reduce the rotor speed. When the
rotor stops operating, close the supplying gas valve. More
than three times of start-up and speed-down processes are
conducted to ensure the repeatability of collected data.

6. Test Results and Analysis

For this integrated bearing layout, there exist friction torques
from the journal bearing and the thrust bearing, especially
during the start-up process. When the preload on the thrust

Open up
electrical valve

Check to get
ready

Start to rotate?

Yes

Maintain supply
pressure

Unstable rotor
trajectory?

Increase supply
pressure

Close the
electrical valve

Increase supply
pressure

Yes

No

No

Figure 9: Testing process of the turboexpander with protuberant
foil journal and thrust bearing.

bearing is larger than a certain value, the torque at expansion
wheel could not overcome the start-up friction torque [34].
Furthermore, during start-up and speed-down transient
processes, friction torque of the foil thrust bearing increases
linearly with rotor speed and bearing load. Therefore, the
conventional start-up method of rotor by increasing the
supply pressure does not fit for the integrated foil bearing
supporting technology. In order to reduce the friction torque
at the start-up stage, the nominal journal bearing clearance is
increased to 100 𝜇m.

Transient processes such as start-up, high speed, and
speed-down of the rotor supported by integrated foil journal
bearing and thrust bearing are tested after assembly of the
turboexpander. In the transient processes, axial displacement
is an important indicator of axial movement of the rotor due
to net axial force from expansion wheel and braking wheel.
Rotor speed and axial displacement of the rotor with supply
pressure in thewhole speed-up and speed-downprocesses are
shown in Figure 10. At the beginning 8 s, there is no supply
pressure. From 8 s to 18 s in region I, in which the supply
pressure increases to around 0.13MPa, there is no rotation yet
due to the static friction between the rotor and foil surfaces.
Because of the pressure difference between the front and back
of expansionwheel, the rotormoves in the direction of expan-
sion wheel with displacement around 180𝜇mbefore rotation.
In region II, when the supply pressure exceeds 0.13MPa, the
rotor begins to rotate. The supply pressure is maintained at
this value when the rotor is in accelerating process. In this
region, the aerodynamic lubrication comes into effect due
to the relative speed between the rotor and bearing surface.
The hydrodynamic lubrication force pushes the rotor towards
the braking wheel. Therefore, the thrust bearing clearance
increases during this speed-up process. In region III, the
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Figure 10: Axial displacement of the rotor in transient processes.

supply pressure increases further with expectation of higher
rotor speed. The axial force from the wheels increases and
the rotor moves axially in the direction of expansion wheel
again. The axial displacement increases to 230𝜇m when
higher supplying pressure is supplied continuously.The rotor
speed reaches 52805 rpm with supply pressure of 0.3MPa.
Afterwards, the rotor speed is reduced gradually in region
IV. In the speed-down process, the axial displacement of the
rotor decreases correspondingly. It should be noted that there
isminus axial displacement at the end of speed-downprocess.
Furthermore, there are still minus axial displacements after
the rotor stops running in region V. Recovery time of axial
displacement is needed after one speed-up and coast-down
process, which can be attributed to the hysteresis effect of
the foils in the whole operating region. During the transient
processes, the displacement is positive in most of the regions.
That is to say, most of the axial force is balanced by the thrust
bearing near expansion wheel.

During the transient operation, high speed rotor vibrates
around its transient equilibrium position. The journal cen-
terline during the above transient processes is shown in
Figure 11. The rotor rotates in counterclockwise direction in
the bearing.The circumferential angle 𝜃 initiates fromupright
direction of the bearing. Journal center location reflects its
eccentricity and attitude angle (𝜃-270∘). The journal center
in speed-up process is marked by red hollow rectangles and
speed-down process is marked by blue hollow circles. The
initial static resting position of the rotor is assumed to be (100,
270∘) in above polar coordinates. At lower speed before lift-
off from the foil bearing, the rotor lifts up about 6 𝜇m towards
the bearing center and 9∘ in counterclockwise direction. At
the speed around 9600 rpm, the journal center drifts about
5 𝜇m towards the bearing center and 10∘ in counterclockwise
direction that is marked as the lift-off speed of the bearing
during the built-up of the aerodynamic film.The eccentricity
and attitude angle of the rotor are 91𝜇m and 19∘, respectively.
The lift-off speed is around 9600 rpm. After lift-off from the
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Figure 11: Polar plot of journal during the transient start-up and
coast-down processes.

bearing, the rotor centerline moves smoothly from 9600 rpm
to 30000 rpm. At around 45000 rpm, another unexpectedly
rotor drift is observed. The eccentricity increases from 81 𝜇m
to around 89 𝜇m and attitude angle undulates about 10∘. This
might be attributed to force and pressure undulation in the
high speed rotating machinery [35–39]. Then the rotor drifts
up 15 𝜇mwith increase of rotor speed. After the rotor reaches
maximal speed of 52800 rpm, the speed-up process is ter-
minated in avoidance of instability or bearing failure. Then,
speed-down process commences. In the speed-down process,
the rotor slides down in the bearing almost continuously from
(77, 306∘) to (110, 282∘). Then the rotor touches down on the
foil bearing at about 6100 rpm. Generally, the rotor location
in the speed-down process is lower comparing to those in the
speed-up process at the same rotor speed. For example, at the
same rotor speed of 30000 rpm, the rotor centerline is at (90,
290∘) in speed-up process and is at (100, 290∘) in speed-down
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Figure 12: Spectrum cascade plot of the high speed rotor in the speed-up and coast-down process: (a) 𝑋 direction; (b) 𝑌 direction; (c) 𝑍
direction.

process. When the rotor speed is smaller than 30000 rpm,
it should also be noted that the eccentricity exceeds the
nominal bearing clearance of 100 𝜇m in the speed-down
process. Indeed, the foil bearing could provide over-nominal
bearing clearance with compliant surface. The landing speed
of the rotor on the foil bearing is around 6000 rpm, which is
smaller than that of lift-off speed of 9600 rpm. This can be
attributed to the friction effect between the foils during the
speed-up and speed-downprocesses [31].The resting location
of the rotor after coast-down is (103, 272∘). Similar to the
thrust bearing above, thismight also be attributed to the static
friction and hysteresis effect of the foils in the above speed-up
and speed-down processes.

In this test, the rotor vibrations in𝑋, 𝑌, and 𝑍 directions
are transformed into frequency domain by FFT. The FFT
spectrum cascade plots of the vibrations are shown in Figures
12(a), 12(b), and 12(c), respectively.Themain frequencies (1N)
of the rotor are obvious comparing to other components.
In all three directions, there are nonsynchronous vibrations
around 100Hz. In radial directions 𝑋 and 𝑌, the nonsyn-
chronous vibration amplitudes are larger comparing to the
cascade plot of the rotor supported with foil journal bearing
and aerostatic thrust bearing in reference [31]. When the
rotor speed is larger than 50000 rpm, the nonsynchronous
vibration amplitude increases and exhibits speed depen-
dency. These could be attributed to the introduction of
six-pad protuberant foil thrust bearing and loose journal

bearing preload. In higher speed range 4000 rpm∼5000 rpm,
the vibration amplitude in 𝑋 direction is about 3 𝜇m that
is higher than that of <2 𝜇m in 𝑌 direction, which can
be attributed to higher attitude angle. In axial 𝑍 direction,
the vibration amplitude of main frequency (1N) is around
2 𝜇m. In smaller speed range, the vibration amplitude at low
frequencies (20∼30Hz) is obvious larger. It reaches 30 𝜇m
around 30Hz at the initial start-up stage. This might be
attributed to configuration and assembly of the foil thrust
bearing. With increase of supply gas pressure and the aero-
dynamic effect from braking wheel, the vibrations at low
frequencies (20∼30Hz) are suppressed at higher rotor speed.

In order to get a clearer view of the transient processes,
vibration amplitudes at main frequencies (1N) are extracted
from the FFT cascade plot. The vibration amplitude at main
frequencies in 𝑋, 𝑌, and 𝑍 directions are shown in Figures
13(a), 13(b), and 13(c), respectively. When the rotor speed
is lower than 10000 rpm before lift-off, there are critical
speeds around 3700 rpm and 7200 rpm. For these lower order
critical speeds, there is not much difference between the
speed-up and speed-down processes. These two lower order
critical speeds appear in all three directions. However, there
are obvious differences in higher order critical speeds. For
instance, the third critical speed is around 12000 rpm in the
speed-up process and 17000 rpm in the speed-down process.
The forth critical speed is around 21000 rpm in the speed-
up process and 25000 rpm in the speed-down process. In
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Figure 13: Vibration amplitude of the high speed rotor at main frequencies in the speed-up and coast-down process: (a) 𝑋 direction; (b) 𝑌
direction; (c) 𝑍 direction.

operating speed range from 10000 rpm to 30000 rpm after
lift-off, as shown in Figure 11, the eccentricity in speed-up
process is smaller than nominal clearance of 100𝜇m and
larger than the nominal clearance in speed-down process.
The critical speeds of the rotor-bearing system are correlated
to the supporting stiffness from bearing. With the rotor
weight kept unchanged, the fluid film stiffness varies very
little. Therefore, most of the supporting stiffness originates
from foil supporting stiffness. In air lubrication regime, the
stiffness of the foil bearing support in speed-down process
is higher than that in speed-up process. These could also be
attributed to the impeding effect of friction between the foils
in speed-up process and speed-downprocess. Corresponding
to the 1N main frequency vibration, there are 2N harmonic
component vibrations with similar pattern. The vibration
amplitude with 2 times the working frequency is relative
smaller relative to the main frequency. There are many
reasons for the 2N vibrations, such as misalignment of the
rotor, asymmetric stiffness of the rotor, bearing nonlinearity,
aerodynamic forces [40]. In this rotor-bearing system, mis-
alignment and bearing nonlinearity in the journal and thrust
bearings are inevitable.

The rotor locus in a time interval of 0.1 s around
30000 rpm, 40000 rpm, and 50000 rpm is shown in Figures
14(a), 14(b), and 14(c), respectively. The trajectory of the
rotor is almost of circular shape and vibration amplitude
is small being within 4𝜇m from the frequency and vibra-
tion amplitude relation. There are three vertices on the
trajectory which might be attributed to the asymmetry of
the foil journal bearing from leading edge to trailing edge.

The repeatability of the rotor trajectory is quite well. With
increase of rotor speed, the amplitude of nonsynchronous
vibration around 100Hz increases and cluttered trajectory
appears at around 50000 rpm. With increase of rotor speed,
its amplitude increases from less than 0.5 𝜇m to around
1 𝜇m. Similar to the tested results in [31], the rotor locus
also becomes cluttered around 90 krpm when the bearing
clearance is larger than 80𝜇mwith protuberant foil thickness
of 0.07mm. In this paper, the nonsynchronous vibrations
are more obvious, which could be attributed to the larger
nominal bearing clearance. Preload of foil journal bearing
suppresses the onset of nonsynchronous vibrations due to the
direct stiffening and damping effects [38]. Therefore, higher
damping foil bearing might be promising solutions to the
nonsynchronous whirling motion. Thus, more sophisticated
foil bearing designs are anticipated to reduce both vibration
amplitudes comprehensively in future application.

In rotor-bearing system, higher vibration amplitudes
(radial and axial directions) might lead to catastrophic
collision in the rotor-bearing system. In this study, there is
no bearing failure in the whole start-up and speed-down
processes with maximal operating speed up to 52000 rpm.
This indicates that the compliant supporting from the pro-
tuberant foil journal and thrust bearing performed quite
well in this transient process, which can be attributed to
the inherited characteristics of stiffness and damping of the
foils. Foil bearing with lighter compliant surface is eminent
in prevention of failure. In addition, the compliant struc-
ture could dissipate a certain amount of vibration through
damping, which prevents the vibration energy accumulation
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Figure 14: Rotor orbits and vibrations in 𝑋 and 𝑌 directions: (a) 30000 rpm; (b) 40000 rpm; (c) 50000 rpm.
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on the rotor. For the thrust bearing, larger subsynchronous
rotor lateral motions could be suppressed by increasing the
bearing load [23]. In this experiment, higher speed could
not be reached under higher supply pressure and unbalance
force on the rotor and so on. Optionally, thrust bearing with
newer configurations is recommended for the next step rotor-
bearing performance improvement.

7. Conclusion and Discussion

In this paper, foil bearing supporting technology using both
protuberant foil journal and thrust bearings is developed
for the turboexpander. For further simplification of the
turboexpander, the dedicated aerostatic supply gas circuit
is canceled out for process compactness and simplification.
Experimental investigations are carried out on the rotor-
bearing system and the following conclusions might be
drawn.

(1) Nonlinear stiffness of the protuberant foil journal
bearing and thrust bearing appears due to friction
effect from the foils. Integrated protuberant foil
journal bearing and thrust bearing is applied in
turboexpander withmaximal operating speed around
52000 rpm. Due to compliance of the foils in the
bearing, the rotor supported by protuberant foil
journal bearings could operate under over-nominal
bearing clearances.

(2) Bearing stiffness can be reflected by the critical speeds
of the rotor-bearing system. During the transient
speed-up and speed-down processes, the stiffness of
the compliant foil journal bearing is almost the same
in lower speed range. However, in higher speed range
after lift-off, the supporting stiffness is higher in the
speed-down process due to the stiffening effect from
the friction between the foils.

(3) Axial force on the rotor originates mainly from
expansion wheel in the transient speed-up and speed-
down processes. Before lift-off of the rotor from the
bearing, pressure at the back of expansion wheel
results in the displacement of the rotor in the direc-
tion from braking wheel to expansion wheel. For
further retrofitting, aerodynamic matching of the
two wheels is recommended to further balancing the
axial load. Alternatively, thrust bearing with newer
configurations is anticipated to withstand higher axial
load from the rotor.
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