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According to a large amount of the test data, themid and high frequency vibrations of high-speed bogies are very notable, especially
in the 565∼616Hz range, which are just the passing frequencies corresponding to the 22nd to 24th polygonal wear of the wheel. In
order to investigate the main cause of wheel higher-order polygon formation, a 3D flexible model of a Chinese high-speed train
bogie is developed using the explicit finite element method. The results show that the couple vibration of bogie and wheelset may
lead to the high-order wears of wheel. In order to reduce the coupled resonance of thewheelset and the bogie frame, the effects of the
stiffness and damping of the primary suspensions, wheelset axle radius, and bogie frame strength on the vibration transmissibility
are discussed carefully. The numerical results show that the resonance peaks in high frequency range can be reduced by reducing
the stiffness of axle box rotary arm joint, reducing the wheelset axle radius or strengthening the bogie frame location. The related
results may provide a reference for structure improvement of the existing bogies and structure design of the new high-speed bogies.

1. Introduction

Nowadays more and more people consider high-speed trains
to be a comfortable, safe, low, and clean energy consumption
transportation tool. However, increasing the operation speed
and mileage accelerated the polygonal wear of high-speed
train wheels, which leads to the fierce vibration of the vehicle-
track system in a wide frequency range. According to site
tests and experiences of the authors, the high-order polygonal
wear of wheel and the mid and high frequency vibrations of
high-speed bogies are very notable [1]. These mid and high
frequency vibration behavior existing in bogie frames have
been considered to accelerate high-order polygonal wear of
high-speed train wheels. To slow down the development of
wheel polygon and offer a comfortable vibration environ-
ment for the high-speed train, it is necessary to investigate
the dynamic characteristics of primary suspension and the
structure parameters of bogie components on the vibration
transmissibility of a high-speed bogie system. This study can

provide a basis for high-speed vibration reduction inmid and
high frequency.

The multibody modeling and dynamic behavior of the
railway vehicles are well understood in the low frequency
range, and the wheelset can be modeled well in the frequency
range up to several thousand Hertz [2]. However, the work
focused on middle and high frequency vibration of railway
bogies and its influence on the system dynamics is relatively
insufficient. Alexander et al. [3] established a FE model of
the whole bogie, this model covers a high number of beams
and bars, andmost of the primary suspensions and secondary
suspensions are simplified in this model. The model mainly
serves as a support to investigate the actuator performance
and evaluate several actuator concepts. Ren et al. [4] built a
flexible vehicle system dynamics model based on multibody
modeling and FE method, which was used to investigate the
vibration and frequency transmission characteristics of the
high-speed EMU. The vibration transference from axle box
to car body was analyzed in detail.
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In order to reduce the vibrations of the high-speed bogie
in in mid and high frequency, a 3D flexible model of a
Chinese high-speed train bogie is developedusing the explicit
finite element (FE) method. Based on the bogie FE model,
the vertical vibration responses of the axle boxes and the
bogie frame are obtained in frequency domains. The reasons
which cause the high-order wear of wheel are analyzed, and
the effects of the parameters of the primary suspensions,
wheelset axle radius, and stiffened thin plates in bogie frame
on the vibration transmissibility are discussed carefully. It
is noted that the numerical methods and the results would
be helpful in understanding the mid and high frequency
vibration characteristics and the vibration transmissibility of
the high-speed train bogie.

2. Measurement of Wheel Polygon and
Vehicle Vibration

Both wheel polygon and vehicle vibration of the trailer bogie
were tested. Wheel polygon measurements before and after
reprofiling were completed while the bogies were standing on
the rail. Vibrations of the axle box and the bogie frame before
reprofiling weremonitored while the train was running at the
speed of 250 km/h.

2.1. Characteristic of Wheel Polygon. The wheel polygon can
cause a series of vibration and noise problems of high-speed
train according to a lot of previous test data. Therefore, the
wheel roughness of thewheel circumferencewas tested firstly.
Test of wheel polygon was carried out by OSD-RRM01 [1,
5]. Displacement sensors were installed vertically to wheel
treads, to record the wheel diameter difference. Rotation
sensors were used to measure the circumference of wheel, in
order to record the wheel polygon orders exactly.

The wheel roughness is defined with logarithmic form 𝐿:
𝐿 = 20 log10 𝑟𝑛𝑟ref , (1)

where 𝑟𝑛 is wheel roughness in different order and 𝑟ref is
reference of the wheel diameter difference, usually being
1 𝜇m.

The polygon order distributions before and after repro-
filing are compared in Figure 1. The horizontal axis illus-
trates the polygon orders and the vertical axis denotes the
amplitudes of the wheel polygons. The peaks mean that the
corresponding polygons have a large contribution to the
unevenwear of thewheels. Figure shows that the roughness of
the wheel before reprofiling is very large, especially the 22nd
to 24th polygonal wear of the wheel. After reprofiling, the
roughness level of the 5th to 24th polygon reduces evidently,
but peaks at the ordinates from 22 to 24 are still high. In the
processing of profiling, higher-order polygons are reserved
because the tool head does not contact with wave valley
segment of polygonal wear.

2.2. Vibration of Vehicle. Figure 2 gives the test photo of
bogie vibration. Two accelerates were fixed on the axle box
and the bogie frame, respectively, to measure the vertical
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Figure 1: Wheel polygon order.
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Figure 2: Test photo of accelerations installed on the bogie frame
and axle box.

vibration of the bogie. The vibration data was acquired by
using B&K Type 3560D hardware. The sampling frequency
and the sampling numbers are 3200Hz and 800, respectively.
The high-speed train was running on a straight track and its
speed was 250 km/h.

Figure 3 shows the vibration results of the axle box
and the bogie frame before reprofiling. There is an obvious
reduction in the vibration from the axle box to the bogie
frame, especially in the frequency band of 650∼800Hz. In
the 565∼616Hz range, magnitudes of serious vibrations on
the axle box are close to that of the bogie frame. Here,
frequencies in the band 565∼616Hz are just the passing
frequencies corresponding to the 22nd to 24th polygonal
wear of the wheel. Hence, measures should be taken to
improve the vibration isolation in this frequency band for
slowing down the development of the wheel polygonal wear.
The vibration isolation can be increased by optimizing either
the parameters of primary suspension or the structure of
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Figure 3: Vibrations of bogie frame and axle box.

the bogie. In this paper, the material parameters that affect
the vibration transmissibility of the primary suspension
components are analyzed.

When wheel rotates a circle, the rotating frequency 𝑓0 is
given by

𝑓0 = V
𝜋𝐷 = 250 km ⋅ h−1

0.86m × 3.14 × 3.6 = 25.7Hz, (2)

where the wheel diameter𝐷 is 0.86m.
The passing frequency of the wheel polygon 𝑓𝑛 is calcu-

lated by

𝑓𝑛 = 𝑛𝑓0 = 25.7𝑛, (3)

where 𝑛 is the polygon order.

3. Flexible Model of the Bogie and
Its Validation

3.1. Flexible Bogie Model. Figure 4 indicates the 3D transient
finite element (FE) model of the entire bogie system, which
consists of two wheelsets, a bogie frame, and a series of
the primary suspension parts, developed with ANSYS. The
primary suspension parts include eight coil springs (inside
spring and outside spring), four rubber bearings under the
coil springs, four axle box rotary arms, four rotary arm rubber
joints, four vehicle primary dampers, and eight rubber joints
above or below the dampers. All the geometries of this bogie
system are the same as that of the previously tested trailer.
The brake disc on the wheelsets and the brake disc seat on
the bogie frame are also considered in this study.

Figure 5 shows the FE model of some of the primary
suspension components. The figures in the left- and right-
hand sides are the 3D geometries and the FE model, respec-
tively. From Figure 5, it can be observed that the nonlinear

Figure 4: FEM of the whole bogie system.

influences of rubber materials are ignored. The rotary arm
rubber joint, the rubber bearing, and the damper rubber
joint are simulated using spring-damper elements [6]. The
vehicle damping is simulated using damper elements. The
car body is simulated as a lumped mass connected to the
bogie frame through secondary suspension. The secondary
suspension is simulated using the spring-damper elements.
The axle box rotary arm and the coil spring are meshed
using 3D solid elements taking their actual geometries into
consideration [7]. Table 1 lists the values of the stiffness and
damping involved in this paper [8].

To improve the calculating efficiency, some 1D and 2D
elements are applied to the model. For example, beam
elements are used to simulate bogie frame horizontal beams
and axles, mass elements are used to simulate the brake
disc seat on the bogie frame, and shell elements are used
to simulate bogie side frames. The total element and node
numbers are 234165 and 184209, respectively.

3.2.Theory ofWheel/Track Force. Remington [9] put forward
the most comprehensive single model of wheel-rail force
and wheel-rail noise. The model assumes that the small-scale
roughness on the running surfaces of the wheel and rail is the
primary mechanism for the force generation. Included in the
model are such effects as the spatial filtering of the roughness
due to the finite area of contact between wheel and rail and
the interaction between the wheel and rail, including local
contact stiffness.{𝑟} is defined as the displacement-input vector. Assuming
that there are 𝑁 coupling coordinates, 𝑧1, . . . , 𝑧𝑁, one can
use 𝑟𝑗 to represent the coupled displacements of the wheel
and rail, 𝑧𝑅𝑗 for the rail, 𝑧𝑊𝑗 for wheel, and 𝑧𝐶𝑗 for the relative
motion in the contact zone. The latter can be separated into
two parts: 𝑧𝐶𝑊𝑗 for local deformations of the wheel and 𝑧𝐶𝑅𝑗
for the local deformations of the rail. Then

𝑧𝑅𝑗 = 𝑧𝑊𝑗 − 𝑧𝐶𝑊𝑗 − 𝑧𝐶𝑅𝑗 + 𝑟𝑗. (4)

The wheel and rail can each then represented by an 𝑁 ⋅
𝑁 matrix of point receptances, 𝛼𝑊𝑗 and 𝛼𝑅𝑗 . The transfer
properties of the contact zone (relative motion, 𝑧𝐶𝑊𝑗 and 𝑧𝐶𝑅𝑗 ,
per unit force) can similarly be represented by receptances,
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Figure 5: 3D geometry and FEM of the primary suspension.

Table 1: Values of stiffness and damping involved in this study.

Stiffness (N/mm) Damping (N⋅s/mm)
Vertical Horizontal Longitudinal Vertical Horizontal Longitudinal

Primary suspension
Rubber bearings 4000 400 4000 0.02 0.02 0.24
Primary dampers - - - - - - - - 33 - -
Damper rubber joints 70000 7500 70000 1.66 0.18 1.66
Rotary arm rubber joints 160000 18000 76000 9 0.43 3.79

Secondary suspension 1150 174 174 37 29.4 245

𝛼𝐶𝑊𝑗𝑘 and 𝛼𝐶𝑅𝑗𝑘 . An interaction force acting in the 𝑘th coor-
dinate direction, 𝑃𝑘, results from the coupling (the force is
transmitted by the contact springs) and the same force acts
on both the wheel and the rail (in opposite directions). The
forces and displacements, at a specific frequency, 𝜔, can be
related by the receptances of the various subsystems:

𝑧𝑅𝑗 =
𝑁∑
𝑘=1

𝛼𝑅𝑗𝑘𝑃𝑘,

𝑧𝑊𝑗 = 𝑁∑
𝑘=1

𝛼𝑊𝑗𝑘 (−𝑃𝑘) ,

𝑧𝐶𝑅𝑗 = 𝑁∑
𝑘=1

𝛼𝐶𝑅𝑗𝑘 𝑃𝑘,

𝑧𝐶𝑊𝑗 = 𝑁∑
𝑘=1

𝛼𝐶𝑊𝑗𝑘 𝑃𝑘.
(5)
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Figure 6: Framework of theoretical model of wheel-rail force.

Or the upper matrix can be translated to other forms:

{𝑧𝑅} = [𝛼𝑅] {𝑃} ,
{𝑧𝑊} = − [𝛼𝑊] {𝑃} ,
{𝑧𝐶𝑅} = [𝛼𝐶𝑅] {𝑃} ,
{𝑧𝐶𝑊} = [𝛼𝐶𝑊] {𝑃} .

(6)

Note the negative signs for the wheel, since here the force
acts in the opposite direction to that of the displacement.
Hence, from equation (4)

{𝑟} = [𝛼𝑅 + 𝛼𝐶𝑅 + 𝛼𝐶𝑊 + 𝛼𝑊] {𝑃} = [𝛼] {𝑃} , (7)

where [𝛼] is defined as the matrix of combined wheel, rail,
and contact zone receptances:

{𝑃} = [𝛼]−1 {𝑟} . (8)

Equation (8) is the wheel-rail force calculated model
which was put forward byThompson [10] based on Reming-
ton’s model. A wheel-rail interaction model is used to calcu-
late wheel-rail dynamic force base on the wheel-rail com-
bined roughness. Figure 6 shows the flow chart of the progress
to calculate the wheel-rail force. The wheel roughness and
rail roughness are used to calculate the wheel-rail combined
roughness, and then, combinedwith the receptances of wheel
and rail, the wheel/track force is obtained.

The local deformations of two bodies in contact act
as nonlinear stiffness between them. However, for small
displacement, linearized Hertzian contact stiffness, 𝐾V, in
vertical direction, may be calculated as

𝐾V = ( 3
2𝜉)[(43

𝐸
1 − 𝜇2)

2 𝑃0 4𝑅𝑊𝑅𝑅𝑅𝑊 + 𝑅𝑅]
1/3

, (9)

where 𝑅𝑊 is the radius of wheel and 𝑅𝑅 is the radius of
curvature of rail surface. 𝐸 is the plain strain elastic, and 𝜇 is
Poisson’s ratio of wheel and rail. 𝑃0 is the static component of
the vertical load at the contact. 𝜉 is a dimensionless quantity
dependent on the radius of curvature of the two surfaces (𝑅𝑅
and 𝑅𝑊) and hence the shape of the contact patch. 𝜉 is related
to 𝜃, which is defined as follows:

𝜃 = 𝑎𝑐𝑟 cos 
𝑅𝑅 − 𝑅𝑊𝑅𝑅 + 𝑅𝑊

 . (10)

The contact patch wavenumber filter is presented by
Remington, which is given by

|𝐻 (𝑘)|2 = 4
𝛼 (𝑘𝑏)2 ∫

arctan𝛼

0
[𝐽1 (𝑘𝑏 sec𝑥)]2 𝑑𝑥, (11)

where 𝑘 is the wavenumber along the length of the rail or
around the circumference of the wheel, 𝛼 is a constant deter-
mining the degree of correlation between parallel roughness
profiles at a given wavenumber, 𝐽1(𝑥) is the first-order Bessel
function, 𝑥 is a variable, and 𝑏 is circular contact patch of
radius.

Prestress and wheel/rail contact forces are applied to the
points on the four wheel treads (Figure 5). The prestress is
72000N computed based on the single wheel weight of the
vehicle. The wheel/rail contact forces are calculated based
on the TWINS model. Rail roughness and wheel roughness
were obtained by the site test results, and the measurements
were conducted by using CAT and BBM, respectively. Rail
receptance is obtained by using hammer, and the vertical
acceleration frequency response of rail surface is obtained
by exiting the same position. Acceleration is translated into
displacement by using (12) in the frequency domain. Wheel
receptance is obtained by using the upper 3D transient finite
element (FE) model of the entire bogie system. Force is
applied to the points on the four wheel treads; the driving-
point and transfer-pointmobility are calculated then. Figure 7
illustrates the wheel-track forces in the frequency domain;
from this figure it can be shown that the wheel-track exci-
tation energies are mainly focused on the frequency band
which is under 200Hz:

𝑎𝑖 = −4𝜋2 × 𝑓𝑖2 × 𝑑𝑖 (𝑖 = 1, 2, . . . , 𝑛) , (12)

where 𝑎𝑖 is the acceleration in the frequency 𝑖 and 𝑑𝑖 is the
displacement in the frequency 𝑖.
3.3. Model Validation. Based on the above FE model, the
vibrations of the axle box and the bogie frame, both in time
domain and frequency domain, are calculated byANSYS.The
FEmodel takeswheel/track force in time domain as input; the
vibrations of the axle box and the bogie frame are calculated
by transient dynamic analysis method. Figure 8 shows the
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vibration responses in time domain. Through FFT analysis,
the vibrations are translated into the frequency domain below
800Hz. Figure 9 shows the vibration frequency spectrum. In
time domain, the vibration magnitudes of bogie frame and
axle box obtained by simulation are in good agreement with
themeasured results. In frequency domain, the spectrumdis-
tributions and vibration magnitudes of the axle box obtained
by using the FEmethod are similar to themeasurement in the
frequency band of 0∼800Hz, which validates that the model
of wheelset and axle box are accurate, and the wheel/track
force is close to that in practice. As for the vibration of the
bogie frame, in spite of some differences in magnitudes in
the frequency band of 0∼800Hz, the spectrum distributions
are in good agreement with the measured results. Thus, the
FEmodel and the calculated method are validated effectively,
and a series of investigations are conducted using this
model.

4. Vibration Analysis of Bogie Flexible Model

Harmonic response analysis is used to calculate the steady
vibration responses of bogie key components under the
swept frequency excitation. Then the vibration peaks from
the frequency response function are counted out. In these
peak frequencies, vibration displacement color clouds of the
whole bogie are invested. The car body’s 6 DOFs are all
constrained. The harmonic forces are applied to the points
on the four wheel treads. The magnitude of the force is
50N, and the analysis frequency band is from 0Hz to
1000Hz, and the frequency resolution is 4Hz.The calculated
progress is as follows: First of all, the modal parameters and
extended models are calculated. Based on the modal results,
the vibrations of axle box and bogie frame are extracted
by the full arithmetic. The vibration results in one-third
octave of four bogie key part compartments, which are bogie
over the primary damper, bogie over the spring, rotary arm
support, and axle box respective, are shown as Figure 10.
From this figure, it can be shown that as the frequency
increased, the magnitudes of every part components of bogie
raise significantly, which illustrates that as for the same
wheel/track force, higher frequency is easier to excite the
serious vibration. In the centre bandof 500Hz, themagnitude
of bogie frame is almost the same as axle box, which is up to
20 dB. Vibrations of rotary arm support are the smallest. In
the centre band of 630Hz, vibration energies of bogie frame
over primary damper are bigger than axle box, axle box and
rotary arm support are almost the same, and bogie frames
over spring are the smallest.

Furthermore, the FFT vibrations of these four component
parts in the frequency band of 400∼800Hz are calculated.
Results are shown as Figure 11; from this picture, in the fre-
quency bandof 520∼560Hz,magnitudes of serious vibrations
on the axle box are close to that of the bogie frame. In the
frequency bandof 550∼620Hz, there are no obvious vibration
peaks on bogie frame and axle. The vibration energies from
axle box are translate into bogie framewithout reduction.The
vibrationmagnitudes of bogie frame are higher than axle box
in some specific frequencies. Vibration of rotary arm support
is smaller than the bogie frame, over the primary damper
and over the spring, respectively. Therefore, the vibration
reductions of axle box and bogie frame over the primary
damper are mainly discussed in Section 5.

FromFigure 11, resonance peaks of bogie systemare in the
frequency band of 520∼560Hz. Therefore, the displacement
color clouds of the whole bogie in this band are shown in
Figure 12. In the 520∼560Hz, the vibration deformations are
mainly shown as the couple vibration of bogie side beam local
movements and the third bend ofwheelset.Therefore, the two
modes may be the main reasons which lead to the resonance
vibration in high frequency and then induce the high-order
wear of wheel.

5. Vibration Isolation Design in Mid and
High Frequency

The vibrations at three points on the bogie frame, near the
vertical damper, coil spring, and the rotary arm rubber joint,
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Figure 9: Vibration comparison of testing and simulation (in frequency domain).
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are calculated. The responses of the axle box are obtained.
All of them are used to evaluate the vibration isolation
characteristics from the axle box to the bogie. 𝐻 is defined
as the singular evaluation index of the primary suspensions
vibration isolation expressed by

𝐻 = 10 log 3∑800𝑓=1 𝑎𝑖2 (𝑓)
∑800𝑓=1 [𝑎𝑜12 (𝑓) + 𝑎𝑜22 (𝑓) + 𝑎𝑜32 (𝑓)] , (13)

where 𝑎𝑜1, 𝑎𝑜2, 𝑎𝑜3 are vibration responses of bogie frame
near the vertical damping, coil spring, and the rotary arm
rubber joint, respectively, and 𝑎𝑖 is the vibration of axle box.
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The stiffness and damping of the primary suspension
have important influence on the vibration isolation, so three
parameters are investigated; they are, respectively, stiffness
of the rubber bearing under coil spring, the rotary arm
rubber joint, and the damping of the vehicle damper. Beyond
that, the radius of wheelset axle and the number of bogie
stiffened plates are also considered. Tables 2 and 3 show
the vibration isolation singular evaluation index 𝐻 of those
tracks. Table 2 shows that the stiffness of rubber bearing and
damping of vertical damper has little effect on the vibration
isolation. As the stiffness of rotary arm rubber joint reduces
from 220000N/mm to 80000N/mm, the overall vibration
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Table 2: The overall vibration isolation (changing parameters of the primary suspension).

Stiffness of rubber bearing 𝐻 Stiffness of rotary arm rubber joint 𝐻 Damping of vertical damper 𝐻
𝐾 = 6000 0.69 𝐾 = 220000 3.56 𝐶 = 66 0.63
𝐾 = 4000 0.65 𝐾 = 160000 0.65 𝐶 = 33 0.65
𝐾 = 2000 0.62 𝐾 = 80000 2.97 𝐶 = 10 0.67
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Table 3:The overall vibration isolation (changing geometries of the
bogie).

Radius 𝐻 Stiffened plates 𝐻
Original 0.65 𝑁 = 0 0.65
Add 10mm 2.64 𝑁 = 1 1.68
Add 20mm 3.39 𝑁 = 3 1.70
Sub 10mm −0.08 𝑁 = 5 1.70

isolation decreases by 2.91 dB at first and then increases by
2.32 dB. Table 3 shows that adding the radius of wheelset axle
or numbers of bogie stiffened plates can increase the vibration
isolation.

5.1. Effect of Primary Suspension

5.1.1. Stiffness of the Rotary Arm Rubber. Compared to the
stiffness of the rubber bearing, the stiffness of the rotary
arm rubber joint is higher. Therefore, it has an obvious
effect on the overall vibration isolation performance as shown
in Table 1. As the stiffness increased from 80000N/mm to
160000N/mm, the overall vibration isolation decreased by
2.32 dB. As current stiffness increased from 160000N/mm
to 220000N/mm continuously, the overall vibration isolation
increased by 2.91 dB.

Figure 13(a) shows the spectrums of vibration isolation𝐻(𝜔) for the three caseswith stiffness 80000N/mm, 16000N/
mm, and 220000N/mm. A stiffness of 160000N/mm is
applied to the actual vehicle. As shown in Figure 13(a), the
stiffness of rotary arm rubber joint has an obvious effect
on the primary suspension vibration isolation under the
frequency domain. The peak positions are almost unchange-
able, but the magnitude varies a little under the stiffness
of 80000N/mm, 160000N/mm, and 220000N/mm. In the
case of lower stiffness, the vibration isolation of the primary

suspension isworse below 100Hz and tends to be the opposite
above 100Hz.

Figure 13(b) shows the vibration spectrums of bogie
frame and axle box for the three cases with stiffness
80000N/mm, 16000N/mm, and 220000N/mm.As shown in
Figure 13(b), as the stiffness decreased, vibration magnitude
of axle box is almost unchangeable. However, the peak
frequencies decrease in the frequency ranges of 500∼520Hz
and 750∼780Hz. Vibration peak positions of bogie frame are
almost unchangeable while magnitude decreases gradually
with the stiffness decreasing.The vibration isolation between
axle box and bogie frame at stiffness of 80000N/mm is
better than that of 220000N/mm. The maximum vibration
isolation between axle box and bogie frame becomes up
to approximately 21 dB in 500∼600Hz. The bogie frame’s
resonance frequency in 520Hz can escape from axle box of
532Hz or 504Hz.

5.1.2. Stiffness of the Rubber Bearing. The rubber bearing
under coil spring is an important vibration absorbing ele-
ment, which connects the coil spring and the axle box. Its
stiffness is lower than other rubber materials of the primary
suspension. From Table 2, the stiffness of the rubber bearing
has little effect on the vibration isolation, with the stiffness
increasing from 2000N/mm to 6000N/mm; the overall
vibration isolation decreases by 0.07 dB.

Figure 14(a) shows the spectrums of the vibration isola-
tion for the three cases with stiffness 6000N/mm, 4000N/
mm, and 2000N/mm. Stiffness of 4000N/mm is applied to
the actual vehicle. As shown in Figure 14(a), the stiffness of the
rubber bearing has almost no effect on the vibration isolation
performance above 200Hz. Below 200Hz, the peak positions
and magnitudes vary a little for different stiffness.

Figure 14(b) shows the vibration spectrums of bogie
frame and axle box for the three cases with stiffness
2000N/mm, 4000N/mm, and 6000N/mm. As shown in
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Figure 14: Different stiffness of the rubber bearing under coil spring.

Figure 14(b), as the stiffness decreased, vibrations of axle box
and bogie frame are almost unchangeable. Stiffness of the
rubber bearing has no effect on the resonance frequency of
bogie frame and axle box at 520Hz.

5.1.3. Damping of the Primary Suspension. As shown above,
the stiffness of some components has effects on the vibration
isolation. Furthermore, the influences of damping of the
primary suspension can be invested.Theprimary damper can
improve the stability and comfortability of railway vehicles;
furthermore in this section the effect of the damping on
isolation in high frequency is studied. The damping of the
primary suspension parts mainly depends on the vertical
damper and the rubbermaterial damping. As for the damping
of the rubber material, it is hard to get, so this paper mainly
invests the influence of the vertical damper. In Table 2,
the damping of the vertical damper has little effect on
the vibration isolation, with the damping increasing from
10N⋅s/mm to 66N⋅s/mm and the overall vibration isolation
decreasing by 0.04 dB.

Figure 15(a) shows the spectrums of the vibration isola-
tion for the three cases with damping 66N⋅s/mm, 33N⋅s/mm,
and 10N⋅s/mm, respectively. Damping of 33N⋅s/mm is
applied to the actual vehicle. As shown in Figure 15(a),
damping has a little effect on the vibration isolation. As for the
different damping, peak positions and magnitudes of peaks
are almost unchanged above 300Hz. Below 300Hz, lower
damping, the vibration isolation of the primary suspension
is worse. Therefore, it is not a good way to apply the low
damping to decrease vibration of high-speed vehicle system
in mid and high frequency.

Figure 15(b) shows the vibration spectrums of bogie
frame and axle box for the three cases with damping
10N⋅s/mm, 33N⋅s/mm, and 66N⋅s/mm. As shown in Fig-
ure 15(b), as the damping decreased, vibrations of axle box

and bogie frame are almost unchangeable. Damping of the
primary damper has no effect on the resonance frequency of
bogie frame and axle box at 520Hz.

5.2. Effect of Bogie’s and Wheelset’s Geometries. The coupled
resonance of wheelset and bogie frame at 520Hz may be the
main reason which leads to the high-order wheel polygon, so
the vibration in high frequencymay be reduced by improving
the structure of these two components.

5.2.1. Radius of theWheelset Axle. Because of the high weigh,
wheelset can generate large vibration energy once its model
is excitated, which lead to the serious wheel-rail force. In
the frequency band of 520∼550Hz. the model deformation
of wheelset is shown as the third bend of axle, So this mode
can be improved by changing the radius of the wheelset axle.
From Table 2, the radius of the wheelset axle has obvious
effect on the vibration isolation. As the radius increases by
10mmand 20mm, the overall vibration isolation increases by
1.99 dB and 2.74 dB respectively, while as the radius decreases
by 10mm, the overall vibration isolation decreases by 0.73 dB.

Figure 16(a) shows the spectrums of the vibration iso-
lation for the four cases with original radius and improved
radius, which include adding 10mm, adding 20mm, and
reducing 10mm, respectively. As shown in Figure 16(a), the
radius of wheelset has almost no effect on the vibration
isolation under 500Hz, while vibration isolation magnitude
shows a big fluctuation above 500Hz.

Figure 16(b) shows the vibration spectrums of bogie
frame and axle box for the four cases with different radiuses,
which include adding 10mm, adding 20mm, decreasing
10mm, and the original radius, respectively. As shown in
Figure 16(b), as the radius increases, vibration magnitudes
of axle box and bogie frame decrease in the frequency band
of 400∼530Hz and 570∼800Hz and tend to be opposite in
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Figure 15: Different dampings of the vertical damper.
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Figure 16: Different radiuses of the wheelset axle.

the range of 530∼570Hz. With the radius adding 10mm,
peak frequency at 520Hz of axle box increases by 40Hz, but
bogie frame generates peak at the same frequency which is at
560Hz.While radius proceeds to add 20mm, peak frequency
at 560Hz of axle box increases by 10Hz and bogie frame
generates peaks at 570Hz. Based on the original radius, the
radius deceases by 10mm and peak frequency at 520Hz of
axle box diminishes, but bogie frame has not generate any
peak at the same frequency and the magnitude at 520Hz
decreases obviously. In a whole, adding the radius of wheelset
axle is not an effective way to avoid the high resonance.
Because it will make the resonance peak of axle box and bogie
frame move at the same time and bring in new problems
of resonances at 560Hz and 570Hz. However, decreasing

radius may be a good way to reduce high frequency vibration
because it can reduce the magnitudes of axle and bogie
frame at the same time and improve the vibration isolation.
Meanwhile new vibration peak cannot be generated.

5.2.2. Bogie with Stiffened Thin Plates. Because of the high
weigh, bogie frame can generate large vibration energy once
its model is excitated. Then the wheel-rail force and the
vibration increase dramatically. Modal shapes of bogie frame
in low orders are almost shown as the global deformations;
as the modal frequencies increase, side beams’ and horizon
beams’ local deformations become dominant. In the fre-
quency range of 520∼550Hz, the modal shapes are always
shown as the local movements of the end of side beams.Thus,
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Figure 17: Stiffened plates of bogie.
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Figure 18: Different numbers of the stiffened thin plates.

adding stiffened thin plates in the side beams can improve the
local stiffness of bogie frame and then change these modal
frequencies.The stiffened thin plates are located in themiddle
of the upper covers, lower covers, outside covers, and inside
covers, and numbers are one, three, and five, respectively.
Figure 17 shows the positions of stiffened thin plates.

From Table 2, after adding stiffened plates, the overall
vibration isolation increases by 1.03 dB, but as the numbers
increase, the overall vibration isolation almost varies a little.

Figure 18(a) shows the spectrums of the vibration isola-
tion for the four cases with original bogie frame and after
adding stiffened thin plates, which include one plate, three
plates, and five plates, respectively. As shown in Figure 18(a),
the vibration isolation increases in 520∼550Hz and 672Hz
after adding stiffened plates while the vibration isolation
decreases in 550∼570Hz. Other frequencies are almost
unchangeable. Different numbers of stiffened plates almost
have no effect on the vibration isolation in the frequency
band.

Figure 18(b) shows the vibration spectrums of bogie
frame and axle box for the four cases with different numbers
of stiffened plates. As shown in Figure 18(b), the vibration

peaks of axle box at 520Hz increase by 30Hz after adding the
stiffened thin plates. Bogie frame vibration peaks at 520Hz
have not changed, in which magnitudes decrease by 12.33 dB.
And the magnitudes of bogie frame at 550Hz vary a little.
Different numbers of stiffened plates have no effect on the
vibration of bogie frame and axle box, so adding stiffened thin
plates is an effective way to improve the vibration isolation
of the whole bogie at 520Hz, and only one number can be
satisfied.

6. Conclusions

To reduce the vibration of the bogie in the mid and high
frequency, a 3D flexible model of a whole bogie is developed
using the explicit finite element (FE) method. Then the
influences of material and structure parameters on bogie
are analyzed carefully. Based on the obtained results, the
following conclusions are drawn:

(1) The field tests show that the mid and high frequency
vibrations of high-speed bogies are very notable, especially
in the 560∼590Hz range, which are very close to the passing
frequencies corresponding to the 22nd to 23rd polygonal
wear of the wheel.
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(2) Based on the roughness and receptance by site test,
the wheel/rail contact forces are calculated as the FE model’s
input. Then vibrations of the axle box and the bogie frame
obtained by simulation are in good agreement with the
measured results. Thus, the FE model and the calculated
method are validated effectively.

(3) The vibration responses of the bogie FE model are
calculated by the harmonic response analysis. The numerical
results show that magnitudes of serious vibrations on the axle
box are close to that of the bogie frame in the frequency
band of 520∼560Hz.The vibration deformations of the whole
bogie in the frequency band of 520∼560Hz aremainly shown
as the couple vibration of bogie side beam local movements
and the third bend of wheelset.The couple vibrations of bogie
frame and wheelset may be the main reasons which lead to
the resonance vibration in high frequency and then induce
the high-order wear of wheel.

(4)The numerical results show that stiffness of the rubber
bearing and damping of the primary damper have little effect
on the vibrations of the bogie frame and axle box, while the
resonance peaks in high frequency range can be reduced by
reducing the stiffness of axle box rotary arm joint, reducing
the wheelset axle radius, or strengthening the bogie frame
location.
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