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Lubrication failures of axle box bearings can lead to accidents, such as bearing burnout and hot axle cutting. Presently, the modeling
of the vehicle-track system dynamics rarely considers the nonlinear contact load of axle box bearings, and this leads to imperfection in
the vehicle-track system dynamics calculation. And then, the load distribution and lubrication characteristics of axle box bearings are
difficult to obtain. Therefore, in this paper, we fully consider the time-varying nonlinear contact load of bearings and track irregularity
in establishing the bearing-wheel-rail system coupling-dynamics model. The dynamic response of axle box bearings is obtained by
taking the vertical, strong impact-time-varying load on the carrying saddles as the external excitation. The load-balance equation of
dynamic pressure lubrication is then obtained, according to the slicing method of bearing rollers. Finally, the elastohydrodynamic
lubrication (EHL) model of axle box bearings is established considering thermal and scale effects. The results show that the central
film thickness under thermal EHL was decreased by 13.61% compared with that under isothermal EHL. As the velocity of the contact
pair increases, the thickness difference between thermal and isothermal EHL became larger. Thermal effects should be considered in

the EHL model, in order to truly reflect the characteristics of EHL under a high speed.

1. Introduction

The axle box bearing of a vehicle-track system is the pivotal
components of a vehicle bogie, which bears a variety of
complicated stochastic loads between the bogie and the
track. The service life and reliability of axle box bearings can
influence the vehicle safety. However, improper lubrication
can lead to serious accidents such as hot axle cutting. A good
bearing lubrication state will largely improve the bearing
service life and performance.

A number of researches have been carried out on the
design of vehicle/track systems [1-9]. Researchers have been
mainly giving attention on the wheel-bogie system and overall
vehicle system characteristics, so they regard axle box bearings
and wheelsets as a whole [5-9]. In order to study the lu-
brication characteristics of axle box bearings, it is necessary to
obtain the time-load history of bearings by establishing the
bearing-wheel-rail system-coupled dynamics model. In recent
years, studies of EHL have mainly focused on theoretical
model research and testing technology. Some scholars have

studied on lubrication characteristics of high-speed rotating
machines in theory or experimental techniques [10, 11]. Yang
and Wen [12] proposed a generalized Reynolds equation for a
non-Newtonian thermal EHL. Rong-Tsong and Chao-Ho
[13] proposed the fast and accurate solution of the coupled
equations of thermal EHL. Habchi and Issa [14, 15] obtained
the coupled strategies and solution for finite-element mod-
eling of thermal EHL problems. Hili et al. [16] studied the
effect of the speed and temperature on the film thickness,
based on the thermal EHL experimental investigation. On the
basis of the Navier-Stokes equation, the thermal EHL model
of finite contact lines was established by Bruyere et al. [17],
considering the highly non-Newtonian behavior and thermal
effects of lubricants. Mihailidis et al. [18] proposed a new
thermal EHL model of finite line contacts, taking into account
the external profile of rollers, non-Newtonian properties, and
starved lubrication characteristics. The edge-contact effect of
finite contact lines on thermal EHL was studied by Najjari and
Guilbault [19]. Wu et al. [20] proposed a thermal EHL model
of an optimized cam-tappet pair in smooth contact and
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mainly studied the effect of temperature on the THL of the
cam-tappet pair. Liu et al. [21, 22] mainly studied load and
velocity effects on the thermal EHL performance of a helical
gear pair. At present, most scholars [17-22] have studied
thermal EHL models of finite line contacts, which consist of
two cylindrical surfaces, the synthetic curvature of which is
constant, so the EHL model is not needed to consider the scale
effect of contact pairs.

In short, while scholars have made strides in wheel-rail
dynamics, they have ignored the influence of nonlinear
contact forces on the bearing system. Such a simplification of
the model affects the correctness of calculations of the
vehicle-track dynamics, and thus, the load distribution of the
bearing cannot be accurately obtained. It is thus difficult to
obtain the boundary-load conditions for researching axle
box bearings lubrication characteristics. In recent years,
scholars have conducted deep studies of the thermal EHL of
finite contact lines and have considered many key factors,
such as the non-Newtonian, scale, and thermal effects of
lubricants in the theoretical model [17-22]. They have not,
however, established a thermal EHL model of tapered roller
bearings, based on the scale effect between the roller and ring
raceway. At the same time, to our knowledge, literature on
the lubrication characteristics of vehicle axle box bearings
has not yet appeared.

This study aims to first establish the bearing-wheel-rail
system-coupled dynamics model and then obtain the dy-
namic response of axle box bearings according to the strong
impact-time-varying load on the carrying saddles. The
thermal EHL model of axle box bearings is then established
based on the bearing load and EHL theory. Additionally, the
scale effect of tapered roller bearings is taken into account,
and the slicing method is applied to establish the load-
balance equation of dynamic pressure lubrication. The
three-dimensional complex problem is transformed into the
line-contact problem of thermal EHL, and then the nu-
merical solution is obtained using the multigrid method.
Finally, the pressure and thickness distribution law of lu-
bricating grease is studied, and the lubrication character-
istics of the bearing are analyzed. Thus, this study has a
major theory value and engineering significance to research
intensively and design the lubrication system for axle box
bearings.

2. Materials and Methods

2.1. Coupled Dynamics Model of Wheelset-Rail System.
The wheelset-rail system mainly consists of the axle box, axle
box bearings, wheel axle, wheels, and rails. The bearing outer
ring and the adapter are connected under an interference fit
and so do the inner rings and the wheelset axle. The wheel is
mounted on both sides of the axle. The wheelset directly
contacts the rails.

The bearing saddle is subjected to vertical excitation to
the bearing, and the bearing nonlinear load is transmitted to
the wheelset. Finally, the wheelset transfers the load to the
track, while the track irregularity affects the vehicle wheelset.
On the basis of working principle, the force distribution of
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the bearing-wheel-rail system [23] is shown in Figure 1. k.,
and ¢, are the equivalent radial-stiffness and radial-
damping of adapters; F,, (f) and F,(¢) are the dynamic
excitation on the right adapter and left adapter, and F,; and
F,, are the contact forces of the axle box bearings.

2.1.1. Modeling of Adapter-Bearing System. Based on the
lumped parameter method, the bearing-coupled charac-
teristic is analyzed. The adapter, the bearing outer ring, and
the bearing inner ring are regarded as a mass, respectively.
The force diagram of the wheel-rail system is shown in
Figure 1. The dynamics differential equation is obtained:

Mz +key (2e = 201) + €y (2 = Zp1) = Fy, (8) + mcg,
MyZpy — kcy (21— 2p1) — Cey (21— 2p1) =myg - Fyy,
MZe +key (20 = 200) + €y (22 = Zp) = Fy, () + mcg,
My Zy, — kcy (22— 212) = Cey (22 = 2p2) =g = Fp,

(1)

where m_ and my, are the equivalent mass of the left adapter
and bearing inner ring, z., and z,, are the vibration dis-
placements of the left adapter and left bearing, and z_, and
zy,, are the vibration displacements of the right adapter and
right bearing.

The vibration performance of a bearing is the combined
effect of its structural parameters and internal geometric
motion under external loads [24, 25]. In this paper, the rigid-
ring hypothesis is adopted, in which the outer ring is
considered a mass point and the bearing rolls and inner ring
are considered another mass point.

A schematic diagram of the bearing force is shown in
Figure 2. §, is the radial displacement of the bearing outer
ring, and §,,,, is the roller normal displacement at . «;, a,
and of are the contact angle, the roller cone angle, and the
flange angle, respectively.

The radial balance equation of two row tapered roller
bearings [23]:

z
Fr=) ) Kby H(dun)cosaecosyy,  (2)

i=1 w=1

where K is the contact stiffness of roller and raceway, H is the
function of the judging roller contact state, i is the number of
the bearing row, and Z is the number of bearing with single
row rollers.

2.1.2. Wheel-Rail Dynamic Model. Since the rail and wheel
are elastic bodies, the interaction between each can be de-
scribed by the classical Hertz nonlinear contact theory. Ny,
and Ny, which are the normal contact forces of wheel-rail
systems, will be obtained by contact theory [7]:

Ny, (1) = [58(zo )]
(3)
Niy (0 = [48(Z )],
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FIGURE 1: General force diagram of the dynamic system: (a) force diagram of the bearing-wheel-rail system; (b) force diagram of the adapter-

bearing system; (c) force diagram of the wheel-rail system.
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FIGURE 2: Force diagram of the axle box bearing.

where G is the wheel-rail contact coefficient and §(Z (t))
and §(Zg (t)) are the elastic compression of the left- and
right-wheel-rail systems.

Based on the long sleeper buried-type ballastless track
system, in this paper, we use the Euler beam model [26], the
force model of which is shown in Figure 1(c), where Ny, and
N LY are the left wheel-rail contact force and contact reaction,
respectively. The speed of wheelset is v, F; (i = 1 — N) is the
reacting force on the sleepers, and N is the number of re-
silient pads on the continuous slab of concrete. Y, (x,t) is

the displacement function of track’s vertical vibration. k,
and c, are the stiffness and damping of the track plate,
respectively.

2.2. Thermal EHL Model of Axle Box Bearings

2.2.1. Contact-Pair Parameters. Assuming that the rollers
and raceway undergo continuous pure rolling, the equiva-
lent velocity and integrated curvatures of the contact pair
between roller and raceway can be obtained as follows:

2
d(1-21)
IR ="
0= o)
and(1- A2
(1)
L 1201

where n is the speed of the bearing inner ring; d is the
diameter of an arbitrary section of the roller;
A =2 d/R,| + R,, where R, is the radius of the inner raceway
and R, is that of the outer raceway; R; is the integrated
curvatures of inner raceway; and R, is the integrated cur-
vatures of the outer raceway which is the equivalent velocity
of contact pair.



2.2.2. Theoretical EHL Model. The force on an element in the
lubricating film in the x direction is shown in Figure 3,
assuming that the fluid element is subject to fluid pressure p
and shearing stress 7. u, v, and w are the surface velocities in
the x, y, and z directions, respectively. The velocity u is the
main velocity component, followed by v. z is along the
thickness direction of the film, and its value is much smaller
than x or y. Therefore, the dxdz surface has no viscous shear
stress in the x direction.

The one-dimensional fluid Reynolds equation based on
the Herschel-Bulkley grease constitutive model is

n 1 et d 2n+l/n 1 o n 2Ts
m+1 (5) {% [Ph 5 b n+1 (0p/ox)h
. ZTS n+l/n - U@
(0plox)h T dx’
(5)

where  is the rheological index of the lubricant, & is the film
thickness, and ¢ is the plastic viscosity, and 7, is the yield
shear stress of grease.

The film thickness consists of two parts: rigid displace-
ment and elastic deformation. When the roller and raceway
are in contact, the film thickness equation at point x is

x? 6
h(x):ho+ﬁ+v(x), (6)

where h is the film thickness at the center if the surfaces are
assumed to be rigid, R is the integrated radius of curvature,
and v(x) the elastic deformation displacement due to
pressure deformation.

The schematic of the line-load deformation is shown in
Figure 4. According to the basic theory of elastic mechanics,
the elastic displacement of each node on the surface of the
contact body is obtained as follows:

v(x) = —% rz p(s)n (s—x)%ds +c, (7)

where p(x) is the line-contact load distribution function;
p(s)ds is the distance between an arbitrary line load and the
coordinate origin; s; and s, are the starting and ending
coordinates of load p(x), respectively; and ¢ is an un-
determined constant.

The equation of viscosity varying with pressure and
temperature is

z T— -1.1
resenfinsoof () (F28) )
(8)

where T is the grease temperature and T is the initial
temperature, generally taken to be 303 K.

The density equation is obtained based on the experimental
curve. The density-pressure relationship [27] is given by

0.6p ]

(9)

=po| 1
P P°[+1+1.7p
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where p, is the density of the lubricant when the pressure is
zero.

Heat loss depends mainly on the heat conduction, the
temperature is an important factor for the high-speed lu-
brication, and thus the energy equation is

oT T Top[ op ou\’
=k -~ T |ukt — 1, 10
Pl ox = o2 poar (”ax) ' ‘b(az) (10

where c, is the specific heat capacity at constant pressure and

k is the heat-transfer coefficient.

2.2.3. Load-Balance Equation. Assuming that the contact
load of the rollers is uniformly distributed in the axle box
bearing, and based on the principle of line-contact grease
lubrication, the load-balance equation is established based
on the slicing method. The principle of the slicing method is
the following: (1) to cut the bearing roller along the gen-
eratrix direction into the N unit pieces; (2) to analyze the
film pressure and thickness of each slice unit; and (3) to
obtain the bearing film pressure and thickness distribution.
A slicing method-specific diagram of a bearing roller is
shown in Figure 5. It is convenient and effective to translate
the three-dimensional complex EHL problem into a line-
contact EHL problem through the slicing method. Thereby,
to a great extent, the computational complexity is simplified,
and the solution efficiency is improved.
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Solving the line-contact EHL problem is carried out
under certain loading conditions. The lubrication film
pressure must meet the load-balance condition. Thus, the
load-balance equation is

w— Jxe p(s)ds =0, (11)

where w is the external excitation of the bearing rollers; for
the line contact, w is the linear load.

Equation (11) is nondimensionalized and discretized,
and thus, the discretized load equation is

N
P. + P; it
AX Y Lo 12

where p; is the linear contact load of the ith lamina of a single
roller bearing.

2.2.4. Boundary Equation. The tangential velocity equation
of the lower and upper surfaces of the bearing roller is

{uI:O.Sx(2+s)><U,

(13)
u, =05x(2-s)xU,

where u; and u, are the tangential velocity equations of the
lower and upper surfaces of the bearing, respectively, and s is
the slide/roll ratio of the bearing.

Because the contact body is in a moving state, the cal-
culation of temperature on the contact surface can be re-
duced to the heat conduction problem with a moving heat
source in semi-infinite space. The boundary equation of the
two contact surfaces is

T(x0)=——F r o _ds g
T mpiekyy )0 0zlxovx—s "
(14)
b [ ]
PG koUy ) —co 0Z|xn/x=s

where k; and k, are the thermal conductivities of the two
contact surface materials, respectively, ¢; and c, their specific
heat capacities, respectively, and p; and p, their densities,
respectively.

2.2.5. Numerical Analysis. For the sake of improving the
stability ~of the calculation, it is necessary to

nondimensionalize the thermal EHL equation. The calcu-
lated area is X, = —4 and X, = 1. The discretized equations
are obtained by the finite-difference method, and the re-
laxation iteration of film pressure and thickness is then
solved by the multigrid method [28, 29]. Finally, the nu-
merical solution is obtained on the densest grid. The mul-
tigrid method is divided into six layers, and the bearing roller
is divided into 30 pieces along the generatrix direction. The
calculation flowchart of the thermal EHL equation is shown
in Figure 6.

2.3. Structural Parameters. Based on an engineering ex-
ample, the vehicle axle box bearing dynamic load distri-
bution and thermal THL characteristics were analyzed. A
axle box bearing was used here as an instance. The structure
parameters of such axle box bearing and wheelset/track
system are illustrated in Table 1. The parameters of the
bearing lubricating grease are shown in Table 2.

2.4. Track Irregularity. The ballastless track spectrum is
adopted as the sample input for track irregularity. Ballastless
track irregularity of high-speed railway is fitted by power
function piecewise, and the track spectrum of each wave-
length section is expressed uniformly [26]:

A
S (f ) = F)
where the unit of S(f) is mm?/(1/m), f is the spatial fre-
quency (1/m), and A and n are fitting coeflicients.
According to the power spectrum of random track ir-
regularity, the amplitude and phase of the spectrum are
acquired by the periodogram method, and then the time-
domain simulation sample of track irregularity is obtained
by an inverse fast Fourier transform (IFFT). According to
the numerical simulation method of a track spectrum, the
vertical track irregularity sample is shown in Figure 7.

(15)

3. Results

The speed and integrated curvature of the contact pair for
axle box bearings are shown in Figure 8. As the diameter of
the roller increases, the integrated curvature of the outer and
inner raceway increases and that of outer raceway is bigger
than the inner raceway.
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TaBLE 1: Structural parameters of the axle box bearing and wheelset/track system.

Axle box bearing

Wheelset/track system

Average diameter of roller (mm)D,, 25.715
Number of roller 22
Equivalent contact length (mm)/ 57
Outer ring contact angle (a.) 9°59'¢6"
Inner ring contact angle (a;) 7°52'
Flange contact angle (af) 81°4
Mass of the bearing outer ring (kg) m,, 15.2

Mass of the rail with unit length (kg/m)m, 60.64
Rail’s elasticity modulus (N/m?)E 2.059%l11
Rail’s cross-sectional inertia (m*)I 3.217e-5
Stiffness of the rail pads (N/m)k, 6.5¢7
Damping of the rail pad (N-s/m)c, 7.5e4

Total number of orders NM 156
Mass of the adapter (kg) m. 77.2

TaBLE 2: Parameters of bearing lubricating grease.

Speed of bearing inner ring (r/min) 795
Synthetical elastic modulus (Pa) 2.21ell
Rheological index (n) 0.98
Initial temperature ("C) 30
Initial kinematic viscosity (Pa-s) 0.15
Grease density (kg/ms) 890
Heat transfer coefficient of lubricant grease (W/m-"C) 0.14
Heat transfer coefficient of bearing (W/m-°C) 46
Specific heat capacity of lubricating grease 2000
(J-kg K™

Specific heat capacity of bearing (J-kg 'K ™') 470

Initial density of bearing (kg/m’) 7850

3.1. Bearing Load. According to the bearing-wheel-rail
coupled dynamics model and the load under the carrying
saddles, the loading-time course of the rollers of the axle box
bearing can be obtained. The loading-time course of the
maximum load roller of the axle box bearings are shown in
Figure 9.

3.2. Film Distribution. Figure 10 shows the distribution of
the film thickness and pressure in the contact area between

-8 1 1 1 L L
0 0.5 1.0 1.5 2.0 2.5 3.0

Time (s)

Amplitude of the vertical irregularity (mm)

FIGURE 7: Vertical track irregularity sample.

the inner/outer raceway and roller. Figure 11 presents the
distribution of film pressure and thickness along the roller
generatrix under inner and outer contact conditions.
Asillustrated in Figure 11, the maximum film pressure in
the surface contact center of the inner and outer raceway
contacts is 0.778 and 0.690 GPa, respectively, and the
minimum film thicknesses are 0.561 and 0.613 ym, re-
spectively. Figures 11(a) and 11(b) show that the film
thicknesses of the roller in the center zone is reduced by 8.5%
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FIGURE 9: Loading-time course of the maximum load roller: (a) left- and (b) right-hand axle box bearings.

from the large to small end along the generatrix direction,
and the film pressure is increased by 4%.

3.3. Influence of Working Conditions. In Figures 12 and 13,
the change rule of film pressure and thickness is gained
under different loads and contact-load speeds, respectively.

The maximum film pressure rises with the increasing
load, presenting line variety, and a pressure-change rate of
1.6 MPa/kN, as shown in Figure 12(c). Figure 12(d) shows
that the minimum and mean film thicknesses both decrease
with an increasing load and also presents line variety, but the
amplitude variation is not significant.

Figure 13(c) indicates that the maximum contact pres-
sure decreases with the increasing contact-pair speed, while
the pressure is almost unchanged. Figure 13(d) shows that
the minimum and mean film thicknesses increase with the
increasing contact-pair speed, presenting line variety, and
the thickness change rate is 0.12 ym-s/m.

3.4. Thermal Effects on EHL. The lubrication condition of the
roller small end is worse than that of the roller large end. So
the film pressure and thickness of the cross section of the
roller small end was analyzed. Figure 14 shows the results of
comparing isothermal and thermal EHL lubrication based
on the lubrication model.

Figure 14(a) shows that the pressure-spike amplitude
is 0.778 GPa and the pressure of the contact center is
0.777 GPa under the thermal EHL condition. Under the
isothermal EHL condition, the pressure-spike amplitude
is 1.092 GPa, and the pressure of the contact center is
0.799 GPa. The pressure-spike amplitude increases by
36.65% more than the pressure of the contact center.
Figure 14(b) shows that the minimum film thickness is
0.561 ym; mean film thickness in the contact region of [-1,
1] is 0.660 ym under the thermal EHL condition. Under
the isothermal EHL condition, the minimum film
thickness is 0.589 ym; mean film thickness in the contact
region of [-1, 1] is 0.764 ym.
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Figure 10: Distribution of film pressure and thickness under the outer and inner raceway contact conditions: distribution of (a) film
pressure of the inner raceway; (b) film thickness of the inner raceway; (c) film pressure of the outer raceway; (d) film thickness of the outer

raceway.

The film pressure and thickness are sensitive to the
contact-pair speed. Figure 15 presents the pressure and
thickness distributions of the isothermal and thermal EHL
film under different contact-pair speeds.

Compared to those under isothermal EHL, the film
pressure and thickness under thermal EHL are significantly
different. With the increasing contact-pair speed, the dif-
ferences in pressure and thickness between thermal and
isothermal EHL increase rapidly. The film thickness and
pressure-spike amplitude of thermal EHL are very sensitive
to the contact-pair speed. Figure 15(d) shows that the
pressure-spike amplitude is 1.187 GPa and increases by
52.8% more than it does under isothermal EHL, when the
contact-pair speed is 4 m/s. Figure 15(g) shows that the film
thickness of thermal EHL in the central contact zone is
0.730 ym and is reduced by 19.7% compared to that of
isothermal EHL.

4, Discussion

The axle box bearing is the key load-carrying component of a
vehicle wheel system, and its dynamics and lubrication
parameters directly affect the safe operation of train. In this
paper, we have established a dynamics model of the bearing-
wheel-rail coupled dynamics model that considers nonlinear
contact bearing load, and then we have obtained the load
distribution and load history of the bearing rollers, which
provide the boundary conditions for dynamic characteristic
analysis and design of the lubrication of axle box bearings. At
the same time, considering the scale effect of the roller and
raceway, we have established the thermal EHL theory model
based on bearing-roller slicing theory, which provides a
theoretical foundation for the lubrication system design of
vehicle axle box bearings.

The scale effect of roller and raceway cannot be ignored,
in term of thermal EHL characteristics of axle box bearings.
In Figure 10, compared to the inner-raceway contact, the
pressure in the surface contact center of the outer raceway
contact is smaller, and the film thickness is larger. Therefore,
the lubrication condition of the outer raceway is better than
that of the inner raceway. In Figures 11(c) and 11(d), the film
pressure of the central section of the roller increases
gradually approaching the contact center, and there is the
pressure-spike amplitude in the exit zone. The film thickness
of the lubricant in the contact zone changes gently, but it
clearly shows necking phenomena at the exit region. Bruyere
et al. obtained similar results by establishing the finite-line-
contact EHL model [17-19]. At the same time, the EHL
model of Mihailidis et al. [18] does not consider the scale
effect of the roller raceway, so the film pressure and thickness
along the direction of the roller generatrix is the same.
Najjari and Guilbault [19] established an EHL model con-
sidering the boundary effect of the roller (roller-edge-
curvature change), and the film pressure and thickness of
the roller intermediate region is also unchanged along the
roller generatrix direction, while the film pressure increases
sharply in the edge of the roller. However, we see from
Figures 11(a) and 11(b), along the generatrix direction, that
the film thickness of the roller is decreased by 8.5% from the
large end to the small end, and the film pressure increases by
4%. The maximum film pressure and minimum film
thickness of tapered roller bearings is at the small end
bearing roller, so roller lubrication of the small end is worse.
The scale effect of the roller and raceway lead to the changing
of the pressure and film thickness in the middle part of the
roller. Therefore, in the study of the finite-line-contact EHL
model, the scale effect of the roller and raceway is the key to
accurately obtain the pressure and thickness distributions.
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10 Shock and Vibration

1.2 T T 0.80

p (GPa)

0.7

0.6 . * - -
200 250 300 350 200 250 300

F (kN) F (kN)

~@- Minimum film thickness
—A— Mean film thickness

(©) (d)

350

F1Gure 12: Comparison of lubrication characteristics under different loads: (a) film pressure distribution; (b) film thickness distribution; (c)
maximum film pressure; (d) minimum film thickness and mean film thickness.

2.0 T T T T

p (GPa)

1 2 15 -1 -05 0 0.5 1 15

x (mm)
— 2.5m/s -—-- 3.5m/s
3.0m/s --- 4.0m/s

()

0.8

p (GPa)
A (um)

0.776 - - 0.4
2.5 3 3.5 4 2.5 3 3.5 4

v (m/s) v (m/s)

- Minimum film thickness
-@- Mean film thickness

(o) (d)

F1Gure 13: Comparison of lubrication characteristics under different contact-pair speeds: (a) film pressure distribution; (b) film thickness
distribution; (¢) maximum film pressure; (d) minimum and mean film thickness.



Shock and Vibration

1.4

1.2+

1.0 +

p (GPa)

0.6

0.4

x (mm)

Isothermal EHL
Thermal EHL

(a)

1.8

A (pm)

0.4

-1.5

x (mm)

- -~ Isothermal EHL
—— Thermal EHL

(®)

1.5

11
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The lubrication characteristics of axle box bearings
have different sensitivities to load and speed. In Figure 12,
under a certain contact velocity, the film pressure is more
sensitive to the load than the film thickness, and the
pressure-change rate is 1.6 MPa/kN. In Figure 13, under a
certain load condition, the film thickness is more sensitive
to the velocity of the contact pair than the film pressure,
and the film thickness change rate is 0.12 ym-s/m. The
study of Hili et al. [16], based on experiment, shows that,
with the rapid increase of the contact-pair speed, the film
thickness of the contact area increases rapidly, which is
consistent with the results of this paper regarding the film
thickness variation. Therefore, it is necessary to check the
film pressure under impact load in order to prevent the
plastic deformation caused by high film pressure. At the
same time, it is equally necessary to consider the influence
of the sharp drop of the contact-pair speed on the film
thickness under braking conditions in order to prevent
dry grinding of the bearings due to the film thickness
being too small.

Temperature has a great influence on film thickness in
the EHL model. In Figure 14, the maximum film pressure of
the thermal EHL is shown to be reduced by 28.77% more
than that of the isothermal EHL, while the pressure of the

contact center decreased by 2.67%. These results show that
the temperature has little influence on the pressure of the
contact center but has a great influence on the formation of
the pressure-spike amplitude. Compared to isothermal EHL,
the minimum film thickness is reduced by 4.84%, and the
mean film thickness is reduced by 13.61%. Wu studied the
effect of the thermal and isothermal EHL models on line-
contact cam pairs [20], and the results presented in this
paper are consistent with Wu’s.

Investigating the influence of velocity on thermal EHL
analysis showed that, compared to isothermal and
thermal EHL, the film pressure and thickness exhibit
great differences depending on contact-pair speed. In
Figure 15, the film thickness of thermal EHL is always
smaller than that of isothermal EHL. Meanwhile, as the
contact-pair speed increases, the difference in the film
thickness between thermal EHL and isothermal EHL
exhibits a larger increase. This finding is consistent with
that of Liu’s study on the effect of speed on line-contact
EHL in gear pairs [21]. Therefore, it is necessary to
consider the thermal effects of a lubricant in researching
finite-line contact thermal EHL of high-speed axle box
bearings. The speed is also the key factor affecting the
thermal EHL characteristics.
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5. Conclusions

This paper has fully considered track irregularities in
establishing the bearing-wheel-rail system-coupled dy-
namics model and obtained the dynamic load history of axle
box bearings. The load-balance equation and thermal EHL
model were obtained according to the slicing method of
bearing rollers. Numerical solution showed that the film
pressure of the central section of the roller increases
gradually approaching the contact center and that there is
the pressure-spike amplitude in the exit zone of 0.778 GPa.
The film thickness of the lubricant in the contact zone
changes gently, but necking phenomena are clearly shown at
the exit region; the minimum film thickness is 0.561 ym. The
lubrication characteristics among the factors affecting the
sensitivity analysis showed that the film pressure is sensitive
to the load, and the pressure increases with the increasing
load. The film thickness is sensitive to the contact-pair speed,
and the film thickness decreases with decreasing contact-
pair speed. According to the analysis of thermal effects on
EHL, the results indicated that the central film thickness
under thermal EHL decreased by 13.61% compared to that
under isothermal EHL. As the contact-pair speed increases,
the thickness difference between thermal and isothermal
EHL became larger. Thus, thermal effects should be con-
sidered in the EHL model, in order to truly reflect the
characteristics of high-speed EHL.
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