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To research the effects of the blade outlet angle on the performance and the radial force of the marine pump, the unsteady
numerical simulation of the four different models is carried out. *e radial forces on the impeller and the blades are obtained
under different flow rate conditions. *e time and frequency domain characteristics of radial resultant force on the impeller and
the blades are analyzed and those of the impeller torque are researched. *e results show that the radial forces of the impeller and
the blades increase with the increase of the blade outlet angle at the same flow rate. With the same blade outlet angle, the radial
forces decrease with the increase of the flow rate. *e roundness of radial force vector diagram becomes more obvious with the
decrease of the blade outlet angle. *e root mean square (RMS) of radial force on the blades is about 30% of that on the impeller.
*e main frequency of radial force on the impeller and the blades is the axial passing frequency (APF), and that of impeller torque
is the blade passing frequency (BPF), and there are peaks at the blade frequency multiplier. At the same flow rate, the main
frequency andmaximum fluctuation amplitudes on the impeller and the blades increase with the increase of the blade outlet angle.
Meanwhile, the impeller torque increases with the increase of the blade outlet angle. With the same blade outlet angle, the main
frequency, maximum fluctuation amplitudes, and the impeller torque decrease with the increase of the flow rate. *e amplitude
difference decreases with the increase of the flow rate. *e blade outlet angle has an obvious greater influence on the radial forces
and fluctuation at the small flow rate.*e vibration test shows that the vibration intensities of model 25 andmodel 35 are less than
2.5mm/s, and the vibration intensity of model 25 is about 0.2mm/s less than that of model 35.

1. Introduction

*e marine pumps are commonly used in complex envi-
ronments, which need to have the characteristics of small
vibration, low noise, and high reliability. *e liquid medium
dynamic reaction force on the impeller in the centrifugal
pump produces radial force, and the fluctuation of radial
force makes the pump shaft subject to alternating stress,
which results in pump vibration of different degrees.

At present, there are many research studies on the in-
ternal flow pressure fluctuation, radial force, and vibration
mechanism in the centrifugal pump and pump as turbine.
*e reduction of noise is significant by increasing the gap
between the impeller and the tongue [1]. *e flow pressure
fluctuates with the interaction between the tongue and the

blades, the impeller gap is investigated, and the pressure
around the tongue fluctuates largely [2–5]. *e pressure
fluctuations at the top dead centre of the volute provide a
better indication than at the discharge [6]. *e radial and
axial distributions of the fluctuation characteristics at the
gap of the pump are analyzed, and the maximum pressure
fluctuation occurs at the blade front side [7]. *e pressure
fluctuations in the impeller inlet show more complication in
part flow conditions than at the best efficiency point [8]. *e
sound excitation in the pump by a source of pressure os-
cillations positioned in the inlet is considered, and resonant
acoustic excitation may occur in the pump [9]. *e effect of
blade trailing edge on pressure characteristics is investigated,
and the rotor-stator interaction is the main factor affecting
pressure pulsation [10]. *e impeller trimming on the
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performance of the pump as turbine is investigated, and the
accuracy of computational fluid dynamics is validated [11].
*e pressure fluctuations at the vanes’ passages and vaneless
space are predicted, and the amplitude in the high pressure
side passage of the vane is lower [12]. *e pressure fluc-
tuation in the vaneless region under different guide vane
states is studied; the pressure fluctuation in the vaneless
region is greatly affected by the guide blade vibration [13].
*e increase of radial force on the impeller lags behind the
increase of impeller speed [14]. *e clocking effect has great
influence on the pressure fluctuation and the radial force on
the impeller [15]. *e front impeller wear ring has great
influence on the axial force of the centrifugal pump [16].*e
effects of concentric volute and multivolute geometry on the
radial force of the centrifugal pump at off-design conditions
are investigated, and the triple volute is the most appropriate
volute geometry [17]. *e effect of outlet diameter, outlet
width, blade outlet angle, blade wrap angle, blade number,
and blade shape of the impeller on the pump performance is
analyzed, and multiparameter optimization improves pump
efficiency and reduces vibration [18–21].

In addition, the time domain and frequency domain of
pressure fluctuation at monitoring point on diffuser and
outlet elbow are analyzed in mixed flow pump, and the
pressure fluctuation peak decreases gradually with the in-
crease of the flow rate [22]. *e radial force on principal axis
is compared between mixed flow pump as turbine with
symmetrical and unsymmetrical tip clearances; the main
frequency of radial force of symmetrical tip clearance is
related to the blade number [23]. *e identification of the
relationship between pressure fluctuation and vibration is
analyzed, the amplitudes may be overvalued when the
sampling time is short [24]. *e stall cell number and cir-
cumferential propagation velocity under stall condition are
calculated according to the pressure fluctuation character-
istics [25]. *e increase of tip leakage flow increases the
energy loss in the impeller [26]. *e increase of the end
clearance leads to the decrease of the head and efficiency in
the submersible pump [27]. *e simulation can accurately
predict the bubble morphology compared with the experi-
mental result in the pump multiphase transient [28]. *e
application of the transfer pump in biomass cycle com-
bustion system simulation is analyzed [29]. At small flow
rate, the pump flow is very unstable with significant backflow
in a centrifugal slurry pump. With the increase in particle
concentration, the flow resistance increases and the backflow
increases [30].

*e blade outlet angle of research on the influence of
radial force in the centrifugal pump is less, so the effect of
different blade outlet angles on radial force of the marine
pump is necessary for research. *e internal flow field in the
magnetic drive pump is analyzed with the numerical cal-
culation method. *e radial force on the impeller and the
blades, and impeller torque at various flow rates are ob-
tained. *e time domain and frequency domain charac-
teristics of radial force and impeller torque are analyzed.*e
hydraulic performance and vibration tests are carried out on
the real pump, which provided a reference for further re-
search on radial force and vibration of the pump.

2. Example of Marine Magnetic Drive Pump

2.1. Main Design Parameters. *e marine magnetic drive
pump is researched as an object; its design parameters
are rated flow Q � 140m3/h, head H � 40m, rotation
n � 2950 r/min, and specific speed ns � 133.5. *e main
geometric parameters of the pump are shown in Table 1.
*e impeller structure is an enclosed impeller with forward
curved blades. *e four groups of blade outlet angles are
selected, which are 25°, 30°, 35°, and 40°. *e corresponding
pump models are called model 25, model 30, model 35, and
model 40, respectively.

2.2.2eMain Structure. *e structure of the magnetic drive
pump is shown in Figure 1.*e pump coolingmode adopted
water cooling instead of the traditional air cooling mode,
which can effectively reduce the overall noise of the pump
unit. *e pump is designed as a double volute structure to
reduce the radial force and it is installed vertically.

3. Numerical Calculation of Full-Flow Field

3.1. Full-Flow Field Model. *e cavities between the front
shroud, the back shroud, and the volute are taken into
account in the modeling. *e flow field with minimal gaps
between the impeller rings and the volute can also be ef-
fectively captured.*emodel includes inlet pipe, outlet pipe,
volute, impeller, front cavity, back cavity, and balance holes.
*erefore, the full-flow field numerical simulation analysis is
adopted, and the calculation results include volume loss and
disc friction loss.

*e structured hexahedral mesh of components in the
model is generated with ICEM software. It can be better
divided as the small area of impeller rings and tongue. *e
mesh independence of the model is checked, and the mesh is
finally exported in cfx5 format. *e impeller mesh and
schematic diagram of the pump is shown in Figure 2.

*e mesh independence of the model is studied with
model 35 as an example.*e relation curve between the head
of the pump and the mesh number under the design flow
rate is shown in Figure 3. *e head gradually increases with
the mesh number; when the mesh number is more than 1.58
million, the variation range of head is less than 0.11%.
*erefore, it is more appropriate for the mesh number to be
more than 1.58 million, and the mesh number of model 35 is
1587 850.

3.2. Boundary Setting and TurbulenceModel. *e steady and
unsteady flow fields inside the pump are calculated with
Ansys CFX. *e inlet of the pump model is set as static
pressure inlet and the outlet as mass flow outlet. *e wall
roughness of the pump is set at 50 μm, and the convergence
standard is 10− 5.

Model 35 is analyzed by using the standard k-ε, RNG k-ε,
k-ω, and SST turbulence models. *e simulation head, ef-
ficiency, and shaft power of the pump are obtained. *e
simulation values with four different turbulence models are
compared with the pump hydraulic test value. *e diagram
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of simulation values with different turbulence models are
shown in Figure 4. It can be seen from Figure 4 that the
simulation values with the RNG k-ε are more consistent with
the pump test value on the head, efficiency, and shaft power
under full working conditions. *erefore, the RNG k-ε
turbulence model is selected in the subsequent pump
simulation.

*e RNG k-ε adds a condition to the ε equation of
standard k-εmodel and provides an analytic formula of flow
viscosity with low Reynolds number. It can improve the

calculation accuracy, and the transport equations for k and ε
are as follows:
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Table 1: Main geometric parameters of the designed magnetic drive pump.

Parameters Value
Impeller outlet diameter D2 (mm) 102
Impeller outlet diameter D2 (mm) 194
Impeller outlet width b2 (mm) 21.6
Impeller hub diameter dh (mm) 48

Blade inlet angle β1/(°) 15–20
Impeller 25 Blade outlet angle β2/(°) 25
Impeller 30 Blade outlet angle β2/(°) 30
Impeller 35 Blade outlet angle β2/(°) 35
Impeller 40 Blade outlet angle β2/(°) 40

Blade wrap angle Φ/(°) 106
Blade number Z 6

Volute base circle diameter D3 (mm) 210
Tongue angle φ/(°) 32.7
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Figure 1: Structure of the magnetic drive pump. 1. Volute. 2. Impeller. 3. Motor cooling pipe. 4. Pump cooling pipe. 5. Motor. 6. Outside
magnetic rotor. 7. Isolator. 8. Inside magnetic rotor. 9. Connecting body. 10. Guide bearing.
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Figure 2: (a) Impeller mesh and (b) schematic diagram of pump.
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Figure 3: Variation of head with mesh number in model 35.
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Figure 4: Diagram of simulation values with different turbulence models.
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where μt � Cμ(ρk2/ε), Gk � μt((zui/zxj) + (zuj/zxi))zui/
zxj, C∗1ε � C1ε − η(1 − (η/η0))/1 + βη3,η � (2Eij · Eij)

1/2k/ε,
Eij � 1/2((zui/zxj) + (zuj/zxi)), σk � σε � 0.178, Cμ � 0.

0845, η0 � 4.377, β � 0.012 , C1ε � 1.42, and C2ε � 1.68.
*e frozen rotor interface is set for steady calculation,

while the unsteady calculation uses the transient rotor
interface in the CFX. *e results of steady analysis are
used as the initial conditions for unsteady calculation. In
the unsteady calculation, the time step setting is con-
sidered as follows. If the time of 2° rotation of the impeller
is taken as the time step, the sampling points per revo-
lution are 180, and the sampling resolution is slightly
lower. Meanwhile, considering the pump speed and the
resources of the computer, the time of 1° rotation of the
impeller is set as the time step, which is 5.649 ×10− 5·s.
When the transient analysis runs for 15 revolutions, the
flow field presents periodic change and that is stable. *e
result of the 15th revolution is taken as the analysis. *e
time domain and frequency domain analysis of radial
forces on the impeller and blades and impeller torque are
carried out.

4. Results and Discussion

4.1. Radial Force Analysis on the Impeller. *e y plus contour
map can effectively estimate whether the boundary layer
division of the pump model is reasonable, and the range of
turbulent boundary layer can be determined according to
the y plus contour map of the blade surface. *e y plus on
front and back sides of blade is shown in Figure 5. It can be
seen from Figure 5 that the y plus on the back and front sides
of blade is less than 400. It can be explained that the
boundary layer thickness setting is more reasonable in the
pump model, and the simulation results are reliable. *e
minimum value of y plus on the back of the blade is 5.6 and
themaximum value is 263.5. At the same time, theminimum
value of y plus on the front of the blade is 3.6 and the
maximum value is 373.5. According to the thickness of the
grid, the turbulence model automatically solves the viscous
bottom layer and the logarithmic layer.

*e vector diagram of radial force on the impeller under
different flow rate conditions is shown in Figure 6. It can be
seen from Figure 6 that the magnitude and direction of the
radial force on the impeller are changing at all times. At the
same flow rate, the radial force on the impeller increases with
the increase of the blade outlet angle. At the flow rate of
0.8Q, the uniformity of radial force difference among the
four models is poor in different quadrants.*e change of the
flow angle at the blade outlet leads to the mismatch with the
helical angle of the tongue, which intensifies the rotor-stator
interaction between the impeller and the volute.

With the same blade outlet angle, the radial force on the
impeller decreases with the increase of the flow rate. *e
radial force vector diagram gradually tends to be circular and
concentric, and the roundness becomes more obvious with
the decrease of the blade outlet angle. At each flow rate, the
radial force vector diagrams in the four groups of models
present obvious sidelobes. *e number of sidelobes is 6 and
the same as the number of leaves, which is mainly caused by

the rotor and stator interference generated by the blade
passing through the tongue region. It is shown that the
fluctuation frequency of radial force is related to the number
of blades and mainly to the blade frequency.

*e time domain of radial resultant force on the impeller
under different flow rate conditions is shown in Figure 7. It
can be seen that, at each flow rate, the overall trend of the
radial resultant force on the impeller fluctuates periodically
with time, and there are 6 peaks and troughs. In the same
model, there are also small fluctuations between adjacent
sampling points. It indicates that pressure pulsation influ-
ences the radial force at all times during the pump operation.

F(ω) � 
∞

− ∞
f(t)e

− ωt
dt. (2)

At the flow rate of 0.8Q, the radial resultant force has a
large variation amplitude, and the variation amplitude of the
resultant force obviously decreases with the increase of the
flow rate. At the same flow rate, the radial resultant force
increases with the increase of the blade outlet angle. *e
main reason is that the absolute velocity at the impeller
outlet increases as the blade outlet angle increases, and the
dynamic pressure increases. *e increase of the pressure will
lead to the increase of the radial force.

*e formula of Fast Fourier Transform (FFT) is as shown
formula (2), where f(t) is time domain function and F(ω) is
continuous frequency spectrum.*e time domain values are
converted to frequency domain values by FFT. By com-
paring the relation between the amplitude and frequency of
radial resultant force at different flow rates, the degree of
fluctuation can be expressed more accurately. *e frequency
domain of radial resultant force on the impeller under
different flow rate conditions is shown in Figure 8. It can be
seen that, at each flow rate, the main frequency of the radial
resultant force fluctuation on the impeller is the APF. *ere
are peaks at the BPF and blade frequency multiplier, and the
peak value gradually decreases.

*e amplitude of frequency domain and maximum
fluctuation of radial resultant force on the impeller are
shown in Table 2.*emaximum fluctuation amplitude value
in the table is calculated by formula (Nmax − Nmin)/
ρH × 100, where Nmax and Nmin are, respectively, the
maximum and minimum values of the radial resultant force
on the impeller (N) and ρ is density (Kg/m3). *e amplitude
difference is the difference between the maximum and the
minimum values of the maximum fluctuation amplitude
under the same flow rate condition. *e influence degree of
different blade outlet angles on the radial resultant force can
be seen from amplitude difference value.

As can be seen from Figure 8 and Table 2, at the same
flow rate, the main frequency and the maximum fluctuation
amplitudes of the radial resultant force on the impeller
increase with the increase of the blade outlet angle. It shows
that the blade outlet angle is small, which has little influence
on the radial force of the impeller. *at is mainly due to the
reason of rotor-stator interference in the pump. For the same
blade outlet angle, the main frequency and the maximum
fluctuation amplitudes decrease with the increase of the flow
rate.
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Figure 6: Vector diagram of radial force on the impeller under different flow rate conditions. (a) 0.8Q. (b) 1.0Q (c) 1.2Q.
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Figure 5: y plus on front and back sides of the blade.
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Figure 7: Time domain of radial resultant force on the impeller under different flow rate conditions. (a) 0.8Q. (b) 1.0Q. (c) 1.2Q.
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*e amplitude difference decreases with the increase of
the flow rate. It indicates that the blade outlet angle has the
more significant effect on the radial force and fluctuation on
the impeller at the small flow rate. *e main reason is that
the impeller runner is designed according to the hydraulic
model under the design flow rate condition. When the flow
rate is small, the back flow and flow separation appear in the
internal pump so that the radial force on the impeller is not
in balance, thus increasing the radial force on the impeller
and reducing the hydraulic efficiency.

4.2. Radial Force Analysis on the Blades. *e pressure con-
tour maps on the front side of blades with different blade
outlet angles are shown in Figure 9. It can be seen from
Figure 9 that the pressure values of the six blades are not
completely the same, and there is obvious difference. *e
pump internal flow is complex; the interaction between the
volute and the impeller exists in the operation of centrifugal
pump. With the same blade outlet angle, the pressure on the
blade surface decreases with the increase of flow. With the
same flow rate, the pressure on blade surface increases with
the increase of blade outlet angle. When the flow rate is 1.2Q,

and the blade outlet angle is 25°, the minimum pressure of
the blade is shown in Figure 9(c). When the flow rate is 0.8Q
and the blade outlet angle is 40°, the maximum pressure of
the blade is shown in Figure 9(j). *e influence of the blade
outlet angle on blade surface pressure is consistent with the
variation trend of radial force in Figures 7 and 10.

*e vector diagram of radial force on the blades under
different flow rate conditions is shown in Figure 11. It can be
seen from Figures 6 and 11 that the radial force on the blades
and the impeller has the same change trend, and the radial
force on the blades decreases with the increase of the flow
rate. Under the small flow rate and design flow rate con-
ditions, the radial force difference on the blades between the
four models is less uniform in different quadrants.

At the flow rate of 1.2Q, the difference becomes more
uniform. *ere are 6 obvious sidelobes in the radial force
vector diagram on the blades at different flow rates, and the
radial force on the blades is significantly smaller than that on
the impeller. *at is mainly the influence of radial force on
the front and back shrouds of the impeller is more
significant.

*e time domain of radial resultant force on the blades
under different flow rate conditions is shown in Figure 10.
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Figure 8: Frequency domain of radial resultant force on the impeller under different flow rate conditions. (a) 0.8Q. (b) 1.0Q. (c) 1.2Q.

Table 2: Amplitude of frequency domain and maximum fluctuation of radial resultant force on the impeller.

Flow Model Main frequency amplitude (N) Maximum fluctuation amplitude (%) Amplitude difference (%)

0.8Q

25 33.4 0.4153

0.171630 35.7 0.5173
35 38.4 0.5401
40 40.6 0.5869

1.0Q

25 22.8 0.2461

0.152930 26.3 0.2757
35 27.9 0.2993
40 31.5 0.3990

1.2Q

25 12.7 0.1405

0.130830 16.5 0.1684
35 20.1 0.2023
40 22.6 0.2713
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*e RMS of the radial resultant forces on the impeller and
the blades are shown in Table 3. It can be seen from Figures 7
and 10 that the radial resultant force on the impeller and the
blades has the same variation trend at each flow rates and
shows periodic fluctuations with time. Meanwhile, there are
6 peaks and troughs.

Fi is the RMS of radial force on the impeller and Fb is
the RMS of radial force on the blades in Table 3. ΔF is the
difference between the maximum and minimum values of
the RMS of radial forces on the impeller and the blades at
the same flow rate. As can be seen from Table 3, at the
same flow rate, the RMS of radial forces on the impeller
and the blades increases with the increase of the blade
outlet angle. With the same blade outlet angle, the RMS of

radial forces on the impeller and the blades decrease with
the increase of flow. *e impeller and blades ΔF values
decrease with the increase of the flow rate. It is shown that
the influences of the blade outlet angle on the radial forces
are greater at small flow rate than at large flow rate. *e
RMS of the radial resultant force on the blades is about
27%–33% of that on the impeller, which is mainly dis-
tributed around 30%.

*e frequency domain of radial resultant force on the
blades under different flow rate conditions is shown in
Figure 12. It can be seen that themain frequency of the radial
resultant force on the blades is the APF at each flow rate.
*ere are peaks at the BPF and blade frequency multiplier,
and the peak value gradually decreases.
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As can be seen from Figure 12 and Table 4, the main
frequency, the maximum fluctuation amplitude, and the
amplitude difference of the radial resultant force on the
blades decrease gradually with the increase of the flow rate.
At the same flow rate, the main frequency and the maximum
fluctuation amplitudes increase with the increase of the
blade outlet angle.

As can be seen from Table 4, with the same blade outlet
angle, the main frequency and the maximum fluctuation
amplitudes on the blades decrease with the increase of flow
rate, that is, the same tendency with those on the impeller.
*e main frequency, the maximum fluctuation amplitude,
and the amplitude difference on the blades are smaller than
those on the impeller. *e impeller is an enclosed structure;
it has the front and back shrouds with balance holes. *e
radial forces of the front and back shrouds are relatively
large, and we need to pay attention to them in the future
research.

4.3. Impeller Torque Analysis. *e time domain of torque on
the impeller under different flow rate conditions is shown in
Figure 13. *e frequency domain of torque on the impeller
under different flow rate conditions is shown in Figure 14. It
can be seen from Figure 13 that the impeller torque fluc-
tuates periodically with time at each flow rates, and there are
6 peaks and troughs with strong regularity. *at is mainly
caused by the rotor-stator interference between the blade
and the tongue when the impeller is running in the volute.
When the blade outlet angle is the same, the torque dif-
ference value after each blade passing gradually decreases
with the increase of flow. *e trend of the impeller torque is
the same with the radial force on the impeller and the blades.
While other pump parameters remain unchanged, the pump
head and the impeller torque increase with the blade outlet
angle increase. With the increase of the flow rate, the torque
difference between four groups of models also increases. As
can be seen from Figure 14, the main frequency of impeller
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Figure 10: Time domain of radial resultant force on the blades under different flow rate conditions. (a) 0.8Q. (b) 1.0Q. (c) 1.2Q.
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torque fluctuation is the BPF at each flow rate. *ere are
peaks at blade frequency multiplier, and the peak value
gradually decreases.

*e main frequency amplitude and maximum fluctua-
tion amplitude of the impeller torque are shown in Table 5.
*e maximum fluctuation amplitude is calculated by for-
mula (Tmax − Tmin)/ρH × 100, where Tmax and Tmin are,
respectively, the maximum and minimum values of the
impeller torque (N·m).

As can be seen from Figure 14 and Table 5, at the same
flow rate, the main frequency amplitude and maximum
fluctuation amplitude of impeller torque increase with the
increase of the blade outlet angle. *e main frequency, the
maximum fluctuation amplitude, and the amplitude dif-
ference decrease as the flow increases. It indicates that, under
the small flow rate condition, the blade outlet angle has a

slightly greater influence on the impeller torque fluctuation
than under other flow rate conditions.

5. Performance Prediction and
Test Verification

5.1. Hydraulic Performance Prediction and Test. Numerical
analysis is carried out on four groups of models to obtain
the external characteristic curve. Taking the pump head
and efficiency into consideration, model 35 is selected as
the experimental prototype to verify the hydraulic per-
formance, which is measured on the closed pump test
system. *e external characteristic curves of the marine
magnetic drive pump test and simulation are shown in
Figure 15.
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Figure 11: Vector diagram of radial force on the blades under different flow rate conditions. (a) 0.8Q. (b) 1.0Q. (c) 1.2Q.

Shock and Vibration 11



It can be seen that the simulation results of model 35
are in great agreement with the trend of the head, effi-
ciency, and shaft power curves of the test results. Under

the design flow rate condition, the simulation precision of
the pump head is controlled within 1.2%, which indicates
that the model can accurately simulate and predict the
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Figure 12: Frequency domain of radial resultant force on the blades under different flow rate conditions. (a) 0.8Q. (b) 1.0Q. (c) 1.2Q.

Table 3: RMS of radial resultant forces on the impeller and the blades.

Flow Model Fi (N) Fb (N) Fb/Fi × 100

0.8Q

25 309.1 84.5 27.3
30 321.9 86.9 27.0
35 349.1 108.5 31.1
40 356.6 110.6 31.0

ΔF — 47.5 26.1 —

1.0Q

25 261.4 79.0 30.2
30 274.3 84.8 30.9
35 295.2 93.5 31.7
40 305.6 100.4 32.8

ΔF — 44.2 21.4 —

1.2Q

25 199.2 54.4 27.3
30 210.4 63.7 30.3
35 226.3 70.5 31.2
40 239.9 71.6 29.8

ΔF — 40.7 17.2 —
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Figure 13: Time domain of torque on the impeller under different flow rate conditions. (a) 0.8Q. (b) 1.0Q. (c) 1.2Q.

Table 4: Amplitude of frequency domain and maximum fluctuation of radial resultant force on the blades.

Flow Model Main frequency amplitude (N) Maximum fluctuation amplitude (%) Amplitude difference (%)

0.8Q

25 14.7 0.1890

0.065730 16.8 0.2065
35 18.9 0.2346
40 20.4 0.2547

1.0Q

25 10.5 0.1680

0.056230 12.2 0.1346
35 14.6 0.1631
40 16.3 0.2242

1.2Q

25 5.4 0.0623

0.044530 6.5 0.0910
35 7.3 0.0986
40 7.9 0.1068
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pump hydraulic performance. By comparing the simu-
lation results of four different blade outlet angles, it can
be seen that the head is obviously improved, and the
efficiency has a decreasing trend with the increase of the
blade outlet angle. *e main reason is that the impeller
runner gets shorter with the increase of the blade outlet
angle. *e medium diffusion in the impeller runner gets
larger, and the fluid hydraulic loss increases. Meanwhile,

the hydraulic efficiency of the pump decreases at small
flow rate.

5.2. Vibration Verification Test. According to ISO 10816
vibration evaluation standard for rotating machinery, the
vibration test is carried out for pump prototypes with
blade outlet angles of 25° and 35°. Considering the
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Figure 14: Frequency domain of torque on the impeller under different flow rate conditions. (a) 0.8Q. (b) 1.0Q. (c) 1.2Q.

Table 5: Amplitude of frequency domain and maximum fluctuation of torque on the impeller.

Flow Model Main frequency amplitude (N) Maximum fluctuation amplitude (%) Amplitude difference (%)

0.8Q

25 5.63 0.0309

0.012430 5.96 0.0347
35 6.47 0.0374
40 6.92 0.0433

1.0Q

25 4.51 0.0258

0.011230 5.20 0.0300
35 5.80 0.0319
40 6.63 0.0370

1.2Q

25 2.93 0.0184

0.010830 3.61 0.0213
35 4.49 0.0244
40 5.45 0.0292

14 Shock and Vibration



periodicity of the radial force and the sensitivity to the
vibration of the pump unit, the acceleration sensor is
arranged at the connection between the volute and the
connecting body, as shown in Figure 16. *e vibration
sensor used in the test is INV9832 acceleration sensor, and
the noise signal is collected by INV3020 series high
performance 24 bit data acquisition system. *e sampling
frequency is 10 kHz and the sampling time is 60 s and is
analyzed by DASP software.

*e formula between vibration velocity and vibration
intensity is as shown formula (3), where vi is the vibration
velocity of monitoring point (mm/s) and Vrms is the vi-
bration intensity (mm/s). *e vibration intensity indicates
the severity of vibration, and it is expressed by the RMS of
vibration velocity at the specified point. *e results of vi-
bration intensity test on the prototypes of model 25 and
model 35 are shown in Figure 17. It can be clearly seen that
the vibration intensities of model 25 and model 35 are
consistent with the changing trend with the flow. *e vi-
bration intensities of model 25 and model 35 are the largest
at a small flow rate and decrease as the flow rate increases,
which is consistent with the trend of the simulation analysis
results of the radial force in the pump. At the flow rate of
0.8Q, 1.0Q, 1.2Q, and 1.4Q, the vibration intensities are less
than 2.5mm/s. *e vibration intensity of model 25 is about
0.2mm/s less than that of model 35 at the same flow rate,

which indicates that the blade outlet angle has a significant
influence on the radial force of the pump and the vibration of
the pump unit.
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Figure 16: Schematic diagram of pump measuring point. 1. Inlet
pipe. 2. Volute. 3. Outlet pipe. 4. Measuring point. 5. Connecting
body.
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Figure 15: Experimental and numerical performance curves.
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6. Conclusions

(1) *e main frequency of the radial resultant force on
the impeller and the blades are the APF. *ere are
peaks at the BPF and blade frequency multiplier. *e
main frequency of impeller torque fluctuation is the
BPF. *ere are peaks at blade frequency multiplier,
and the peak value gradually decreases.

(2) *e radial forces of the impeller and the blades in-
crease with the increase of the blade outlet angle at
the same flow rate. With the same blade outlet angle,
the radial forces decrease with the increase of the
flow rate. *e roundness of radial force vector di-
agram becomes more obvious with the decrease of
the blade outlet angle.

(3) *e RMS of radial resultant force on the blades is
about 27%–33% of that on the impeller, which is
mainly distributed around 30%.

(3) At the same flow rate, the main frequency and
maximum fluctuation amplitudes on the impeller
and the blades increase with the increase of the blade
outlet angle. Meanwhile, the impeller torque increase
with the increase of the blade outlet angle.

(4) With the same blade outlet angle, the main fre-
quency, maximum fluctuation amplitudes, and the
impeller torque decrease with the increase of the flow
rate. *e amplitude difference decreases with the
increase of the flow rate.

(5) *e blade outlet angle has an obvious greater in-
fluence on the radial force of the impeller and the
blades under the small flow rate condition than other
flow rate conditions.

(6) *e simulation precision of model 35 pump head is
controlled within 1.2% under the design flow rate
condition, and the model can accurately simulate
and predict the pump hydraulic performance.

(7) *e vibration test of model 25 and model 35 prototype
shows that the vibration intensities of the pump unit
are less than 2.5mm/s under 0.8Q, 1.0Q, 1.2Q, and
1.4Q flow rate conditions. *e vibration intensity of
model 25 is about 0.2mm/s less than that of model 35.
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D2: Impeller outlet diameter
D3: Volute base circle diameter
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Fb: RMS of radial force on the blades
Fi: RMS of radial force on the impeller
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