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Inadequate blade angle adjustment or manufacturing errors will cause inconsistencies in the blade angle of an axial-flow pump. In
this study, the hydrodynamic characteristics of an axial-flow pump with inconsistent blade angle are investigated by analyzing
hydraulic performance and pressure pulsation. )e analysis is conducted by performing a numerical simulation combined with a
model test. Results show that, relative to the case without blade angle deviation, the case with blade angle deviation exhibits
changes in the periodicity of the flow field in the impeller. Such changes result in uneven pressure changes in the impeller passage.
)e pressure pulsation induced by the blade angle deviation is mainly low-frequency pulsation; that is, it is twice the rotation
frequency. )e amplitude of the main frequency pulsation is 1.5–3 times that of the blade without angle deviation. )is low
frequency that dominates the whole pump device easily causes the vibration and weakens the safety and stability of the pump.)e
blade angle deviation exerts great influence on the unsteady characteristics. Hence, blade angle deviation seriously affects the safe
and stable operation of axial-flow pumps and pump stations.

1. Introduction

Axial-flow pumps are characterized by a low head and large
flow, and they mainly rely on the rotation of impellers to
convert the work into the kinetic energy and pressure energy
of water. )ese pumps are widely used in the East Route
Project of the South-to-NorthWater Diversion in China and
they play an important role in agricultural irrigation, urban
water supply, and drainage [1–6]. At present, large-scale
pump station projects generally adopt fully adjustable im-
pellers. Blade angles are adjusted in time according to the
operation requirements to achieve energy-saving and safe
operations. In recent years, with the development of com-
puter technology and CFD technology, the numerical
simulation has become an important means to analyze the
internal flow and hydraulic characteristics of pump devices

[7–10]. Many experts and scholars at home and abroad have
studied the influence of blade angle on pump devices, and
they have mainly focused on the effects of blade angle
changes on the saddle zone characteristics, cavitation
characteristics, and unsteady characteristics of pump device
[11–16]. References [17–19] used the numerical simulation
to study the effects of impeller outlet angle on the hydraulic
performance, vibration characteristics, and noise of cen-
trifugal pumps. Wang et al. [20] explored that the influence
of the variation law of blade release angle on turbine hy-
draulic performance. Cui et al. [21] found that the suitable
cutting of the blade tailing angle can improve the hydraulic
performance, unstable flow, and vibration of the centrifugal
pump. Liu et al. [22] found that with an increase in the blade
rotation angle, the best efficiency point shifts toward a large
flow condition under the pumpmode and turbine mode; the
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authors also analyzed the evolution of the tip leakage vortex
when the blade rotation angles are 4° and −4°. Peng et al. [23]
showed that increasing the blade outlet angle pair reduces
the cavitation performance of a multistage submersible
pump with a low specific speed and increase the flow sep-
aration of the blade working surface. Feng et al. [24] set up a
mathematical model based on the basis of the minimum
daily operating cost of a pump station and summarized the
influence of adjusting the blade angle frequency on the
optimal operation of the pump station; they proposed to
adjust the blade angles four to six times a day. Wei et al. [25]
analyzed the influence of the inlet angle of a diffuser blade on
the performance of a submersible pump and found that the
maximum power point moves toward a large flow with an
increase in blade inlet angle and that the range of the high-
efficiency zone becomes wide. Kim et al. [26] performed a
multidisciplinary optimization of a submersible axial-flow
pump by using a hybrid multiobjective evolutionary algo-
rithm and adopting the impeller’s sweep angle and pitch
angle as the design variables; the results showed the im-
proved hydraulic performance of the pump. For a fully
regulated impeller, the angle of each blade may vary if the
adjustment is not smooth during the blade adjustment
process. As the flow in the impeller passage is complex
turbulent motion, it affects the safe operation and overall
hydraulic performance of a pump. Bing and Cao [27, 28]
found that a partial rotation deviation of a mixed-flow pump
affects the performance of the pump device and reduces the
symmetry and uniformity of the pressure distribution in the

mixed-flow pump.)e above mainly introduces the research
results of the blade angle, and there are many research
[29–31] results on the hydraulic characteristics, internal flow
mechanism, and pulsation characteristics of the pump.

Blade angles are not always adjusted properly, and
manufacturing errors are inevitable in axial-flow pumps.
)ese conditions lead to blade angle deviations in axial-flow
pumps. In the current work, the numerical simulation and
the model test are combined to study the characteristics of
the internal and external flow of a pump device and its
pressure pulsation under blade angle deviation. )e results
are expected to improve the understanding of blade angle
deviation and serve as a reference for the safe and stable
operation of pumps.

2. Numerical Calculation

2.1. Governing Equations. A continuous equation is applied
in this work on the basis of the finite volume method. )e
pump’s inner flow field, that is three-dimensional incom-
pressible turbulent flow, is described by the Navier–Stokes
equation. )e turbulent model adopts k-ε turbulence model,
which modifies turbulent viscosity considering the average
flow of rotation and rotation flow, and can better handle the
high strain rate and degree of streamline curvature flow.

In the standard k-ε turbulence model, k and ε are two
basic unknowns, and the corresponding transport equation
is
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whereGk is the generation term of turbulent kinetic energy k
caused by average velocity gradient, Gb is the generation
term of turbulent kinetic energy k caused by buoyancy, YM is
the contribution of pulsation expansion in compressible
turbulent pulsation, C1ε, C2ε, and C3ε are empirical con-
stants, σk and σε are the Prandtl numbers corresponding to
turbulent kinetic energy k and dissipation rate ε, respec-
tively, and Sk and Sε are the user-defined source terms.

2.2. Calculation Model. Figure 1 shows the three-dimen-
sional turbulence model of the pump device in this work.
)e numerical simulation domain mainly includes the inlet
pipe, inlet cone pipe, impeller, guide vane, and outlet pipe.
)e calculated parameters of the pump are as follows: the
number of impeller blades is 4, the number of guide vane
blades is 7, the rotation speed (n) is 1450 r/min, the diameter
of the impeller (D) is 300mm, the hub ratio (dh) is 0.4, and

the design flow (Qd) is 360 L/s. Tip clearance is not con-
sidered in the calculation.

2.3. Grid Independence Analysis. Unstructured grid division
is applied to the axial-flow pump’s impeller, whereas
structured grid division is applied to the inlet pipe, inlet cone
pipe, guide vane, and outlet pipe. Local grid encryption is
carried out on the twisted parts, such as the impeller and
guide vane, to ensure the accuracy of the numerical simu-
lation. As the degree of grid density exerts great influence on
the accuracy of the numerical simulation, this work analyzes
the grid independence of the impeller and takes efficiency as
the index of the grid independence evaluation (Figure 2). As
shown in Figure 2, when the grid in the impeller increases to
2.4 million, the pump efficiency fluctuates steadily with the
increase of the grid number, and the relative efficiency
changes within 1%, thus meeting the requirements of grid
independence. )erefore, this study selects 2.4 million

2 Shock and Vibration



impeller grids on the basis of the results of the grid inde-
pendence analysis (Figure 3).

2.4.7e Boundary Conditions. In the steady calculation, the
inlet condition is set to the total pressure with a value of
1 atm, and the outlet boundary is set to mass flow. )e
standard wall function is used in the near-wall area, while the
wall is set to have no-slip condition. )e interface between
the impeller and the guide vane is set to a “stage model” with
the average circumferential speed. Transient simulation
calculation is performed on the basis of the steady calcu-
lation results. )e interface between the impeller and the
guide vane in the unsteady calculation is set to a “transient
rotor interface model.” Each time step of unsteady calcu-
lation, that is, the time required for the impeller to rotate by
3°, is 3.45×10−4s. )e total time refers to the time required
for the impeller rotating 6 revolutions.

To ensure the convergence of the numerical simulation
results, this study takes the change of efficiency monitoring
value as the judgment basis (Figure 4). Figure 4 shows the
curve of the efficiency monitoring point with the number of
iterative steps. When the number of iterative steps reaches

1,000, the efficiency monitoring value tends to be stable. By
taking computer performance and other factors into con-
sideration, this study sets the number of iterative steps to
1,200.

2.5. Scheme Setting. In this paper, blade angle deviation
refers to the inconsistency in the changes in blade angle
during blade angle adjustment. In the absence of deviation,
the angles of the four blades are consistent, as shown in
Figure 5(a). )e direction of blade adjustment is positive in
the counterclockwise direction around the center of the
blade chord (Figure 5(b)). )e blade angle deviation in this
work is set as symmetrical deviation; that is, the angles of two
symmetrical blades are the same. )is study mainly focuses
on the steady and unsteady characteristics of a pump device
with symmetrical blade angle deviation and without blade
angle deviation. )e scheme design is shown in Table 1.

3. Model Test

In this study, an axial-flow pump device is taken as the test
object. )e physical model includes an inlet pipe, inlet cone
pipe, impeller, guide vane, 60° elbow pipe, and outlet pipe.
)e number of blades is 4, the number of guide vanes is 7, the
blade angle is 0°, the impeller diameter (D) is 300mm, the
hub ratio (dh) is 0.4, and the tip clearance is controlled
within 0.2mm. )e model diagram of the impeller, guide
vane, and pump device is shown in Figure 6.

)e physical model test on the pump device was con-
ducted on a high-precision hydraulic machinery test bench
of the Key Laboratory of Hydraulic and Power Engineering.
)e device is a vertical closed circulation system. No less
than 18 performance test points are collected. )e com-
prehensive error of the efficiency test system is ±0.39%. )e
reliability of the numerical simulation results of the pump
device is verified accordingly.

Figure 7 compares the performances of the pump device
predicted by the numerical simulation and model test with
four blade angles of 0°. )e numerical simulation results are
basically consistent with the overall trend of the model test.
Under the design condition, the head of the numerical
simulation is 5.78m, and the efficiency is 85.01%.)e model
test head is 5.29m, of which the head error is 0.49m; and the
efficiency is 84.5%, of which the efficiency error is 0.51%.)e
difference between the numerical simulation and the model
test is small, thus indicating that the numerical simulation
results have high accuracy and that the calculation results are
credible. At the same time, because of the existence of tip
clearance in the test, the head and efficiency errors under the
off-design conditions are large. In sum, the numerical
simulation results under the design conditions are reliable.

4. Results and Discussion

4.1. Energy Performance Prediction. )e pump head is cal-
culated by the Bernoulli equation, and the pump perfor-
mance is predicted by the torque acting on the blade and
hub.

)e head equation is shown as follows:

i ii iii iv v

Figure 1: Axial-flow pump device model. (i) Inlet pipe. (ii) Inlet
cone pipe. (iii) Impeller. (iv) Guide vane. (v) Outlet pipe.
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Figure 2: Grid independence analysis.
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ρg
, (2)

where Pout is the total pressure at outlet section of pump
device, Pa; Pin is the total pressure at inlet section of pump
device, Pa; and g is the local acceleration of gravity, m/s2.

)e efficiency equation is shown as follows:
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Figure 4: Efficiency curve with iteration step.

1

4 2

3

(a)

+4°
0°

(b)

Figure 5: )e blade angle distribution. (a) )e label of the blade. (b) Blade angle figure.

Figure 3: )e grid of the impeller.

Table 1: Design scheme table.

Scheme number
Blade angle (°)

1 2 3 4
I 0 0 0 0 No deviation
II 0 +4 0 +4 Symmetrical deviation
III +2 +2 +2 +2 No deviation
IV +4 +4 +4 +4 No deviation
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where Tp is the impeller torque, N·m and ω is the angular
velocity of the impeller, rad/s.

According to Figure 8, the blades in Scheme I, Scheme II,
and Scheme IV have no angle deviation. With an increase in
blade angle, the head and efficiency curve shift to the large
flow condition. Hence, the workability of each blade is
enhanced, and the best efficiency of the pump device for each
scheme basically remains unchanged.

Comparing Scheme II and Scheme III reveals that the
performance curves of the pump device in Scheme II and
Scheme III are basically identical. From the perspective of
energy performance comparison, the workability of the
blades in Scheme II (two blades with an angle of 0° and two
blades with an angle of +4°) and that in Scheme III (four
blades with an angle of +2°) are basically consistent.

4.2. Blade Surface Pressure Analysis. )e blade pressure
surface of each scheme is shown in Figure 9, and the blade

(a) (b)

(c)

Figure 6: Model device. (a) Impeller. (b) Guide vane. (c) Pump installation with (i) inlet pipe, (ii) inlet cone pipe, (iii) impeller, (iv) guide
vane, (v) 60° elbow pipe, and (vi) outlet pipe.
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suction blade is shown in Figure 10. )e pressure gradients
of the four blade pressure surfaces in Scheme I, Scheme III,
and Scheme IV are uniform. )e pressure on the blade
suction surface decreases first and then increases from the
blade inlet to the blade outlet. When Q�Qbep and with the
angle of the pump blades in Schemes I, III, and IV gradually
increasing, the range of the high-pressure area at the shroud
of the blade pressure surface broadens, along with the range
of the low-pressure area on the suction surface of each blade.
Hence, the workability of the blade is enhanced. However,
under the same flow condition, with the increase in blade
angle, the low-pressure area at the blade suction surface
gradually increases. )is result indicates that the cavitation
performance of the pump is reduced and that cavitation is
likely to occur when the blades operate at a large angle.

According to Figures 9(b) and 10(b), when the angles of
the four blades are inconsistent, the pressure distribution
trends of the symmetrical blades are consistent. Comparing
the pressure distributions on the blade surfaces in Scheme II
and Scheme III reveals that although the energy perfor-
mances of the impeller in the two schemes are similar, the
pressure distributions on the pressure and suction surface of
each blade are inconsistent. In Scheme II, due to the de-
viation of each blade angle, the adjacent blades influence one
another. Blade nos. 2 and 4 with large angles show a large
pressure difference and strong workability. At the same time,
blade nos. 1 and 3 with small angles show a small pressure
difference and weak workability. In Scheme III, the pressure
distributions on the blade surfaces are uniform, and the
workability levels are equal.

4.3. Analysis of Flow Field in Impeller. To compare the flow
characteristics in the impeller passage of the axial-flow pump
and investigate the flow rule in the impeller, this study
establishes a velocity streamline at the blade spans of 0.1, 0.5,
and 0.9. )e blade span distribution is shown in Figure 11.

Figures 12 and 13 show the velocity streamline for the
blade spans in Scheme II and Scheme III under the optimal
working condition. At the leading edge of the blade, the
inflow is inclined to the blade suction surface because of the
change of inlet attack angle, thus leading to a relatively
higher velocity concentrating on the leading edge of the
blade suction surface. In Scheme II, when the angles of two
blades (nos. 2 and 4) with deviation change to 4° sym-
metrically, the uniformity of the flow field between each
blade passage worsens, and the distribution of velocity at the
leading edge of the suction surface between the adjacent
blades is inconsistent. At the same time, the velocity of a 4°
blade angle is higher than that of a 0° blade angle; in the
former case, cavitation is relatively easy to induce.

At the span� 0.1, obvious leakage occurs at the outlet of
the impeller between the two passages with angle deviation.
It is due to the high-speed flow from the suction tailing of the
blade with angle deviation to the front of the next adjacent
blade (nos. 1 and 3), and it exerts an impact on the flow field
in the passage. As the angles of blades no. 1 and no. 3 are
small, the blade passage flow rate is relatively low, and the
flow is a mix of low-speed flow and high-speed flow. )is
condition exacerbates the passage of turbulent disturbance,
reduces the flow rate, and forms unstable flow states such as
leakage. At the span� 0.5 and 0.9, the low-speed zone de-
velops into a 0° blade pressure surface, which affects the
workability of the blade shroud.

)e flow fields at the blade span in Scheme III are
compared, and the results reveal that the flow field in the
pump is uniform and stable with good periodicity between
each blade passage. Moreover, no unstable flow, such as
leakage and vortex, is observed.

4.4. Analysis of Shaft Power Analysis. Figure 14 shows the
power variation curves of the blade under the optimal
working conditions within the two impeller rotation cycles.
With the rotation of the impeller, the axial power curve in
Scheme III shows periodic changes with small fluctuations
and obvious regularity. )e maximum amplitude of the
variation is 0.036 kW, and the average axial power is
24.339 kW. )e axial power in Scheme II is unstable and
fluctuates greatly during the impeller’s rotation period. )e
maximum amplitude of the variation is 0.056 kW, which is
1.56 times that in Scheme III. )e average axial power is
24.341 kW. In Scheme II, the angle deviation of each blade
leads to uneven pressure changes in each impeller passage
and uneven forces on each blade surface. )is condition
consequently results in large shift power fluctuations. Such
fluctuations affect the service safety of the impeller and cause
fatigue damage and vibration in the blade.

5. Analysis of Pressure
Pulsation Characteristics

A total of 12 monitoring points are uniformly arranged from
the shroud to the hub in the impeller inlet, impeller outlet,
and guide vane outlet to further analyze the influence of
blade angle deviation on the pressure pulsation performance
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of the axial-flow pump device. )emonitoring points P1–P4
are set at the impeller inlet, the monitoring points P5–P8 are
set at the impeller outlet, and the monitoring points P9–P12
are set at the guide vane outlet (Figure 15). )e rotating
frequency fn and pressure pulsation coefficient Cp are used to
characterize the internal pressure pulsation characteristics of
the pump device.

)e rotating frequency equation is shown as follows:

fn �
60F

n
, (4)

where F is the frequency obtained by fast Fourier transform,
Hz and n is rotation speed, r/min.

)e pressure pulsation coefficient equation is shown as
follows:

Cp �
P − Pave

0.5ρu
2 , (5)

where P is the instantaneous pressure, Pa; Pave is the average
pressure, Pa; and u is the circumferential velocity of impeller,
m/s.
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Figure 9: Pressure distribution of impeller pressure surface in different schemes (Q�Qbep). (a) Scheme I. (b) Scheme II. (c) Scheme III. (d)
Scheme IV.
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Figure 10: Pressure distribution of impeller suction surface in different schemes (Q�Qbep). (a) Scheme I. (b) Scheme II. (c) Scheme III. (d)
Scheme IV.
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5.1. Pressure Pulsation Characteristics of Impeller Inlet.
According to the time domain characteristics of each
monitoring point at the impeller inlet in Figure 16, the
impeller inlet pressure pulsation in Scheme II and that in
Scheme III show obvious periodicity. Moreover, the pressure
pulsation decreases gradually from the shroud to the hub,

but the periodicity of the two schemes is inconsistent.
Scheme III shows the good periodicity of the pressure
pulsation at each monitoring point and a uniform pressure
fluctuation. )e pressure pulsation in Scheme II is obviously
higher than that in Scheme III. )e peak-to-peak pulsation
values of the monitoring points from the shroud to the hub

Span = 0.9

Span = 0.5

Span = 0.1

Figure 11: Span distribution.
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Figure 12: )e velocity streamline of each span in Scheme II (Q�Qbep). (a) Span� 0.1. (b) Span� 0.5. (c) Span� 0.9.
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Figure 13: )e velocity streamline of each span in Scheme III (Q�Qbep). (a) Span� 0.1. (b) Span� 0.5. (c) Span� 0.9.
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are about 1.53, 1.54, 1.56, and 1.61 times those in Scheme III.
)ese results indicate that the angle deviation in each blade
increases the pressure pulsation of the impeller inlet.

According to Figure 17, the frequency domain charac-
teristics of the pressure pulsation in Scheme II and Scheme
III are 4 times the rotation frequency (RF� fn � 23.56Hz),
which is the blade passing frequency (BPF� 4fn � 94.22Hz).
)e amplitude of pressure pulsation increases gradually
from the hub to the shroud. )e harmonic frequency in
Scheme III is 8 times the RF. )e harmonic frequency in
Scheme II is 2 times the RF. In Scheme II, the pulsation
amplitudes of the harmonic frequency from the shroud to
the hub account for 70.13%, 71.92%, 79.35%, and 90.81% of

the main frequency amplitudes, respectively. )is low-fre-
quency pulsation greatly influences the stable operation of
the pump and induces impeller vibration in severe cases.

5.2. Pressure Pulsation Characteristics of Impeller Outlet.
)e time domain characteristics of each monitoring point at
the impeller outlet shown in Figure 18 indicate that the
regularity of the impeller outlet’s pressure pulsation in
Scheme II and that in Scheme III are worse than those of the
impeller inlet. Moreover, the peak pulsation value is obvi-
ously lower than that of the impeller inlet, and it accounts for
less than 18% of the peak value at the impeller inlet. )e
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Figure 14: Power variation curve of blade shaft (Q�Qbep).

Figure 15: Distribution of monitoring points.
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pressure pulsation decreases gradually from the shroud to
the hub. )e peak-to-peak values of the pressure pulsation
coefficients at each monitoring point in Scheme II are about
2.93, 2.63, 2.46, and 5.48 times those in Scheme III, re-
spectively. )e fluctuation of the pressure pulsation am-
plitude at the hub is obvious and is mainly due to the
unstable flow, such as leakage, which corresponds to the flow
field mentioned previously.

According to Figure 19, different from the pressure
pulsation at the inlet of the impeller, the main frequency at
the outlet section of the impeller in the Scheme II is twice the
RF; the harmonic frequency is the BPF; and the main fre-
quency amplitudes from the shroud to the hub are 0.048,
0.04, 0.031, and 0.016, respectively. )e low-frequency
pressure pulsation is dominant, and it may be caused by the
large low-frequency fluctuation induced by the unstable
flow, such as leakage and vortex. )e main frequency of
Scheme III is the BPF and the harmonic frequency is 8 times

the RF. Hence, the main frequency at the outlet of the
impeller is still affected by the blade, and the maximum
pressure pulsation amplitude of the frequency domain is
0.017, which accounts for 35.42% of that in Scheme II.
Compared with the frequency domain characteristics of the
impeller inlet, the main frequency of the pressure pulsation
induced by blade angle deviation at the impeller outlet is
transformed into low frequency (twice the RF). Such low
frequency easily causes the vibration of the impeller and
endangers the safety and stability of the pump.

5.3. Pressure Pulsation Characteristics of Guide Vane Outlet.
)e time domain of each monitoring point at the outlet of
the guide vane in Figure 20 shows that the pressure pulsation
at the outlet of the guide vane is obviously smaller than that
in the impeller. )e pressure fluctuations under the two
schemes are periodic, but the peak pressure changes in the
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Figure 16: Time domain of each monitoring point at the impeller inlet (Q�Qbep). (a) Scheme II. (b) Scheme III.
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Figure 17: Frequency domain of each monitoring point at the impeller inlet (Q�Qbep). (a) Scheme II. (b) Scheme III.
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two schemes are disordered and have poor regularity.
Moreover, the second harmonic changes are obvious. Al-
though the uneven pressure fluctuation caused by blade
angle deviation decreases more obviously than that in the
impeller inlet after the recovery effect of the guide vane, the
pressure pulsation of Scheme II is still 2-3 times that of
Scheme III.

According to Figure 21, the main frequency at the outlet
of the guide vane in Scheme II is still twice the RF; the
harmonic frequency is the BPF. )e main frequency pul-
sation corresponding of guide vane outlet only accounts for
4.37% of that of the impeller inlet and for 14.55% of that of
the impeller outlet. In Scheme III, except for the main
frequencies of the monitoring point P9 of the shroud (i.e.,
BPF), the main frequencies of the other monitoring points
are 8 times the RF, and the harmonic frequencies are the

BPF. )e pressure pulsation caused by blade angle deviation
exerts a great influence on the pressure pulsation charac-
teristics in the pump device. )e main frequency of pressure
pulsation at the outlet of the guide vane is still low frequency
(twice the RF), which indicates that the whole operation
condition of the pump is in a low-frequency pulsation. )is
poses great danger to pump safety.

By comparing the pressure pulsation at the sections in
Scheme II and Scheme III, this study finds that the pressure
pulsation amplitude at the inlet of the impeller is the largest.
Blade angle deviation induces uneven pressure fluctuation.
)e amplitude of pressure pulsation is 1.5–3 times that of the
blade without angle deviation at different positions in the
pump device, and the regularity of pressure fluctuation in
each impeller rotation period is poor. At the same time, the
frequency of each section of Scheme II is mainly low
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Figure 19: Frequency domain of each monitoring point at the impeller outlet (Q�Qbep). (a) Scheme II and (b) Scheme III.
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Figure 18: Time domain of each monitoring point at the impeller outlet (Q�Qbep). (a) Scheme II. (b) Scheme III.
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frequency. On the one hand, this low-frequency fluctuation
causes an uneven force on the impeller surface and fatigue
damage in the structure. On the other hand, it can easily
cause pump resonance when the frequency of pressure
pulsation is close to the natural frequency of the pump
device.

6. Conclusions

In this study, the hydraulic characteristics and pressure
pulsation of an axial-flow pump under the condition of blade
angle deviation are analyzed by means of the numerical
simulation and model test. )e main conclusions are as
follows:

(1) With no deviation of the blade angle, as the blade
angle increases, the head of the pump increases.

Moreover, the efficiency and head curves shift to
large flow conditions. When the blade angle is de-
viated, the adjacent blade exerts a mutual influence.
As the blade angle is large, the pressure difference on
the blade surface is large. As the blade angle is small,
the pressure difference on the blade surface is small.
)e pressure distributions of the pressure and suc-
tion blade surfaces in each blade are inconsistent.

(2) When the blade angle is deviated, the flow field in the
pump is not uniform. Because of the change of the
inlet attack angle, the flow velocity on the leading
edge of the blade suction with a large angle is high,
and cavitation easily occurs. )e uniformity of the
flow field between each blade passage worsens, and
the velocity distribution at the leading edge is
inconsistent.
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Figure 20: Time domain of each monitoring point at the guide vane outlet (Q�Qbep). (a) Scheme II. (b) Scheme III.
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Figure 21: Frequency domain of each monitoring point at the guide vane outlet (Q�Qbep). (a) Scheme II. (b) Scheme III.
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(3) When the blade angle is deviated, the shaft power is
unstable during the rotation period of the impeller.
Moreover, the main frequency of the impeller inlet is
the BPF, and that at the outlet of the impeller and the
outlet of the guide vane is twice the RF, which is
mainly low-frequency pulsation. Moreover, the
pulsation amplitude at different positions in the
pump device is obviously higher than that of the
blade without angle deviation. Without any devia-
tion in the blade angle, the shaft power changes
periodically, showing obvious regularity and causing
the small fluctuation.)emain frequency of pressure
pulsation at each section is the integer times of the
BPF.

)e blade angle deviation in the impeller exerts re-
markable effects on the flow fields and vibration in the axial-
flow pump. Hence, it requires extensive research attention.

Abbreviations

D: Impeller diameter, mm
Qd: Design flow, L/s
Q: Flow, L/s
dh: Hub ratio
ρ: )e density of flow, kg/m3

Pout: Total pressure at the outlet section of pump
device, Pa

Pin: Total pressure at the inlet section of pump
device, Pa

g: Local acceleration of gravity, m/s2
H: Head, m
η: Efficiency, %
Tp: )e impeller torque, N·m
ω: )e angular velocity of the impeller, rad/s
F: )e frequency obtained by fast Fourier

transform, Hz
n: Rotation speed, r/min
P: )e instantaneous pressure, Pa
Pave: )e average pressure, Pa
u: )e circumferential velocity of impeller, m/s
bep: Best efficiency point
Cp: Pressure pulsation coefficient
fn: RF rotating frequency, Hz
BPF: Blade passing frequency, Hz
Gk, Gb: )e generation term of turbulent kinetic energy

k
YM: )e contribution of pulsation expansion
C1ε, C2ε,
C3ε:

Empirical constants

σk, σε: )e Prandtl numbers corresponding to
turbulent kinetic energy k

σε: )e Prandtl numbers corresponding to
dissipation rate ε

Sk, Sε: User-defined source terms
ui: )e fluid velocity component in the direction of

the coordinate xi, m2/s
t: )e time, s
S: A generalized source term.
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