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A novel split-type air conditioning system is introduced to balance usability and portability. Unlike conventional split-type
systems, where the compressor is typically placed outside, this system situates the compressor within the indoor unit, which may
expose users to compressor noise. Tere are prominent peaks in the compressor noise spectrum, particularly at the compressor
operating frequency and its harmonics, notably the second and third harmonics. Te research presents a multilayered acoustic
enclosure specifcally designed for air conditioning compressors to address this issue without modifying the compressor or indoor
unit casing. In order to get better sound insulation performance, a response surface methodology (RSM) is applied to optimize the
thickness ratio, open area ratio, and open area height of the acoustic enclosure with predefned thickness. In addition, topological
optimization is employed to strengthen weak areas of the acoustic enclosure.Ten, experimental trials using the proposed acoustic
enclosure are conducted in a semianechoic chamber. Results demonstrate signifcant reductions in noise levels, including
7.99 dB(A), 5.69 dB(A), and 5.19 dB(A) reductions in the fundamental frequency, second harmonic, and third harmonic noise of
the compressor’s operating frequency, respectively.

1. Introduction

Te rapid advancement of technology leads to the pursuit of
an enhanced quality of life. Since thermal problems infu-
ence indoor environmental quality most [1, 2], air condi-
tioning units are continuously becoming the pivotal
appliances that cater to human comfort. To optimize space
utilization, some air conditioners include the compressor
within the indoor unit. However, this design choice comes
with an elevated noise level, which can afect the owner’s
experience.

In air conditioning noise reduction research, Choy
et al. [3] focused on noise reduction in air conditioning
duct systems and proposed a reinforced composite plate,
highlighting the efectiveness of methods such as carbon
fber and aluminum foil reinforcement in enhancing the

bending stifness and transmission loss at low frequencies.
Dandsena et al. [4] addressed the challenge of mitigating
low-frequency noise produced by split-type air condi-
tioner outdoor units using a tunable periodic array of
solid scatters, named sonic crystal with hollow com-
partments and perforations, achieving a signifcant overall
noise reduction of 7 dB. Mao et al. [5] investigated the
noise characteristics of two-stage centrifugal compressors
using a multilayer microperforated panel absorber
designed to reduce tonal noise, particularly at the outlet
pipe, and experimentally confrmed the noise reduction.
Wu et al. [6] applied a combined approach of dynamic
vibration absorption, sound absorption, and damping
technologies to the outdoor unit of split-type air condi-
tioners, achieving a 10 dB reduction in sound pressure
levels.
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Tese research objects are essentially air conditioners
with traditional structures. However, for new indoor units,
the scroll compressor, a crucial component in refrigeration
and heat pump systems, stands out as the primary source of
noise [7, 8]. Te issue of low-frequency noise is of utmost
severity. Due to engineering constraints on the compressor
type, passive noise reduction measures are often employed
to address such issues [9]. Damping materials are favored for
their capacity to deliver outstanding sound insulation per-
formance in passive control strategies [10, 11].

Wodtke et al. [12], through optimizing the combination
of damping layers and concentrated mass, achieved a sig-
nifcant reduction in the low-frequency, wideband radiated
sound power by reallocating unconstrained damping layers.
Teng et al. [13] utilized the Ross–Kerwin–Unger (RKU)
model to analyze the impact of design parameters on the
vibration-damping characteristics of constrained damping
structures. Li and Liang [14] analyzed the sound radiation
characteristics of unconstrained damping plates under unit
point excitation, utilizing response surface methodology
(RSM) to determine the optimal plate thickness and material
parameters to minimize the sound power. Axel et al. [15]
introduced an integrated approach, assessing the presence or
absence of damping plates from the perspective of noise
transmission loss. Topological optimization is one of the
common methods to improve the sound insulation per-
formance of panels [16]. Zhang et al. [17] presented a study
on the sensitivity analysis and topological optimization of
attached damping layers to minimize sound radiation from
vibrating shell structures under harmonic excitations. Wu
et al. [18] focused on topological optimization techniques for
enhancing the dynamic performance of constrained
damping plates under the infuence of frequency and
temperature characteristics of damping materials.

In a confned space, composite panels are constrained by
a limited thickness. Minimal efort and cost are required for
reinforcing fat panels, resulting in an increased structural
rigidity with minimal mass addition, thus enhancing the
noise reduction performance [19]. Teoretical and experi-
mental investigations of externally reinforced panels for
industrial machinery noise control were conducted by Lee
et al. [20], with the numerical results closely aligning with
experimental fndings. Cao et al. [21] theoretically in-
vestigated the acoustic properties of reinforced composite
panels using frst-order shear deformation theory, revealing
a notable impact of reinforcement on the acoustic feld. Shen
et al. [22] addressed the acoustic transmission issues of
periodically reinforced composite panels, by employing the
spatial harmonic method to solve the acoustic vibration
equation for periodic structures. Tey divided the acoustic
response of the reinforced composite panel into four regions,
providing insights into the acoustic design of orthogonally
reinforced composite panels. Zhang et al. [23] performed
multiobjective optimization on reinforced, high-sound-in-
sulating, viscoelastic-damping composite panels. By opti-
mizing the frst sound insulation valley value, the damping
layer insertion position, and the frst modal loss factor, they
improved the sound insulation performance of the com-
posite panel under reinforced constraints. Zhu et al. [24]

proposed an improved bidirectional evolutionary structural
optimization (BESO) technique for topological optimization
of a constrained layer damping treatment for the vibration
suppression of an experimental rack backplane and dem-
onstrated its efectiveness in achieving a reasonable layout
with enhanced efciency. Actually, diferent fow conditions
could have an impact on sound wave propagation [25],
which should be considered more in noise reduction.

Tere have been some research studies on noise re-
duction in traditional air conditioners, as well as theoretical
research on sound insulation panels. When it comes to air
conditioners including the compressor within the indoor
unit, traditional noise reduction becomes inapplicable, while
acoustic enclosure is a better choice. Tis paper addressed
the low-frequency noise problem of a new split-type air
conditioner by selecting steel plates and rubber as cost-
efective base materials and establishing a reinforced
acoustic enclosure within limited space constraints. Te
sound insulation performance is then optimized through
response surface analysis and topological optimization.

Te subsequent sections are organized as follows. Section
2 introduces the noise issues in the new split-type air
conditioning system. Section 3 outlines the design and
simulation optimization process of the acoustic enclosure.
Section 4 presents experimental research validating the ef-
fectiveness of noise suppression. Finally, Section 5 provides
conclusions.

2. The Noise Problem of the New Split
Air Conditioner

Traditional air conditioners can be categorized structurally
into split air conditioners and integrated air conditioners.
Te indoor unit of a split air conditioner typically includes
a supply air fan, an evaporator, and an associated piping,
while the outdoor unit comprises a condenser, a compressor,
a heat dissipation fan, and a piping system. Integrated air
conditioners, such as window units and portable air con-
ditioners, feature components including the supply air fan,
compressor, heat dissipation fan, condenser, and evaporator
within a single structure.

Split air conditioners, due to constraints in co-
ordinating the piping between indoor and outdoor units,
are fxed in position after installation and challenging to
move. Integrated air conditioners are easier to install and
move, as they have a more compact structure. However, in
terms of performance, split air conditioners, benefting
from the independent heating and cooling of indoor and
outdoor units, outperform integrated air conditioners of
the same power rating in terms of cooling and heating
efciency.

Terefore, as air conditioning applications become more
widespread, innovative demands on air conditioner structures
continue to emerge. To achieve the optimal balance between
performance and portability, a novel structural design for
split-type air conditioners is proposed in this work. Te
structural model of the indoor unit is depicted in Figure 1.

Figure 1 illustrates that this innovative split air condi-
tioner indoor unit includes a supply air fan, an evaporator,
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and the associated piping system. Wheels can be installed at
the bottom for easy mobility. Te outdoor unit, on the other
hand, consists only of a condenser and heat dissipation fan,
making it structurally simple. Te connection between the
outdoor and indoor units comprises the inlet and outlet
pipes of the condenser and the power lines for the heat
dissipation fan, allowing for easier arrangement. Tis air
conditioning structure is newly proposed by our cooperative
manufacturer.

However, due to the installation of the compressor inside
the indoor unit, this new split air conditioner requires
a more focused consideration of noise levels compared to
traditional split-type air conditioners. Te air conditioner
employs a scroll compressor, and its noise primarily consists
of high-frequency electromagnetic noise from the motor,
low-frequency mechanical noise from the compression
rotor, as well as valve plate sounds and fuid noise associated
with the opening and closing of internal valves. Te low-
frequency mechanical noise from the compressor is mainly
generated by the rotational frequency and the second-
harmonic and third-harmonic excitations, generally oc-
curring below 500Hz [26].

Figure 2 shows the survey results of an air condi-
tioning manufacturer. Te main source of the data is the
manufacturer’s regular inquiries with the air conditioning
users and after-sales feedback. As depicted in Figure 2, the
low-frequency noise produced by the compressor is
a crucial factor afecting user perception. Tis is especially
true when the compressor is located indoors, where
complaints about low-frequency compressor noise are
more prevalent. Investigations of the noise attenuation
characteristics reveal that, at the same distance, low-
frequency noise attenuates less than high-frequency
noise [27]. Terefore, researchers should give special
consideration to the low-frequency noise generated by the
indoor unit compressor in this particular structural design
of air conditioners.

In the development of air conditioning products, once
the compressor model is decided, it cannot be modifed, and
the inherent noise characteristics of the compressor unit
become fxed accordingly. Controlling the noise source of
the compressor proves challenging under these circum-
stances. Terefore, this study focuses on optimizing the
acoustic performance of the acoustic enclosure for the in-
door unit’s specifc noise characteristics.

3. Design and Simulation

3.1. Acoustic Enclosure-Type Design. Due to the pre-
determined spatial requirements of the compressor and its
piping system during the product design phase, the shape
and size of the acoustic enclosure must align with the spatial
constraints of the compressor and the outer casing of the air
conditioner indoor unit. Based on measurements from an
actual air conditioner model, it was determined that the
compressor and its piping system occupy approximately
180× 270× 420mm of space. In addition, due to limitations
in component spacing, designing an all-encompassing
acoustic enclosure, by excluding the bottom surface of the
compressor, requires maintaining a thickness of around
1mm. As depicted in Figure 3, the shape of the acoustic
enclosure is derived from the actual structural confguration
of the compressor unit.

Damping is a physical efect that impedes the relative
motion of objects and converts the energy of motion into
other forms of energy, and it is also a key factor in de-
termining the acoustic transmission performance of
a structure [28]. Consequently, due to the favorable me-
chanical properties of damping material, employing
a composite-constrained damping structure yields better
acoustic performance than a single-layer panel. Research has
confrmed the efectiveness of this method in noise re-
duction [29]. To meet practical engineering cost re-
quirements, the base and constrained layer use steel as
a material, while rubber serves as the damping layer. Te
schematic multilayer constrained damping structure is
shown in Figure 4(a), and the actual diagram is shown in
Figure 4(b). Simultaneously, considering the layout re-
quirements for the compressor piping, specifc openings of
equal height need to be placed on the two designated faces of
the acoustic enclosure, as depicted in Figure 5.

Tis paper employs RSM to explore the infuence of the
open area ratio, open area height, and damping layer
thickness ratio on the acoustic performance of the acoustic
enclosure.Te efects of these three parameters on the results
are not independent. It is difcult to obtain the optimal efect
if the infuence of each parameter on the acoustic enclosure
efect is explored separately. Te efect of the acoustic en-
closure is determined by the interaction of the three pa-
rameters. Hence, we have to use a method to represent the
interaction between parameters. Te purpose of RSM is to
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Figure 1: A structural model of the new air conditioner indoor unit.
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approximate the mapping relationship between a fnite
number of design variables and the output response value
through an explicit mathematical polynomial. Te core idea
behind RSM lies in using a limited number of experimental
trials to ft this explicit mathematical polynomial.

Te fundamental concept of RSM [30] involves
expanding variables based on the Taylor series to construct
a polynomial. Diferent forms of polynomials, such as linear,
quadratic, cubic, and higher-order polynomials, are chosen
based on the number and levels of design variables. A linear
polynomial is generally chosen to express the mathematical

relationship when there are few design variables and no
interactions among them. When there are interactions
among the design variables, a higher-order polynomial is
selected for ftting. Considering the trade-of between
computational accuracy and cost, this paper adopts a qua-
dratic polynomial to ft the response surface, expressed as
follows:
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Figure 2: Air conditioning manufacturer’s market research on air conditioning noise. (a)Te percentage of noise complaints for traditional
split air conditioners. (b) Te percentage of noise complaints for traditional one-piece air conditioners.
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Figure 3: Determination of the acoustic enclosure shape.
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Figure 4: Multilayer constrained damping structure. (a) Schematic diagram. (b) Actual diagram.
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where x represents the design variables, y is the output
response value,m is the number of design variables, c0 is the
constant term, ci is the coefcient of the linear term, cii is the
coefcient of the quadratic term, and cij is the coefcient of
the interaction term.

Te design variables, namely, the open area ratio (α),
open area height (β), and damping layer thickness ratio (c),
are defned as follows. Te open area ratio (α) represents the
ratio of the open area of the piping to the surface area, with
a specifed range of 0–0.2. Te open area height (β) is the
ratio of the open distance to the height of the acoustic
enclosure, assuming the sound source is at the middle
height, with a range of 0–0.5. Te damping layer thickness
ratio (c) is the ratio of the thickness of the damping layer to
the sum of the thicknesses on both sides, with a total
thickness of 1mm and a range of 0.05–0.35. When c is below
0.05, there is insufcient machining precision. Conversely, if
c exceeds 0.35, the metal plates of the acoustic enclosure
become excessively thin, resulting in inadequate support.

In this paper, the response surface output values are
assessed using the following two noise indicators:

(a) Low-frequency noise level (AVE1): the average of the
root-mean-square (RMS) values of the 0–100Hz
spectrum noise at a distance of 1m from the acoustic
enclosure, measured in dB(A).

(b) Broadband noise level (AVE2): the average of the
root-mean-square (RMS) values of the 0–1500Hz
spectrum noise at a distance of 1m from the acoustic
enclosure, measured in dB(A).

Terefore, in this paper, the expression to be evaluated is
as follows:

AVE1 � c0 + c1α + c2β + c3c

− c11α
2

− c22β
2

− c33c
2

+ c12αβ + c13αc + c23βc,

(2)

AVE2 � c0′ + c1′α + c2′β + c3′c

− c11′ α
2

− c22′ β
2

− c33′ c
2

+ c12′ αβ + c13′ αc + c23′ βc.

(3)

Establishing a high-precision and efcient response
surface model generally requires a rational experimental
design. Te selected sample points should sufciently refect
the characteristics of the entire experimental design space,
making it a crucial aspect of constructing the response
surface model. Commonly used methods for sample se-
lection include central composite design (CCD) [31], Latin
hypercube sampling design [32], orthogonal experimental
design [33], and Box–Behnken experimental design [34].
Considering the complexity of the mapping relationship
between design variables and output response values, the
central composite design method is adopted in this paper to
construct the sample space. Te experimental design yields
the experimental program as shown in Table 1.

Te noise indicators are calculated using the frequency
domain indirect boundary element method.

Te boundary element method (BEM), as compared to
the fnite element method (FEM), avoids the 3D meshing
issues associated with thin-walled structures, thereby en-
hancing the quality of the computational mesh [35]. Derived
from the BEM, the indirect boundary element method
(IBEM) signifcantly reduces the computational complexity
[36]. In the IBEM, Helmholtz integral equations are si-
multaneously established on both sides of the boundary.Te
subtraction of these two integral equations yields the cal-
culation of the sound pressure at any observation point, as
shown in equation (2).
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(4)

where σ(rq) represents the gradient of the normal pressure
on both sides of the surface and μ(rq) is the acoustic
pressure diference across the surface, and when one side
has an acoustic pressure p(rq2) � 0, μ(rq) � p(rq1). By

defning the observation points on the boundary with the
position vector rq, the relationship between the boundary
conditions and the unknown primary variables can be
established as

Open Area

Figure 5: A schematic diagram of the acoustic enclosure apertures.
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where υ(rq) represents the velocity at the surface rq of the
boundary model, ρ is the density of the medium, and ω is the
angular frequency of the medium’s motion. Te unknown
primary variables on the surface of the boundary element
model can be expressed in terms of the primary unknown
variables at the nodes of themodel and their shape functions.
Utilizing the variational principle, a general form can be
derived as

[A] x{ } � Fa􏼈 􏼉, (6)

where [A] represents a symmetric matrix determined by the
geometry of the boundary and the properties of the medium.
It is obtained through integration of the Green’s function
and its partial derivatives. x{ } denotes the primary unknown
variables on the surface of the boundary element model and
Fa􏼈 􏼉 is the excitation force function vector. Obtaining the
primary variables through equation (6), the sound pressure
at any point can then be calculated by using equation (4).

Te air conditioning compressor is a rotary compressor,
and its sound source characteristics comply with the al-
ternating expansion and contraction characteristics of a di-
pole sound source [37]. Terefore, a dipole sound source is
employed to simulate the compressor for simulation anal-
ysis, with the sound source positioned in the middle of the
acoustic enclosure. Te total thickness of the three-layer
material of the acoustic enclosure is 1mm, and multilayer
shell elements are used to simulate the constrained damping

structure during grid meshing. Te material parameters for
steel and rubber are set as shown in Table 2:

In this study, LMS Virtual.Lab was used for acoustic
computation. Tis is shown in Figure 6. Before acoustic
computation, structural models with diferent parameter
combinations are established and modal calculation is
performed to obtain modal information. Te modal in-
formation is imported into Virtual.Lab to use the IBEM
calculation module. Meanwhile, the acoustic mesh model is
established and imported into the calculation module.
According to the abovementioned analysis, the sound source
is a dipole sound source, and the propagation medium is air.
In order to simulate the installation base of the actual sound
shield, the bafe is set in the simulation. Te computational
feld is 2m× 2m square, the center of which is the geometric
center of the acoustic enclosure.

Noise calculations were performed for each test scenario.
According to the test standard of the air conditioning
manufacturer, the noise assessment point is located one
meter outside the compressor. So the feld point one meter
away from the sound source is selected as the noise response
point in the simulation. Te results were extracted as shown
in Table 3.

Te computational results of each test scenario were
compiled and RSM was performed. Te regression equation
for the response output values is shown in the following
equation:

Table 1: Te experimental program.

Number α β c

1 0.2 0.5 0.05
2 0.1 0.25 0.2
3 0.1 0.25 0.05
4 0.2 0 0.05
5 0 0 0.05
6 0.1 0 0.2
7 0.1 0.25 0.35
8 0.1 0.5 0.2
9 0 0.5 0.35
10 0 0 0.35
11 0 0.25 0.2
12 0.2 0 0.35
13 0.2 0.5 0.35
14 0 0.5 0.05
15 0.2 0.25 0.2
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AVE1 � 26.55 + 18.21α + 2.81β + 0.85c

− 63.00α2 − 4.54β2 − 2.64c
2

+ 44.68αβ + 1.69αc + 0.05βc,
(7)

AVE2 � 81.18 + 29.75α + 1.70β + 4.47c

− 93.8α2 − 2.46β2 − 9.40c
2

+ 21.87αβ − 7.56αc + 0.90βc.
(8)

Te interaction efects of the open area ratio α, the open
area height β, and the damping layer thickness ratio c on the
low-frequency noise level are illustrated in Figure 7. In
Figure 7(a), the central condition is set to be an open area
ratio α of 0.1, and Figure 7 depicts the interaction between
the open area height β and the damping layer thickness ratio
c. Figure 7(b), with a central condition of the open area
height β being equal to 0.25, demonstrates the interaction
between the open area ratio α and the damping layer
thickness ratio c on the low-frequency noise level. Finally,
Figure 7(c), with a damping layer thickness ratio c of 0.2,

shows the interaction between the open area height β and the
open area ratio α for the low-frequency noise level.

From Figure 7, it can be observed that the thickness ratio
of the damping layer has a relatively small impact on the
low-frequency noise level. In contrast, the open area ratio α
and open area height β exhibit signifcant efects, showing
a generally linear increase within the considered range.
Notably, the open area ratio α has a greater impact than the
open area height β on the low-frequency noise level, and the
proximity of the open area to the sound source position
amplifes the infuence of the open area ratio α.

Table 2: Material property parameters.

Material Density (kg/m3) Elastic modulus (MPa) Poisson’s ratio
Steel 7850 210000 0.3
Rubber 1200 100 0.47

Computational field

Baffle

Acoustic
enclosure

Acoustic
source

Figure 6: Te setup for acoustic computing.

Table 3: Noise calculation results for each test program.

Number α β c AVE1 (dB(A)) AVE2 (dB(A))
1 0.2 0.5 0.05 32.25 85.73
2 0.1 0.25 0.2 29.34 84.40
3 0.1 0.25 0.05 29.34 84.20
4 0.2 0 0.05 27.79 83.68
5 0 0 0.05 26.77 81.52
6 0.1 0 0.2 27.34 83.01
7 0.1 0.25 0.35 29.39 84.40
8 0.1 0.5 0.2 30.94 85.71
9 0 0.5 0.35 26.70 81.77
10 0 0 0.35 26.70 81.77
11 0 0.25 0.2 26.83 82.01
12 0.2 0 0.35 27.81 83.34
13 0.2 0.5 0.35 32.29 85.66
14 0 0.5 0.05 26.77 81.52
15 0.2 0.25 0.2 30.76 85.14
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Figure 8(a) explores the interactive efects of the open
area height β and the thickness ratio of the damping layer c

on the broadband noise level, considering an open area ratio
α of 0.1 as the central condition. Figure 8(b), with an open
area height β of 0.25 as the central condition, investigates the
interactive efects of the open area ratio α and the thickness
ratio of the damping layer c on the broadband noise level.
Figure 8(c), using a thickness ratio of the damping layer c of
0.2 as the central condition, examines the interactive efects
of the open area height β and open area ratio α on the
broadband noise level.

It is observed from Figure 8 that the impact of the open
area ratio α on the broadband noise level starts to plateau
after 0.1. Te open area height β maintains a linear positive
correlation with the broadband noise level, while the
thickness ratio of the damping layer c peaks around 0.2 in
the broadband noise level.

Considering practical manufacturing challenges, the f-
nal selection is an open area ratio α of 0.05, a damping layer
thickness of 0.05mm, and both base and constraint layer
steel plate thicknesses of 0.5mm, with the open area located
at the bottom of the wall.

3.2. Rigidity Optimization of the Acoustic Enclosure. Due to
the limited space inside the air conditioner, the total
thickness of the designed acoustic enclosure in the previous
section was only 1.05mm. Tis may result in insufcient
overall rigidity, leading to issues such as low-frequency
resonance and deformation. Terefore, it is necessary to
consider enhancing the rigidity of the acoustic enclosure.

First, to identify the weaker areas of the acoustic en-
closure, modal analysis is conducted to observe the modal
shape distribution. Modal analysis is a common method in
the feld of structural dynamics used to study the dynamic
characteristics of structures [38]. Modes represent the in-
herent vibrational characteristics of mechanical structures,
each with specifc natural frequencies and mode shapes.
Modal analysis reveals the characteristics of the main modes
within a certain frequency range where the structure is
susceptible to external or internal vibrations.

Te original fnite element model of the acoustic
enclosure is shown in Figure 5, and the block Lanczos
modal extraction method is employed to obtain the modal

analysis results. Since the compressor operates at a fre-
quency of 50 Hz, particular attention is given to the low-
order overall deformation modes of the acoustic enclo-
sure. Te modal frequencies and shapes are presented in
Table 4.

Analysis of the modal calculation results reveals that the
original acoustic enclosure exhibits distinct low-order res-
onance modes around the compressor operating frequency.
Additionally, the modal shapes indicate that maximum
displacements occur on the two broader faces of the original
enclosure. Terefore, considering previous research fnd-
ings, this study explores the reinforcement of the broader
faces of the original enclosure to enhance its overall rigidity.

In choosing a reinforcement approach, this study em-
ploys topological optimization using the solid isotropic
microstructures with penalization (SIMP) method. Te
model can be described as follows:

minf(x) � U
T
KU � 􏽘

i

u
T
i keui,

s.t. KU � P,

V(x) − V(0) � 􏽘

N

i

Vi xi( 􏼁 − V0 ≤ 0,

0≤ xi ≤ 1, i � 1, 2, · · · , N,

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨

⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

(9)

where P is the load vector, U is the displacement vector, K is
the overall stifness matrix, ke is the elemental stifness
matrix, x is the density matrix, composed of microelement
densities xi from the topological optimization, where the
total number of elements is denoted as N, and V0 represents
the upper limit constraint on the structural volume. Solving
the optimization model yields the density matrix under the
volume constraint.

In this method, the “element density” of each unit in the
design space is treated as a design variable. Te element
density is associated with the material parameters of the
structure and takes continuous values between 0 and 1. After
optimization, an element density of 1 (or close to 1) indicates
that the material at that unit location is crucial and should be
retained, while an element density of 0 (or close to 0) implies
that the material at that unit location is less important and
can be considered for removal, thereby achieving efcient
material utilization.

(a) (b) (c)

Figure 7: Interactions between variables on AVE1. (a) Interaction between β and c. (b) Interaction between α and c. (c) Interaction between
α and β.
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For the topological optimization settings, as shown in
Figure 9, the optimization plane is represented by a green
surface. Geometric constraints require fxing the lower part of
the acoustic enclosure. Te objective constraint aims to mini-
mize the overall fexibility of the optimization plane, corre-
sponding to maximizing stifness. Te load is applied in the
middle of the optimization plane to simulate the impact of the
compressor’s acoustic source on the acoustic enclosure. Te
results of the topological optimization are presented in Figure 10.

Analysis of the topological optimization results reveals
that retaining the red area in Figure 10 achieves the con-
dition of minimal volume while maximizing the rigidity.
Terefore, to enhance the original acoustic enclosure’s ri-
gidity, reinforcement within the red area is chosen for
optimal efectiveness.

Te topological optimization results exhibit extensions
at all four corners, with the purple points in Figure 11 re-
quiring particular attention. Tese results suggest that di-
agonal reinforcement has a more signifcant impact on the

rigidity of the acoustic enclosure than other forms of re-
inforcement.Terefore, considering cost and manufacturing
constraints, as depicted in the model on the right side of
Figure 11, we opt for the stamping of 0.3mm stainless steel
“X”-shaped ribs on the two wide surfaces of the original
acoustic enclosure. Tis approach yields a more efective
enhancement in rigidity.

To better illustrate the enhanced rigidity efect of the re-
inforcement, this study utilizes the block Lanczos modal ex-
traction method to compute the modal information for the
reinforced acoustic enclosure.Temodal results corresponding
to the same order as the original acoustic enclosure are ana-
lyzed, and the results are presented in Table 5.

Upon analysis, it is evident that, for the same order and
compared with the original acoustic enclosure, the acoustic
enclosure with added stainless steel “X”-shaped ribs expe-
riences an increase in modal frequencies from 47.928Hz to
54.053Hz to 117.62Hz and 143.04Hz, respectively. Te
overall maximum displacement decreases from 1.57 to 1.64

(a) (b) (c)

Figure 8: Interaction between variables on AVE2. (a) Interaction between β and c. (b) Interaction between α and c. (c) Interaction between
α and β.

Table 4: Te original acoustic enclosure low-order modal information.

Modal frequency (Hz) Displacement vector plots Displacement cloud plots

47.93

54.05
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to 1.01 and 1.54, with an improvement in the signifcant
displacement deformation on the two wide sides. In sum-
mary, adding stainless steel “X”-shaped ribs efectively en-
hances the acoustic enclosure’s rigidity.

4. Experiment

To validate the efectiveness of the research fndings de-
scribed above, experimental investigations were conducted
under three sets of operational conditions.

Te testing was performed in a semianechoic chamber
with an ambient temperature of 42°C and the air conditioner
was set to operate at 16°C. Te compressor frequency was
locked at 50Hz using a controller. To minimize the infuence

of the indoor unit fan on noise testing, the fan speed was set
to its minimum, reducing airfow noise. Noise signals were
captured at a distance of 1m from the compressor side of the
indoor unit using a PCB microphone. Te collected data
were processed and analyzed using a data acquisition system,
yielding the fnal results of the noise tests. A schematic
diagram is presented in Figure 12, and the experimental
equipment is detailed in Table 6.

Te background noise of the semianechoic chamber was
tested and the results are shown in Figure 13.

Analyzing the background noise test results reveals that
the noise spectrum from 0 to 1500Hz is generally below
0 dB(A), having no signifcant error impact on the experi-
mental results. Subsequent experiments were then

Force

Figure 9: Topological optimization: optimization plane and excitation schematic.

Contour Plot
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Figure 10: Topological optimization results.
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Table 5: Low-order modal information of the acoustic enclosure after rigidity enhancement.

Modal frequency (Hz) Displacement vector plots Displacement cloud plots

117.62

143.04

Contour Plot
Element Densities (Density)
Maximum Average

1.000E+00

8.900E-01

7.800E-01

6.700E-01

5.600E 01

4.500E-01

3.400E-01

2.300E-01

1.200E-01

1.000E-02

Focus Point

Figure 11: Topological optimization analysis.

The indoor unit of split
type air-conditioner

Distance:1 m Microphone

Data acquisitionComputer

FAN

Figure 12: A schematic diagram of the experiment.
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conducted. Te acoustic enclosure tests were conducted
under three sets of conditions as follows:

(1) Test condition A: a new split air conditioner unit
with no enclosure cover on the compressor.

(2) Test condition B: a new split air conditioner unit with
an RSM-optimized enclosure mounted on the
compressor.

(3) Test condition C: a new split air conditioner unit
with an enclosure strengthened for rigidity mounted
on the compressor.

Te air conditioning compressor operates at a frequency
of 50Hz, with a focus on its fundamental frequency, second
harmonic, and third harmonic. Te results obtained under
each condition are compared in Figure 14.

0 dB (A)

250 12500 1000 1500500 750
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Figure 13: Te test environment background noise.

Table 6: Te experimental equipment.

Equipment name Type Number Unit
Data acquisition instrument LMS SCADAS Mobile SCM2E05 1 Set
Microphone PCB 378B02 1 Set
Test notebook TinkPad T490 1 Set
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Figure 14: Test noise comparison.
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By analyzing the peaks in Figure 14, the main frequencies
observed are 50Hz, 75Hz, 100Hz, and 150Hz. Te 75Hz
noise is attributed to the indoor fan and cannot be reduced
by the acoustic enclosure on the compressor. Te 50Hz,
100Hz, and 150Hz noise correspond to the fundamental
frequency, second harmonic, and third harmonic of the
compressor’s operation, which are reduced to varying de-
grees with the installation of the acoustic enclosure. To
provide a clearer analysis of the sound insulation efec-
tiveness, a comparison of the compressor’s fundamental and
harmonic noise values is presented in Table 7.

From the analysis in Table 7, it is evident that the
acoustic enclosure optimized using RSM exerts sound
insulation efects on the fundamental frequency and
second harmonic and third harmonic noise of the com-
pressor, with the best performance observed for the
fundamental frequency, achieving a reduction of
6.21 dB(A). After reinforcing the acoustic enclosure for
rigidity, there is a noticeable enhancement in the sound
insulation efectiveness. Te rigidity-enhanced acoustic
enclosure achieves a noise reduction of not less than
5 dB(A) for both the fundamental and harmonic fre-
quencies, meeting expectations.

5. Conclusion

Te low-frequency noise emitted by the air conditioner’
compressor is primarily determined by the compressor’s
operating frequency and its lower harmonics. To mitigate
the low-frequency noise issue in the compressor of a new
indoor unit, this study has proposed a multilayered panel
acoustic enclosure with enhanced rigidity. Te conclusions
drawn from the results are summarized as follows:

(1) Te open area ratio and open area height are the
primary factors infuencing the actual sound insu-
lation performance of the compressor’ acoustic en-
closure. Under fxed perforation conditions, the
damping layer thickness ratio also afects the sound
insulation performance. For the subject of this study,
a damping layer thickness ratio of 0.1 proved to be
the most suitable.

(2) Insufcient rigidity was identifed as an issue in
a thin-walled acoustic enclosure. Te proposed “X”-
shaped reinforcement measure efectively enhances
the overall rigidity of the thin-walled acoustic en-
closure. After rigidity enhancement, deformation of
the acoustic enclosure decreases, resulting in reduced
noise from vibration radiation.

(3) Te optimized acoustic enclosure was manufac-
tured for testing, and its efectiveness was evaluated
in a semianechoic chamber. Experimental results
indicate that the multilayered acoustic enclosure
has a certain sound insulation efect, with the
rigidity-optimized enclosure exhibiting superior
performance.

(4) After installing the acoustic enclosure proposed in
this study on the compressor, the fundamental
frequency, second harmonic, and third harmonic
noise of the compressor’s operating frequency were
reduced by 7.99 dB(A), 5.69 dB(A), and 5.19 dB(A),
respectively. Te acoustic enclosure can efectively
isolate the compressor operation noise.

(5) Compared with traditional methods, the design
optimization method of acoustic enclosure proposed
in this paper is less dependent on the engineer’s
experience and experiment. Te acoustic enclosure
designed by this method is also verifed to be efective
by experiments. Future work will involve applying
this type of acoustic enclosure to diferent air con-
ditioning products.
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